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Abstract—Force control in pneumatic systems is particularly
challenging due to the strong nonlinearities and the compress-
ibility of air. To support the preliminary design of the control
architecture, simple, fast, yet accurate linearized models are
required before moving to detailed nonlinear analyses for final
tuning. This paper presents the derivation and validation of a de-
sign methodology for a pneumatic force-controlled servo system,
applied to a novel test bench for ball screw characterization,
where an electromechanical actuator and a pneumatic force-
control system are coupled to reproduce realistic load conditions.
A fully parametric linearized model is developed to support early-
stage design and control synthesis. Its performance is assessed by
comparison with a high-fidelity nonlinear model, showing strong
predictive capabilities and excellent agreement in the frequency
response across a broad range of operating frequencies.

Index Terms—Pneumatic servosystem, Closed loop force con-
trol, Linear model, Servosystem design

I. INTRODUCTION

Pneumatic systems represent an extremely dynamic field
of research, with the potential to replace hydraulic or elec-
tromechanical systems in different applications. Pneumatic
systems offer numerous advantages, including high compact-
ness, especially when using rodless actuators, high power-to-
weight ratio, and reliability. In addition, they require reduced
maintenance and, thanks to a high degree of standardization
and ease of assembly, enable the development of modular
systems. Air-powered actuation is also valued for the nature of
the working fluid, making it a safe and clean technology. These
aspects make them attractive for mechatronic applications,
especially those focused on position and speed control.

The pneumatic solution is less frequent in those applications
requiring dynamic force control, because of the presence of
strong non-linearities. Unlike traditional position or velocity-
controlled pneumatic systems, force-controlled systems aim
to directly regulate the interaction force between the actuator
and the environment.The inherent challenges of force control
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in pneumatic systems stem from the compressibility of air,
nonlinear flow dynamics, and frictional effects, making accu-
rate force regulation complex [1]. Starting from modified PID
control [2], [3], advanced control strategies, including adaptive
control [4], model predictive control (MPC), and so forth, are
often employed to improve force tracking performance [5].
Additionally, integrating pressure sensors and force transduc-
ers enables real-time feedback, allowing for more precise and
stable force control [6].

Accurate force control, therefore, requires a high-fidelity
modeling of the system to correctly capture and study the
various effects influencing the overall behavior, including air
compressibility, flow dynamics, and mechanical nonlinearities.
At the same time, it is equally necessary to develop a simple,
fast, yet accurate linearized framework of the servosystem,
which allows for an early-stage design and performance anal-
ysis and the preliminary setup of the control strategy.

The objective of this paper is precisely to address these
needs by deriving a linearized model of a force-controlled
pneumatic servosystem, which is installed on a dedicated test
bench currently under development in our laboratories [6].

II. TEST BENCH ARCHITECTURE

The research presented in this paper originates from the
development of a test bench designed to study ball screws,
whose architecture is schematically depicted in Fig. 1.

The test bench is composed of an electromechanical actuator
(EMA) and an opposing force-controlled pneumatic actuator.
The EMA drives a sled via a ball screw mechanism, converting
motor rotation into linear motion. The sled holds the ball screw
nuts and is guided by low-friction linear rails to prevent unde-
sired rotations. An innovative dual-nut configuration allows the
application and fine adjustment of a controlled preload on the
ball screw, dynamically measured by a load cell. The master
nut sustains the external load generated by the pneumatic
actuator, while the slave nut adjusts the preload through a
spring-based mechanism. The EMA is controlled in position
or speed through a motor driver, using feedback from both



Fig. 1: Schematic representation of the test bench’s pneumatic force-controlled
servosystem.

an internal resolver and an external linear encoder to ensure
precise motion control. Torque and angular speed at the ball
screw input are measured by a non-contact torque sensor.

The pneumatic actuator applies a variable external force
through a proportional flow valve and a closed-loop force con-
trol system, supported by pressure sensors and an accumulator
to ensure stable operation even under fast transients.

The test bench includes an extensive sensor suite, enabling
dynamic model validation, health monitoring studies, and the
characterization of ball screw behavior under different load
and speed conditions. More details can be found in [6].

III. PNEUMATIC SERVOSYSTEM MODEL

This section describes the various equations needed to create
a mathematical model of the pneumatic part of the test bench
described in Section II. To facilitate the mathematical model-
ing, the actual test bench architecture has been simplified and
approximated to a standard layout, as illustrated in Figure 1.
Only the main components, i.e. the servovalve, the cylinder,
the load cell and the controller, have been considered at
this stage, while secondary elements have been deliberately
omitted as they would unnecessarily complicate the analysis
without introducing significant changes to the system response.
These elements will be progressively incorporated in the
following phases, as the model evolves toward higher fidelity.

The pneumatic servovalve receives the voltage reference
signal from the regulator, which controls the spool position
and, consequently, regulates the opening and closing of the
internal flow section in both supply and discharge modes.
To formulate a dynamic model capable of relating the valve
flow rate to the input reference signal under varying port
pressure conditions, it is expedient to consider the valve as
composed of distinct subsystems: namely, the electrical and
electromagnetic circuits and magnetic force generation, the
spool’s mechanical actuation including equilibrium, spring,
and end-stroke constraints, and the pneumatic regulation of
the mass flow rate [7]. The latter is assumed to be governed
solely by resistive effects, expressed as a function of the spool
displacement and the pressures at the valve ports, i.e. the
supply and discharge absolute pressures Ps and P, and the
cylinder’s chamber absolute pressures P; and Ps.

In accordance with the international standard ISO 6358 [8],
which characterizes the mass-flow-rate equation as an elliptic
equation, the mass flow rate of air passing through the valve
can be described as the flow rate through a throttle orifice:
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where C' is the valve’s sonic conductance, dependent on the
reference voltage V,..r, b is the critical pressure ratio of the
valve (b < 0.528), pangr and T4y g represent the density and
absolute temperature at the predefined normal reference condi-
tions, as specified by ISO standards, with Tanyr = 293.15 K,
Panr = 101325 Pa, and panr = 1.2 kg/m? for a relative
humidity of 65%. The corresponding gas constant is given as
R = 287.5 J/(kgK). Equation (1) only describes the flow
rates under the assumptions of Py < P; < P, with j=1,2.

The flow rates G; (j=1,2) passing through the servo-
valve’s ports are considered directly entering the cylinder’s
chambers according to the sign convention depicted in Fig. 1,
disregarding servovalve’s internal leakages and resistive and
capacitive effects of the pipes connecting these two elements.
The continuity equation of the rear chamber (Chamber 1) of
the cylinder can thus be described as follows:

G=TR_ R _yd, 0
with the volume of Chamber 1 expressed as Vi = Aj(xg +
Zm +x), in which A; is the active piston area of the Chamber
1, x¢ is the initial rod displacement, x,, is the equivalent rod
displacement associated with the dead volume of Chamber 1
and z is the current rod coordinate, considering as reference
the mid-stroke position.

The same equation can be written for the Chamber 2, with
Vo = As(x0 + 1, — ), as follows:
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The minus sign comes from the assumption of assuming as
positive the flow exiting Chamber 2, as depicted in Fig. 1.

Under the assumption of perfect gas, the densities of the
air in the two chambers, respectively p; and ps, are linked to
temperatures and pressures according to the gas state equation
Pj/p; = RTj. If a polytropic transformation P p} = P; p" is
assumed for the air within each chamber of the cylinder, the
continuity equations (2) and (3) of the cylinder’s chambers can
be rewritten as:
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where the subscript ¢ identifies initial conditions, and 1 < n <
1.4, with n = 1 representing an isotermal transformation and
n = 1.4 an adiabatic transformation.

The difference between the two chamber’s pressures deter-
mines the generation of the requested force F. according to
the dynamic equilibrium equation:

PlAl—PgAQ—Pamb (A1 —Ag)—Mi‘—’yj}—FfT—Fe =0

(6)
where P,,,, is the ambient absolute pressure, M is the
equivalent mass of the moving parts connected to the rod,
«v is the damping coefficient and Fy, represents the friction
between the rod and the cylinder. The speed of the rod,
controlled by the electro-mechanical position-controlled part
of the test bench, acts as external disturbance on the force
control system.

The force read by the load cell is conditioned and used as
feedback to close the control loop. The mathematical model
of the controller considers all the various delays associated
with the acquisition of the signals, computation of the ref-
erence setpoint and generation of the output voltage for the
servovalve.

IV. MODEL LINEARIZATION

The non-linear model described in the previous section
has been used to generate representative responses under
various operating conditions and will serve as a reference for
validating the linearized model. However, for the purposes
of both the test bench design and, more importantly, the
control algorithm development, a linearized representation of
the system is required.

Linearization provides a simplified yet insightful approxi-
mation of the system dynamics in the vicinity of a specific
operating point, enabling the application of classical control
techniques and facilitating the analysis of stability, robustness,
and performance. This section presents the procedure adopted
to obtain the linearized model, discusses the selection of
the operating point, and outlines the main assumptions and
limitations involved in the process.

Particular attention has been paid to the servovalve, which
represents the most significant source of non-linearity within
the system, especially in the subsonic region, and has therefore
been the main focus of the linearization process. As previously
stated, the servovalve is modeled as two variable-section ori-
fice, whose effective area depends on the spool displacement
z,. It is assumed that the spool position connects the rear
chamber (Chamber 1) to the supply port, allowing it to be
pressurized, while the front chamber (Chamber 2) is vented to
the atmosphere.

The assumption of symmetric ports, critical lap, no leakages
and same function of cross sectional area with the spool
displacement, can be summarized in the following expressions
for the valve conductance:

Ciss1) =Clasa) Ty >0
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which is basically a simplification of the usual representation
of the servovalve flow rate by means of the electrical domain
analogy of the Wheatstone bridge [7], [9], [10]. From this
point onward, the conductances of both orifices leading to
the two chambers will be considered equal and denoted by
C, which is assumed to be a function solely of the spool
displacement, and ultimately, of the reference voltage.

A black-box approach has been adopted to model the main
valve dynamics. The relationship between the reference volt-
age and the valve conductance is approximated by a second-
order transfer function that captures the dominant behavior of
the spool dynamics:

C - kyo? )
Vieig 8242005+ 032
where o, is the system’s natural frequency, &, is the ser-
vovalve damping ratio and the overbar denotes the Laplace
transform of the variables. Basing on the previous assumptions
a linear static characteristic is assumed between the reference
voltage V;..; and the valve conductance C"

C= kex, = kcksV;"if = kv‘/rzf (9)

where k, = kgke, with k. = Cnx /e, n and kg = Tomx [V 5 na
respectively the conductance and spool gains.

Therefore, for a given valve conductance C, the flow rate
curves of the servovalve orifices connecting the rear and front
chambers respectively to the supply and discharge ports are
depicted in blue in Figs. 2 and 3. Moreover, it is assumed that
the flow conditions remain subsonic for both chambers.

For what concerns the rear chamber, the elliptic flow curve
can be linearized with a secant approach, which has the
benefit of guaranteeing a null flow for the conditions in
which P, = P,. An intuitive solution could be to take
as second point for the linearization the sonic conditions,
that is P, = bPs;. However, this would lead to a major
underestimation of the flow rate along the entire subsonic
range. For this reason, a more general approach has been
adopted, considering as linearization reference condition a
pressure value P} = b} Ps > bP,, with b < b’ < 1. As aresult,
a mean representation of the subsonic section of the flow rate
curve is obtained. Figure 2 shows this linear approximation
with b7 = 0.5.

The air flow passing through the servovalve can therefore
be expressed as a function of the time-varying conductance C'
and chamber pressure P;:

! pANR
Gl_(l—bz)C(PS Pl)
This expression remains non-linear, as it involves the prod-
uct of two independent variables. Their contributions can
be decoupled by applying a Taylor expansion around the
linearization point (b%Ps, Cp). By linearizing the flow rate
entering Chamber 1 in this way, its variations with respect to
the operating point are made explicit, leading to the following
expression:

(10)
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Fig. 2: Linear approximation of the subsonic flow rate chamber charging curve

for a given conductance C' and a supply absolute pressure of 8 bar, b = 0.2
and b} = 0.5.
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where G is charging flow gain of the valve, defined as:
8G1 P (PS — PlO)
Go1 = = —ANR 12
LT a0, 1-br (12)
and Gpg; is the charging flow-pressure gain of the valve:
0G, PanrCo
G =_—| = _“ANE 13
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The flow gain of the valve represents the variation of
flow rate with respect to the spool displacement (or control
signal), while the flow-pressure gain defines the sensitivity to
variations in the chamber’s pressure.

The same approach can be applied to the flow exiting the
front chamber toward the exhaust port. However, as shown
in Fig. 3, the flow rate does not exhibit a maximum limit
corresponding to the choked condition, unlike the flow enter-
ing the rear chamber. This behavior is due to the fact that
Chamber 2 is discharging, i.e., P» > P,;, and air flows from
the front chamber to the exhaust port. Since the downstream
pressure remains constant, the choked flow rate depends on
the upstream pressure P», and thus continues to increase with
it, as described by Eq. (1).

The subsonic section of the non-linear flow rate curve is
again approximated with the secant approach, considering as
linearization reference point the one defined by a chamber
pressure P, = P;/b%, with 1 < b% < 1/b. The expression
results in:

Panrbs
G/ — ANR”S C P _ P
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By applying the Taylor expansion around the linearization
point (£a/s*, Cp) the following linear equation is obtained for
the flow rate of Chamber 2:

(14)
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where G2 is discharging flow gain of the valve, defined as:
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Fig. 3: Linear approximation of the subsonic flow rate chamber discharging

curve for a given conductance C' and an exhaust absolute pressure of 1 bar,
b =0.2 and b} = 0.24.
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and Gpg2 is the discharging flow-pressure gain of the valve:
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Having linearized the expressions governing the mass flow
rates across the valve orifices, attention can now be shifted
to the continuity equations describing the pressure dynamics
within the cylinder chambers. These equations relate the net
mass flow entering or leaving each chamber to the time
evolution of pressure, and their linearization is a key step in
formulating the complete linear model of the system.

The linearization process of Eqs. (4) - (5) is performed
considering a set of boundary conditions and simplifying
assumptions, detailed below:

o T1; =Ty =T, the initial temperature of the air in both
chambers is the same;

e 1 = 1, an isothermal transformation is considered;

. P1 = Pli = PlO and P2 = Pgi = PQ(), the current
and initial chambers’ pressure coincides with that of the
linearization points;

. P1 = Pg = (0, the variation of the pressures in both
chambers is neglected;

e x =0, the rod is considered in the central position;

e = =2 = 0, the external disturbances are disregarded;

e I, =0, the friction is neglected.

By applying the first-order Taylor expansion to Egs. (4) -
5):

oG,
ox

Ai+ 260

0G1
A
x + . P,

. o

AGio =

oP,
0 1 (18)

the following equations can be obtained for the mass flow rate
of both chambers:

PoAy .
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19)
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Fig. 4: Reduced block diagram of the linearized model.

(20)

By equating the flow rate expressions on the servovalve
side (Egs. (11) - (15)) and actuator side (Egs. (19) - (20)), it
is possible to derive the resulting expression for the chamber
pressures, which can now be incorporated into the rod equi-
librium equation, expressed with an incremental notation with
respect to the reference point:

AFe = Fe +FeO = A.PlAl — APQAQ — MAZ — ’YACC (21)

According to the previous assumptions, it is possible to
simplify the last two terms such that MAZ = M7 and
YAL = .

After transforming and combining the equations presented
so far into the Laplace domain, and performing a series of
algebraic manipulations, the block diagram shown in Fig. 4
can be obtained. It is mainly composed of three main transfer
function relative to the system (the servovalve, the actuator
and the force sensor), a transfer function G. containing the
regulator logic (for the time being, a simple PI controller) and
two independent static gains, K., = Ky and K. The latter
contains all the static gains of the main upper branch of the
block diagram, and is expressed as:

kv [A1 (Ps — Pro) + Az (Pao — Py)]
Co

The transfer function of the actuator exhibits a first-order
zero with time constant 7, defined as:

Kf = (22)
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with w = (#o +2m)/nrT. The denominator is of second order,
with a natural frequency o, and a damping ratio & ,, expressed
as follows:
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The feedback branch of the block diagram shows a black-
box representation of the force sensor and its conditioning
system, characterized by a natural frequency o,, a damping
ratio £, and a static gain Ky = Vio,man [F s

Finally, the force closed loop is closed by setting up the
following expression:

Vrif = Gc (Vset - Vfb)

with Vger = Keet AF 50¢ and Vﬂ, = thﬁe for s — 0.

The disturbance transfer function is not explicitly repre-
sented for the sake of readability and as it falls outside the
scope of the present work.

R®

(26)

V. RESULTS AND DISCUSSION

The equations presented in Section III have been imple-
mented within the reference non-linear model of the servosys-
tem, whose main interface is shown in Fig. 5. The model was
developed in the MATLAB/Simulink R2024b environment and
integrated using the odelbe solver with a sampling frequency
of 100 kHz. It has been employed as a virtual test bench to
provide a preliminary verification of the consistency between
the linearized model and the non-linear system behavior.

In this section, a comparison is presented between the
frequency responses obtained from the detailed non-linear
model and its linearized counterpart. The aim is to evaluate
the accuracy and reliability of the linear approximation in
capturing the dynamic behavior of the system under realistic,
yet non-extreme, operating conditions.

With this aim, a sinusoidal input force with a peak amplitude
of 1000 N is commanded. This value corresponds to approx-
imately 7% of the actuator’s stall load and was deliberately
selected to avoid the onset of significant non-linear phenom-
ena, such as power saturation or other amplitude-dependent
nonlinearities, which would otherwise compromise the validity
of the comparison and distort the frequency response of the
non-linear model, shifting its working conditions far from the
linearization point. By maintaining the excitation amplitude
at a sufficiently low level, the comparison between the two
models becomes meaningful, and the response of the linear
system can be reasonably expected to align with that of the
non-linear model in terms of both amplitude and phase over
a range of input frequencies. The following analysis aims to
demonstrate the applicability of the linear model for control

0 1

>

)i

P2
GB
G2 [kgls]
cilindro

Force sensor

Fig. 5: Non-linear dynamic reference model.



design purposes, within a defined region around the selected
operating point. The main parameters of the considered force-
controlled servosystem, installed on the test bench of Fig. 1,
are retrieved from manufacturers’ catalogues and experimental
literature’s studies [11] and listed in Tab. I.

The comparison between the frequency responses of the lin-
ear and non-linear models is presented in Fig. 6. As shown, the
linearized model accurately captures the key dynamic features
of the system. In particular, a strong agreement is observed
between the two responses, especially in the frequency range
of interest, i.e. in the vicinity of the system’s cut-off frequency.

Moreover, the results clearly highlight that there is still
room for improvement in terms of control performance and
bandwidth enhancement. The good correspondence between
the linear and non-linear models across a wide frequency
range allows stability and control analyses to be carried out
with confidence. Indeed, since both models exhibit comparable
behavior under the same excitation conditions, the linear
approximation can be reliably used to guide control design
decisions. The stability margins of the system can be extracted
from the picture, resulting in an open loop gain margin of
17.5 dB at w = 35.4 rads~!, and an open loop phase margin
of 87.5 deg at w = 442 rads~!. This results in a close
loop bandwidth of approximately 6.8 Hz. It is worth noting
that the objective of this analysis is to validate the linear
model against the non-linear benchmark. For this reason, both
models share the same set of control parameters, which are
not yet optimized. These parameters will be refined in the
final implementation phase on the physical test bench.

VI. CONCLUSIONS

This paper presents a design methodology for a pneumatic
force-control servo system, based on the comparison between
an original linearized model and a high-fidelity nonlinear
model. The linearized, fully parametric formulation delivers
effective results, as demonstrated by the good agreement in the
frequency response over a wide range of operating frequencies.

Future developments will focus on leveraging the linearized
model to assess the feasibility of more advanced control
strategies (e.g. MPC or SMC), investigating the impact of
external speed disturbances, performing a sensitivity analysis

TABLE I: Servosystem’s main parameters.

Property Symbol Unit Value
Supply absolute pressure Ps bar 8
Exhaust absolute pressure P, bar 1
Maximum voltage Vii £ max v 10
Valve’s critical pressure ratio b - 0.2
Valve’s sonic conductance Clnax m3/ (sPa) 9x 10~8
Charging lin. pressure ratio bk - 0.5
Discharging lin. pressure ratio bk - 0.24
Linearization conductance Co m3/(s Pa) Crnax /2
Valve’s natural frequency On rads—! 440
Piston bore D mm 160
Actuator total stroke L mm 350
Actuator’s stall force Fe max kN 14.1

n
o

o

—OL linear

Amplitude (dB)

20 CL linear
O OLnon-lin
CL non-lin
40 :
10° 10" 102

i ,,/‘_,L,_/n,m‘w |
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3
o

Phase margin

10° 10 102
Frequency (Hz)
Fig. 6: Comparison between the force frequency responses obtained from the
linear and non-linear models with 1000 N set amplitude.

on the results with respect to different linearization points, and
validating the model against experimental data collected from
the test bench.
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