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Investigation on the static characteristics of a dynamic 
gas thrust bearing with spiral grooves for a small-scale 

high-speed application 

Federico Colombo1[0000-0002-1054-236X], Edoardo Goti1[0000-0002-1352-6410], Luigi Len-
tini1[0000-0003-3770-3773] and Terenziano Raparelli1[0000-0003-0063-7733] 

1 Politecnico di Torino, Department of Mechanical and Aerospace Engineering, Torino, Italy  
federico.colombo@polito.it 

Abstract. This paper focuses on the design of a spiral groove thrust bearing for 
a high-speed, small-scale radial compressor rotating at 200 krpm. The analytical 
model from Muijderman is taken into account to estimate the load carrying ca-
pacity and the stiffness of the thrust bearing. In this preliminary study, the static 
analysis is carried out in order to design the geometry of the bearing, which is of 
spiral groove type. The outer and inner diameter of the thrust bearings are 30 mm 
and 17 mm respectively. After a short recall of the literature model, the geometry 
of the bearing is optimized in order to maximize its load capacity. Future inves-
tigations will be aimed at evaluating the bearing stability in dynamic conditions. 
The experimental validation of the model is also forecast. 

Keywords: dynamic gas bearings, narrow-groove theory, lubrication, thrust 
bearings, spiral grooved bearings 

Nomenclature 

𝛼: inclination angle 
=h2/h0: groove height ratio 
𝛾 = 𝑎ଶ/𝑎ଵ: ridge to groove width ratio 
𝜇: viscosity of air 
=rb/r2: radius ratio 
: air density 
𝜔: rotational speed (rad/s) 
a1(r): width of groove 
a2(r): width of ridge 
b: radial length of grooved part 
c: radial length of ungrooved part 
ℎ଴: groove depth 
ℎଵ: film clearance in the groove 

ℎଶ: film clearance in the ridge 
H=h2/h1: film height ratio 
k: number of grooves 
n: rotational speed (rpm) 
p0: ambient pressure 
𝑟ଵ: inner radius 
𝑟ଶ: outer radius 
𝑟௕: end-of-groove radius 
𝑠∗: radial mass flow for one groove and 
one ridge 
st: total radial mass flow 
𝑆: flow parameter 
W: load capacity 

 



2 

Introduction 

Dynamic gas bearings have special properties that make them suitable for high-speed 
mobile applications. First of all, they do not need an auxiliary system for the air com-
pression, as the pressure distribution that creates the load carrying capacity is generated 
by the rotation itself. Secondly, the absence of sliding contacts makes them suitable for 
high-efficiency systems, as the losses in bearings are minimized.  

A peculiar type of dynamic air bearing is the grooved bearing, whose surface is en-
dowed of some grooves of proper geometry, so as to create the air pumping action 
inside the bearing during rotation. These are employed in high-speed turbomachines of 
small scale; for example, for heat pumps [1], fuel cell blowers [2] or recirculation de-
vices [3]. In [4] it is demonstrated the feasibility of a twin-stage radial flow compressor 
with impellers of diameter about 19 mm rotating at 250 krpm and total shaft power of 
6 kW for domestic heat pump application. The advantage of this small-scale radial 
compressor is the higher coefficient of performance and higher efficiency that it is pos-
sible to attain with respect to conventional volumetric compressors. A review is given 
in [5], showing the applicability of gas bearings with compliant elements for high-speed 
oil free air cycle machines. Walton et al. [6] describe applications to cryogenic devices, 
in which the cryogenic fluid is employed as a lubricant for the supports. Among the 
different types of dynamic gas bearings, grooved bearings are appreciated for their 
compactness and simplicity in manufacturing. 

Whipple [7] firstly developed an analytical model for the estimation of the load ca-
pacity of grooved thrust bearings. Muijderman [8] further developed this model intro-
ducing the effect of curvature of grooves. Such models are part of the so-called Narrow 
Groove Theory (NGT), which assumes an infinite number of grooves in order to neglect 
the pressure variation across the groove/ridge couple and simplify the analysis. It is so 
possible to obtain an analytical expression for the load capacity as a function of the 
thrust bearing geometry. 

Different contributions to the NGT have been proposed over the years. This theory 
was first extended to journal bearings in [9] and experimentally validated in [10, 11]. 
An overview of the state-of-the-art on grooved bearings can be found in [12] where 
insights about modeling and design guidelines are given.  

There exist alternative approaches to the NGT, which involve the discretization of 
the fluid film and the solution of the Reynolds equation. Such approaches can involve 
the finite difference methods [13] or the finite element method [14]. The static and 
dynamic coefficients of spiral-grooved gas journal bearings are obtained in [15], while 
the NGT is also extended to configurations of interests in seals [16]. A spiral grooved 
thrust bearing is investigated with CFD technique in case of uncompressible lubricant 
fluid in [17]. A different geometry is simulated in [18]; it consists of a spiral-grooved 
opposed-hemisphere double gas bearing. 

In this paper, the model from [8] is employed for the design of a thrust bearing of 
spiral type, partially grooved and with inwardly pumping. The paper is also aimed at 
evaluating the curvature effect introduced by the model and compare it with model [7], 
which does not take this effect into account. 
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The literature model 

The groove patterns for thrust bearings can be with inward, outward or both effects 
configurations [19, 20]. The geometry of the thrust bearing investigated in this paper is 
depicted in Fig. 1. Inward configuration is considered in this work (with clockwise ro-
tation) since the pump-in design of SGTB was confirmed to guarantee superior load 
carrying capacity compared to the other designs [21]. A series of spiral shaped grooves 
is presented on the rotating thrust surface. The grooved surface is not complete, as the 
innermost part of the bearing is ungrooved. The rotation involves a pumping effect that 
creates a pressure gradient in the radial direction, with a maximum mean pressure at 
the end-of-groove radius rb. The grooves are inclined of angle  measured w.r.t. the 
circumferential direction. The grooves and the ridges widths along the circumferential 
direction are a1 and a2. Due to the spiral shape, such widths are variable with the radius. 

 

 

 

Fig. 1. Sketch of the spiral grooved geometry; the blue-shaded region represents the basic ele-
ment d𝑝௥ of equation (1) is calculated for. 

The model from [8] is taken into account for the estimation of the load capacity and 
stiffness of the thrust bearing. Each basic element, located at radius r (see figure 1), 
contributes to create the pressure gradient along the radial direction. The expression of 
the pressure built-up due to the element is: 

−d𝑝௥ = −
6𝜇𝜔𝑟

ℎଶ
ଶ 𝐻ଶ

𝑛𝑢𝑚ଵ + 𝑆 ∙ 𝑛𝑢𝑚ଶ

𝑑𝑒𝑛
𝑑𝑟 (1) 

where 

𝑛𝑢𝑚ଵ = 𝛾(1 − 𝐻) cot 𝛼 (−1 + 𝐻ଷ) (2) 

𝑛𝑢𝑚ଶ = (𝛾 + 𝐻ଷ)(cotଶ 𝛼 + 1) (3) 

𝑑𝑒𝑛 = (1 + 𝛾𝐻ଷ)(𝛾 + 𝐻ଷ) + 𝐻ଷ cotଶ 𝛼 (1 + 𝛾)ଶ (4) 

S is the dimensionless leakage flow through fields 1 and 2 in radial direction: 
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𝑆 =
2𝑠∗

𝜔𝑟ℎଵ𝑎ଵ𝜌଴

 (5) 

and s* the mass flow which crosses one groove and one ridge along the radial direction.  
The width of the groove at radius r is given by equation (6) 

𝑎ଵ(𝑟) =
2𝜋𝑟

𝑘(1 + 𝛾)
 (6) 

where k is the number of grooves and 𝛾 = 𝑎ଶ/𝑎ଵ the ridge to groove width ratio, which 
is constant along the radial direction. The total radial flow is st = k∙s*. Note that, despite 
k explicitly defines 𝑎ଵ(𝑟), this model remains insensitive to the number of grooves 
since d𝑝௥  is function of 𝛾 only. 

Considering as boundary conditions ambient pressure at the inner and outer radius, 
the pressure build-up in the basic element can be integrated along the radial direction 
in order to calculate the overall built-up pressure: 

𝑝௥௕ − 𝑝଴ = − න d𝑝௥

௥మ

௥್

 (7) 

while the generic pressure at radius r is 

𝑝(𝑟) = 𝑝௥ = 𝑝଴ − න d𝑝௥

௥మ

௥

 (8) 

The load carrying capacity of the grooved part is then obtained by integrating along 
the radius the pressure built-up in the basic element: 

𝑊௚௥ = න 2𝜋𝑟(𝑝௥ − 𝑝଴) 𝑑𝑟
௥మ

௥್

 (9) 

In the ungrooved part of the thrust bearing the pressure distribution is logarithmic: 

𝑝௥ = 𝑝଴ + (𝑝௥௕ − 𝑝଴)
ln 𝑟 − ln 𝑟ଵ

ln 𝑟௕ − ln 𝑟ଵ

 (10) 

and the load capacity of the ungrooved part is 

𝑊௨௡௚௥ = න 2𝜋𝑟(𝑝௥ − 𝑝଴) 𝑑𝑟
௥್

௥భ

 (11) 

As the radial flow in the ungrooved part must coincide with the flow in the grooved 
part, equation (12) holds  

𝑠௧ = 𝑠∗𝑘 =
𝜋𝜌଴ℎଶ

ଷ(𝑝௥௕ − 𝑝଴)

6𝜇 ln 𝑟௕/𝑟ଵ

 (12) 

where the right-hand side expression represents the flow in the ungrooved region. 
This relationship can be used to couple the pressure distribution in the two regions 

and solve the problem. Equation 1 is solved for Δ𝑝௥ once equation 12 and 5 are substi-
tuted into it. The pressure built-up across the basic element is then integrated to obtain 
the total load capacity of the bearing through equation 9 and 11. Figure 2 sketches the 
algorithm used to calculate the load capacity through the evaluation of pressure prb. 



5 

 

Fig. 2. Sketch of the algorithm employed for the calculation of the load capacity of the thrust 
bearing. 

Reference geometry and characteristic stiffness curve 

For the design of the thrust bearing of our application, the following geometrical 
parameters were fixed: outer radius r2=15 mm, inner radius r1=8.5 mm, film height 
h2=10 m. On the contrary, the design parameters are: groove angle , ridge to groove 
width ratio , end of groove radius to outer radius ratio , groove depth to film height 
ratio . The number of grooves is not taken into account by the model as the main 
assumption is to suppose an infinite number of grooves. 

A reference geometry is considered to study the variation of the load capacity with 
respect to the film height h2 which provides also a measure of the axial stiffness of the 
thrust bearing. The reference geometry is defined by the following values: 

= 45° 
a2/a1 = 1 
= rb/r2 = 0.7 
= h2/h0 = 0.6 

The film height in the ridge is varied in the range from 3 to 16 m. Fig. 3 shows the 
load capacity versus film height curve, together with the stiffness curve, i.e., its first 
derivative. Two rotating speed values are considered: 100 krpm and 200 krpm. The 
figure shows that in both cases the stiffness characteristic is highly non-linear, and high 
stiffening is expected below 6 m of film thickness. 
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Fig. 3. Load capacity and stiffness curve of the bearing vs film height h2. 

Sensitivity analysis 

In order to perform the sensitivity analysis of the model and evaluate the influence 
of each parameter, the design parameters are changed (one at a time) within the follow-
ing ranges: 

< 70° 
< 2 
< 0.9 
< 1 

The results related to a fixed rotational speed equal to n= 200 krpm are shown in Figs. 
4 and 5 in terms of the overall load capacity, i.e. the sum of the load capacity provided 
by the grooved and ungrooved part of the bearing. The film thickness h2 is equal to 10 
m like in the reference geometry. 
From the sensitivity analysis it emerges that angle  must be large enough to have an 
appreciable radial pumping effect in the grooves, entailing an appreciable load carrying 
capacity of the bearing (figure 4, left). The maximum load capacity corresponds to ≈ 
28°. Similarly, it is useless to increase this angle beyond 40° as the sliding speed com-
ponent along the groove reduces too much, entailing a decrease in the load capacity. 
The ridge-to-groove ratio  is to be chosen in range 0.5< <1 (figure 4, right) where its 
influence is quite negligible; this means that the groove width must be bigger than the 
ridge width (a1 > a2) but not too big (a1 < 2a2). In case the ridge is too small, the load 
capacity decreases again with respect to the optimum as there is not enough ridge sur-
face for the flow to leaks from the center of the bearing outwards. The base radius rb at 
which the groove ends must be approx. 0.7 times the external radius r2 (figure 5, left). 
The film thickness h2 must be approximately half the groove depth h0 in order to have 
the maximum load capacity (figure 5, right). Regarding the choice of parameters 
and, they are already close to optimality in the reference geometry, as the local 
maximum of the load capacity corresponds to ≈ 0.7 and ≈ 0.6 (see section on opti-
mization).  
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Fig. 4. Load capacity of the thrust bearing vs groove angle (left) and vs right). 

  

Fig. 5. Load capacity of the thrust bearing vs  (left) and vs right). 

Comparison with another literature model 

In this section, the results provided by the Muijderman model are compared with the 
results from the previous model by Whipple [7], in which the effect of curvature is not 
taken into account. The reference geometry described in the previous section is inves-
tigated with both models [7] and [8]. The load capacity per unit length and the flow per 
unit length through the bearing are compared in Fig. 6 and Fig. 7. Because of curvature, 
the load capacity per unit length and the flow per unit length are affected by the radial 
distance from the rotation axis. The average radius 𝑟௠ of the grooved regions is consid-
ered for this comparison, as per equation 13. 

𝑟௠ =
𝑟௕ + 𝑟ଶ

2
 (13) 

The Whipple model neglects the effect of curvature, i.e. this model is strictly valid 
for an ideal linear thrust bearing, where the sliding speed, which is responsible of the 
pumping action, is constant all over the thrust surface. The model from Muijderman, 
on the contrary, estimates the contribution to the pressure gradient with a weight pro-
portional to the radius, as from eq. (1). In this case, the comparison with the Muijderman 
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model is possible under the hypothesis that at any radius the tangential speed is equal 
to 𝑢௠, i.e., the tangential speed at the average radius 𝑟௠ of the grooved region. 

𝑢௠ = 𝜔 ∙ 𝑟௠ (14) 

  

Fig. 6. Comparison between the load capac-
ity calculated through the Muijderman 
model and that from Whipple. 

Fig. 7. Comparison between the specific ra-
dial flow calculated through the Muijderman 
model and that from Whipple. 

The load capacity calculated according to Whipple’s model is 3% lower of that cal-
culated through the one by Muijderman. As to the flow per unit length, Whipple’s 
model provides a value that is 25% higher compared to Muijderman’s model. These 
two results are in line with the NGT since the maximum load capacity of a spiral groove 
bearing is achieved when the flow velocity at the inner groove tip is null. In summary, 
the curvature of the spirals has an effect on the pressure build-up, although negligible 
at least in the given configuration considered in this analysis. Regarding the estimation 
of the radial flow, the curvature effect is more important and cannot be neglected. 

Optimization 

The optimization of the geometry of the bearing is carried out considering a film 
thickness h2 equal to 10 m and speed =200 krpm. The optimal set of design param-
eters is searched in the same range already considered for the sensitivity analysis with 
the aim of maximizing W. A goal-seeking algorithm was exploited that looks for the 
values , , , and  at which the load capacity reaches its highest value 𝑊ഥ . 

The outcome of the geometry optimization process is provided in Table 1 and rep-
resented in Figure 8.  

 
Table 1. Optimized design parameters 
 

    𝑊ഥ  
17.5° 0.617 0.684 0.330 22 N 
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The maximum load capacity obtained at 200 krpm is about 22 N. Interestingly, the 
optimization of the bearing design is insensitive to speed and film thickness variation, 
which means that high efficiency is also obtained in off-design operation. 

 
Fig. 8. Optimized load capacity (a) versus  and ; (b) versus  and . 

Conclusions 

A spiral groove thrust bearing is designed using a literature analytical model. A com-
parison between two models is given to evaluate the accuracy of the simplified model 
in estimating the load capacity. The comparison reveals that the two models are in a 
good accordance in estimating the load carrying capacity of the thrust bearing in the 
reference geometry. The effect of the groove curvature which is considered in the 
Muijderman’s model and neglected in the Whipple’s one is limited, especially as regard 
the estimation of the load carrying capacity.  

The sensitivity analysis reveals the effect of each design parameter while optimiza-
tion of these parameters allowed to find the geometry that maximizes the load capacity 
for the application of interest. 

In the future, the aim of the authors is to compare the results of these analytical 
models with FE models where the fluid-structure interaction is simulated and validate 
the models with experimental data measured with a real prototype. 
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