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Abstract: This paper concerns the utilisation of a gas bladder hydraulic suppressor to mitigate
oscillations in the delivery flow rate of positive displacement machines. The research focuses on two
primary objectives: first, the experimental validation of the potential of this solution and second,
the formulation of a one-dimensional fluid dynamic model for the suppressor. The foundational
framework of the fluid dynamic model is based on the equations governing fluid motion with a
one-dimensional approach. To accurately depict the fluid dynamics within the suppressor, a unique
approach for determining the speed of sound was incorporated, and it implemented the instantaneous
cross-sectional area and the inertial effect of the bladder. This paper is a development of a previous
work to also investigate the positioning along the delivery pipe of the suppressor with respect to the
pump. The study presents the performance of the suppressor and points out the effects of its relative
position with respect to the pump that becomes particularly relevant at high speeds.

Keywords: hydraulic bladder suppressor; positive displacement pump; passive flow control; flow
ripple; pressure ripple

1. Introduction

Positive displacement pumps, due to their intrinsic way of functioning, exhibit fluc-
tuations in their flow rate resulting in undesirable pressure oscillations and noise. Con-
sequently, the mitigation of pressure ripples can only be achieved by diminishing the
flow irregularity in the delivery line. Extensive literature offers a plethora of remedies to
counteract the flow and pressure fluctuations induced by positive displacement pumps. A
substantial portion of these remedies revolves around optimising the pump’s geometry.
In the context of axial piston pumps, considerable interest has been devoted to design
port plates for a smoother transition between the suction and delivery phases, as well as
vice versa [1,2]. As for gear pumps, a widely used type of pump, engineers have inge-
niously incorporated specialised grooves into the side bushings to enhance the machine
performance in this regard [3,4]. This research is concentrated on external devices that
can be strategically positioned in the pump delivery volume or the connected pipeline.
These solutions can be broadly categorised into two groups: active and passive systems.
Active techniques require the utilisation of controlled and externally powered devices. A
noteworthy approach, as elucidated in work [5], entails the high-frequency modulation of
the oscillating plate angle within an axial piston pump via a switching valve to improve
the flow characteristics. Additionally, various researchers are endeavouring to implement
piezo-stack actuators to control pistons, effectively counteracting flow irregularities by
generating an out-of-phase flow signal [6–8]. Active techniques offer the advantage of
obtaining effective results not dependent on the pressure and frequency parameters under
various working conditions, but it is important to note that these methods often entail
complexities and substantial costs. Passive techniques stand out for their simplicity, as
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they come with lower costs compared to their active counterparts and require no external
control or power sources. These passive approaches exploit elastic components that inter-
act with the flow to mitigate ripple effects. However, the effectiveness of these systems
can be optimised only in a specific range of working conditions, outside of them, their
efficacy diminishes. An exemplary case illustrating this limitation is presented in Shang’s
research [9] where a spring accumulator is employed to attenuate the primary harmonic
flow ripple produced by an axial piston pump. This mechanism exploits the pressure ripple
characteristics of suction and discharge to enhance performance. Alternatively, ref. [10]
introduces a different approach that optimises the length and stiffness of pipes within a
hydraulic circuit to achieve ripple reduction. The present paper delves into the potential
of gas bladder suppressors as passive devices for mitigating flow and pressure ripples.
The practice of incorporating gas-charged bladder accumulators into hydraulic systems to
relieve fluid-borne noise enjoys widespread acceptance [11–14]. By serving as a low-pass
filter within a fluid-filled line, an accumulator can offset both negative and positive flow
peaks by accumulating or supplying excess or deficient fluid, respectively. In greater detail,
this paper focuses on a specific variant of a gas accumulator, namely the in-line bladder
noise suppressor. Extensive studies have scrutinised this device, encompassing modelling
approaches for predicting its performance. Earlier works [12,15] have proposed and vali-
dated various linear multimodal models through experimental procedures. Furthermore,
another study [16,17] has introduced a methodology grounded in acoustic finite element
analysis and plane wave theory, with results cross-referenced against experimental data.
Finally, from the literature cited, emerges, on the one hand, limited research activity on
bladder-style suppressors, and, on the other hand, many papers address the study de-
veloping a linear model with a transfer function. The study presented in this paper is a
development of the model already presented in [18], and it is based on the simulation of
both the suppressor and the line where the suppressor is installed.

Unlike previous models that focused only on the hydraulic suppressor neglecting
the effect of the pipe between the pump and the suppressor, this model is able to assess
how the positioning of the suppressor with respect to the pump influences its performance.
A relevant parameter affecting the suppressor performance and its positioning is the
pump speed; this parameter has gained significance in light of the recent electrification
trend towards electro-hydraulic actuators that can avoid throttling losses and enable four-
quadrant operation [19]. Solutions with fixed displacement pumps, like external gear
pumps, are becoming more relevant [20]; in these solutions, the pump speed varies over a
wide range, reaching also high values. This paper presents the relevance of the pressure
ripple amplitude upstream of the damper that in some cases can become more relevant
with respect to the case without a suppressor; this aspect, normally neglected, should be
considered in any application. The first part of this paper concerns the model description
and its validation, while the second part analyses the importance of a correct installation of
the suppressor at the pump outlet.

2. In-Line Bladder Suppressor Description and Experimental Activity

The suppressor employed in this study is a model from Wilkes and McLean’s renowned
5000 series. A simplified representation of the suppressor configuration is depicted in
Figure 1. In this setup, nitrogen gas is strategically positioned in a circumferential arrange-
ment, effectively separated from the liquid by a resilient rubber membrane.
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In scenarios where the gas precharge pressure surpasses that of the liquid, particularly
during periods when the suppressor is idle, a perforated pipe assumes the crucial role of
supporting the bladder. This perforated pipe must be designed to limit the influence on the
exchange of fluid mass between the internal pipe and the bladder. In Figure 1, the distance
L is in evidence as being the distance between the pump and the suppressor investigated in
the following sections.

An extensive experimental investigation was conducted at the testing facility of the
University of Parma to analyse the performance of the suppressor. The suppressor was
installed on the delivery side of an external gear pump powered by a variable speed electric
motor, as illustrated in Figure 2. To precisely assess the suppressor impact, a variable orifice
was strategically positioned on the outlet side to regulate the delivery pressure. The data
collection process involved the installation of two high-frequency piezo-electric pressure
transducers, placed upstream and downstream of the suppressor (Kistler 6005, 0–1000 bar,
bandwidth 140 kHz), as visible in Figure 3. Throughout the experimental campaign, the
suppressor underwent testing under diverse pump operating conditions, encompassing
variations in rotation speed and delivery pressure, as outlined in Table 1. In order to explore
the influence of gas precharge pressure on the suppressor performance, a series of tests
were executed with gas pressure values of 150 and 100 bar. It is important to note that
the oil temperature was maintained constant at 50 ◦C throughout the tests, thanks to the
facilities (heater and cooler) installed in the test bench. Although the temperature of the
suppressor gas was not directly measured, it was assumed to equate the oil temperature.
The utilisation of high-frequency piezo-electric pressure transducers enabled data sampling
at a rapid rate of 20 kHz. To extract valuable insights from the collected measurements, a
fast fourier transform (FFT) analysis was applied.
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Table 1. Pump delivery pressure [bar] at different conditions.

Pump speed [r/min] 500 1500 3000

Gas pressure precharge 100 bar 200 200 200
300 300 300

Gas pressure precharge 150 bar 200 200 200
300 300 300

3. Mathematical Model
3.1. Mono-Dimensional Fluid Dynamic Model

The mathematical model implements the momentum equation and the mass conserva-
tion equation.

The momentum equation for a horizontal pipe, x, takes the following form:

∂p
∂x

1
ρ
+ u

∂u
∂x

+
∂u
∂t

+ λ = 0 (1)

where u and p are the fluid velocity and pressure, respectively. While the mass conservation
equation is:

∂u
∂x

+
1
A

DA
Dt

+
1
ρ

Dρ

Dt
= 0 (2)

In Equation (2), the term pertinent to the variable section area A was not neglected for
the reasons explained below. In order to highlight the pressure variable, the state equation
of the fluid is introduced:

1
ρ

Dρ

Dt
=

1
K

Dp
Dt

(3)

Then, the conservation equation is:

∂u
∂x

+
1
A

DA
Dt

+
1
K

Dp
Dt

= 0 (4)

The second term could be written as:

DA
Dt

=
dA
dp

Dp
Dt

(5)

Substituting:
∂u
∂x

+
1
A

dA
dp

Dp
Dt

+
1
K

Dp
Dt

= 0 (6)

∂u
∂x

+
1
K

Dp
Dt

(
1 +

dA
A

K
dp

)
= 0 (7)

This equation can be written to emphasise the speed of sound:

a2 =
K/ρ

1 + K
A

dA
dp

(8)

K
ρ

1
a2 = 1 +

K
A

dA
dp

(9)

The final form of Equation (7) is:

∂u
∂x

+
1
ρ

Dp
Dt

1
a2 = 0 (10)
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Exploiting the total derivative:

ρa2 ∂u
∂x

+ u
∂p
∂x

+
∂p
∂t

= 0 (11)

In Equation (11), the speed of sound, a, was computed as reported in Equations (17)
and (18). The effective bulk modulus is:

1
Ke f

=
1

Kliq
+

1
Kc

(12)

The pipe container elasticity depends on the presence or lack thereof of the bladder,
this model being implemented to simulate both the suppressor and the pipe at its inlet
and outlet. Therefore, the mathematical model is focused on modelling the fluid transient
motion in a pipe that can be identified in three parts:

1. a pipe segment between the pump and the suppressor;
2. a pipe segment that is the suppressor;
3. a pipe segment between the suppressor and the user.

For the segments where the suppressor is not present, Equation (12) can be simplified
focusing only on the bulk modulus of the fluid:

1
Ke f

=
1

Kliq
(13)

When considering the fluid inside the suppressor, the pipe container becomes the
bladder that separates the liquid from the gas and its effect depends on the gas pressure
value. Assuming a polytropic transformation of the gas:

pVγ = cost. (14)

differentiating Equation (14), the compressibility effects can be derived:

dp
dV

V = −γp (15)

and:
Kc = γp (16)

Because the gas transformations occur very fast, they can be assumed to be adiabatic;
therefore, the coefficient γ was assumed to be equal to 1.65 (nitrogen). In this case, the value
of Kef is strongly affected by the term Kc and Equation (12) must be adopted. The effective
bulk modulus affects the speed of sound, as introduced in Equation (8). Two conditions
must be considered, the first one being inside the suppressor following Equation (8):

a2 =
Ke f /ρ

1 +
Ke f
A

dA
dp

(17)

While in the pipe segment at the inlet and outlet of the suppressor, the speed of sound
is calculated with:

a2 = Kliq/ρ (18)

Although the model incorporating the elasticity of the fluid container inside the sup-
pressor as a function of gas pressure can yield valuable insights into pressure attenuation,
it is not adequate enough to capture the architecture of the suppressor and the fluid dy-
namics within it. Within the suppressor itself, the liquid undergoes radial motion as it
transitions from the pipe to the bladder, a phenomenon that requires the complexity of a
two-dimensional model for accurate representation. The primary objective of this research
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endeavour is to develop a model capable of comprehensively accounting for the main
geometric suppressor features avoiding the need of a two-dimensional computational fluid
dynamics (CFD) approach; moreover, the target of this paper is to define the effects of the
positioning of the suppressor along the delivery pipe. For this analysis, a CFD approach
focusing on internal details of the suppressor is not the suitable solution. In the context of
fluid flow within the pipe, the dominant velocity component is axial. As elucidated earlier,
the pipe is endowed with a perforated wall that establishes a connection between the fluid
within the pipe and the bladder, as depicted in Figure 1. At a time when oil pressure is
higher than gas pressure, the oil flows through these openings, exerting force on the blad-
der. This process leads to a reduction in gas volume and a corresponding increase in gas
pressure. Conversely, when the instantaneous liquid pressure falls below the instantaneous
gas pressure, the reverse sequence occurs. To reproduce the operational dynamics of the
suppressor, the authors introduced an innovative application of a one-dimensional fluid
dynamics model [18]. This one-dimensional modelling approach focuses on assessing
the temporal and spatial evolution of liquid pressure within the pipe, while treating gas
pressure as a solely time-dependent variable. Consequently, gas pressure is presumed to
remain uniform within the chamber, with its fluctuations dictated solely by time. A further
hypothesis is that the bladder was assumed not to be deformed during the functioning,
but only moved. This hypothesis implies that the bladder does not interact with the fluid.
Upon analysing the disassembled suppressor, it was observed that the bladder is quite thin
and should be installed to limit its deformation also to increase its durability over time.

Imagine the entry of a liquid particle into the suppressor characterised by its axial
trajectory. For the sake of clarity, let us consider an instance when the liquid pressure
exceeds the gas pressure. At this juncture, the oil also exhibits radial movement, traversing
the perforations in the wall. This phenomenon can be effectively modelled within a one-
dimensional framework by recognising that the section available for fluid passage, along
the axis, is not static but varies with time. Essentially, the sectional area created by the
bladder movements acts as an incremental addition to the pipe’s cross-sectional area.
Conversely, the scenario reverses when the oil pressure is lower than the gas pressure.

In this paper, the calculation of the term dA/dt differs from the approach followed in
the previous work [18]. In the first version, the term dA/dt was calculated starting from the
computed volumetric flow rate through the wall holes and, with a strong assumption that
the fluid velocity through the wall holes is equal to the axial fluid velocity at the previous
time step, a passage area could be determined, defining the term dA/dt. In this work, to
model the term dA/dt, a correlation was assumed between the bladder movement and
the section area. In other words, assuming, for example, a liquid pressure increment, the
bladder moves in order to compress the gas, and this movement thereby enlarges the cross-
sectional area available for the main fluid. Therefore, the incremental volume available for
the liquid was computed as an incremental sectional area, being the length constant. In
this way, the calculated term dA/dt is strictly correlated with the term dVg/dt, where the
latter depends on the initial volume and on the precharge pressure. The instantaneous gas
volume could be easily calculated by means of the polytropic equation:

Vn
g = V0g

(
p0g

pn
g

)1/γ

(19)

Following the numerical approach, the term dVg/dt is:(
dVg

dt

)n

=
Vn

g −Vn−1
g

dt
(20)

Finally, the term dA/dt: (
dA
dt

)n
=

(
dVg
dt

)n

Lb
(21)
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This approach neglects the effect of the edges; i.e., the radius increases uniformly
along the suppressor. This approximation is acceptable with the ratio between the length
and diameter about equal to 3. It is relevant to point out that the calculation was carried
out for each spatial grid, and Lb is the length of the bladder with reference to the spatial
grid adopted.

A drawback compared to the previous version is that this model is no longer sensitive
to the size of the pipe holes (see the dashed line in Figure 1), but these effects could be
investigated in a rigorous manner only by means of a CFD analysis. On the other hand, the
advantage is that the sectional area available for the fluid was calculated in a manner closer
to reality and with a more stable numerical analysis.

The model permits the computation of the effects of the bladder mass, even though the
bladder mass of the suppressor is very small. The computation of this aspect is as follows:
the change in gas volume and of the liquid sectional area is associated with a movement of
the bladder; moreover, the bladder is subject to inertial effects that can be correlated with
an inertial pressure differential term, assuming Ω as the surface of the bladder:

∆pn
in =

mn an

Ω
(22)

The bladder acceleration is computed starting from the term dA/dt analysing the
change in the radius R of the sectional area that coincides with the radius of the membrane:

dR
dt

=
dA
dt

1
2 π Rc

(23)

where R is the instantaneous radius of the bladder and Rc is the initial value.
Therefore, the term bladder mass acceleration can be computed as:

an =

(
dRn

dt

)
−
(

dRn−1

dt

)
dt

(24)

The superscript n is referred to as the temporal step.
The differential pressure ∆pn

in is used to correct the instantaneous pressure of the gas
that is not assumed to be equal to the instantaneous liquid pressure but computed as:(

pn
g

)
= (p∗nl )± ∆pn

in (25)

The instantaneous pressure of the gas is used to compute the instantaneous gas volume,
Equation (23), and as reported above the term dA/dt.

3.2. Frequency-Dependent Friction Losses

Equation (1) compares the friction loss term λ that was computed as frequency-
dependent friction losses using the Brunone model [21]:

λ(a) = λSteady + λUnsteady = λSteady +
kD
u|u|

(
∂u
∂t
− a

∂u
∂x

)
(26)

The friction loss term depends on many variables, such as the local speed of sound, a,
considering the particular pipe segment studied; the velocity gradient (local inertia) ∂u/∂t,
and the convective term ∂u/∂x, while k (Brunone coefficient) is calculated by means of the
Vardy coefficient (C*) as shown:

k =

√
C∗

2
(27)
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where for laminar flow it becomes a constant value C* = 0.00476, while for turbulent flow:

C∗ =
7.41

Relog ( 14.3/Re0.05)
(28)

3.3. Numerical Scheme

An explicit first-order numerical scheme, known as flux vector splitting [22], was
implemented to numerically integrate the equations. The explicit method involved is
conditionally stable, so that the Courant number, C, should be <1, but close to 1:

C = (a± u)
∆t
∆x

(29)

The Courant number condition depends on the variations in the speed of sound that
is affected by the variations in both the pipe container elasticity and the term dA/dp, as
reported in Equation (8); however, the latter is less relevant for this scope.

The strong difference in the speed of sound between the pipe segments with or without
the suppressor generates different values of the Courant number when the spatial and
temporal grid are defined. The procedure adopted was to set the spatial grid and, on the
basis of both the Courant number and the speed of sound, calculate the temporal grid.

The temporal grid was calculated by adopting the highest speed of sound that occurs
in the pipe segments before and after the suppressor, obtaining the lowest temporal grid.
In this way, the temporal grid results are smaller inside the suppressor compared to the
Courant condition requirements in the damper. Then, the simulation of the flow inside
the suppressor was carried out with a lower Courant number of about 0.25. Given that
the numerical procedure adopted an explicit method, the low Courant number introduces
numerical diffusion [22]. This aspect was investigated simulating only a single pipe
segment with the suppressor and with Courant number equal to either 0.95 or 0.25. As
expected, the numerical diffusion introduces a little damping and the reduction in the first
harmonic amplitude spans from 1% to 5% and from 0% to 9% for the second harmonic as the
pump speed changes from 500 to 6000 r/min. When simulating all the pipe segments, these
differences are nonetheless mitigated by the presence of the segment without a suppressor
with a Courant number equal to 0.95.

A possible solution is to introduce a complex numerical algorithm with a different
temporal grid between the pipe segments, but this also involves the definition of the
boundary condition averaged between the pipe segments. Focusing on the target of this
research, it could be assumed that the occurrence of a known slight numerical diffusion
does not affect the conclusions reported in this paper.

The numerical scheme that was effectively implemented inside the pipes without
suppressor is:

un+1
i = un

i −
∆tp

2 · ∆x
·
(
un

i + ap
)
·
(

un
i − un

i−1 +
pn

i − pn
i−1

ρ · ap

)
−

∆tp

2 · ∆x
·
(
un

i − ap
)

·
(

un
i+1 − un

i +
pn

i − pn
i+1

ρ · ap

)
− ∆tp · λ

(
ap
)n

i

(30)

pn+1
i = pn

i −
∆tp

2 · ∆x
·
(
un

i + ap
)
·
[
pn

i − pn
i−1 + ρ · ap ·

(
un

i − un
i−1
)]
− ∆tp ·

(
un

i − ap
)

·
[
pn

i+1 − pn
i + ρ · ap ·

(
un

i − un
i+1
)] (31)
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Inside the suppressor, the equation presents few changes due to the sound speed,
while the temporal and spatial grids remain the same:

un+1
i = un

i −
∆tp

2 · ∆x
· (un

i + as) ·
(

un
i − un

i−1 +
pn

i − pn
i−1

ρ · ap

)
−

∆tp

2 · ∆x
· (un

i − as)

·
(

un
i+1 − un

i +
pn

i − pn
i+1

ρ · as

)
− ∆t · λ(as)

n
i

(32)

pn+1
i = pn

i −
∆tp

2 · ∆x
· (un

i + as) ·
[
pn

i − pn
i−1 + ρ · as ·

(
un

i − un
i−1
)]
−

∆tp

2 · ∆x
· (un

i − as)

·
[
pn

i+1 − pn
i + ρ · as ·

(
un

i − un
i+1
)] (33)

In Equations (30)–(33), the superscript n is referred to as the temporal step, while the
subscript i is referred to as the spatial step; subscript p refers to the pipe without suppressor
and s refers to the suppressor. It is important to point out that, to avoid numerical instability,
the change in the sound speed entering and exiting the suppressor was made gradually.
In a few spatial grids at the inlet and outlet of the suppressor, the above equations were
integrated with a variable sound speed that changes linearly between ap and as at the
damper inlet and between as and ap at the damper outlet.

4. Model Validation

The reported experimental data were divided by a proper coefficient for confiden-
tial reasons.

The model required to set the boundary condition at the inlet in terms of fluid velocity
profile. These profiles were computed using a pump model, which, for the sake of brevity,
is not expounded in this paper [5]. The sound speed in the pipe segments upstream and
downstream of the suppressor is about 1300 m/s depending on the instantaneous pressure.
Thanks to the implemented equations, this model reproduces the pressure damping as a
consequence of a strong reduction in the sound speed due to the change in the effective bulk
modulus caused by the presence of the bladder acting against the pressurised gas. For the
cases considered, the effective sound speed drops to about 150 m/s. The course of sound
speed vs. time, Figure 4, presents oscillations that are mainly caused by the instantaneous
pressure on the term dA/dp, Equation (17).
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To validate the model, a comparative analysis between experimental and numerical
data is reported. Specifically, these graphs encompass the fast fourier transform (FFT)
analysis of pressure ripples, incorporating both experimental and numerical datasets. To
provide a baseline for evaluation, cases without the suppressor were included, facilitat-
ing a straightforward assessment of its performance. The experimental data without the
suppressor exhibit no significant disparities between the corresponding upstream and
downstream sections; hence, a single value referencing the downstream section was re-
ported. To evaluate the suppressor performance and to verify the model predictivity, the
data reported in Figures 5–16 are referred to as the downstream pressure. In the previous
paper [18], a comparison between the numerical and experimental data of the upstream
pressure was also presented. The analysis was carried out by setting the gas precharge
pressure at 100 and 150 bar, while the pump speed spans from 500 to 3000 r/min. For
brevity, only the cases with oil pressure of 200 bar and 300 bar are reported.

Energies 2024, 17, x FOR PEER REVIEW 10 of 20 
 

 

below the oil pressure. The reason can be deduced from Equation (15) focusing on the 
term dp. Setting a lower gas pressure makes it possible for the suppressor to work with a 
lower gas volume, V, at equal oil pressure and this effects the gas compressibility (which 
increases) and the damping effects (which decrease). The obvious drawback is that a 
higher gas precharge pressure reduces the working pressure range of the damper. 

 
Figure 5. First harmonic, 200 bar, n = 500 r/min. 

 
Figure 6. Second harmonic, 200 bar, n = 500 r/min. 

 
Figure 7. First harmonic, 200 bar, n = 1500 r/min. 

Figure 5. First harmonic, 200 bar, n = 500 r/min.

Energies 2024, 17, x FOR PEER REVIEW 10 of 20 
 

 

below the oil pressure. The reason can be deduced from Equation (15) focusing on the 
term dp. Setting a lower gas pressure makes it possible for the suppressor to work with a 
lower gas volume, V, at equal oil pressure and this effects the gas compressibility (which 
increases) and the damping effects (which decrease). The obvious drawback is that a 
higher gas precharge pressure reduces the working pressure range of the damper. 

 
Figure 5. First harmonic, 200 bar, n = 500 r/min. 

 
Figure 6. Second harmonic, 200 bar, n = 500 r/min. 

 
Figure 7. First harmonic, 200 bar, n = 1500 r/min. 

Figure 6. Second harmonic, 200 bar, n = 500 r/min.



Energies 2024, 17, 1610 11 of 20

Energies 2024, 17, x FOR PEER REVIEW 10 of 20 
 

 

below the oil pressure. The reason can be deduced from Equation (15) focusing on the 
term dp. Setting a lower gas pressure makes it possible for the suppressor to work with a 
lower gas volume, V, at equal oil pressure and this effects the gas compressibility (which 
increases) and the damping effects (which decrease). The obvious drawback is that a 
higher gas precharge pressure reduces the working pressure range of the damper. 

 
Figure 5. First harmonic, 200 bar, n = 500 r/min. 

 
Figure 6. Second harmonic, 200 bar, n = 500 r/min. 

 
Figure 7. First harmonic, 200 bar, n = 1500 r/min. Figure 7. First harmonic, 200 bar, n = 1500 r/min.

Energies 2024, 17, x FOR PEER REVIEW 11 of 20 
 

 

 
Figure 8. Second harmonic, 200 bar, n = 1500 r/min. 

 
Figure 9. First harmonic, 200 bar, n = 3000 r/min. 

 
Figure 10. Second harmonic, 200 bar, n = 3000 r/min. 

Figure 8. Second harmonic, 200 bar, n = 1500 r/min.

Energies 2024, 17, x FOR PEER REVIEW 11 of 20 
 

 

 
Figure 8. Second harmonic, 200 bar, n = 1500 r/min. 

 
Figure 9. First harmonic, 200 bar, n = 3000 r/min. 

 
Figure 10. Second harmonic, 200 bar, n = 3000 r/min. 

Figure 9. First harmonic, 200 bar, n = 3000 r/min.



Energies 2024, 17, 1610 12 of 20

Energies 2024, 17, x FOR PEER REVIEW 11 of 20 
 

 

 
Figure 8. Second harmonic, 200 bar, n = 1500 r/min. 

 
Figure 9. First harmonic, 200 bar, n = 3000 r/min. 

 
Figure 10. Second harmonic, 200 bar, n = 3000 r/min. Figure 10. Second harmonic, 200 bar, n = 3000 r/min.

Energies 2024, 17, x FOR PEER REVIEW 12 of 20 
 

 

 
Figure 11. First harmonic, 300 bar, n = 500 r/min. 

 
Figure 12. Second harmonic, 300 bar, n = 500 r/min. 

 
Figure 13. First harmonic, 300 bar, n = 1500 r/min. 

Figure 11. First harmonic, 300 bar, n = 500 r/min.

Energies 2024, 17, x FOR PEER REVIEW 12 of 20 
 

 

 
Figure 11. First harmonic, 300 bar, n = 500 r/min. 

 
Figure 12. Second harmonic, 300 bar, n = 500 r/min. 

 
Figure 13. First harmonic, 300 bar, n = 1500 r/min. 

Figure 12. Second harmonic, 300 bar, n = 500 r/min.



Energies 2024, 17, 1610 13 of 20

Energies 2024, 17, x FOR PEER REVIEW 12 of 20 
 

 

 
Figure 11. First harmonic, 300 bar, n = 500 r/min. 

 
Figure 12. Second harmonic, 300 bar, n = 500 r/min. 

 
Figure 13. First harmonic, 300 bar, n = 1500 r/min. Figure 13. First harmonic, 300 bar, n = 1500 r/min.

Energies 2024, 17, x FOR PEER REVIEW 13 of 20 
 

 

 
Figure 14. Second harmonic, 300 bar, n = 1500 r/min. 

 
Figure 15. First harmonic, 300 bar, n = 3000 r/min. 

 
Figure 16. Second harmonic, 3000 bar, n = 3000 r/min. 

Figure 14. Second harmonic, 300 bar, n = 1500 r/min.

Energies 2024, 17, x FOR PEER REVIEW 13 of 20 
 

 

 
Figure 14. Second harmonic, 300 bar, n = 1500 r/min. 

 
Figure 15. First harmonic, 300 bar, n = 3000 r/min. 

 
Figure 16. Second harmonic, 3000 bar, n = 3000 r/min. 

Figure 15. First harmonic, 300 bar, n = 3000 r/min.



Energies 2024, 17, 1610 14 of 20

Energies 2024, 17, x FOR PEER REVIEW 13 of 20 
 

 

 
Figure 14. Second harmonic, 300 bar, n = 1500 r/min. 

 
Figure 15. First harmonic, 300 bar, n = 3000 r/min. 

 
Figure 16. Second harmonic, 3000 bar, n = 3000 r/min. Figure 16. Second harmonic, 3000 bar, n = 3000 r/min.

Figures 5–10 report the FFT analysis of the pressure ripples focusing on the first
and second harmonics amplitudes. A significant pressure ripple reduction is evident,
with a good alignment between the experimental data and the numerical results. Similar
comments apply to Figures 11–16 referring to the oil pressure of 300 bar. A general
consideration could be made about the effects of the gas precharge pressure. The pressure
amplitude reduction is more significant when the gas pressure is higher, but obviously
always below the oil pressure. The reason can be deduced from Equation (15) focusing
on the term dp. Setting a lower gas pressure makes it possible for the suppressor to work
with a lower gas volume, V, at equal oil pressure and this effects the gas compressibility
(which increases) and the damping effects (which decrease). The obvious drawback is that
a higher gas precharge pressure reduces the working pressure range of the damper.

5. Discussion and Parametric Analysis

The developed model presents a significant improvement with respect to the previous
version [18], with all pipe segments simulated from the pump to the user. This code permits
the evaluation of the effects of the relative positioning of the suppressor at the pump
delivery side. In other words, the distance L in Figure 1 was investigated in order to define
its effect on the pressure evolution in both the pipe before the suppressor (upstream section)
and after the suppressor (downstream section). The distance between the suppressor and
the user was kept constant, being a parameter that depends on the application and, as a
consequence, is not relevant to be investigated.

After the model validation, presented in the previous section, in this section, the
results obtained from numerical activity were also used to explore very high rotational
speeds of the pump. The course of the pressure amplitude in terms of the first and second
harmonics of the pressure ripples were investigated both upstream (up) and downstream
(down) of the suppressor with different values of the pipe length L. Two parameters were
investigated: the length L (distance between the pump and damper, Figure 1) and the pump
rotational speed; to limit the plots, only the case with the oil pressure set to 300 bar and the
gas precharge pressure equal to 150 bar are reported.

The pump speed spans from 500 r/min to 6000 r/min, because, as cited in the intro-
duction, in current and future applications, fixed displacement pumps can be driven by
means of variable speed electric motors in a very wide speed range.

By the analysis of Figures 17–26, it is clear that the damper is always useful at the down-
stream section, because there is a significative reduction in the pressure ripple amplitude in
all the cases considered.
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Focusing on the upstream pressure, which represents the pressure between the pump
and the damper, the situation is different and needs to be investigated. The first harmonic
of the pressure ripple amplitude increases with the speed (spanning from 500 r/min to
6000 r/min), changing the value from 0.08 to 0.9 (Figures 17 and 25), when the damper is
placed close to the pump at L = 150 mm; at the same conditions, the second harmonic value
changes from 0.02 to 0.7 (Figures 18 and 26). These values are increased more than tenfold,
but they remain lower with respect to the case without the suppressor. The situation
becomes critical when the damper is placed further from the pump, but at a reasonable
distance equal to 600 mm; in this case, the first harmonic presents higher values from 0.5 to
2.0 and the second harmonic presents values from 0.10 to 1.6. It is relevant to point out that
at higher speeds, from 3000 to 6000 r/min, the pressure ripple at the inlet of the damper
is more relevant with respect to the pressure ripple inside the pipe without a suppressor
(see Figures 21–26). These figures report values of the amplitude for both the first and
second harmonics that are higher than the corresponding amplitudes without a suppressor.
This trend could be partially verified by the experimental data that were collected at the
maximum speed of 3000 r/min, L∼= 150 mm. By the analysis of Figures 27 and 28 limited to
the case at 300 bar, 150 bar gas precharge and two different speeds of 1500 and 3000 r/min,
it is evident that the pressure ripple amplitude of the 2nd harmonic tends to increase
with the rotational speed, reaching values similar to those without a suppressor; the 1st
harmonic shows a strong reduction at 1500 r/min of about one-tenth with respect to the
case without a suppressor, while the reduction is less than half at 3000 r/min.
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Figure 28. Experimental pressure amplitude at different pump speeds—Second harmonic.

The increment of the pressure amplitude at the inlet of the damper can be explained
considering that the pipe is subject to the wave propagation phenomenon. In fact, inside
the suppressor, the sound speed is reduced, and this involves the fact that the approaching
wave, travelling at a higher speed, is reflected with the same sign, because the damper acts
as a section restriction with respect to the flow direction. The reflected wave moves with the
same sign, adding a contribution to the incident wave. This phenomenon is correlated with
the pressure wavelength and can be affected by the length of the pipe and the frequency of
the incident wave, the latter depending on the pump speed.

6. Conclusions

This paper explores the hydraulic bladder suppressor performance extended to its
positioning along the delivery pipe. A comprehensive series of experiments was conducted,
entailing the installation of the suppressor within the delivery pipe of a gear pump. Notably,
the suppressor exhibits a remarkable capacity for mitigating flow ripple, primarily achieved
through a pronounced reduction in the harmonic components of the experimental pressure
ripple in a section downstream of the suppressor. Particularly, this reduction is notable
on both the first and second harmonics, which constitute the primary signal content
within the pressure ripple. The model presented in this paper is an improvement of a
previous model with the aim to replicate the suppressor behaviour also considering its
position in the delivery pipe relative to the pump. The developed model employs a one-
dimensional framework, where fluid motion equations are integrated across both space and
time to recreate the instantaneous pressure and velocity profiles of the flow at each spatial
increment within the suppressor, as well as in the pipe before and after the suppressor.
Inside the suppressor, the interactions with the bladder were reproduced by modelling
a variable section area for fluid passage that influences the speed of sound and wave
propagation within the suppressor. The developed and validated one-dimensional model
of the entire pipe permitted the investigation of the effect of the position of the damper with
respect to the pump at different pump speeds, an aspect often neglected in the literature.
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