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Abstract 

This dissertation addresses the development of an integrated magneto-
mechanical design for the final prototyping of a magnetic gearbox transmission, 
integrating in a single device three different components, as clutch, gearbox, and 
torque limiter, to overcome the typical issues, as noise, wearing and vibrations, of 
mechanical power transmission systems. In the thesis, both magnetic and 
conventional transmission technologies are investigated with numerical, 
simulative, and experimental approaches. 

In the first part of the dissertation, a novel methodology for the assessment of 
Dual Clutch Transmission vibrations during gear shifts is proposed, to predict, 
through numerical simulations and an offline post-processing, in a specific point 
of the gearbox housing its accelerations, which are used as a dynamic quantity to 
objectively evaluate the vibrational behaviour of gearbox inner elements during 
experimental tests. A sensitivity on the main geometrical parameters of gearbox 
has been conducted, with promising benefits in the reduction of gearshift noise. 

On the other side, magnetic gears are proposed as structures able to transfer 
power and torques between two or more mechanical axles with a given speed 
ratio. They allow to transfer motion without contact between the moving parts, 
hence the possible adoption of a planetary magnetic gear (PMG) inside a hybrid 
automotive driveline has been investigated, designing a PMG able to transfer the 
torque needed without altering the powertrain dynamics. To handle these 
requirements, a multi-objective optimisation approach is carried out by a 
deterministic optimisation algorithm coupled to a weighted sum approach of 
objectives. Results are used in a transmission model developed in Simulink. 

Finally, a constant effort has aimed at the development and design of several 
technological construction solutions, to validate the patented idea, to verify the 
effectiveness of the proposed system, and to highlight any possible critical aspect 
in different kinematic and dynamic operative conditions of the magnetic gearbox. 
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Chapter 1 

1. Introduction 

The power transmission system represents the main component, namely the 
core, of any machine in several sectors as the automotive [1,2] and aerospace [3] 
industries or in other application fields where a power source is connected to an 
utiliser to guarantee the motion transferring between the input and the output of 
the system. 

During the last decades, a continuous improvement of power transmission 
systems has occurred, especially in the automotive sector, with the development 
of both more powerful engines [4,5] and more efficient and performing 
transmissions [6,7]. 

Due to the possible configurations of driveline, as the front-wheel drive, the 
rear-wheel drive or the all-wheel drive systems [8,9], and to the large number of 
powertrain components, the analysis of the whole power transmission is a 
fundamental phase during the mechanical and dynamic design [10] and, at the 
same time, when a mechanical problem occurs and the detection of the critical 
components is necessary. 

In the last few years, an increasing demand for improving vehicle 
performance and drivability lead the automotive industry to explore new 
powertrain technologies, to primarily reduce fuel consumption [11,12]. At the 
same time, weight [13] and cost of a vehicle remain a discriminating factor in the 
final choice of the customer. For all these reasons, the transmission becomes 
increasingly important, especially in the new millennium. 

In fact, for a long period, until the beginning of the 80’s of the previous 
century, only little innovations has been applied to transmission technology since 
the manual transmission was the main subject of the transmission market. A 
considerable progress has been made in the development of automotive 
transmissions in the last 20 years, with an increased speed number, expanded ratio 
spread and an improvement of efficiency and shift quality [14]. Transmissions of 
cars with an internal combustion engine (ICE) are usually classified into manual 
transmission (MT), automated manual transmission (AMT), automatic 
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transmission (AT), dual-clutch transmission (DCT) and continuously variable 
transmission (CVT). Any vehicle with a traditional mechanical transmission is 
generally characterised by unavoidable and undesired issues of noise and 
vibrations [15,16], which both the driver and passengers would avoid for a better 
sensation while using the vehicle. Noise and vibrations are measured to evaluate 
the ride comfort and vehicle quality and reliability. 

Moreover, with the increasing of vehicle electrification, the electronic control 
of transmission and of the gearshift phase has become an increasingly important 
aspect in the vehicle design. Thus, the study of an optimal control is highly related 
to the uncertainty on system parameters [17], since a little change on a component 
parameter could change the frequency response function (FRF) [18,19] of the 
mechanical system. 

In this context, where the classical mechanical transmissions remain a key 
point as regards the transmission reliability, the magnetic transmission and more 
generally the magnetic gears represent a valid alternative to mechanical 
transmission to overcome noise and vibrations issues and the need of gear 
lubrication and cooling. Tsurumoto et al. [20] in 1987 proposed one of the first 
studies on this topic prototyping a magnetic gear using permanent magnets of 
SmCo5 material. Nevertheless, for a long time, this new technology received little 
interest due to the use of low-performance magnetic material leading up to low 
torque density. Then, in 2001, the magnetic gears appeared in a new topology as 
proposed by Atallah et al. [21] with the design of a planetary magnetic gears 
(PMG). This work has given rise to a field of research based on this new topology 
as regards the design [22–24], the dynamics [25–28], the optimisation [29–31], 
and the final prototyping [32–35] of a planetary magnetic gear. Moreover, a 
procedure for computing magnetic losses in coaxial magnetic gears is presented in 
[36] through the use of a 2D magnetic model, or power loss are evaluated by 
measurements [30,37], or taking into account only losses due to eddy currents 
[38]. This to put in evidence that the loss computation in magnetic materials is 
crucial to define the system performance. 

Finally, the possible integration of a PMG in an electrical continuously 
variable transmission (E-CVT) [39] of a hybrid electric vehicle (HEV) should be 
further investigate, due to overall dimensions and to the transmissible torque 
capability, to propose a possible change of direction in the automotive 
transmission market. 
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1.1 Main contributions 

The main original contributions obtained during this PhD are here presented. 
 
Development of methodologies for power transmission systems 
As regards the mechanical transmissions, a two steps methodology for the 

assessment of Dual Clutch Transmission vibrations during gear shifts has been 
developed. It is devoted to an objective evaluation of the induced vibration due to 
axial and rotational impacts inside the transmission by means of a single 
parameter, as the acceleration in an external point the gearbox housing. 

Instead, as regards the magnetic transmissions, a magneto-mechanical 
approach is proposed to design and optimise a PMG. Firstly, an integrated tool for 
electromechanical simulations is developed, starting from a topological 
parametric model of a PMG. Then a block-oriented dynamic model of a PMG, 
inserted in a mechanical driveline, is developed in Simulink environment, using 
the results of magneto mechanical simulations, to virtually test the dynamic 
behaviour of magnetic transmission devices. 

 
Realisation of an innovative magnetic gearbox prototype 
An Italian patent application for a magnetic gearbox prototype has been filed. 

The innovative magnetic gearbox technology allow the integration of clutch, 
gearbox, and torque limiter in an all-in-one device. 

The “Magnetic gearbox” patent has allowed to participate for a call of Proof-
of-Concept project for the development of the technology with the design and 
construction of a two-stage (two-speed) magnetic gearbox prototype, 
characterised by a functional parametricity, which allows to investigate different 
configurations concerning the transmission ratio. In parallel with the realisation of 
the prototype, a devoted test bench was designed and built to explore and evaluate 
the magneto-mechanical characteristics of the prototype in different working 
conditions, through appropriate test protocols. 

 

1.2 Organisation of the thesis 

This thesis is organised as follow: 

 Chapter 2: a brief introduction to different method for the study of 
uncertain system is presented and the analysis of uncertainty effects on 
the dynamic of a multi degree of freedom (MDOF) is proposed using 
both stochastic and deterministic approaches. Moreover, an analysis 
on the poles of a mechanical system is analysed to quantify the effect 
of uncertain parameters on the imaginary and real part of the poles. 
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 Chapter 3: the development of a nonlinear lumped parameter model of 
a Dual Clutch Transmission on Siemens/Amesim software is 
presented, and a sensitivity analysis is carried out on some model 
parameters. Moreover, a novel methodology, for the assessment of 
Dual Clutch Transmission vibrations during gear shifts, is proposed 
with an experimental validation of the simulated results. 

 Chapter 4: A brief literature review on magnetic gears is presented, 
highlighting advantaged and drawbacks compared to traditional 
mechanical gears. Then a first possible integration of magnetic gears 
in an automotive power transmission is proposed. 

 Chapter 5: Firstly, an integrated tool for electro-mechanical 
simulations is developed, starting from a topological parametric model 
of a PMG. Then, a multi-objective optimisation approach is proposed 
that maximises transmitted torque per unit mass of the magnetic gear, 
minimising, at the same time, the moment of inertia of the moving 
parts, to not alter the dynamic of a possible powertrain application. 
Finally, a block-oriented dynamic model of a driveline is modelled in 
Simulink environment to test the efficacy of magnetic transmissions. 

 Chapter 6: The design of a PMG prototype is presented, with a 
progressive rise in complexity, in order to achieve quickly 
exchangeable configurations for different experimental tests. Three 
different solutions are designed highlighting advantages and 
drawbacks. 

 Chapter 7: The PMG prototype complexity is further increased, adding 
a neutral position and a second PMG in order to achieve a mechanical 
system able to act as a magnetic gearbox with two transmission ratios. 
The innovative technology of magnetic gearbox is presented, 
proposing several constructional solutions. The kinematic analysis of 
the actuation system for the dis/engagement of the desired 
transmission ratio is analysed from an analytical and a simulative 
point of view, to achieve an optimal control of the engaging phase. 

 Chapter 8: Development of a test rig for power transmission 
application using magnetic gearbox technology: several magneto-
mechanical quantities are evaluated during different tests, to evaluate 
PMG performance and its advantages with respect to mechanical 
gears. 

 Chapter 9: The main conclusions drawn from the work presented in 
the previous chapters are reported. In addition, some interesting topics 
for future developments will be proposed. 
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Chapter 2 

2. Dynamic response of uncertain 
mechanical systems 

Vibrations are one of the most common aspects of daily life. They are defined 
as the fluctuations of a mechanical systems about an equilibrium position. 
Vibrations start when an inertia element, namely a mass or a rotational element, is 
moved from its equilibrium position due to an external source of energy [40,41]. 
Thus, a restoring force or moment tends to bring the inertia element to an 
equilibrium position due to elastic elements of the involved mechanical system. In 
case of absence of nonconservative forces a continuous conversion of energy 
between the kinetic and potential one occurs, causing the inertia element to 
oscillate about its equilibrium position till a dissipative element leads to decrease 
the amplitude of oscillation. 

A mathematical model is necessary to predict the mechanical system 
behaviour and to study its dynamic response under certain excitation condition 
since the knowledge of the system physical properties is fundamental. Therefore, 
the model parameters correspond to its physical properties. In a mechanical 
system the common parameters are mass, stiffness, and damping, which 
respectively describe inertial, elastic, and dissipative properties of the system. 

The solution of the mathematical problem leads to an information about the 
vibrations. To be clear, some terms should be defined. Generally, vibration 
phenomena are represented using a time history of the system periodic oscillation 
about the equilibrium position. Each oscillation is completed in one cycle and for 
a simple harmonic motion the time necessary to execute a cycle is constant and it 
is called period. Moreover, the frequency of motion is the number of cycles in the 
period of one second, while the amplitude is defined as the maximum 
displacement from the equilibrium position [42]. 

The dynamic response of a mechanical system to a certain excitation depends 
on system parameters. Simpler the system mathematical model is, the easier it is 
to define and to predict its dynamic behaviour. It could be happening that these 
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mechanical systems are affected by uncertainty, due to its uncertain parameters 
and thus the estimation of its dynamic response is uncertainty, as well. 

The topic of uncertainty was carried out, in aerospace field [43–45], to assess 
the propagation of structural uncertainty to linear aeroelastic stability, or in 
electro-mechanical field where the effects of multi-parameter aleatory 
uncertainties are discussed for the design and optimisation of energy harvesters 
[46,47]. Moreover, the study of dynamic behaviour of uncertain system is 
addressed in [48] as regards wind turbine drive train, and in [49] for the analysis 
of torsional vibrations in geared transmissions. 

Only structured uncertainty, due to uncertain parameters, has been 
investigated in this section, although several unstructured uncertainty modeling 
methods [50–52] can be used to investigate the effects of unstructured uncertainty 
on the dynamics and control of mechanical systems. Moreover, a mixed structured 
and unstructured uncertainty modeling method can be used, as introduced in [53] 
to deal with measured frequency domain data from several servo actuators. 

 

2.1 Methods for uncertainty estimation 

During the last decades, the study of uncertain systems and of uncertainty 
effects on the dynamic of the system itself have been handled using deterministic 
or stochastic approaches. Each model has its benefits and drawbacks, which are 
mainly related to computational costs and accuracy of results. 

The methods presented are applied for the calculation of FRFs of a simple 
lumped mass system with uncertain parameters, even if they could be tested using 
more complex systems. 

The first method analysed is the complex interval analysis, whose origins date 
back to the last century [54,55], also treated in [18] by the author and compared 
with another uncertainty propagation technique, called complex affine analysis, 
firstly introduced in 1993 by Comba and Stolfi [56]. 

The advantage of these two methods is only the computational cost, since 
with only a calculation at each frequency it is possible to estimate together lower 
and upper bounds of uncertainty FRF. On the other hand, the estimation of FRF 
has a good accuracy within a certain percentage of uncertainty on the input 
parameters of the system. This maximum level of uncertainty depends on the 
number of uncertain parameters and on their nominal values. Moreover, the 
formulation of FRF should be explicit since it is not possible to apply the classical 
mathematical operations between complex interval matrices. In addition to this it 
is impossible to evaluate an explicit formulation of the frequency response 
functions for a system with more than 4 DOFs. 

The other three methods that could be used are Monte Carlo (MC) 
simulations, the Full Factorial Design (FFD) or the Latin Hypercube Sampling 
(LHS). Using MC simulations, it is possible to choose the proper type of 
distribution for each uncertain parameter, namely the most suitable according to 
real perturbation on each parameter: in this section only normal and uniform 
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random distribution have been used for the model parameters. The advantage of 
this method is the accuracy of results, but with a very high computational cost. 

In the FFD the number of simulations that should be performed to obtain an 
appropriate result depend on the number of uncertain parameters and on the levels 
of each parameter that is necessary to test. Generally, two levels for each 
parameter, related to an envelope of the FRF, are enough two describe accurately 
the effects of uncertainty. Finally, in the LHS, the random numbers, which 
describe the random parameters are selected in an orthogonal way, with a random 
distribution or using a normal distribution with covariance matrix. 

The proposed methods are applied to the same test-case to prove their efficacy 
and limits in the analysis of uncertain systems. 

 

2.2 Dynamics of a MDOF system with uncertain 
parameters 

The model of a 2-DOFs lamped mass mechanical system is sketched in Figure 
2.1. It is considered for the analysis on parametric uncertainty and it is 

characterised by two masses 1m  and 2m , by three stiffnesses 1k , 2k  and 3k , and 

by three viscous dampers 1c , 2c  and 3c . 

 

 

Figure 2.1 – Two DoFs lumped mass system. 

The equations of motion of the system under forced vibration are written 
using the matrix formulation of Eq. (2.1): 

   M x C x K x f   (2.1) 

where the mass matrix M , the damping matrix C , and the stiffness matrix K  are 
given by Eq. (2.2) 

 1

2

0

0

m

m

 
  
 

M , 1 2 2

2 2 3

c c c

c c c

  
    

C , and 1 2 2

2 2 3

k k k

k k k

  
    

K  (2.2) 

As already said the methods are applied for the evaluation of FRFs of the 
uncertain mechanical system. Generally, three different FRFs can be evaluated, 
namely the receptance ,j k , the mobility ,j kY  and inertance ,j kA , which are 

defined as the ratio in the frequency domain between the displacement, velocity 
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and acceleration of DOF j  with respect to the external forces applied to DOF k . 

The receptance of a MDOF mechanical system with proportional viscous 
damping, is computed with modal superposition of m modes, as follows: 

    
 

, ,
, 2 2

1 2 i

m
j j r k r

j k
rk r r r

x Φ Φ

F


 

     

 
   (2.3) 

where ,j rΦ  and ,k rΦ  are the eigenvectors of mode r , evaluated at DOF j  and 

DOF k , respectively, r  is the damping ratio, r  is the natural frequency of 

mode r  and   is the excitation frequency. 
For a 2 DOF system it could be written also in matrix form using Eq. (2.4) or 

Eq. (2.5): 
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where  D   is the determinant of the matrix on the right side of Eq. (2.4) given 

by Eq. (2.6) 

 
           

 

2 2
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+ i

D k k c c m k k c c m

k c

    



         


(2.6) 

The numerical values of system parameters are listed in Table 2.1. 

Table 2.1 – Baseline parameters of the 2 DOFs lumped mass system. 

Type Parameter Value 

mass 
1m  [kg] 1 

2m  [kg] 2 

stiffness 
1k  [N/m] 10000 

2k  [N/m] 20000 
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3k  [N/m] 30000 

damping 

1c  [Ns/m] 10 

2c  [Ns/m] 20 

3c  [Ns/m] 30 

 
Firstly, the system has been tested in nominal condition and then a random 

scanning analysis is performed, changing randomly all the parameters inside a 
range of ±1% and running the FRFs calculation 1000 times. Uniform distribution 
is used for all the parameters. These results are then compared with interval 
analysis and affine analysis briefly introduced in the following sections. 

2.2.1 Complex interval analysis technique 

According to the interval analysis, each real number  |x x x x   x  , 

each vector y  of dimension n , defined as  |ny y y y   y  , where y  and 

y  are real column vectors of length n , or each m n  interval matrix A , defined 

as  |m nA A A A   A  , where each matrix element ,i jA  is an interval 

number, could be written with a lower boundary and an upper boundary. Starting 
from the assumption that the FRFs of a mechanical system is complex, in this 
section only complex interval analysis is considered, even if it could be reduced to 
real interval analysis just not considering the imaginary part. Therefore, a 

complex interval number ir i x x x  is written as the sum of a real and 

imaginary part, where rx  and ix  are the real and imaginary interval components 

of the complex number. This relationship is better clarified in Eqs. (2.7)-(2.8): 

  , |r r r r r r rx x x x x x      x   (2.7) 

  , |i i i i i i ix x x x x x      x   (2.8) 

Different arithmetical operations are involved in the estimation of the system 
FRFs and thus it is necessary define them for interval complex numbers. The idea 
for the extension of interval arithmetic to the complex plane, with a Cartesian 
representation for complex interval numbers, is attributed to Boche [57]. As in his 
technical report, and starting from two numbers x  and y , the main arithmetical 

operations are here defined: 
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r r r r i i i i

x x y y x x y y
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    ir r i i r i i r   xy x y x y x y x y  (2.11) 
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Properly combining previous Eqs. (2.9)-(2.12), it is possible to evaluate the 
equations for the three distinct interval FRFs for calculation of receptances 

 1,1 α ,    1,2 2,1 α α , and  2,2 α  at the desired excitation frequency  . 
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α
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  (2.15) 

In the previous equations each of system parameters is written as vector with 
a lower and upper bound, which difference corresponds to a range given by the 
nominal value and by the uncertainty percentage. By way of explanation, 
assuming an uncertainty amplitude of 1%  and considering for all the parameters 
the nominal values reported in Table 2.1, their lower and upper bounds are 
evaluated using Eq. (2.16) for masses, Eq. (2.17) for viscous damping and 
Eq. (2.18) for stiffnesses. 
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 (2.16) 
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0.99 10 , 1.01 10

1.98 10 , 2.02 10

2.97 10 , 3.03 10
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Moreover, the FRFs, evaluated using Eqs. (2.13)-(2.15) could be written in 
their complex interval form using Eq. (2.19) which returns lower and upper bound 
of each FRF 

            , i ,r r i i               α  (2.19) 

 

2.2.2 Complex affine analysis technique 

The idea of affine analysis is to keep track of dependency between arithmetic 
operands and formulas, preserving the simplicity of interval arithmetic. There are 
two formulations for real and complex numbers also in the affine analysis, and in 
this section only the complex affine analysis is presented. Using this technique, an 
uncertain complex parameter x  is represented by an affine form x̂  that is a first-
order polynomial, as expressed in Eq. (2.20): 

 0
1

ˆ i
n

i i real real imag imag
i

x x x x x  


     (2.20) 

where 0x  represents the central value of the affine form, ix  corresponds to the 

amplitude of a particular uncertainty, while i  are symbolic variables, whose 

values are unknown but lie in the range  1 1 , and each of them represents one 

of n  independent sources of uncertainty. Instead, realx  and imagx are considered as 

a real and an imaginary amplitude error, respectively, and are positive and real 
quantities. 

Considering a complex affine form x̂ , it could be translated into a complex 

interval number ir i x x x  using Eq. (2.21) for the bound of real part and 

similarly Eq. (2.22) for the imaginary ones. 
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On the other hand, a complex interval number ir i x x x  is converted in a 

new complex affine form 
1 1 2 20 inew new new newx x x x     using Eq. (2.23): 

 
   

0

i

2

r r i ix x x x
x

  
  , 

 
1 2

r r

new

x x
x


  , 

 
2

i

2

i i

new

x x
x


  (2.23) 
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All the basic mathematical operands for the affine technique are taken from 
Eqs. (38-40), (45-49), (53-55) and (59) of Manson paper [18]. Starting from these 
equations it is possible to estimate the FRFs of the 2-DOFs mechanical system 
using Eqs. (2.24)-(2.26): 

 

  
     

               
2

2 3 2 3 2

1,1 2
2 2

1 2 1 2 1 2 3 2 3 2 2 2

i

i i +i

k k c c m

k k c c m k k c c m k c

 
 

    

   


        

 

    

  (2.24) 
 

  


               
2 2

1,2 2
2 2

1 2 1 2 1 2 3 2 3 2 2 2

+i

i i +i

k c

k k c c m k k c c m k c

 
    


        



    

  (2.25) 
 

  
     

               
2

1 2 1 2 1

2,2 2
2 2

1 2 1 2 1 2 3 2 3 2 2 2

i

i i +i

k k c c m

k k c c m k k c c m k c

 
 

    

   


        

 

    

  (2.26) 

Each of system parameters is written in the affine form as a central value plus 
a partial deviation term equal to 1% of the nominal value of Table 2.1. Thus all 
the system parameters are evaluated using Eq. (2.27) for masses, Eq. (2.28) for 
viscous damping and Eq. (2.29) for stiffnesses. 
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 (2.29) 

Finally, the receptances, evaluated using Eqs. (2.24)-(2.26) could be written in 
their complex affine form using Eq. (2.30) which returns the receptance central 
value at each excitation frequency  , with the partial deviation terms for all the 
different uncertainty contribution: 
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0

1

i
n

i i real real imag imag
i

       


     (2.30) 

where 8n   is due to the number of system parameters. Then this affine number 
is converted into a complex interval number using Eqs. (2.21)-(2.22) and 
compared with interval analysis approach. 

 

2.2.3 Full factorial design, Latin hypercube, and Monte Carlo 
sampling 

Design of Experiments (DOE) is a rigorous methodological approach largely 
used for solving different types of engineering problem [58], that applies 
principles and techniques at the data collection stage to ensure the generation of 
valid, defensible, and supportable engineering conclusions. Moreover, this kind of 
approach can guarantee the reduction of engineering run tests, time, and thus 
money. It is widely used in several engineering problem solving areas, as well as 
for improving or optimizing product design and manufacturing processes. If the 
engineer is interested in assessing whether a change in a single factor has an effect 
as change/improvement to the process as a whole, the DOE is used in a 
comparative way, while it is used for a screening characterization when the 
engineer is interested in understanding the process as a whole in the sense that 
after design and analysis he would like to know a ranked list from most important 
to least important factors that affect the engineering process. Moreover, the DOE 
is used in the modeling process to estimates the coefficients of a mathematical 
function that reproduce the model, or in the optimising area when the engineer is 
interested to determine optimal settings of the process factors; that means to 
determine the level of the factor that optimises the process response [59]. 

In other words, this means that to really understand cause-and-effect 
relationships in a certain system it is necessary to deliberately change the input 
variables to the system and observe their effects and changes in the system output, 
thus conducting experiments on the system. Each experimental run is a test, and a 
proper selection of factor levels is necessary to reduce computation costs and time 
in this preliminary phase of engineering design. 

Therefore, in the analysis and study of an uncertain system, the screening 
characterisation assume a key role to assess a proper set as regards levels for each 
model parameter. The correct approach to dealing with two or more factors is to 
conduct a factorial experiment, using the FFD approach. It is based on the 
investigation of all possible combinations of the levels of the factors to have a 
complete DOE of the engineering problem. In the study of the 2 DOFs mechanical 
system with uncertainty of this chapter, two levels for each factor are assumed and 

thus, for a complete replication of all possible combinations, a 2k  factorial design 
is considered, with k  equal to the number of factors or mechanical system 

parameters. As suggested in [60], the 2k  factorial design is widely used in the 
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preliminary stages of a DOE for a factor screening on the main uncertain input 
parameters that highly influence the output FRFs of the system. 

On the other side, the Latin hypercube sampling, firstly introduced by McKay 
et al. in [61], is a sampling method to choice input parameter values for estimation 
of output variables. This method is generally used when the number of variables is 
larger and the deterministic method are difficult to use, as done in [62] for the 
simulation of the performance of a printer actuator. 

This technique was then assumed as sampling method in the study of 
propagation of uncertainty in complex systems [63]. The most important 
characteristic of this design is that guarantee uniform samples. In an experimental 
design with p  factors and n  runs, an n p  matrix D  is created, where the ,i jD  

elements are evaluated in an orthogonal way as done in [64]. 
Finally, the Monte Carlo sampling method [65] is used for solving large scale 

stochastic problems with the drawback of very high computational costs. The 
selection of input parameter values could be based on a uniform or normal 

distribution. The Matlab command  ,1x rand n  generates a vector x , which 

length is n , of uniformly distributed random numbers in the open interval  0 1 , 

but to compare this distribution with the normal one this interval has been 

modified to  1 1  . Assuming 510n  , the histogram of x  is flat as reported in 

Figure 2.2. Instead, the command  ,1y randn n  generates a vector of normally 

distributed random numbers. The histogram of y  looks like a normal distribution 

whose mean is 0y   and standard deviation is 1y   and it is also reported in 

Figure 2.2. 
 

 

Figure 2.2 – Histogram of uniform and normal distributions. 

For the study of the 2 DOFs mechanical system with uncertainty, it is 

necessary that random numbers lie in the range  1 1   and not in the range 

F
re

qu
en

cy
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]
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 4 4  , as happens for y  histogram. Thus, a different standard deviation must 

be chosen to obtain normally distributed random numbers that are in the range 

 1 1  , achieving the histogram of z , with a mean 0z   and a standard 

deviation equal to 
3

y
z


  . Nevertheless, with this approach there is no certainty 

that this range is respected as it is possible to appreciate in Figure 2.2, although 
the 99%  of values are inside the range, hence for this reason the uniform 
distribution is assumed for analysis of uncertainty to replicate the same starting 
condition for the input uncertain parameters of other approaches. Moreover, the 
choice of a uniform distribution for all parameters is done to have better 
assessment of the extreme events, namely a higher consideration of extreme 
values with respect to what normally happens with Gaussian-type distributions. 

 

2.2.4 Comparison of FRFs for different values of uncertainty 

The stochastic and deterministic methods described in the previous section are 
used in the evaluation of receptance FRF in the 2 DOFs mechanical system with 
uncertain parameters. Each of the eight structural parameters are firstly considered 
with an uncertain lying within a range of 1%  w.r.t. their corresponding nominal 
values and then with smaller uncertainty to detect its different influence on the 
FRF. The receptances are presented both in terms of real and imaginary 
components and in amplitude and phase representation. The procedure consists in 
the evaluation of lower and upper bounds of the real and imaginary parts of FRF, 
at each frequency. Then, the lower and upper bound for the modulus are evaluated 
using Eqs. (2.31)-(2.32): 

 

         2 2
min min , min ,max min max minRe Re Im Im     (2.31) 

         2 2
max max , max ,max min max minRe Re Im Im     (2.32) 

with: 

 

   
   
   
   

min Re

max Re

min Im

max Im

min

max

min

max

Re

Re

Im

Im

 

 

 

 

 

 







 (2.33) 

In this way it is not possible to be sure that the bounds include the nominal 
system. Therefore, the representation in modulus and phase, reported on the right 
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side in all figures, considers as maximum the same of Eq. (2.32), while the 
minimum is evaluated using the following code: 

if abs(Re_max-Re_min)>abs(abs(Re_max)-abs(Re_min)) 

    Mod_min = 0; 

else 

    Mod_min = min([abs(Re_max) , abs(Re_min)])^2; 

end 

if abs(Im_max-Im_min)>abs(abs(Im_max)-abs(Im_min)) 

    Mod_min = Mod_min^0.5; 

else 

    Mod_min = (Mod_min+min([abs(Im_max) , abs(Im_min)])^2)^0.5; 

end 

Receptance  1,1   is now evaluated using Eq. (2.3), and plotted for different 

levels of uncertainty in the two frequency ranges that include the two system 

natural frequencies 1  and 2 . Assuming an uncertainty of 1%  on all system 

parameters results are reported in Figure 2.3 and Figure 2.4. 
 

 

Figure 2.3 – Receptance  1,1   in a   including 1 114.69   rad/s  

with an uncertainty of 1% . 

 

 

Figure 2.4 – Receptance  1,1   in a   including 2 204.14   rad/s  

with an uncertainty of 1% . 
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Figure 2.5 – Receptance  1,1   in a   including 1 114.69   rad/s  

with an uncertainty of 0.5% . 

 
Reducing the uncertainty amplitude up to 0.5%  the lower and upper bound 

of FRF are closer to the nominal system condition as illustrated in Figure 2.5 and 
Figure 2.6. 

 

 

Figure 2.6 – Receptance  1,1   in a   including 2 204.14   rad/s  

with an uncertainty of 0.5% . 

 
Instead, an increment of uncertainty amplitude up to 1.5%  has an evident 

effect especially using the interval analysis technique as reported in Figure 2.7 
and Figure 2.8. 
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Figure 2.7 – Receptance  1,1   in a   including 1 114.69   rad/s  

with an uncertainty of 1.5% . 

 

 

Figure 2.8 – Receptance  1,1   in a   including 2 204.14   rad/s  

with an uncertainty of 1.5% . 

 
Finally, with an uncertainty amplitude of 2% , uncertainty amplitude on the 

receptance become higher, especially using modulus and phase representation 
than plot with real and imaginary parts. 

 

 

Figure 2.9 – Receptance  1,1   in a   including 1 114.69   rad/s  

with an uncertainty of 2% . 
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Figure 2.10 – Receptance  1,1   in a   including 2 204.14   rad/s  

with an uncertainty of 2% . 

 

2.2.5 Effect of uncertainty on system natural frequencies 

From the previous section it is clear the effect of uncertain parameters on the 
FRF of a mechanical system. The higher the level of uncertainty, the greater the 
distance between lower and upper bound of the uncertain FRF. At the same time, 
it can be said that there is a maximum level of uncertainty, after which FRF 
bounds are too large, and the dynamic response is not clear and too far from the 
nominal system. This happens especially with the interval analysis approach, and 
it is more evident in the modulus and phase representation. 

Another way to estimate the influence of uncertain parameter on a mechanical 
system is the analysis on the variability of system poles through the evaluation of 
their variances on real and imaginary parts.  

Using the Monte Carlo sampling with a certain number of iterations, the 
system poles are evaluated at each iteration solving the eigenproblem related to 
dynamic problem of Eq. (2.34) 

   M x C x K x f   (2.34) 

Even if the system matrices reported in Eq. (2.2) ensure the condition of 
proportional viscous damping, according to Eq.  (2.35), the eigenvalue problem is 
solved using the complex modal analysis, as in [66]. 

   C M K  (2.36) 

Hence, using the complex modal analysis, the generic model for a dynamic 
matrix problem is reduced to a first order problem. This form of equations of 
motion is also known as the ‘Duncan form’: 

  A y B y f  (2.37) 
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where y , y  are respectively the generalised displacements and velocities  2 1n  

of the first order problem related to the only active DOFs according to: 

 
 

  
 

x
y

x
, 










x

x
y




  (2.38) 

A is a symmetric matrix  2 2n n  given by Eq. (2.39): 

 
 

  
 

C M
A

M 0
 (2.39) 

B  is a symmetric matrix  2 2n n  given by Eq. (2.40): 

 
 

   

K 0
B

0 M
 (2.40) 

and f  is the generalised force vector  12 n  

 
 

  
 

f
f

0
  (2.41) 

Considering the homogenous equation related to Eq. (2.37): 

  A y B y 0  (2.42) 

and assuming a generalised exponential solution for y , y : 

 0e
S ty y  (2.43) 

 0e
S tSy y  (2.44) 

the Eq. (2.42), using Eqs. (2.43)-(2.44), could be written as: 

   0e
S tS B A y 0  (2.45) 

Hence, time is separable and erasable from the equation achieving: 

   0S B A y 0  (2.46) 

Apart the trivial solution 0 y 0  that corresponds to the static undeformed 

condition, Eq.(2.46) is an eigenproblem and the others interesting non-null 
solutions are given by the zeros of the characteristic equation by means of: 

  det 0rS B A  (2.47) 
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which possesses 2n  solutions in rS , called eigenvalues or poles of the system. 

The poles rS  can be real or complex conjugated. For every eigenvalue rS  a non-

null corresponding eigenvector rψ  can be evaluated through Eq. (2.48): 

  r rS B A ψ 0  (2.48) 

The eigenvectors rψ  are then normalised according to an appropriate 

criterion. Instead, considering a couple of complex and conjugate eigenvalues, the 

relationship for underdamped eigenvalues rS , natural frequency r  and damping 

ratio r  results: 

     2
, * Re i Im i 1r r r r r r r rS S S           (2.49) 

Starting from Eq. (2.49), the following relationship between eigenvalues rS , 

natural frequency r  and damping ratio r  could be evaluated: 

 * 2r r r rS S      (2.50) 

 2
*r r rS S   (2.51) 

 , *r r rS    (2.52) 

 
 
, *

Re r
r

r r

S

S
    (2.53) 

Once system poles are obtained, applying a Monte Carlo sampling with 1000 
iterations, it is possible to evaluate the variability on poles when the system is 
affected by uncertainty. The pole variance is evaluated using Eq. (2.54): 

  2

1

1

1

n

i
i

Y Y
n




 
   (2.54) 

where, n  is the number of poles and iY , Y  are respectively the thi pole and the 

average of all poles. Since poles are complex numbers, it is possible to evaluate 
variance on both real and imaginary components of the poles and results are 
summarised in Table 2.2. 
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Table 2.2 – Variance on complex poles for different uncertainty levels. 

Level of 
uncertainty 

Real variance Imaginary variance 

1,2S  3,4S  1,2S  3,4S  

0.5%  43.57 10r    
33.5 10r    

22.78 10i   28.62 10i  

1.0%  31.5 10r    
21.6 10r    

11.15 10i   13.48 10i  

1.5%  33.1 10r    
23.16 10r   12.32 10i   17.97 10i  

2.0%  36.3 10r    26.42 10r   14.62 10i   1.59i   

 
The poles of the 2-DOFs of this chapter are plotted in Figure 2.11 using the 

representation in the Argand-Gauss plane. Their distribution is similar to an 
ellipse, which centre correspond to the mean values of real and imaginary parts, 
while the length on the two semi-axes is related to the variance on real and 
imaginary parts. 

 

 

Figure 2.11 – System poles distribution for different levels of uncertainty:  
0.5%  (top-left), 1%  (top-right), 1.5%  (bottom-left), 2%  (bottom-right). 
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Figure 2.12 – System natural frequencies in the 1 – 2  plane for an uncertainty 

on system parameters from 0.5%  up to 2% . 

Another way to detect the effect of parameters uncertainty on the system is to 

plot its natural frequencies, as proposed in [67,68], using the 1 – 2  plane. The 

results are proposed in Figure 2.12 for different levels of uncertainty. The centre 

of the ellipses correspond to the couple of 1  and 2  of the nominal system, 

while the two semi-axes depends on the variance of the two natural frequencies. 
 

2.4 Conclusions 

Different deterministic and stochastic methods used to study uncertain systems 
and their dynamic response were presented in this chapter. The advantages and 
drawbacks of each method have been proposed, highlighting that the number of 
uncertain parameters and the complexity of the analysed mechanical system are 
the main tiebreak factors in method selection, to avoid high computational costs 
without compromising the accuracy of results. 

Complex interval analysis and complex affine analysis have their advantage 
only in the computational cost, since with only a calculation at each frequency it 
is possible to evaluate lower and upper FRF bounds. On the other hand, the 
accuracy in FRF estimation is good within a certain percentage of uncertainty, 
depending on the number of uncertain parameters and on their nominal values. 

The FFD method can be considered as the correct approach to dealing with 
two or more factors, conducting a factorial experiment. However, the definition of 
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an appropriate DOE is one of the main aims before performing the analysis. 
Likewise, LHD method can be considered as a valid alternative to FFD when the 
number of variables is larger, and the deterministic method are difficult to use. 

Finally, the Monte Carlo sampling method has the drawback of very high 
computational costs, but it could be very useful when the effects of uncertain 
parameters on the variance of imaginary and real part of system poles have to be 
investigated. 
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Chapter 3 

3. Dual Clutch Transmission 

The study of the dynamic behaviour of a mechanical system become more 
and more difficult especially when its dynamic is affected by non-linearities, or its 
modelling is very complex or when it is affected by uncertainties as illustrated in 
the previous chapter. In this context, an automotive transmission can be 
considered as the proper application to study the dynamics of a complex 
mechanical system, performing a sensitivity analysis on system parameters to 
assess an improvement on vehicle NVH performance. 

In the last recent years, an ever-increasing number of vehicles have adopted 
Dual Clutch Transmission technology to ensure fast gear-shifting with 
uninterrupted torque transfer to the driving wheels, with the final aim of achieving 
high performance in terms of sportiness as well as efficiency. 

In this chapter a brief review on NVH issues and modelling criteria is 
presented in § 3.1, before briefly illustrating in § 3.2 the mechanical architecture 
of a DCT gearbox. Then, in § 3.3 the modelling criteria of inner components are 
provided, and in § 3.4 the methodology used to analyse the gear-shift induced 
vibrations is presented. Finally, in § 3.5, the inputs of an experimental manoeuvre 
are used for a simulation and in § 3.6 the methodology is applied to a test case for 
the assessment of NVH performance. The PhD research activity reported in this 
chapter has been already published in [69]. 

 

3.1 NVH issues and modelling criteria of a DCT 
technology 

The improvement of the NVH performance is a constantly prerogative of 
Research and Development (R&D) departments of several automotive companies, 
which spend a large portion of their budget to satisfy the needs of customers. To 
support this, Qatu et al. presented in [15] an overview of automotive NVH issues, 
describing the interior noise due to different sources, as powertrain, road-tyre 
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interface and wind. As far as driveline NVH is concerned, gear whine, clutch 
shudder and clunking noises are analysed, giving details about their frequency 
ranges and their possible cause. 

Among NVH issues, the shudder or judder noise is mainly due to torsional 
oscillations during clutch engagement process and it is highly influenced by 
frictional characteristics [70]. If it is considered as a low frequency issue with a 
frequency range of 5÷20 Hz, the whine noise is a high frequency noise with a 
frequency range of 2÷15 kHz. Hence, it is an acoustic issue quite fastidious if it is 
present within the car and it is mainly correlated to transmission errors and to the 
variation of gears meshing stiffness [71]. 

Another potential NVH issue, is the clunk noise generation during gear shift, 
that is typical of transmission systems using the same components of a MT. It is 
directly perceivable in the car cabin as a metallic impact noise, and it should be 
carefully considered especially during the earlier transmission design stages. In 
details, the clunk is a metallic noise under tip-in/out condition due to impacts 
between gears teeth when the engine torque is suddenly applied, Moreover, it is 
characterised by a broad band frequency range. 

More specifically, highly efficient mechanical architectures typical of AMT 
and Dry-DCT layouts are more subject to NVH issues due to their low level of 
damping and power losses, although providing better fuel economy. 

Hence, it is becoming increasingly more important the integration of a reliable 
simulation methodology in the design process, to predict the gearshift-induced 
vibrations, for an optimal comparison of different design solutions. It is in this 
perspective that the first design step consists in the development of a detailed 
transmission model able to describe the inner dynamics of the gearbox 
transmission, highlighting the NVH phenomenon of interest. In fact, in the 
modelling of this type of vibration it is necessary to consider at least total 
transmission backlashes, driveshaft stiffnesses and gears inertias. 

The clunking noise is one of  NVH that requires more attention and thus it is 
matter of study of several works as in [72] where Gear Shift Patterns are 
optimized to satisfy different customers' requirements, like drivability, NVH 
performance, emissions and fuel consumption, or in [73] where a DCT model is 
developed to investigate the low frequency clunk. At the same time the 
experimental approach is fundamental, of course, and thus in [74] six powertrain 
noise and vibration troubleshooting case studies are proposed to prove techniques 
and engineering tools addressing a variety of drivetrain NVH issues, from an 
experimental point of view. 

Another typical transmission vibration is the gear rattle, which consists in an 
impact-induced noise. It is mainly related to the torsional vibrations due to the 
backlashes between unloaded gear pairs excited by the engine orders. Gear rattle 
intensity is directly related to engine angular acceleration. It was treated by 
Brancati et al. from a theoretical [75] and experimental [76] point of view, 
discussing the squeeze effect of the oil between the gear teeth varying the 
lubrication mechanism, to highlight possible positive influence of oil damping 
factor in reducing the impacts between gears teeth and thus rattle induced 
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vibrations. Another way to influence the gear rattle intensity is to modify clutch 
stiffness parameters [77], when this issue is not caused by a vibration mode 
excitation of the driveline. The hysteresis seems to have an optimum range of 
values, with an increment of vibration level when the hysteresis is over 
dimensioned. 

Moreover, the gear-shift noise is due to axial and rotational impacts between 
teeth flanks of different synchroniser elements during gear engagement. 

Other research activities are conducted on gear rattle phenomenon using 
wavelet analysis [78] or analysing the deviation of peak force from the average 
value [79] to assess the rattle severity. 

Due to DCT modelling complexity, a sensitivity analysis on some 
transmission design parameters, e.g. torsional backlash in the synchronisers or 
clutch disc moment of inertia, during low speed manoeuvres is proposed in [80] as 
a methodology for the assessment of the NVH performance of (DCTs), evaluating 
benefits in terms of RMS value of each bearing force time-history. 

Finally, the integration of powertrain control with active braking is 
investigated in [81] as a feasible method to potentiality reduce noise and vibration 
of a vehicle transmission. The idea is to apply a torsional preload to the 
transmission system to avoid those external disturbances coming from the road or 
from the transmission shafts generate significant NVH issues. 

 

3.2 Layout and mechanical architecture of a DCT 

A DCT gearbox owes its name to the presence of two clutches, fully 
integrated in a Dual Clutch Unit (DCU), which could be of dry or wet-type, 
according to the amount of torque that must be transferred through them. So it is 
possible to have a Dry-DCT (DDCT) or a Wet-DCT (WDCT). In the case of a 
DDCT, as modelled in this chapter, the driven disk of each clutch (K1 and K2) is 
mounted on one of the two coaxial primary shafts, called PS1 for the odd gears 
and PS2 the even ones. The control unit is devoted to the management of 
gearshifts and engagements/disengagements of the two clutches. 

The main benefit of a DCT gearbox is the possibility of a continuous traction 
without any interruption of the transferred torque, due to the controlled slippage 
of the clutches. The two clutches are alternatively engaged for even and odd 
gears, according to the actual gear engaged. The disengagement of the off-going 
clutch and the engagement of the on-coming one is managed by an electronically 
controlled shift process, to minimise gear-shift time. 

During the DCT normal functioning, in the start-up phase, the two clutches 
are disengaged, the first gear is engaged, hence no torque is transferred from 
engine to the wheels. When the odd clutch K1 starts engaging an increasing 
torque is transferred from the inner primary shaft PS1 to the secondary shaft, 
connected to the primary shaft through the first gear pair. Meanwhile, it is 
possible to preselect the second gear if not already engaged, being the second 
even clutch K2 disengaged. The preselection of the gear, or more in general the 
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gear engagement takes places using a mechanical element called synchroniser, 
which aim is the synchronisation on rotational speed between two rotating 
elements. 

The concept of preselection is very important allowing to perceive the great 
potentiality of a DCT gearbox. Indeed, it is possible to engage the corresponding 
synchroniser in advance with respect to the effective actuation of the next gear 
that is achieved engaging the corresponding clutch. The gearshift procedure is 
characterised by a clutch-to-clutch shift procedure together with the preselection 
of the new gear eliminating the dead times due to the traditional synchronisation 
phase of an AMT. 

Moreover, the DCT compensates and overcomes the dynamic limits of an 
Automated Manual Transmission (AMT), reaching better dynamic performance 
during vehicle acceleration and more comfortable driving thanks to continuous 
torque transmission during the gearshifts. In contrast to AMT, a particular 
characteristic of DCT is that the synchronisers are mounted between two non-
consecutive gears thus enabling, in case of a sequential gear-shift, the preselection 
of the next gear without removing the currently engaged one. 

Finally, the Electronic Transmission Control Unit (ETCU) avoids the 
simultaneous lock of the two clutches thus preventing structural damages to the 
gearbox. In Figure 3.1 it is represented the layout of a DCT gearbox. The 
represented gearbox is characterised by four synchroniser elements, to engage up 
to eight gears (seven ones plus reverse gear). 

 

 

Figure 3.1 – Architecture of a DCT gearbox. 
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Regarding the real arrangement of primary and secondary shafts, it is 
important to say that, even if in Figure 3.1 the axes of the two primary shafts, of 
the two secondary shafts and of the differential seems to belong to the same plane, 
they could be arranged in the space with appropriate different angles to realise a 
more compact solution. 

 

3.3 DCT modelling 

The first design step to define in the modelling of a transmission, or more in 
general of a mechanical system, is the level of accuracy, directly correlated to the 
inner dynamics that should be analysed. For the study of DCT induced vibrations 
during the gear-shift it is firstly required an accurate simulation of the internal 
transmission dynamics and subsequently an offline uncoupled computation of the 
gearbox housing acceleration starting from the output of the simulation. 

Thus, a nonlinear lumped parameter model has been developed using the 
software Siemens/Amesim to study the inner dynamics of a DCT gearbox and the 
longitudinal vehicle dynamics of a mid-size sedan. 

The proposed nonlinear lumped parameter model is extremely accurate, 
especially in the description of gear-shift phase concerning the synchroniser 
dynamics, which include a customized modelling of the contact between the 
plunger ball and synchroniser sleeve groove. 

The topic of gear synchronisation phase has been treated by Walker et al. in 
[82], analysing the response of a DCT using a powertrain model with lumped 
inertias. The performed simulations proved the highly nonlinear nature of 
synchroniser element and through the introduction of harmonic engine torques 
there was an increment of vibrations on the synchroniser sleeve, with excitations 
in the engaging/disengaging phase.  

Moreover, even if the shift quality is not directly affected by the 
synchronisers, a smoother and quicker transition of gears is obviously a 
significant factor to achieve the final aim of fuel economy [83] and a better gear-
shift performance. 

The nonlinear behaviour of the transmission is mainly related to the presence 
of a rotational gap, called backlash, between the teeth of gears engaged on 
primary and secondary shafts, on the differential and in the internal elements of 
the synchroniser. 

An overview of the developed model is presented in Figure 3.2, where 
different macro-blocks are highlighted. The model has the peculiarity of simulate 
manoeuvres with one or two synchronisers engaged at the same time and, with an 
accurate level of details for the synchronisation phase, which will be described in 
the following section of this chapter. The inputs of the model are the displacement 
of pistons acting on the forks during the gear-shift, the engine torque and the two 
clutches transmissible torques. The engine torque time history is applied to the 
primary mass of a Dual Mass Flywheel (DMF), which inner spring element 
generates a restoring torque based on the DMF characteristic, while the secondary 
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mass of DMF is connected to the clutch drum of DCU. Instead, the transmissible 
torque signals of the two clutches are connected to the friction model blocks that 
computes the correct clutch torque that must be transferred to the odd or even 
primary shafts. 

 

 

Figure 3.2 – DCT model layout on Amesim. 

The model has been developed to simulate several types of experimental 
manoeuvres. The gear shift forks positions are related to the piston displacements 
and represent the inputs that control the gear engagement and disengagement 
during the synchronisation phase of the specific manoeuvre that must be tested. 
Moreover, the vehicle model is a SDOF pure longitudinal model, while each tire 
is modelled using a transient formulation of Pacejka’s magic formulas. 

The vehicle dynamic model is used to evaluate the longitudinal acceleration, 
velocity, and displacement of the car body. It considers viscous friction, road 
slope and the air resistance. The corresponding dynamic equation is reported in 
Eq. (3.1): 

 Vehicle FW RW slope aero VehicleF M a F F F F cV       (3.1) 

where, VehicleF  is the total longitudinal force acting on vehicle mass M , to 

produce its acceleration a . Moreover, FWF  and RWF  are the longitudinal forces 

on the two front and two rear wheels, respectively. In case of traction wheel their 
sign will be positive, while in case of breaking phase or dragged wheel their sign 
will be negative. Instead, the slope force slopeF  is evaluated using Eq. (3.2): 

 1sin tan
100

road
slopeF M g

     
  

 (3.2) 
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where, road  is the slope of the road expressed in percentage, generating a 

negative force slope slopeF  in case of uphill road and positive in case of downhill 

one. The aerodynamic force aeroF  is related to vehicle dimensions according to 

Eq. (3.3): 

 
1

2aero x windF S C V  (3.3) 

where   is the air density, S  in the frontal area of the vehicle, xC  is the 

aerodynamic drag coefficient, and windV  is the relative velocity of the wind respect 

to car longitudinal velocity. 
 

3.3.1 Transmission layout description 

Starting from the input power source, the engine torque is applied to the 
DMF, which model considers the variation of the elastic and damping 
characteristics with the rotational speed. For both the two clutches, an angular 
clearance, and a lumped torsional stiffness in parallel with damping are modelled 
to implement the splined connection between the driven clutch hub and the 
primary shaft. 

The torsion of the transmission shafts is considered introducing rotation 
stiffness and damping characteristics. Hence, primary, and secondary shafts are 
modelled as a series of lamped inertia, including the inertia of shaft, driving gears, 
and equivalent torsional stiffness elements. Instead, for the two secondary shafts 
the inertia of shaft is combined with the inertia of synchronisers. 

The transmission includes seven gears with the driving gears (pinions) that are 
fixed to the primary shaft, while the driven idle gears (wheels) are mounted on the 
lower and upper secondary shafts. Moreover, the driven gears model includes 
inertia, contact stiffness and damping, clearance of the gear meshing and all 
geometry parameters like pitch radius, pressure and helix angles, and Young 
modulus are defined. 

As regards the engaging mechanism, the forks model receives an input in 
terms of displacements of the hydraulic actuators, generating a force command to 
the sleeve of each synchroniser, through bending stiffness of the fork arms. And 
even then, a nonlinear model is considered due to the modelling of a clearance 
between the shift finger and the fork gate. 

Then, absolute bearings models (i.e. with the external ring still fixed in the 
gearbox case) are mounted on primary and secondary shafts and on differential 
shaft considering a constant torque loss, while relative bearings are inserted 
between primary and secondary shafts and seal models are added the output shafts 
of the differential. 
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Finally, a nonlinear Pacejka tyre model [84] is used to model the longitudinal 
dynamics of the vehicle and a simple braking system with different parameters for 
front and rear brakes. 

 

3.3.2 Synchroniser model description 

The synchronisation phase is a common issue in the automotive transmission 
field. The gear engagement is usually achieved using the synchroniser, typically 
mounted on the secondary shafts, which elements allow the synchronisation of 
rotational speed between the secondary shaft, rings and idle gear of the driven 
gear that must be engaged. In Figure 3.3 it is reported the model of a synchroniser 
with its inner elements. The gear-shift is possible only when a gear is in idle 
conditions, namely when it is free to rotate according to the gear transmission 
ratio but without transmitting torque. 

 

 

Figure 3.3 – Synchroniser elements. 

Each synchroniser is connected to a different fork, which acts with an axial 
force on the synchroniser sleeve (in yellow in Figure 3.3) that moves pressing the 
plunger or struct (in orange in Figure 3.3) against the blocker ring (in blue in 
Figure 3.3). This phase is called pre-synchronisation phase. After that this contact 
is realised, a friction torque, related to the axial force, is used to accelerate or 
decelerate the driven gears with their small idle gears (in grey and green in Figure 
3.3) synchronising its speed during the so called synchronisation phase. Then the 
sleeve passes through the ring until the idle gear dog teeth completing the free 
flying, during which possible double impacts happen and finally the lock-up phase 
starts obtaining the final coupling between sleeve and idle gear. 

As already mentioned, the peculiarity of the developed synchroniser model is 
its high level of accuracy in the detection of dynamic behaviour during 
synchronisation phase and gear engagement. As illustrated in Figure 3.4 the 
synchroniser model takes into account both the torsional and the axial behaviours 
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of its inner elements. The equations of motion of involved elements change during 
each phase of engaging process and all of them could be defined starting from the 
free body diagrams of synchroniser inner elements. 

 

 

Figure 3.4 – Customised synchroniser model. 

The synchronisation torque ST  developed by the friction between conical 

surface of the blocker ring is used to decelerate/accelerate the driven idle gear in 
order to reach the same speed of the secondary shaft. It is evaluated using 
Eq. (3.4): 

    
2sin

r
S

r

F t d
T t




  (3.4) 

where  F t  is the axial force generated by the synchroniser sleeve against the 

blocker ring, rd  and r  are respectively the mean diameter and the conical angle 

of the ring, and   is the friction coefficient. Sleeve and synchroniser blocker ring 

pointing angle (roof angle) must be designed to maintain index torque above the 
drag torque in every gear position to preserve gear engagement, thus the dog teeth 
profiles have been defined for sleeve, rings and idle gears. 

As illustrated in Figure 3.5 the preloaded ball of the plunger (or struct) moves 
in the axial direction towards the gear to be engaged; the plunger is dragged 
through the internal groove of the sleeve. During the pre-synchronisation phase 
the plunger ball is placed in the central position of the sleeve, which starts to 
move to its final position with the complete engagement of sleeve dog teeth with 
driven idle gears dog teeth. 

The choice of using this type of cam profile contact to model the 
plunger/sleeve interaction ensures higher accuracy, if compared with a more 
standard model with a nonlinear axial stiffness and damping. 
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Figure 3.5 – Plunger ball and synchroniser sleeve profile. 

The customised synchroniser model of Figure 3.4 count 9 DOFs, that 
correspond to the axial displacement of the sleeve (1), to the radial (2) and axial 
(3) displacements of the plunger ball, to the axial (4-5) and rotational (6-7) 
displacements of blocker rings on left and right side of synchroniser, and to the 
rotation (8-9) of the two idle gears on the two side of each synchroniser. 

For all these DOFs axial and rotational clearances are considered. Hence, an 
axial one with relative end-stop condition is modelled between the plunger and the 
two rings of the synchroniser. Moreover, axial clearances are placed between 
blocker rings and hub, and between rings and idle gears. Finally, a torsional 
clearance is considered between the hub and the two blocker rings, while no 
torsional backlash has been modelled between hub and sleeve since it is usually 
very small. 

 

3.3.3 Bearing force computation 

The bearing force computation in another step to consider for the 
implementation of the methodology used for the assessment of DCT vibrations 
during gear shifts. 

The process is implemented in the software, evaluating the force on each 
bearing of the gearbox, starting from the force exchanged between gears on 
primary and secondary shaft of transmission. For each gear pair radial, tangential 
and axial forces are considered. 

As already mentioned in § 3.2, the axes of primary shaft, secondary shafts, 
and differential, do not belong to the same plane and thus different angles mush 
be considered for the correct evaluation of the forces of gearbox bearings. 

Therefore, the forces between a specific gear pair, evaluated using a local 
reference frame must be reported to a global one, knowing the angle between unit 
vectors of the relative and global reference systems. 

The relative position of the gearbox shafts and the reference frames (local and 
global) introduced for the bearing force computation is reported in Figure 3.6, 
where the global reference system, depicted with black arrows, is characterized by 

R
ad

ia
l d

ire
ct

io
n 

[m
m

]



 

35 
 

an axial direction (X), and two perpendicular radial directions (Y and Z). the axial 
direction (X) is assumed parallel to the axis of all the transmission shafts. 

 

 

Figure 3.6 – Global (black) and local (green) reference systems. 

The correct evaluation of the forces exchanged between each couple of 
meshing gears is ensured using five local reference systems, which in Figure 3.6 
are indicated by different numbers. For each number, the following interaction are 
listed: 

1. Primary Shaft (PS) and upper secondary shaft (SS); 
2. Primary Shaft (PS) and lower secondary shaft (SI); 
3. Upper secondary shaft (SS) and lower secondary shaft (SI); 
4. Upper secondary shaft (SS) and Differential (D); 
5. Lower secondary shaft (SI) and Differential (D). 

Using these local reference frames, the axial direction is parallel to the shafts 
axis, the radial direction corresponds to the line connecting the axes of the two 
shafts involved, while the tangential direction is tangent to the pitch 
circumferences of the meshing gears and its versus is established by the right-
handed rule to have a right-handed local reference system. 

The forces exchanged by the gears are evaluated during the simulation, 
knowing the torque exchanged by each couple of driving and driven gears, 
mounted respectively on primary and secondary shaft. The meshing forces are 
evaluated in three different directions, and their value is evaluated using Eq. (3.5): 

 mesh

p

T
T
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where T , R , A  are the tangential, radial, and axial forces, respectively, for each 

couple of meshing gears. Instead, meshT  is the meshing torque exchanged by the 

two gears, pr  is the pitch radius,   is the pressure angle, and   is the helix angle 

of the gear involved. 
The next step in the evaluation of bearing forces consists in the computation 

of the two radial components of the reaction force on each bearing. 
It is important to make just three brief remarks. The first one is that the two 

primary shafts are considered as a single shaft, due to their coaxiality, in which all 
the driving gears are mounted, while bearings and gearbox case are considered 
infinitely stiff. The second one is that the bending of gearbox shafts is neglected, 
and thus only torsional dynamics are considered. The last one is that the effects of 
temperature variations are not considered, and load dependence of bearing losses 
is neglected. 

Finally, the process to evaluate the bearing forces must be considered the real 
shaft disposition in the gearbox, hence it is necessary to calculate the reaction 
forces on the bearings for each meshing gear couple of the shaft, applying then the 
superposition principle after these forces are converted from the local to the global 
reference frame. Thus, in the local reference system radial forces of the bearings 
are evaluated writing moment equilibrium equations and translation equilibrium 
equations for each transmission shaft as depicted in Figure 3.7. 

 

 

Figure 3.7 – Forces between primary and secondary shafts. 

An example of the calculation process is reported below, applying it to the 
upper secondary shaft (SS) using the set of Eq. (3.6): 
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 (3.6) 

where 
ipr , and id  are the pitch radius and the distance between centre of the gear 

and the bearing on the left (called “A” in Figure 3.7), respectively, of all the gears 
that are mounted on the upper secondary (SS) shaft, while 

iSST , 
iSSR , and 

iSSA are 

the forces on the thi gear of the SS shaft, Finally, 
ARF , 

BRF , 
ATF  and 

BTF are the 

reaction force of the bearing A (on the left) and B (on the right) in the two radial 
and tangential direction. 

As regards the differential, in addition to the forces between pinions of the 
two secondary shafts and the differential crown, it is necessary to calculate the 

axial force hsA , due to the bevel gears inside the differential, starting from the 

tangential force hsT , and using Eq. (3.7) 

 hs

hs

mesh

hs
p

T
T

r
  , 2 tan coshs hs cA T    (3.7) 

where, 
hspr is the pitch radius, c  is the pressure angle, and   is the semi-pitch 

conical angle of the bevel gear, while 
hsmeshT is the torque of each half-shaft of the 

vehicle, namely the torque available at the wheels. 
Finally, the total axial load must be distributed among the two rolling bearing, 

placed on the left and right side of each shaft, and with the hypothesis of an X 
mounting, it has been split in accordance with the equations reported in the SKF 
manual for rolling bearing [85]. 

 

3.4 Methodology for gearbox housing acceleration 
computation 

The developed methodology, for the assessment of Dual Clutch Transmission 
vibrations during gear shifts, is based on the capability to predict through 
numerical simulation a typical dynamic quantity, then used to objectively evaluate 
the vibrational behaviour of a gearbox during the tested manoeuvres. The 
acceleration of a point on the external surface of the gearbox housing is assumed 
as the dynamic quantity for the NVH assessment. Moreover, the proposed 
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methodology can be effectively used to analyse and investigate from the NVH 
perspective, the effect of different transmission layout (e.g. a different geometrical 
disposition of the transmission shafts in the gearbox or a different number and 
disposition of meshing gears in the space). In addition to this, also bearings 
location, gearbox housing design, gears macro-geometry parameters could be 
effected by a design change, as well as backlashes, rotating parts inertia and drag 
torques. Thus, using the same methodology a sensitivity analysis on some gearbox 
parameters could be carried out, highlighting the effects of these uncertainty 
paraments on the dynamic response of transmission, in terms of NVH 
performance. 

The proposed methodology starts from the results of the Amesim simulation, 
namely from the three components of the bearing reaction forces, which are post 
processed in Matlab environment. 

 

3.4.1 Model assumption and model FRF 

The methodology is based on the knowledge of gearbox Finite Element 
Model (FEM) and its inertance FRFs, between the single component of 
acceleration, evaluated in the measurement point, in X, Y, Z directions, and the 
reaction forces of the bearing, in each direction of the global reference frame. 

Thus, the inertance  ,j kA   is evaluated using Eq. (3.8): 
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 (3.8) 

where j  correspond to the DOF where the acceleration is evaluated, and k  is the 

DOF where the force is applied. 
The FEM model, developed in Nastran by the company that produces the 

gearbox, includes the engine and the assembled powertrain transmission, and it is 
considered as a MDOF linear system, with free-free boundary conditions, that 
well reproduce engine mounts. This could be considered as a good approximation, 
in the mid to high frequency range, since engine mounts create a very soft 
connection between the powertrain and the vehicle chassis. About 300 modes 
have been detected in the frequency range 0÷4000 Hz, with 50 modes in the first 
1000 Hz. Moreover, the nonlinear torsional inner dynamics of the transmission is 
considered as the only source of the gearbox housing vibration. Instead, the inner 
dynamics of the transmission is not influenced by the gearbox housing vibration. 
Hence, this one-way coupling ensures the application of the proposed 
methodology to evaluate the gearbox housing acceleration as a post-processing 
tool respect to the simulation results. In Figure 3.8 the measurement point (P) for 
the gearbox housing acceleration is depicted, and the positions of bearings on 
primary shaft (C-D), upper secondary shaft (A-B), lower secondary shaft (E-F), 
and differential (G-H) are represented, as well. The location of point P in the FE 
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model has been chosen by the gearbox company to have comparable data with the 
experimental one, already acquired in previous experimental campaign. The 
development of the FE model is only a further step in the detection of critical 
NVH issues. 

 

 

Figure 3.8 – Location of bearings and acceleration measurement point. 

The right-handed global reference frame, depicted with black unitary vectors 
in Figure 3.6, correspond to the same reference system of the gearbox CAD 
model. 

The auto-inertance FRFs between the X direction of the acceleration and the 
X direction of each bearing are represented in Figure 3.9 

 

 

Figure 3.9 – Auto-inertances between acceleration in X direction  
and bearing forces in X direction. 
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From the auto-inertances in X direction, it is possible to get an information 
about the axial dynamics of the gearbox, namely about the synchronisation and 
gear engagement/disengagement dynamics of the transmission. In details it is 
possible to appreciate that the gearbox vibration in X direction mainly depends on 
the reaction forces of the two bearings in the lower secondary shaft (E-F), for 
frequencies below 1500 Hz, while at higher frequencies the reaction forces on the 
bearings on the differential (G-H) have a significant participation factor. 

 

 

Figure 3.10 – Auto-inertances between acceleration and bearing forces  
in Y (left) and Z (right) directions. 

Finally, in Figure 3.10, auto-inertances between acceleration and bearing 
forces in Y and Z direction are represented, and the trend of both FRFs reveals 
high peaks in the frequency range above 1500 Hz. 

 

3.4.2 Procedure for methodology application 

The aim of the described methodology is the evaluation of gearbox 
acceleration from inertances of the FEM powertrain model. In the previous 
section the FEM gearbox model has been assumed as linear, thus the response of 
the system can be computed through the time-domain convolution of the 
excitation (reaction forces on bearings) and the system impulse response (from 
FEM inertance FRFs). The impulse acceleration response is evaluated using the 
Inverse Fast Fourier Transform (IFFT) of the system inertance FRFs, as reported 
in Eq. (3.9), to switch from frequency to time domain: 

        i
, ,

1
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j k j kh t IFFT A A e d  





    (3.9) 

where  ,j kA   is the inertance FRF and   is the excitation frequency. Then, the 

time-domain convolution of the impulse acceleration response  h t  is evaluated 

using Eq. (3.10): 
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       (3.10) 

where  a t  is the time history of acceleration and  F t  in the time history of the 

bearing forces, obtained from the simulation. The procedure is applied for each 
direction of all eight bearings to evaluate the three components of the gearbox 
housing acceleration. Therefore, all the inertance FRFs, combined with the 
bearing forces are used to evaluate the multiple-input single-output (MISO) 
dynamic response of the gearbox system. 

The procedure can be summarised as an application of the superposition 
principle since the assembled powertrain model is assumed as linear. The 
acceleration response is evaluated using: 
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 (3.11) 

where, Xa , Ya , Za  are the components of gearbox housing acceleration at 

measurement point, while the elements inside the matrix are related to the 
inertance FRFs, but are not them (since FRFs are in frequency domain), and the 
last vector contain all the directions of the bearing forces. 

 

3.5 Gearshift simulated manoeuvres 

The non-linear lumped parameter model developed using Siemens/Amesim 
software is then validated, comparing the simulation results with experimental 
manoeuvres, with a series of gearshifts in up-shift (from 1st to 4th gear) and in 
down-shift (from 4th to 1st). the model is validated using experimental runs with 
different levels of brake pressure and with a Gas pedal position (GPP) of 20% 
with respect to the full throttle condition. 

As already mentioned, the input parameters of the model are the engine 
torque, the transmissible torques of the two clutches, the piston displacements of 
the gearshift hydraulic actuators, and the master cylinder pressure of the braking 
system. All these data are collected during dedicated experimental test and then 
are used for the model validation. 

In the simulation analysed in this section, the experimental manoeuvre starts 
with the first gear engaged and both clutches open, and then it counts a series of 
sequential gearshifts in upshift and downshift, as depicted on the top of Figure 
3.11. During the gearshift, and specifically during the cross-shift phase, two 
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synchronisers are simultaneously engaged: the first one for the off-going gear and 
the second one for the on-coming gear. In the bottom of Figure 3.11 it is possible 
to detect that the two trends of simulated (solid red line) and experimental (dash-
dot blue line) vehicle speeds are very close each other after a certain number of 
tuning processes. 

 

 

Figure 3.11 – Actual gear engaged (top) and vehicle speed (bottom)  
during a tested manoeuvre. 

In fact, one of the first steps in the model validation was the load correlation, 
acting on the steady-state resistance parameters, to correctly overlap the low 
frequency content of simulated results with the experimental ones. 

Considering the run-up phase of Figure 3.11, two possible correction way are 
available. The former consists in the variation of the rolling resistance parameters 
or of the aerodynamic coefficients, reported in vehicle dynamic equation for 
longitudinal behaviour of Eq. (3.1), while the latter is based in the addition of a 
slope road to the Amesim model. This last way is adopted to have a bidirectional 
constant effect (positive and negative slope depending on the necessity). 

Instead, as regards the deceleration phase, the other preliminary issue was the 
estimation of a gain g  between the master cylinder pressure p , and the total 

braking torque BT  applied to the wheels, due to the lack of knowledge of the exact 

parameters of the vehicle braking system installed on the tested car. The total 
braking torque on front and rear wheels is evaluated using: 

  2B dyn f f r rT g k p g N A r A r p      (3.12) 
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where, dyn  is the dynamic friction coefficient, N  is the number of active friction 

surfaces, A  and r  are respectively the brake piston area and the brake mean 

radius for front (subscript f ) and rear (subscript r ) axles. 

So, if the real vehicle to test changes, it is possible to quickly modify the 
model to adapt the simulated manoeuvre to the real experimental test case. 

 

3.5.1 Gearshift events producing acceleration peaks 

The measurement of the gearbox housing acceleration allows the detection 
and recognition of the main events of transmission inner dynamics. Thus, 
analysing the acceleration time history, the gear-shift noise can be recognised. 

 

 

Figure 3.12 – Position of hydraulic actuators (left) and gearbox housing 
acceleration (right) during an experimental test run. 

There are five different events that produce potential NVH issues. The higher 
acceleration peaks, as perceivable from Figure 3.12 (right), can be correlated to: 
1) gear engagement, 2) gear disengagement. The detection of the two phenomena 
has been done comparing the position of the hydraulic actuators (Figure 3.12 
(right)) with the time history of the acceleration, in which the labels identify the 
peaks associated uniquely with the gear engagement and disengagement. 
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Figure 3.13 – Inner dynamics events during cross-shift from 1st to 2nd. 

Instead, other smaller acceleration peaks are due to the 3) start of engagement 
of the on-coming clutch during cross-shift, to the 4) end of engagement of the out-
going clutch during cross-shift, and to the 5) zero-crossing of torque on an active 
(engaged) transmission path (kiss/touch point). 

In Figure 3.13, the cross-shift from 1st to 2nd gear is analysed to detect the 
inner dynamic events related to the smaller acceleration peaks. There is a step 
change in the variables index 2nd (a measure of the backlash in the 2nd gear 
synchroniser) and index 1st (a measure of the backlash in the 1st gear 
synchroniser). In detail, these steps are due to the start of loading on the on-
coming transmission path (even gear clutch and primary shaft) and to the end of 
loading on the off-going transmission path (odd gear clutch and primary shaft). 

Even if the analysis of transmission inner dynamics could be a bit 
complicated, it is essential for the proper evaluation of acceleration peaks. 

 

3.5.2 Synchronisation phase: simulated results 

In the previous section the acceleration peaks of an experimental test run are 
compared with gear engagement/disengagement and clutch engagement/ 
disengagement. In this section simulated events inside the synchroniser are 
commented and discussed. 

In Figure 3.14 (left) the time histories of the synchroniser sleeve axial 
position, and displacements of ring and plunger, are represented, while on the 
right side the angular speed of secondary shaft, synchroniser ring and idle gear 
during the synchronisation phase are depicted. 
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Figure 3.14 – Axial positions (left) and angular speed (right) of synchroniser 
elements during synchronisation phase. 

Moreover, events reported in the previous Figure happen during the 2nd gear 
engagement, and as highlighted, the three dash-dot red vertical lines corresponds 
to certain moments of the synchronisation phase, marked with A, B, and C letter. 

At instant A, the pre-synchronisation phase starts, and the sleeve moves the 
plunger against the ring, then the ring rotates under the action of the friction 
torque between the friction cones and start to lock the axial movement of the 
sleeve. Then, the synchronisation phase happens. At instant B, the free-flying 
starts, during which the sleeve can continue its travel towards the idle gear. This 
event finishes with a series of import shocks, often called “double bumps”, and 
the gear deviation phase can start. Finally, at instant C, there is the beginning of 
the lock-up phase when the sleeve dogs finish their run passing through the gear 
ones, achieving the gear coupling, which is preserved thanks to back angle on 
dogs teeth. 

Meanwhile, from a torsional point of view, the synchroniser ring has a sudden 
acceleration, generated by the synchronisation torque, and stops when it reaches 
the end-stop position on the hub. Then, the idle gear angular speed starts to 
decrease because of the friction torque between the cones reaching the 
synchroniser hub rotational speed. 

In Figure 3.15, the radial forces of the bearings mounted on the two secondary 
shafts is reported, with a specific detail of the gearshift phase, that include 
synchronisation and clutch engaging phases. 
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Figure 3.15 – Radial forces on bearing of upper (A-B)  
and lower (C-D) secondary shafts. 

The intersection between bearing forces corresponds to the time instant when 
the cross-shift of the clutches happens. The forces generated by the assembled 
transmission driveline are firstly absorbed by the bearings mounted on the upper 
secondary shaft, where the 1st driven gear is fitted, and then by the bearing of 
lower secondary shaft, where the 2nd driven gear is mounted. 

The methodology, described in § 3.4, for the evaluation of gearbox housing 
acceleration is applied to the simulated results. The acceleration time history is 
reported in Figure 3.16 (left), in which the main peaks are correlated to the 
torsional events inside the transmission during the 2nd gear engagement (red), 3rd 
gear engagement (green) and 4th gear engagement (yellow). The peaks of 
acceleration are clearly distinguishable respect to the experimental results (noise 
due to road and engine). The comparison for the model validation could be only 
qualitative, due to many uncertainties as the inertance FRFs of the gearbox, rigid 
hypothesis for the transmission shafts and for the open loop application of 
experimental inputs. Other numerical differences can be correlated to other model 
assumptions and simplifications, mainly adopted to reduce computational costs. 

From Figure 3.16 (right), where the time history of engine, primary and 
secondary shafts angular speeds are represented, the higher acceleration peaks 
happen during the gearshift procedure as highlighted by the coloured areas. The 
secondary shafts angular speeds are reported to the primary shaft using the gear 
ratio of the corresponding gear. So, when the curve representing the PS speed is 
overlapped with a curve of the SS speed multiplied by the transmission ratio, it 
means that the gear associated to the specific ratio is engaged. For sake of clarity, 

the coefficients  1tau ,  2tau and so on, reported in the legend of Figure 3.16 

(right), corresponds to the gear ratio of 1st, 2nd gears, namely to the ratio between 
the angular speed of the primary shaft and the speed of the corresponding 
secondary shaft when that gear is engaged. 

 

F
or

ce
 [N

]



 

47 
 

 

Figure 3.16 – Simulated acceleration of gearbox (left) and  
speed of driveline shafts (right) during up-shifts. 

 

 

 

Figure 3.17 – Inner events of transmission dynamics causing acceleration peaks 
during up-shift manoeuvre: synchroniser displacement (top) and backlashes inside 

synchronisers of 2nd gear (bottom-left) and 3rd gear (bottom-right). 

All the acceleration peaks are correlated to an inner event of the DCT 
gearbox. In fact, as regards for the main peaks, signed as A and C, they are due to 
gear-shift forks displacements during the gear engagement of 2nd and 3rd gears, 
causing axial impacts between sleeve and idle gear dog teeth. 

The other two peaks, signed as B and D, are related to the recovery of the 
torsional backlashes in the synchroniser sleeve during the cross-shift phase, when 
a positive torque is applied and the contact between sleeve and idle gear occurs on 
the other teeth flank, as reported in Figure 3.17. 
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Moreover, the proposed approach could be used to analyse and estimate 
possible improvements in the transmission driveline, or for comparative analyses, 
in which different design solution are evaluated in terms of gear-shift noise. 

 

3.6 Improvement of NVH performance: a sensitivity 
analysis on gear inertias 

Several possible improvements of NVH performance are available acting on 
the transmission parameters, as on geometry parameters, backlashes, disposition 
of the transmission shafts inside gearbox case. The way adopted in this section 
consists in a sensitivity analysis on the inertia of gears. The improvements are 
evaluated using the proposed methodology, which is applied to the simulated 
results. Two different indices, as peak to peak amplitude comparison or the root 
mean square (RMS) of acceleration in a certain interval time, are used for the 
assessment of clunk severity, comparing acceleration results with the normal 
production (NP) ones. For the peak-to-peak amplitude comparison, only the 
highest peaks, inside the coloured areas of Figure 3.16 (left) representing the 
engaging phases, are considered. From the same Figure the most critical gear 
engagement is the 1st to 2nd, thus the idea is applying inertia modification on the 
idle gear, mounted on the secondary shaft, of 2nd gear. 

 

 

Figure 3.18 – Effects of 2nd idle gear inertia modification during up-shift phase. 

All the simulation results are summarised in Figure 3.18, where it is possible 
to note that inertia reduction of the 2nd gear of both 7% and 3.5% improve the 2nd 
to 3rd and the 3rd to 4th gear-shifts worsening the 1st to 2nd gear-shift. Moreover, on 
the other side, an increase of inertia of 3.5% improve the 2nd and 4th gear 
engagement worsening the 3rd one. 
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Finally, an excessive inertia increment up to 7% leads to a worsening of the 
2nd and 3rd gear engagement, even if an improvement in the 4th gear engagement 
occurs. 

As already mentioned, the gear-shift from the 1st to 2nd is the more critical for 
the clunking noise and therefore the inertia sensitivity analysis is aimed at 
improving that specific gearshift. During the 4th gear engagement, the NP 
condition is the worst, although all the acceleration peaks are smaller than those in 
the others gear engagements. 

The sensitivity analysis is performed for the downshift phase, as well, and 
results are reported in Figure 3.19. The trend of the peak analysis of 2nd gear 
engagement is very similar between the upshift and downshift phases, with an 
improvement for an inertia increase of 3.5% and a worsening for inertia reduction. 

 

 

Figure 3.19 – Effects of 2nd idle gear inertia modification during down-shift phase. 

Instead, as regards the 3rd gear engagement, the NP configuration is the 
optimal one in both manoeuvres, with a small worsening for ±3.5% inertia 
modification of the 2nd gear. 

From a dynamic point of view, a lower inertia of the 2nd idle gear increases its 
mobility, thus its tendency to accelerate. Considering the end 2nd gear 
engagement, namely when the synchroniser sleeve impacts against the dog teeth 
of the lightened idle, higher rotational acceleration leads to higher velocity 
impacts, hence to higher gearbox housing acceleration peaks. 

To give substance to the previous statement, the effect of the inertia reduction 
of the preselected 2nd idle gear during the engagement of 3rd gear, placed on the 
same secondary shaft, must be considered. 

The 3rd gear engagement provokes a series of shocks, which propagate 
through the 3rd gear synchroniser to the lower secondary shaft. As consequence, 
the shaft accelerates or decelerates, and other shocks are generated and propagated 
to the 2nd gear synchroniser. Thus, the higher the inertia of the idle gear the 
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higher the risk of NVH issues because the resistance applied during impact, 
namely the inertia torque, becomes higher. 

Instead, during a gear disengagement, the axial displacement of the sleeve is 
less hindered when moving from sure engaged position to the neutral one if the 
inertia is lower. The dynamics of the unloaded primary shaft is driven by the drag 
torques, so a preload in the contact between the teeth is applied and the shaft tends 
to decelerate in this phase. After that, when the torque is re-applied to the 
incoming primary shaft during cross-shift, a lower idle gear inertia implies lower 
energy impacts between the teeth flanks (of the driving and driven gear). The idle 
gear considered is the one related to the actual gear engaged. 

The analysis of the gearbox inner events causing acceleration peaks, reported 
in Figure 3.16 (left) for the NP configuration has been performed also with the 2nd 
idle gear inertia reduction of 7%. Comparing the NP results with Figure 3.20, 
during this upshift manoeuvre an inertia reduction leads to positive benefits for 
the cross-shift noise, and for the 3rd gear engagement noise, even if a worsening in 
the 2nd gear engagement happens. 

 

 

Figure 3.20 – Simulated acceleration peaks due to inner events  
with 2nd idle gear inertia reduction of 7%. 

Moreover, the accelerations peaks in this last simulation have been compared 
with the experimental tests of the corresponding manoeuvre. From Figure 3.21 it 
is highlighted that inertia reduction of 7% has a similar effect in experimental and 
simulated results. The improvement over NP (normal production configuration) is 
more evident in the experimental data than in the simulation, except for the 2nd 
gear engagement, in which the worsening with respect to NP is greater in the 
simulated results. The good match between experimental and simulated results is 
primarily due to the high level of detail of the physical model, developed in 
Amesim, that is able to describe the main internal dynamics of the gearbox 
involved in the gearshift noise generation. 
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Figure 3.21 – Comparison of experimental and simulated results  
with 2nd idle gear inertia reduction of 7%. 

Finally, improvements in NVH performance with an inertia reduction of 7% 
of both experimental and simulated results agree with the subjective scores given 
by a professional driver to the several inner events (gear engagement or cross-
shift) during the experimental tests. 

 

3.7 Conclusions 

The meticulous analysis of the inner events of a transmission driveline 
corresponds to a root cause analysis of NVH issues and it is very important to 
understand how to act, during the design stage, for the improvement of 
transmission issues. The most critical events producing impact in the driveline are 
highlighted and discussed starting from experimental data and then using 
simulation results. 

Moreover, a customised nonlinear lumped parameters model, able to detect all 
the main events of gear-shift events, is fundamental for the further application of 
the proposed methodology, used for the assessment of the gear shift noise in a 
Dual Clutch Transmission, but able to perform any appropriate comparison with 
different design solutions of a transmission. 

It has been highlighted that during a gearshift manoeuvre, the noise issues are 
significantly affected by the gear engagement/disengagement, clutch 
engagement/disengagement and load reversal that produce acceleration peaks well 
correlated to the subjective noise perception in the car. 

The post processing tool of the proposed methodology allow the evaluation of 
the gearbox housing acceleration starting from the bearing forces. The peak value 
of the acceleration time history, used as metric for the clunking noise assessment, 
provided a useful instrument to compare the instantaneous and localized impact in 
the transmission. 

Finally, a sensitivity analysis on gear inertia parameter has carried out, 
highlighting possible improvements in NVH performance. 
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Chapter 4 

4. From mechanical to magnetic 
gears 

In § 3 several NVH issues of automotive transmissions have been analysed 
and a lumped parameter model of a DCT gearbox has been developed to analyse 
gearbox inner dynamics during the most critical phases, proposing a sensitivity 
analysis on uncertain transmission paraments, which dynamic effects are 
discussed in § 2, through a two-step methodology for the assessment of NVH 
performance. 

Even if the classical transmissions maintain several advantages, regarding 
transmission reliability, maximum transmissible torques, the analysis of NVH 
issues could be considered as the main reason to explore new transmission 
solutions, finding a feasible alternative to mechanical transmission in the field of 
magnetic gears (MGs).  

As for the conventional mechanical gears, the MGs are structures used for 
several power transmission applications, allowing torque transmission between 
two or more coupled movers: the former corresponds to the power source, rotating 
at a certain speed, while the latter is the output shaft, rotating at the same or at 
different angular speed, due to a certain gear ratio, depending on specific 
geometrical parameters. 

The main advantage, deriving from the possible adoption of a MG, is the 
possibility to transfer torque between two mechanical axles in a contactless way, 
avoiding wearing of the corresponding traditional gears in contact, and necessary 
of lubrication. Moreover, a largely noise reduction is expected, together with the 
reduction of maintenance. 
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4.1 Review on magnetic gears 

The interest in magnet gear of academic and industrial researcher rapidly 
increased during the new millennium, with a continuous technological 
development, which brings magnetic gears very close to commercial applications. 

In the last two decades, different topologies have been proposed to improve 
performance in terms of maximum transmissible torque. 

 

 

Figure 4.1 – Topological solutions of magnetic and mechanical gear. 

The first ever work on the topic of MGs is Armstrong’s patent [86] in 1901, in 
which he proposed the invention to improve power-transmitting devices, by 
means of magnetic forces. His idea was put coils on the teeth of a conventional 
mechanical gear, to generate a magnetic field, able to transfer torque between 
driving and driven wheel. 
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Instead, the first work, where the magnetism is related to permanent magnets 
(PMs) is dated in 1941 with Faus’ patent [87] on magnetic gearing. 

Moreover, in 1968 Martin proposed in his patent [88] a magnetic drive similar 
to a planetary mechanical gear. It was made of three elements having a common 
axis of revolution, namely an outer ring with PMs, an intermediate planet ring 
having a plurality of substantially radial magnetically permeable bars, and an 
inner rotor with PMs. 

During these decades, the research on MGs was mainly focused on the spur 
type [86,87,89–92] and worm type [93,94] topologies. It can be said that for each 
mechanical topology, the corresponding magnetic solution could be designed and 
realised. A collection of the several topologies of mechanical and magnetic gears 
has been done by Tlali et al. in [95], which result is reported in Figure 4.1, where 
worm gears, bevel gears [96], rack-pinion gears, external and internal spur gears, 
and planetary gears [35] are represented. In this last paper the authors evaluated 
the torque density of the PMG, proposing a sensitivity analysis on the number of 
magnetic planets. From simulations, the evaluated torque density was close to 
100 kNm/m3 with six planets and about half in case of three planetary gears, 
namely using the MG arrangement reported in Figure 4.1 as planetary gear. 

Meanwhile, other papers have reviewed MGs, as regards high-performance 
topologies [97], with a particular attention to computational models and design 
aspects of coaxial magnetic transmissions [98], or MGs application in EVs 
[99,100], marine [101] and wind [102] energy industries, or their integration in 
permanent-magnet electrical machines [103,104]. 

Unfortunately, the interest in this new technology was limited since their 
performance, especially in terms of torque density, were limited, hence MG 
technology was not able to compete with the traditional mechanical gears, 
discouraging researchers in dealing with this topic. 

Finally, in 2001 Atallah’s work [21] has represented the turning point in the 
industrial and academic research, proposing a new topological solution for a 
planetary magnetic gear, as reported in Figure 4.2, equipped with NdFeB 
magnets, and ferromagnetic poles, and characterised by a higher torque density 
exceeding 100 kNm/m3. 

 

 

Figure 4.2 – Atallah’s PMG with PMs. 
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Other possible topological solutions, represented in Figure 4.3, are the 
magnetic screw [105], proposed as a linear actuator, and the trans-rotary magnetic 
gear [106–108], used to convert the linear motion to rotation or vice-versa. Both 
rotor and translator are made of ferromagnetic iron cores equipped with skewed 
alternating PM poles, and the gear ratio is defined by the geometrical properties of 
the PMs (helix angle and width). 

 

 

Figure 4.3 – Topology of a magnetic screw (left) and a trans-rotary MG (right). 

Instead, to achieve an extreme torque density and a very high gear ratio, the 
cycloid MG is proposed in [109]. In Figure 4.4 (left) an example of cycloid gear is 
reported with 44 poles on the outer rotor and 42 poles on the inner one. Even if, 

the gear ratio seems to be only 44 42 1.05 , it is possible to take advantage from 

the cycloid principle, achieving higher transmission ratio, properly fixing some 
rotation parts, as highlighted in Figure 4.5. 

 

 

Figure 4.4 – Cycloid (left) and harmonic (right) MGs topologies. 

Different solutions, using the magnetic counterpart of a mechanical harmonic 
gear, are reported in Figure 4.4 (right). It was firstly proposed by a patent in 1995 
[110], and then its working principles were clearly explained and demonstrated in 
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[111]. which working principle. The harmonic MG functioning is based on a 
mechanism to produce time-varying, sinusoidal variation of the air-gap between a 
flexible low-speed PM rotor and a rigid PM stator. Even in harmonic gears, high 
gear ratio could be obtained. 

 

 

Figure 4.5 – Different working configurations for a cycloid MG. 

All the previous presented topologies of MGs are characterised by a radial 
distribution of magnetic flux. In Figure 4.6 (left) an axial-field magnetic gear is 
reported. It was proposed in [112] and it is particularly suitable for applications 
which require a hermetic isolation between the input and output shafts. A torque 
density higher than 70 kNm/m3 can be achieved, from simulation, although the 
axial forces are relatively low. Instead, in Figure 4.6 (right), the design of a linear 
concentric MG is proposed. It is used as a linear magnetic actuator [113], with a 
highly competitive force density, in which the inner and external elements are 
subjected to an axial translation. 

 

 

Figure 4.6 – Axial-field (left) and linear-concentric (right) MGs topologies. 

For all these MGs topologies, and even for many others studied by researchers 
in these years, different working principle have been developed. Moreover, 
several design analyses approaches have been used to evaluate mechanical and 
electromagnetic properties of the MGs. 
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4.2 Mechanical and magnetic planetary gears: dynamic 
principles 

The research activity of this PhD is based on a specific magnetic gear 
topology. In fact, only the planetary solution will be considered from now on, 
hence in this section a comparison between PMG and the mechanical counterpart 
is proposed, analysing the kinematic relations and dynamic principle behind 
mechanical and magnetic solutions. Similar comparative studies between the two 
solutions have been already proposed during these years [114,115].  

 

4.2.1 Mechanical planetary gear train 

Before introducing planetary gears, it is necessary to clarify which is the main 
difference between am ordinary gear train and a planetary gearbox. In the former 
the axes of the gears have always the same position in the space during their 
rotation, while in a planetary gear train these axes could change their spatial 
position during certain working conditions. An example of mechanical planetary 
gear train is reported in Figure 4.7. It is composed of a sun gear, a ring gear and 
three or more planet gears, revolving around the sun gear. The planets are 
typically mounted on a carrier, which rotates relatively to sun and ring gears. 

 

 

Figure 4.7 – Elements of a mechanical planetary gear train. 

Planetary gear train are often used when space and weight are an issue, but a 
large amount of speed reduction and torque are needed. Thus, their main 
advantages are a high-power density, and a large gear reduction in a small 
volume. Several possible kinematic combinations are available, properly fixing 
some elements. 

A planetary gear train consists of 2 DOFs, hence in order to completely define 
its kinematic relations it is necessary to know the rotational speed of at least two 
elements (for example sun and ring) and then evaluate the other velocity (carrier). 
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The kinematic relationship between the angular rotational speeds s , r , 

and c  of sun, ring and carrier, respectively, can be evaluated using a global 

reference system centred in the carrier. Therefore, according to this reference 
frame, the gear train is considered as ordinary and the gear ratio is evaluated using 
Willis relation for planetary mechanical gear [116]: 

 s c

r c

 
 





 (4.1) 

where   is the current gear ratio. According to Eq. (4.1), it is possible have two 
inputs and one output or generally the gear train is consider as ordinary. In this 

last case, its basic value /s r , between sun and ring, is evaluated when the carrier 

is fixed, according to: 

 / / /
p r r

s r s p p r
s p s

Z Z Z

Z Z Z
         (4.2) 

where /s p  is the gear ration between sun and planets and /p r  is the gear ratio 

between planets and ring. The basic gear ratio /s r  depends on the geometrical 

properties of the gears, namely from the number of teeth of the sun gear sZ  and of 

the ring gear rZ . The minus sign means that sun and ring rotates at two opposite 

rotational speeds. Moreover, for any planetary system with three planets the 
following relation between gear teeth must be satisfied: 

 2r s pZ Z Z   (4.3) 

where pZ  is the number of teeth of the planet gear. As already mentioned, a 

planetary gear train system has different operating modes, which depends on the 
input and the output elements. All the six possible configurations are listed in 
Table 4.1.. 

Table 4.1 – Planetary gear train configurations. 

Gear ratio in out in out    Input Output Fixed 

s r   sun ring carrier 

1r s   ring sun carrier 

1s c    sun carrier ring 

 1 1c s    carrier sun ring 

 1c r     carrier ring sun 

 1r c     ring carrier sun 
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From Eqs.(4.2)-(4.3), the range for  , for a single stage mechanical planetary 
gear is defined by Eq. (4.4): 

 1     (4.4) 

4.2.2 Magnetic planetary gear 

The introduction of a magnetic gear in a power transmission driveline offers 
several potential benefits, including the physical isolation between the prime 
mover and the secondary one, reduction of noise and vibration levels, protection 
against overload and mainly contactless torque transmission. 

The magnetic equivalent of the mechanical planetary gear train is shown in 

Figure 4.8. It consists of an inner rotor with sn  permanent magnets pole pairs, an 

outer rotor with rn  pole pairs, and an intermediate rotor with q ferromagnetic steel 

poles. The three rotors are respectively the equivalent of sun, ring, and carrier of 
the mechanical planetary gear train. Moreover, in a PMG the contact of the teeth 
of gears in the mechanical counterpart is replaced by the modulation of the 
magnetic fields generated by the inner and outer magnetic rotors through the 
carrier element. 

 

 

Figure 4.8 – Elements of a planetary magnetic gear. 

It has been proved by Atallah et al. [22] that the highest torque transmission 
capability, between two rotors at a different rotational speed, is achieved when: 

 s rq n n   (4.5) 

The PMG ratio between inner and outer rotor is given by: 

 s c s r
s r

r c s s

q n n
G

n n

 
 

 
    


 (4.6) 
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As for the mechanical planetary gear train, several operating modes are 
available for the PMG, properly fixing one of the three elements. All the six 
possible configurations are listed in Table 4.2. 

Table 4.2 – Planetary magnetic gear configurations. 

Gear ratio in out in outG    Input Output Fixed 

r
s r

s

n
G

n
   sun ring carrier 

s
r s

r

n
G

n
   ring sun carrier 

s c
s

q
G

n
  sun carrier ring 

s
c s

n
G

q
  carrier sun ring 

c r
r

q
G

n
   carrier ring sun 

r
r c

n
G

q
   ring carrier sun 

 
Hence, in PMGs the number of PMs pole pairs and the number of 

ferromagnetic steel poles assume the same role of number of teeth, in mechanical 
gear train, to define the gear ratio. 

 

4.3 PMG applications 

The magnetic gears have a large market for their application. They could be 
used in several sector where it is necessary to replicate a mechanical gear train 
with a magnetic one. 

4.3.1 Pseudo direct drive 

One of the most interesting application is their implementation in low speed 
electrical machine application, where it is common to connect a high-speed 
machine together with a mechanical gearbox, due to weight/size and cost 
effective. In this application, MGs can be used in replacing of the mechanical 
gearbox, or they can be integrated in an electrical machine to create a pseudo 
direct drive (PDD) machine, as proposed by Atallah et al. in [117]. 

In a PDD the external PMs pole pairs are mounted on the internal bore of the 
stator of an electrical brushless machine, while the magnetic fields generated by 
the windings are used to move the high-speed inner rotor, where the inner PMs 
pole pairs are mounted. The torque generated by the inner rotor is then increased 
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through the magnetic gear and transported out by the low-speed ferromagnetic 
rotor. In Figure 4.9 the integrated magnetic gear in a brushless machine is 
reported. 

 

 

Figure 4.9 – Pseudo direct drive machine. 

Finally, Atallah has shown that a torque density over 60 kNm/m3 could be 
achieved from a naturally air-cooled machine, with a power factor of 0.9 or 
higher. 

 

4.3.2 Continuous variable transmission 

The PMGs consist of three concentric rotors. In Table 4.2, it has been seen 
that the PMG act in a fixed-ratio mode, locking usually the permanent-magnet 
rotor having the higher number of poles, namely the outer rotor, or the 
ferromagnetic rotor, in order to maintain the inner rotor as high-speed rotor. 

However, another way to use the PMGs is varying the speed of the third rotor 
[118–120], achieving a magnetic continuous variable transmission (mCVT). 
Atallah et al. proposed in [39] a magnetic power split device, integrated with a 
brushless permanent-magnet machine, which works as a mCVT. It is proposed for 
different application, as a component of a wind turbine drivetrain or as component 
of a hybrid vehicle driveline. 

The possible implementation of a mCVT has been also investigate by Mao et 
al. in [121], proposing a multi-objective optimisation tool to improve torque, 
energy efficiency and torque ripple of the mCVT implemented in the hybrid 
driveline. 
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4.3.3 Power split device of Toyota Prius 

The Toyota Prius is a full hybrid electric vehicle developed by Toyota and 
manufactured by the company since 1997 with different release. In particular, the 
production of the first release occurred in years ranging from 1997-2003, while 
the second generation was developed and produced in the years from 2004-2009, 
coming to the third-generation production in 2010. 

Before introducing the description of Toyota Prius drivetrain, it can be useful 
provide a brief overview of the main common configuration used for HEVs, as 
proposed in a review on topological architectures for HEVs [122] by Emadi et al. 

In HEVs, two or more sources of power/energy are combined to achieve the 
required power necessary to propel the vehicle. These vehicles combine the ICE 
power with an electric traction motor, which is powered by an energy storage 
device, generally known as battery pack. The most common configurations to 
couple the two different power sources are generally the parallel hybrid, the series 
hybrid, and a combined series-parallel architecture. 

In a series configuration the ICE generally run at an optimal efficiency point 
to drive the generator and charge the battery pack. When the state of charge 
(SOC) of the battery is at the fixed minimum, the ICE turns on recharging the 
battery. It is important to note that in this case the ICE is not connected to the 
wheel and so the power is supplied to the wheels only by the electric motor. A 
simplified scheme is reported in Figure 4.10 

 

 

Figure 4.10 – Layout of a series HEV drive train. 

In a parallel configuration both ICE and electric motor, as depicted in Figure 
4.11, are connected with the transmission and thus it is possible to choose the best 
combination in order to have the required amount of torque at any given time. The 
most common strategy in this configuration is to use the motor alone at low 
speeds since it is more efficient than the ICE, while use only the ICE at higher 
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speeds A parallel HEV can also equipped with a CVT, instead of a fixed 
transmission. 

 

 

Figure 4.11 – Layout of a parallel HEV drive train. 

The configuration of major interest is reported in Figure 4.12 and it consists in 
a combination of series and parallel architectures. The heart of the Hybrid 
Synergy Drive (HSD) is a simple little device called Power Split Device (PSD), 
which is the connection element of this configuration and allows to combine the 
advantages of both series and parallel HEV layout. The electrical motor is used to 
give power to the wheel, especially at low vehicle velocity, while at higher 
velocity different contribution of the two sources of power are possible. 

 

 

Figure 4.12 – Layout of a Series-Parallel combined HEV drive train. 

Coming back to Toyota HEVs, the PSD is a planetary gear set that acts as a 
CVT but with a fixed gear ratio. The overall functionality of the 2010 Prius 
eCVT, shown in Figure 4.13, is similar to the 2004 Prius, even if there are 
significant differences on the number of planetary gear set involved. In both 
systems the sun gear of the planetary gear is connected to the generator with a 
hollow rotor shaft, through which a shaft connected to the ICE passes and 
connects to the planetary carrier. The ring of the planetary gear is connected 
directly to the motor output in the 2004 Prius, and to the motor through a high-
speed reduction gear in the 2010 Prius. More information on the two different 
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architectures are reported in the technical reports of the two vehicle releases 
[123,124]. 

 

 

Figure 4.13 – Mechanical diagram of 2004 Prius, 2010 Prius gear systems. 

In this section only the 2004 Toyota Prius HSD is investigated to analyse the 
possible integration of a PMG in his driveline.  

The PSD planetary gear train consists of three inputs/outputs: the ICE, the 
generator that is a permanent magnet synchronous machine called MG1 and a 
motor/generator called MG2 that is connected to the wheels through reduction 
gears and differential. In the Prius driveline, the sun gear generally rotates at high 
speeds and is connected to the rotor of the MG1 generator. Moreover, the 
planetary carrier is connected to the ICE, while the outer ring, that is the output of 
the device, is connected to the MG2 motor and thus to the wheels. 

Finally, the PSD even allows the smaller between the two Motor/Generators, 
namely MG1, to act as a starter for the ICE, eliminating another component of a 
traditional gasoline engine. In Figure 4.14 more details about the number of teeth 
of the gears are presented. 

 

 

Figure 4.14 – Diagram of the 2004 Prius power split device. 

It could be interesting present also an overview about the specification of the 
main components of Toyota Prius highlighting the differences and the 
developments between 2004 and 2010 generation. Technical data are listed in 
Table 4.3. 
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Table 4.3 – Specification for Toyota Prius components. 

Component Property Value Prius 2004 Value Prius 2010 

Engine 

Type 1.5 Liter gasoline 1.8 Liter 4-cylinder 
Maximum 

output 
57 kW @ 5000 rpm 73 kW 

Maximum 
torque 

115 Nm @ 4200 rpm - 

Battery 

Type Nickel-metal hydride Nickel-metal hydride 
Voltage, 
amperage 

201.6 V, 6.5 Ah 201.6 V, 6.5 Ah 

Power 
output 

20 kW 27 kW 

Traction 
motor 

Maximum 
output 

50 kW @ 1200-1540 rpm 60 kW 

Maximum 
torque 

400 Nm @ 0-1540 rpm 207 Nm 

System 

Maximum 
output 

82 kW @ 85 km/h and 
higher 

100 kW 

Maximum 
torque 

478 Nm @ 22 km/h or 
lower 

- 

 
In the Toyota Prius eCVT only an increasing of the MG2 rotational speed has 

a resulting effect in changing the vehicle speed, considering the gear ratio 
between MG2 and the wheels. On the other side, an ICE speed variation does not 
directly affect the wheel speed. The ICE can rotates faster or slower, depending 
on how much power is needed, and the car can always reach the desired speed 
properly combining the speed of ICE, MG1 and MG2 keeping the ICE running at 
the most efficient rate possible. Instead, MG1 has a maximum rate of 10.000 rpm 
in either direction (positive or negative) but is limited to a maximum of 
6.500 rpm. ICE rotation is limited to speeds between 1.000 rpm and 4.500 rpm. It 
can also stop completely, but anything between 0 and 1 000 will force the slider 
up or down. This happens because the internal combustion engine cannot 
effectively operate below that speed. The hybrid control logic stop the ICE when 
the driver does not need more power and start it again when he needs more power, 
or higher speed from MG1. 

Another important step is to understand the working principle of the PSD, 
proposing a kinematic and dynamic study. An HEV is subjected to several 
operating modes during its use. Hence, assuming that that the ICE is connected to 
the carrier, the electric motor MG2 to the ring and the generator MG1 to the sun, 
the power and the torque available for the wheel are evaluated using the Eqs. (4.7)
-(4.8) and also considering the appropriate transmission gear ratios: 

 C R S wheelT T T T    (4.7) 
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 C R S wheelP P P P    (4.8) 

where the different subscripts are referred to the three elements of PSD: sun, 
carrier, and ring. Instead, all the operating modes are summarised in Table 4.4. 

Table 4.4 – Operating mode of PSD in a HEV. 

Configuration
Speed   Torque T  Power P  

S C R S C R S C R 

Full Electric 0  0  0  0  0  RT 0  0  RP  

Full ICE 0  0  0  0  CT 0  0  CP  0  

Battery  
Re-charge 

0  0  0  ST CT 0  SP CP  0  

Hybrid 
(Electric+ICE)

0  0  0  ST CT RT SP CP  RP  

Regeneration 0  0  0  0  0  RT 0  0  RP  
Startup 0  0  0  ST CT 0  SP CP  0  

 
The possible adoption of a PMG in the mechanical transmission driveline 

leads to several advantages and some drawbacks. 
The first advantage is related to the possibility of transferring torque in a 

contactless way, avoiding wearing of the mechanical parts in contact, reducing 
noise and other negative effects. In addition, the absence of contact removes the 
need of a clutch device limiting the maximum stress acting on the system. 
Moreover, the efficiency of the MGs is theoretically higher than using mechanical 
gear train. 

On the other hand, to get the same mechanical performance, in terms of 
torque transfer capability, the volumes of mechanical and magnetic gears are 
different: mechanical gears are compact due to the high local force values 
between teeth while magnetic counterparts must rely of higher lever arm values to 
transfer torque, so they are usually larger than the classical ones. 

A preliminary analysis of the Toyota Prius gearbox has been done to detect its 
overall dimensions and the dimensions of the PSD. In Figure 4.15 the main 
components of Prius gearbox are represented with a detail of PSD, which include 
the crown of the Electric motor MG2. 
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Figure 4.15 – Toyota Prius gearbox (left) with a detail of  
PSD and MG2 crown (right). 

In Figure 4.16 the assembled PSD is reported, with a detail of the PSD 
external ring. 

 

    

Figure 4.16 – Toyota Prius PSD (left) and ring of PSD (right). 

Finally, in Figure 4.17, two details of carrier with the four planets and of the 
sun gear are reported. 

 

     

Figure 4.17 – Carrier (left) and sun (right) of Toyota Prius PSD. 
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After the dimensioning analysis, as already stated, a substitution one to one of 
the mechanical planetary gear train is very hard to achieve. Indeed, as it is 
possible to note from Figure 4.18, the dimensions of a preliminary magnetic gear 
that is able to transfer more or less the same torque of the PSD are higher than the 
corresponding mechanical counterpart. 

 

 

Figure 4.18 – Comparison of mechanical and magnetic planetary gear dimensions. 

The result reported in the previous figure will be described in the following 
chapter, where the design process of a PMG, its optimisation, and its dynamic 
behaviour will be further investigated. 

 

4.4 Conclusions 

The magnetic gears have been proposed in this chapter as a non-conventional 
technology for the torque transmission inside a driveline. 

Firstly, several magnetic gears topologies, according to the state-of-art have 
been presented, highlighting that for each type of classical mechanical 
transmission it could exist the magnetic counterpart with a largely noise reduction, 
due to torque transmission in contactless way, together with the reduction of 
maintenance. 

Planetary magnetic gears have been considered as the best topological 
solution to replicate a mechanical gearing device, including the possibility to have 
different configuration, so different arrangements as regards the power 
input/output.  

Different possible uses of MGs with already existing applications, as a pseudo 
direct drive of a mCVT, have been presents. 

Moreover, a preliminary analysis on the possible replacement of the power 
split device of a hybrid vehicle has been performed, concluding that the PMG can 
transmit the torque requested by the vehicle but, on the other hand this can be 
done only if a complete redesign of the power transmission driveline is 
performed. Dimensions and masses of the magnetic gear are in fact, larger than 
the classical one and must be accommodated in a way different from the present 
layout. 
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Chapter 5 

5. Design, optimisation, and 
dynamic simulations of a PMG for 
powertrain applications 

As briefly introduced in section § 4.2.2, the operation principle of the 
magnetic gear is based on the modulation of the magnetic field, produced by the 
PMs pole pairs mounted on the inner and outer rotors, using the ferromagnetic 
poles of the middle rotor. 

In this chapter the dynamic and analytical design of a PMG is carried out, to 
better investigate the possible adoption of magnetic gears in an automotive 
transmission driveline. 

In § 5.1 a planetary magnetic gear with three moving rotors is analysed, in 
terms of modulation effect, describing its principle of operation. 

Then, § 5.2 an optimisation process is carried out maximise the transmitted 
torque while minimising at the same time the moment of inertia of the rotating 
parts. 

Finally, in § 5.3 torque maps of the optimised PMG are implemented in a 
block-oriented dynamic model to perform dynamic simulation of a driveline, 
including a PMG. 

 

5.1 Principle of operation and design 

The magnetic gear analysed in this section in reported in Figure 5.1. The 
number of PMs on sun and ring is chosen to have the same gear ratio 

5 13 2.6rG      of Toyota Prius PSD, according to its details reported in Figure 

4.14. 
The flux density distributions, produced by PMs on both sun and ring rotors at 

a radial distance r  can be written, according to [22], as: 
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for the radial component, while for the circumferential component: 
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 (5.2) 

where p  is the generic number of PMs pole pairs, since Eqs. (5.1)-(5.2) can be 

applied to both sun and ring rotors, q  is the number of ferromagnetic poles in the 

carrier modulating rotor, while ,s r  and c  are the rotational speeds of one of 

the PMs rotor and of carrier rotor, respectively. Moreover, rmb  and mb  are the 

Fourier coefficients of the flux density distribution without ferromagnetic poles, 
while rj  and j  are the Fourier coefficients for the modulating functions of the 

radial and circumferential components of flux density distribution.  
 

 

Figure 5.1 – Coaxial planetary magnetic gear structure. 

Developing the equations further, the number of pole pairs in the space 
harmonic flux density distribution can be evaluated from: 

 ,m kp mp kq   (5.3) 

 1,3,5,...,m    (5.4) 

 0, 1, 2, 3,...,k       (5.5) 
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The Eq. (5.3) is used inside density flux distribution equations to evaluate the 

modulated field of the inner rotor (with sp n ) or the outer rotor (with rp n ). 

As already written in the previous chapter, the number of ferromagnetic poles 

q , and the number of PMs on sun sn  and ring rn  are linked together by Eq. (5.3). 

 

5.1.1 FEM design 

The planetary magnetic gear of Figure 5.1 is sketched and implemented in 
FEM software, defining all material properties, to evaluate the maximum 
transmissible torque. 

The software used for the design of magnetic problem is FEMM, which is a 
suite of programs for solving low-frequency electromagnetic problems using 2D 
planar or axisymmetric domains [125]. The software is made of three different 
parts, which are better described below. 

Pre and post processing tool 

The first part of FEMM software is devoted to lay out the geometry of the 
problem to be solved and for defining material properties and boundary 
conditions. Moreover, field solutions can be represented using contour and density 
plots, ad it is possible evaluate different quantities and integrals by a proper user’s 
selection of a region or a point. As it is possible to appreciate from Figure 5.2, 
where the 2D planar model of the proposed PMG is reported, all material 
properties of magnets and electrical steel for yokes and ferromagnetic poles are 
defined. Moreover, the magnetisation direction for PMs on inner and outer rotors 
is defined. 

 

Figure 5.2 – Sketch on FEMM (top) and CAD model (bottom) of a PMG. 
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Meshing tool 

The second part of FEMM is instead related to mesh creation, starting from 
the geometry sketched in the previous part. Different triangle dimensions can be 
chosen to properly mesh the different regions of the PMG. As it is clear in Figure 
5.3 the size mesh in the inner and outer air gap is finer than in the PMs and in the 
yokes. This is a suggested requirement for a more accurate evolution of the torque 
transmitted by the magnetic gear, which procedure will be later described. 

 

 

Figure 5.3 – Geometry (top) and mesh (bottom) on FEMM. 

 

Solver tool 

The last part of FEMM is devoted to the analysis and solution of magnetics 
problems. In Figure 5.4, the 2D planar problem has been solved and the magnetic 
flux density is evaluated. 

 

 

Figure 5.4 – Contour plot (top) and density plot (bottom) of magnetic flux density. 
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The software evaluate magnetostatic problems, namely problems where the 
fields are time invariant. In this condition both the Gauss’s law for magnetism, in 
Eq. (5.6), and the ampere’s law, in Eq. (5.7), are respected: 

 0 B  (5.6) 
  H J  (5.7) 

where the divergence is applied to vector B , which represents the magnetic flux 

density, while the curl vector operator is applied to the magnetic field intensity H  
evaluating the current density J . The relation between the magnetic flux density 
and the field density is defined by: 

 0 r   B H H  (5.8) 

where 0 , and r are the vacuum and relative permeabilities of each material. 

Instead, in case of nonlinear materials, the permeability is a function of B  
according to Eq. (5.9): 

 
 

 
B

H B
 (5.9) 

The torque capability of the magnetic gear is evaluated using a volume 
integral. In fact, it is necessary to select the blocks upon which force, or torque 
must be computed, evaluating the integral. The only trick to use for the torque 
evaluation using the weighted stress tensor volume integral is that the regions 
upon which the force is being computed must be surrounded by air. For this 
reason, a finer mesh help to achieve a more accurate result. 

 

5.1.2 Torque ripple 

Magnetic gears, as all the electrical machines, must be designed to transmit 
torque with the lowest possible torque ripple. The torque ripple is the effect on 
torque transmission which is caused by a particular phenomenon consisting in the 
interaction of permanent magnets rotor with the ferromagnetic poles, namely 
called cogging torque. In [126] Niguchi et al. presented a detailed analysis on 
cogging torque, with a particular attention to the harmonic spectra of the cogging 
torque of a magnetic gear. 

In these last years, researchers usually use the cogging torque tactor fC  as 

indicator for the cogging torque severity. This factor, defined as in Eq. (5.10), was 
firstly introduced in [127] ad since then it is used in the design of magnetic gears: 
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LCM n q
  (5.10) 
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where ,s rn  is the number of PMs pole pairs on sun or ring rotor, q  represents the 

number of ferromagnetic poles, and LCM  stands for least common multiple. It is 
preferred to have a unity cogging factor, which leads to a lower cogging torque. 
Therefore, a fractional gear ratio is suggested to have a higher LCM , hence a 
lowest is the cogging factor. Moreover, a unity cogging factor can be achieved 
only with an odd number of ferromagnetic poles, while the minimum cogging 
factor in case of even ferromagnetic poles is two. 

 

5.1.3 Dynamic design 

The dynamics of a PMG is very similar to the dynamics of a mechanical 
planetary gear train. The contact stiffness, which is responsible for the torque 
transmission, is replaced by a magnetic contactless stiffness, that guarantees the 
torque transmission between the three rotors of a PMG in a contactless way. In 
Figure 5.5 the free body diagram (FBD) of a planetary magnetic gear, made of 
sun, carrier, and ring rotors, is shown. The corresponding absolute angular 
velocities of sun ring and carrier are assumed concordant with respect to external 
torques. 

 

 

Figure 5.5 – Free body diagram of a planetary magnetic gear. 

The equations of motion of the 3 DOFs planetary magnetic gear are defined 
starting from the free body diagrams of sun, carrier, and ring, which are analysed 
in Figure 5.6. For the sake of clarity, dissipative terms such as bearing and seals 
torques, are not considered for the three rotors, and will be later studied. Anyway, 
these possible contributions can be added to the FBDs with a discordant versus 
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with respect to the corresponding angular velocities. Moreover, inertias effects of 
inner, outer and middle rotors, together with magnetic torques are considered for 
the free body equilibrium. 

 

 

Figure 5.6 – FBDs of PMG sun (left), carrier (centre) and ring (right) rotors. 

According to Figure 5.6, the equations of motion can be written using 
Eq. (5.11): 
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 (5.11) 

that in a matrix way is written as in Eq. (5.12): 
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 (5.12) 

where J  is the moment of inertia of each rotor, T  is the mechanical torque on 
the three rotors, while 

scMGT  and 
crMGT  are respectively the magnetic torques 

generated by the magnetic flux between sun and carrier and between carrier and 

ring. Therefore, keeping the carrier fixed, if the sun is connected to a motor, sT  

will be the torque provided by the motor and rT  will be the resistive torque on the 

ring rotor, which is assumed as the output rotor. 
 

5.1.4 Evaluation of transmitted torque 

The performance of a magnetic gear, in terms of transmissible torque, can be 
evaluated by the 2D FEM software, previously described, taking into account 
nonlinearities of the ferromagnetic regions of the gear. The analysis is performed 
by means of a magneto-static solution of the structure, even if the relative motion 
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of the rotors should call for a dynamic solution as time-varying magnetic flux can 
induce eddy currents in conductive parts and losses in ferromagnetic materials. In 
a preliminary study, these phenomena can be neglected [128]. On the other side, 
nonlinearity in ferromagnetic phenomena is instead correctly considered due to 
the primary importance of this effect. In fact, the saturation can be critical in 
ferromagnetic yokes since their magnetic reluctance influences the magnetic flux 
magnitude created by the permanent magnets and, consequently, the torque. 

The torque transmitted between the rotating elements of the PMG is computed 
through the Maxwell's stress tensor, in the post-processing phase. Torque is 
evaluated along different shell-paths on the two air-gap of the machine and results 
are then averaged [129]. For each different angular position, a FEM analysis is 
performed with the evaluation of the transmitted torque. 

The torque value depends on the relative position of the three rotors and hence 
its characteristic must be evaluated in a significant number of angular positions. If 
the ferromagnetic poles are fixed, the torque is transmitted from the inner rotor to 
the outer rotor according to the torque maps reported in Figure 5.7. 

Each configuration, used to define the torque map, is identified by the angle 

of sun s , and ring r . The discretization of the two angles should be tiny enough 

to have a good reconstruction of the map. These torque maps are characterised by 
sloped iso-torque lines. The slope of each curve at constant torque depends on the 
gear ratio of the magnetic gear between outer and inner rotor, and thus it depends 
on the number of PMs poles on the two rotors according to Eq. (4.6). In this case 

the gear ratio 2.6rG   is the same of the mechanical PSD of Toyota Prius, as 

already written in the previous sections. 
 

 

Figure 5.7 – Torque on sun rotor (left) and on ring rotor (right)  
w.r.t. rotors angular position. 

As it is possible to note from the previous figures, PMG periodicity can be 
analysed to reduce the number of FEM simulations necessary to evaluate the 
torque in any of the possible angular positions. From Figure 5.8 (left) it is possible 
to detect how each point at the same torque is repeated with a periodicity 

360 72s sn      along the y axis of the figure, and a periodicity 

360 27.69r rn      along the x axis. The torque at the point 1P  is the same of 
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that of points P  and *P , highlighted in the figure, hence it is possible to 
reconstruct the overall map starting from one point and rotating the rotor with an 
highest number of permanent magnet poles in order to have a smaller interval for 
the periodicity. 

 

 

Figure 5.8 – Greyscale map of the PMG torque to highlight the periodicity along 

s  and r  (left) maintaining fixed the position of one of the two rotors (right). 

If the topology of the magnetic gear does not change, to get the maximum 
torque value, only one FEM simulation is necessary, with the two rotors relative 
positions that return that torque maximum value, since the torque trend is a sine 
function, and it can be easily replicated. 

 

5.2 Multi-objective optimisation 

In § 4.3.3 the possible adoption of magnetic gears in an automotive 
application has been investigated. The replacement of the mechanical PSD with a 
PMG should not alter the transmission dynamics; hence the new PMG have to 
satisfy torque requirements, without compromising the moment of inertia. 
Therefore, a multi-objective optimisation approach is proposed to cope with these 
requirements, to maximise the transmitted torque minimising the moment of 
inertia. The optimisation process has been carried out by a deterministic algorithm 
exploiting a weighted sum of the two objectives, due to the computational costs, 
with a subsequent exploration of the Pareto front is performed by changing the 
weights [130] of torque and inertia. Once the geometric parameters of PMG are 
defined, its moment of inertia can be computed by considering the areas occupied 
by different materials and assigning to each of them the related mass density. An 
equivalent moment of inertia of the whole machine is computed by considering 

the different angular velocities of the parts that are related by the gear ratio rG . 

T
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m
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Therefore, if the carrier is kept fixed the equivalent moment of inertia is computed 
using Eq. (5.13): 

 r
eq s

r

J
J J

G
   (5.13) 

where sJ  is the sun moment of inertia and rJ  is the ring one. Instead, the moment 

of inertia of the middle rotor containing the iron poles is not considered, assuming 
that this rotor is kept fixed. 

 

5.2.1 Preliminary optimisation 

A preliminary parametric investigation of the objectives changing some 
geometric parameters has been carried out to have an idea on the objective 
functions landscapes and to detect also the boundary constrains of the parameters 
involved in the optimisation process. 

Once the gear ratio is defined, all the parameters of the magnetic gear are 
evaluated to have a comparable torque capability with respect to the mechanical 
PSD counterpart. They are listed in Table 5.1, where parameters in bolt are kept 
fixed during the optimization process. 

Table 5.1 – Magnetic gear parameters. 

Parameter Value Unit 
Sun PM thickness ,PM sth  8 mm 

Ring PM thickness ,PM rth  8 mm 

Steel poles thickness polesth  8 mm 

Sun yoke thickness ,yoke sth  10 mm 

Ring yoke thickness ,yoke rth  10 mm 

Gear external radius extR  125 mm 

Gear axial length L  200 mm 

Sun PMs pole pairs sn  5 - 

Ring PMs pole pairs rn  13 - 

Carrier steel poles q  18 - 

 
In this preliminary analysis the PMs thickness is assumed the same for both 

inner and outer rotor. The colourmaps of the optimisation goals domains are 
obtained changing this parameter together with the thickness of steel poles, while 
all the other parameters listed in Table 5.1 are kept constant. The behaviour of the 
variables considered appears to be quite regular and well behaved. Results are 
depicted in Figure 5.9. 
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Figure 5.9 – Colourmaps of the optimisation goals domains for 2 variables 
parametric analysis (poles and PMs thickness): torque density (left), equivalent 

moment of inertia (centre) and transmissible torque on inner rotor (right). 

In Figure 5.10 is instead reported the trend of the variable previously 
analysed, namely torque density, equivalent moment of inertia and the 
transmissible torque at the inner rotor of the magnetic gear, changing the 
thickness of sun and ring rotors, while all the other parameters of Table 5.1 are 
kept constant. Results of this last optimisation are very regular, as in the previous 
case. 

 

 

Figure 5.10 – Colourmaps of the optimisation goals domains for 2 variables 
parametric analysis (sun and ring yoke thickness): torque density (left), equivalent 

moment of inertia (centre) and transmissible torque on inner rotor (right). 

5.2.2 Optimisation with “fmincon” and “Pattern Search” 

The next step in the optimisation process was the implementation of an 
optimisation algorithm that allow to change five different parameters, with the 
aim of maximising the torque minimising the equivalent moment of inertia of the 
magnetic gear eqJ . These two objectives are contrasting each other: higher torque 

values require a larger amount of permanent magnets and this is leading to a large 
value of the equivalent moment of inertia. Moreover, instead of using the 

maximum torque value at the inner rotor scT  as objective, the ratio between the 

maximum transmissible torque at the inner rotor and the mass of the structure is 
used, namely a torque density T . This choice puts a larger effort in optimising the 

exploitation of the magnetic materials inside the structure. 
Two different algorithms are used to find the Pareto front: the first one is the 

“fmincon” Matlab function, based on the gradient of the objective function, while 
the second one is “Pattern Search” routine, that does not make use of any gradient 
of the objective function with respect to degrees of freedom. 
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In addition, even if there is no theoretical proof of convexity of the objective 
functions, the optimisation procedure has been run several ways by changing the 
starting point of the search and, in all cases tested, the procedure converged at the 
same minimum point. 

The multi-objective optimisation is reduced to a single objective one by 
means of a weighted sum of the two objectives, using the parameter   that can 
vary between 0 and 1, according to Eq. (5.14): 

    
, ,

, max 1 eq
eq

ref eq ref

JT
of T J

T J





 
 

   
  

 (5.14) 

where the two parameters ,refT  and ,eq refJ  are used to normalise the two 

components of the objective function and are evaluated at the first iteration of the 
optimisation process. 

 

First optimisation 

The first optimisation was done using both “fmincon” and “Pattern Search”, 
with the aim of compare the results of the two algorithms. 

For the two analyses the boundary constrains for the five parameters and the 
starting value are reported in Table 5.2, where LB and UB, respectively indicate 
the lower and upper boundary for each parameter involved in the optimisation 
process, while Ref indicated the value of each parameter at the first iteration, used 
to evaluated ,refT  and ,eq refJ , in Eq. (5.14). 

Table 5.2 – Parameter constraints. 

Parameter LB Ref UB Unit 
Sun PM thickness ,PM sth  6 6.5 14 mm 

Ring PM thickness ,PM rth  6 13.5 14 mm 

Steel poles thickness polesth  4 11.5 12 mm 

Sun yoke thickness ,yoke sth  2 2.5 12 mm 

Ring yoke thickness ,yoke rth  2 11.5 12 mm 

 
In Figure 5.11 the Pareto front using two different algorithms is reported. The 

two variables analysed to create the Pareto front are the torque density T  and the 

equivalent moment of inertia eqJ . It is possible to notice that using the “Pattern 

Search” algorithm (red line) a wider region is obtained. The utopia point 
correspond to the lowest possible value of equivalent moment of inertia and to the 
highest torque density value, therefore it is placed in the bottom right corner of the 
figure. 
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Figure 5.11 – Pareto front for the two optimisation algorithms. 

In Figure 5.12 the final value of the objective function using the two different 
algorithms is reported. It is possible to notice that “Pattern Search” returns higher 
values respect to “fmincon” algorithm, except for 0.6  . This result agrees with 
the Pareto front reported in Figure 5.11. 

 

 

Figure 5.12 – Final objective function value for the two optimisation algorithms. 

According to the results of the previous figures the “Pattern Search” algorithm 
can be assumed as the optimal one for this optimisation problem. Hence, in Figure 
5.13 the Pareto front for different values of the weight   is shown together with 

maximum torque at the inner rotor scT  and mass M  of the magnetic gear. 

The same results, for both optimisation algorithm, are illustrated in Figure 
5.14 as mass and moment of inertia with respect to transmissible torque. Using 
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this representation, it is clear that to achieve a higher transmissible torque it is 
necessary to increase the overall dimensions of the magnetic gear, increasing its 
moment of inertia, as well. 

 

 

Figure 5.13 – Pareto front for different values of the weight   
using “Pattern Search”. 

For each point of the Pareto front also the corresponding values of mass M  

and torque scT  are indicated. 

 

 

Figure 5.14 – Results of optimised magnetic gear for different value of    
using “fmincon” (left) and “Pattern Search” (right). 

After the optimisation process, the following step is to decide which value of 
the parameter   to choose in the prototyping phase of the magnetic gear. The two 
parameters that could be analysed are the ratio between the torque density and the 

equivalent moment of inertia eqT J , which trend is reported in Figure 5.15 (left), 

or the ratio between the transmissible torque on inner rotor and the equivalent 

moment of inertia sc eqT J , which trend is reported in Figure 5.15 (right), that 
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correspond to an angular acceleration. These two parameters are linked by the 
weight of the magnetic gear, which trend is reported in Figure 5.16. 

 

 

Figure 5.15 – Torque density over equivalent moment of inertia (left) and  
angular acceleration (right) of the magnetic gear w.r.t.  . 

The choice of the appropriate parameter will give different results since the 
weight of the magnetic gear has a higher impact respect to the equivalent moment 
of inertia. If the ratio between the torque density and the equivalent moment of 

inertia eqT J  is chosen as the appropriate parameter, the magnetic gear must be 

realised according to the optimal design using 0.35  . Instead, if the angular 
acceleration is defined as the appropriate one, the optimal design can be achieved 
with 0.65  . 

 

 

Figure 5.16 – Weight of magnetic gear w.r.t.  . 

In Figure 5.17 it is possible to notice how the aspect ratio changes if more 
importance is given to the equivalent moment of inertia or to the torque density 
during the optimisation process. 
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Figure 5.17 – Appearance of the optimised magnetic gear using “Pattern Search” 
for: 0.1   (left), 0.5   (middle), 0.9   (right). 

Finally, the trend of the magnetic gear parameters involved in the 
optimisation algorithm for different values of   and using “fmincon” and 
“Pattern Search” optimisation algorithms are reported in Figure 5.18-Figure 5.20. 

 

 

Figure 5.18 – Parameter trend using “fmincon” (left) and  
“Pattern Search” (right) for 0.1  . 

 

 

Figure 5.19 – Parameter trend using “fmincon” (left) and  
“Pattern Search” (right) for 0.5  . 
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Figure 5.20 – Parameter trend using “fmincon” (left) and  
“Pattern Search” (right) for 0.9  . 

The first optimisation algorithm (“fmincon”) finds the maximum of the 
objective function in a number of iterations that is around the half of iteration 
necessary for the second algorithm (“Pattern Search”). The simulation phases 
have required an average computational time of 29.6 seconds, for each run, on a 
workstation equipped with an Intel Core i7-3770 at 3.4 GHz and 32 GB of RAM. 

 

Second optimisation 

After the first optimisation process, where the Pareto front is found for both 
optimisation algorithms, it could be interesting to start a new optimisation process 
in which the reference value for all the parameters is chosen w.r.t. parameter   
that returns the highest value of ratio between torque density and equivalent 
moment of inertia, as illustrated in Figure 5.15 (left). Therefore, a value of 

0.35   is chosen for both the optimisation algorithms “fmincon” and “Pattern 
Search”. Then, boundary constrains are fixed respect to the first optimisation 
while the starting value depends on the optimisation algorithm and their values are 
reported in Table 5.3. 

Table 5.3 – Parameter constraints of second optimisation step. 

Parameter LB 
Ref 

“fmincon”

Ref  
“Pattern 
Search” 

UB Unit 

Sun PM thickness ,PM sth  6 6.4006 6.05 14 mm 

Ring PM thickness ,PM rth  6 6.1215 6.00 14 mm 

Steel poles thickness polesth  4 9.6756 8.10 12 mm 

Sun yoke thickness ,yoke sth  2 2.5367 2.00 12 mm 

Ring yoke thickness ,yoke rth  2 3.1483 3.00 12 mm 
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In Figure 5.21 the two Pareto front using “fmincon” of the first and second 
optimisation iterations are reported. The optimisation function is the same for both 
optimisation process as reported in Eq. (5.14). 

 

 

Figure 5.21 – Pareto front using “fmincon” for the two optimisation iterations. 

As it is possible to notice in the central region the Pareto front of the second 
optimisation iteration is wider, although for high values of parameter  , the 

optimised torque density value T  is lower than in the first iteration. The same 

assumptions could be done using the “Pattern Search” algorithm, which results are 
illustrated in Figure 5.22. 

 

 

Figure 5.22 – Pareto front using “Pattern Search”  
for the two optimisation iterations. 

In Figure 5.23 the ratio between the torque density and the equivalent moment 
of inertia together with the weight of the optimised magnetic gear are reported 
after the two optimisation steps using two different algorithms. The magnetic gear 



 

89 
 

parameters that should be chosen for the prototype correspond to a value of 
parameter 0.4   for “fmincon” and to 0.5   for “Pattern Search”. 

 

 

Figure 5.23 – Torque density over equivalent moment of inertia and weight  
of the magnetic gear using “fmincon” (left) and  

“Pattern Search” (right) algorithms w.r.t.  . 

Meantime, from the weight analysis it is possible to appreciate how the 
optimisation algorithm tends to maintain an almost constant weight for low values 

of parameter  , with a sudden weight growth for values 0.4 0.8  , as 
illustrated in Figure 5.23. Therefore, the hypothesis of choosing as optimal 
configuration the one returns the highest ratio between torque density and moment 
of inertia also leads to a minimum weight of the magnetic gear. 

 

 

Figure 5.24 – Torque density over equivalent moment of inertia and weight of the 
magnetic gear using different algorithms w.r.t.  . 

The differences between the first and the second optimisation steps are more 
evident in Figure 5.24, in which the second step for both the optimisation 
algorithms is moved to higher value of parameter  . Instead, the appropriate 
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choice of   parameter changes if the angular acceleration is considered as 
objective function, as reported in Figure 5.25. 

 

 

Figure 5.25 – Angular acceleration of the magnetic gear w.r.t.  . 

If higher angular acceleration are desired, the highest values of parameter   
must be chosen. This has a dual effect on the dynamics of a magnetic gear, since it 
has the advantage of a faster dynamic response during a transition phase, with the 
drawback of higher possible oscillations and vibrations to the transmission 
driveline. 

 

5.3 Dynamic analysis on Matlab/Simulink 

The software Simulink, integrated in Matlab, is used to create a simplified 
model of driveline using the concept of magnetic gear transmission. The driveline 
model, shown in Figure 5.26, is modelled by means of block-oriented approach 
[131,132]. 

 

 

Figure 5.26 – Simplified model of driveline using magnetic gear transmission. 
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Using this approach, the driveline is split in its main components, which 
include kinematic and dynamic relationships. Moreover, this approach allow to 
put in evidence the correlation between each block of the model and the 
correspondent physical system, highlighting input/output relations between 
components and their interactions on system behaviour. 

A high level of flexibility in the development of the Simulink model is 
unsured, using a multi-sharing component library and adopting a user-friendly 
graphical interface. 

For all the system components it is necessary to define the dynamic laws by 
means of mechanical equilibrium principles, imposing the initial condition and 
defining dynamic constants and constraints. 

In Figure 5.26, the engine is connected to the sun of the PMG trough an 
inertia block, which include engine, clutch and DMF inertias, the carrier is kept 
fixed, while the ring of the PMG is connected to another inertia representing 
vehicle load resistance. The model is thus characterised by three degrees of 
freedom: engine speed (equal to the first inertia speed and to the PMG sun speed), 
the carrier speed (that in this case is equal to zero), and the ring speed (equal to 
the last inertia of the system). 

In the model the driver acts on the throttle valve opening (TVO) causing a 
transition phase, namely an acceleration or deceleration on the driveline. 

The engine torque is mapped by means of experimental data and depends on 
the engine angular velocity and to the TVO, according to Eq.  

 

  ,ICE ICE ICET T n TVO  (5.15) 

 
Finally, different numerical integration approaches have been tested to 

achieve numerically stability of solutions and to improve convergence velocity of 
the simulation. 

The magnetic transmission model has been tested in both transient and steady-
state conditions. The main dynamic parameters of the driveline are reported in 
Table 5.4. 

Table 5.4 – Parameters of the transmission driveline with a PMG. 

Type Parameter Value 

Inertia 
MJ  [kg m2] 0.025 

RJ  [kg m2] 130 

Rolling 
resistance 

0f  [Nm] 10 

2f  [Nms2/rad2] 0.0123 

Transmission 
gear ratio 

  [-] -13/5 = -2.6 
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According to system parameters, the inertia RJ , representing the vehicle, is 

evaluated as 2
RJ MR , where M is the vehicle mass and R  is the tyre radius. 

Moreover, the resistive torque is evaluated using Eq. (5.16): 
 

 2
0 2 RR R BT f f T    (5.16) 

where 0f  and 3
2 0.5 d ff C A R  are two constant terms depending on tyres and 

vehicle dimensions, air density and drag coefficient, while 
RBT , representing the 

dissipation torques related to the bearings of the second part of the transmission, is 
assumed equal to zero. Since the TVO is the input of the model, different 
simulations can be performed changing the trend of TVO during the simulation. 
At a first instance, Figure 5.27 (left), the driver is simulating a condition with 
100% of gas pedal, hence the speed of the inner rotor, namely the speed of the 
ICE, is continuously increasing. The torque is instead progressively reduced due 
to the torque map of the ICE, which depends on its speed and on TVO. Moreover, 
the ICE speeds starts from 700 rpm, which is considered as the minimum 
condition for the engine. 

 

 

Figure 5.27 – Speeds and torque of magnetic gear rotors with a TVO of 100% 
(left) and with a decreasing TVO (right). 

In the second simulation, as illustrated in Figure 5.27 (right), the TVO starts 
from 100% and then it is linearly reduced up to zero at the simulation time of 20 s. 
However, the rotational speed increases since the TVO is higher than zero. After 
this first phase, namely from 20 s to 25 s it is set equal to zero, hence a negative 
resistive torque is applied to the inner rotor of the magnetic gear. 

Finally, in the last simulation, as in Figure 5.28, the TVO assumes a generic 
profile depending on the simulation time. If the TVO is positive, the ICE usually 
provides a positive torque to the sun rotor, according to the torque map, 
depending at the same time on the engine rotational speed. Moreover, the gear 
ratio of the PMG is always respected both in transient and in steady-state 
conditions. 
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Figure 5.28 – Speeds and torque of magnetic gear rotors with a generic TVO. 

This Simulink model will be again considered in the following chapters for 
other tests on the transmission, which level of detail will be further increase. 

 

5.4 Conclusions 

In this chapter, the main guidelines for the dynamic and analytical design of a 
magnetic gear, for power transmission application, have been drawn. In particular, 
the working principles of a PMG are presented to explain the influence of the 
number of ferromagnetic poles on the radial and circumferential magnetic 
induction distributions inside the device. 

The dynamic equations of a PMG are written using the classical approach of 
applied mechanics, based on the equilibrium laws of free body diagrams. 

The different tools of software FEMM are presented to clarify how sketch, 
mesh and solve the magnetic problem for the design and analysis of a magnetic 
gear. 

Moreover, maps of the transmitted torque of the PMG are evaluated for 
different positions of inner and outer rotors of the device, keeping the carrier 
fixed. It has been noted a periodicity in the torque map, depending on the number 
of PMs pole pairs on the two rotors and a particular trend linked to the 
transmission ratio. 

The dynamic design has been integrated with a multi-objective optimisation 
problem, based on a weighting average of two objectives: the maximisation of 
PMG torque density and the minimisation of its equivalent moment of inertia, 
presenting a Pareto front. Two different optimisation algorithms are carried out in 
two different steps of the optimisation, proposing different points of view in the 
choice of appropriate constructional parameters of the PMG. 

Finally, the torque maps of the optimised PMG and its dynamic equations are 
integrated in a customised and simplified model of transmission to assess the 
possible adoption of a magnetic transmission inside an automotive driveline. 
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Chapter 6 

6. Design of PMG prototype 

This chapter presents the CAD modelling activity in the design process of a 
PMG to achieve a prototype for experimental testing. In § 5 a magneto-
mechanical approach has been proposed to design a magnetic gear, together with 
a multi-objective optimisation process to improve mechanical and dynamic 
properties of the magnetic gear. Several releases of the PMG prototype are 
proposed, with a progressive rise in complexity, to achieve quickly exchangeable 
configurations for different experimental tests. The software Solidworks has been 
used for the design of the proposed CAD models. In § 6.1 the choice of the 
appropriate sizing will be discussed, while in § 6.2 the characteristics of the three 
proposed solutions are investigated. 

 

6.1 Sizing and design assumptions 

The appropriate sizing of the prototype is chosen according to maximum 
overall dimensions and analysing results of the optimisation process. In details, 
two different values of parameter  , which links the torque density and the 
equivalent moment of inertia of the planetary magnetic gear, are chosen in order 
to investigate possible improvements and design solutions for the prototyping 
phase. All the dimensions of the identified PMG have been halved, except for the 
air gap, that remains the same due to constructive reasons. Moreover, other two 
configurations starting from the same values of  are tested increasing the yokes 
thickness, as reported in Figure 6.1, while in  

Table 6.1 the numerical values for the optimised parameters are indicated. 
The possibility to increase the yokes thickness is analysed to highlight their 
effects on the transmissible torque, although a structural stiffening could be 
obtained using a non-ferromagnetic material. The two values of 0.5   and 

0.9  have been chosen in accordance with Figure 5.24 and Figure 5.25, 
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maximising the quantity eqT J  in the first case, and the quantity sc eqT J , 

namely an equivalent angular acceleration, in the second case. 
 

 

Figure 6.1 – Appearance of the optimised magnetic gear using “Pattern Search” 
for: 0.5   (left), 0.5   with thicker yokes (centre-left),  

0.9   (centre-right), 0.9   with thicker yokes (right). 

 

Table 6.1 – Magnetic gear parameters w.r.t. configurations. 

Parameter 
0.5  

0.5  
thicker 
yokes 

0.9 
0.9   

thicker 
yokes 

Unit 

Value 

Sun PM thickness ,PM sth  4.55 4.55 6.65 6.65 mm 

Ring PM thickness ,PM rth  3.95 3.95 4.85 4.85 mm 

Steel poles thickness polesth  4.45 4.45 3.95 3.95 mm 

Sun yoke thickness ,yoke sth  1.80 10 2.8 10 mm 

Ring yoke thickness ,ryoketh  1.75 10 1.75 10 mm 

Air gap 1.5 mm 

Gear external radius extR  125 mm 

Gear axial length L  100 mm 

Sun PMs pole pairs sn  5 - 

Ring PMs pole pairs rn  13 - 

Carrier steel poles q  18 - 

 
For each configuration, four different analyses have been carried out, 

analysing the mechanical and magnetic properties at the PMG inner rotor, 
according to Figure 6.2: 

 the first one corresponds to the classical geometry in which all the 
permanent magnets are in contact each other; 

 in the second one a gap of 1 mm between PMs with opposite 
magnetisation direction is assumed; 
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 in the third one the gap of 1 mm is still considered and each PM is 
segmented in 3 parts along the circumferential direction considering 
0.3 mm of gap between these parts; 

 the last one still considers the gap of 1 mm between PMs of opposite 
magnetisation direction and any gap between the three segmented 
parts. 

 

 

 

Figure 6.2 – Magnetic gear FEMM model in four different design starting from 
Figure 6.1 (left): standard (top-left), gap between magnets (top-right),  
gap between magnets segmented in three parts with gap (bottom-left),  

gap between magnets segmented in three parts without gap (bottom-right). 

As stated in [36] the segmentation of PMs could be considered as a factor to 
consider in the design phase to increase the magnetic transmission efficiency in 
magnetic gears. The main effect of PMs segmentation consists in the reduction of 
the PMs conductivity through lower levels of eddy current losses. This aim is 
usually achieved with segmentation in both circumferential and axial direction. It 
has been highlighted that the effect of PMs segmentation is higher at the outer 
rotor, where the eddy current is equally distributed in the segments, while at the 
inner rotor PMs the eddy currents distribution locally concentrates in 
correspondence of the stationary ferromagnetic poles. 
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The maximum transmissible torque at inner rotor, as reported in Table 6.2, is 
the highest for the standard configuration, as expected. However, the introduction 
of a circumferential gap between PMs has a lower effect on the transmissible 
torque and the PMs segmentation does not influence the transmissible torque in a 
critical way, since its effect is more evident in the power losses due to eddy 
currents. 

Table 6.2 – Transmissible torque at inner rotor of PMG. 

Analysis 
0.5   

0.5   
thicker 
yokes 

0.9 
0.9   

thicker 
yokes 

Unit 

Value 
1 – standard 23.43 20.74 30.94 24.36 

Nm 
2 – gap PMs 23.40 20.59 30.88 24.12 

3 – gap PMs & gap seg. 20.60 18.30 27.33 21.03 
4 – gap PMs & no gap seg. 22.48 20.37 29.81 23.49 

 

Table 6.3 – Weight of PMG. 

Analysis 
0.5   

0.5   
thicker 
yokes 

0.9 
0.9   

thicker 
yokes 

Unit 

Value 
1 – standard 3.63 6.61 4.41 6.99 

kg 
2 – gap PMs 3.52 6.49 4.26 6.83 

3 – gap PMs & gap seg. 3.44 6.42 4.16 6.73 
4 – gap PMs & no gap seg. 3.52 6.49 4.26 6.83 

 

Table 6.4 – Torque density. 

Analysis 
0.5   

0.5   
thicker 
yokes 

0.9 
0.9   

thicker 
yokes 

Unit 

Value 
1 – standard 6.45 3.14 7.01 3.49 

Nm 
2 – gap PMs 6.66 3.17 7.25 3.53 

3 – gap PMs & gap seg. 5.98 2.85 6.57 3.12 
4 – gap PMs & no gap seg. 6.39 3.14 7.00 3.44 

 
Instead, the second solution with only a gap between magnets has a positive 

effect on the torque density of the planetary magnetic gear, since its weight is 
reduced, and the maximum transmissible torque is quite similar to the standard 
configuration. 
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6.2 Prototype dimensions 

The prototype sizing proposed in the previous section considers a scT , namely 

the transmissible torque at the inner rotor between sun and carrier, between in the 
range between 20 Nm and 30 Nm. Since the PMG is used as a speed reducer, the 
torque at the external rotor and at the middle rotor will be greater, according to the 
transmission ratio defined by the number of magnetic pole pairs. Hence, with a 

gear transmission ratio between inner and outer rotor / 2.6s r   , and a gear ratio 

between sun and carrier / 3.6s c  , the transmitted torque will be between 46 Nm 

and 108 Nm. Therefore, appropriate electric motors will be necessary to be able to 
transmit the mentioned torques. This reason leads to the choice of reducing much 
more only the axial length of the PMG, keeping constant all the other dimensional 
parameters, in order to be able to realise a test bench with the magnetic gear 
protype and two electrical motors, which must be connected to the input and 
output shafts of the PMG prototype. 

Table 6.5 – PMG prototype dimensions and results. 

Parameter Value Unit 

Sun PM thickness ,PM sth  6.75 mm 

Ring PM thickness ,PM rth  5 mm 

Steel poles thickness polesth  4.25 mm 

Sun yoke thickness ,yoke sth  13 mm 

Ring yoke thickness ,yoke rth  11 mm 

Air gap 1.5 mm 

Gear external radius extR  62.5 mm 

Gear axial length L  10 mm 

Sun PMs pole pairs sn  5 - 

Ring PMs pole pairs rn  13 - 

Carrier steel poles q  18 - 

Gear transmission ratio /s r  -2.6 - 

Results Value Unit 

Torque inner rotor (sun) scT  2.29 Nm 

Torque outer rotor (ring) crT  5.95 Nm 

Torque carrier cT  -8.24 Nm 

Weight PMGm  0.73 kg 

Torque density T  3.13 Nm/kg 
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After the appropriate sizing has been defined the first release of the PMG 
prototype has been designed using Solidworks software, as better illustrated in the 
next section. 

 

6.2.1 First release of a PMG prototype 

The first release for the PMG prototype include both an active part, able to 
transmit torque between the three rotors and a passive part, necessary to connect 
the system with the external environment. In Figure 6.3 the active part of the 
PMG prototype is reported. The sun of PMG is connected to the input shaft of the 
prototype by means of four parallel keys, which number avoids a dynamic 
unbalance of the rotor at high rotational speeds. The PMs are then fixed to the sun 
and ring rotors using glue and the two rotor shoulders together with the spacers of 
the assembly guarantee their correct axial position. Instead, the carrier is made of 
resin material, which structure houses the ferromagnetic poles. 

 

 

Figure 6.3 – Active part of PMG prototype. 

The active PMG is then mounted inside the assembly proposed in Figure 6.4 
in two different configurations. In the former (left), the carrier is fixed to the 
bottom plate using some screws while the ring rotor is connected through a flange 
to the output shaft. In the latter (right) the ring is fixed, and the carrier is 
connected to the output. Instead, in both arrangements the input shaft is always 
connected to the sun rotor. The idea to test the magnetic gear in a dual way 
derives from the concept of epicyclic gears which ensure different configurations 
for the input/output of external power. 
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Figure 6.4 – First release of magnetic gear assembly in two different operative 
conditions: carrier fixed (left) and ring fixed (right). 

The advantages of this prototype release are mainly linked to its simplicity, 
given by a limited number of components in addition to the active PMG, which 
guarantees a low weight of the system. But its simplicity likewise leads to several 
drawbacks, due to the difficulty of assembling the prototype and to the possibility 
of changing the configuration, but in a very invasive way, with the issue of 
replicating the concentricity of magnetic rotors once the prototype has been 
disassembled. Hence, the prototype design moved to a second release with fewest 
downsides. 

 

6.2.2 Second release of a PMG prototype 

The new proposed version consists of an external structure, which include the 
active PMG, and the procedure for configuration modification is realised in a 
simpler way, just exchanging only some screw connections of the prototype. Both 
configurations are illustrated in Figure 6.5, where on the left side the external ring 
is fixed to the bottom plate and the carrier is connected to the output shaft through 
a connecting flange. Likewise, on the right, the carrier is fixed to the bottom plate 
and the ring rotates together with the output shaft. Moreover, a conical coupling is 
chosen to connect the input shaft of the prototype with the inner rotor of the active 
PMG, adopting a solution cheaper than using four parallel keys and avoiding at 
the same time the issue of dynamic unbalance. 

The main advantages of this release are mainly related to the possibility of 
changing configuration in a quickly way, just switching some screws. Moreover 
the magnetic gear prototype can be considered as a device completely 
independent from the test bench, which have to be realise for the experimental 
tests. On the other side, the presence of a higher number of radial and axial 
bearings causes more dissipation, reducing the mechanical efficiency between 
input and output of the system, even if the magnetic properties and the maximum 
transmissible torque between the magnetic rotors is still the same if compared 
with the active PMG of the first release. 
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Figure 6.5 – Second release of magnetic gear prototype. 

Other drawbacks are instead related to the cost for realisation of prototype 
since the presence of rare-earth customised PMs requires the adoption of 
components in titanium, which is a paramagnetic and non-conductive material, to 
avoid its magnetisation and eddy currents. 

 

6.2.3 Third release of a PMG prototype 

The third designed release is based on the main topological assumptions of 
the second release. Hence the parametric properties of the model are still retained, 
ensuring the possibility of different configuration between power input and power 
output. The primary difference versus the previous release concerns the active part 
of the magnetic gear prototype, reported in Figure 6.6. In fact, a low-cost solution 
with commercial rare-earth PMs and commercial ferrite poles is proposed with the 
possible adoption of plastic material for the PMG and for the external components 
to realise with 3D printing. Even if the overall dimension of the prototype are 
similar to the previous version, the torque density of the PMG is lower due to the 
presence of larger air gaps between the PMs of inner and outer rotors and the 
ferrite poles of the middle rotor. 
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Figure 6.6 – Active part of third release PMG prototype. 

The adoption of this low-cost solution could be useful to realise a 
demonstrator for didactical applications, while the second release is preferred to 
experimentally test the mechanical and magnetic properties of the prototype in 
order to validate the simulative results. 

 

 

Figure 6.7 – Third release of magnetic gear prototype. 
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6.3 Conclusions 

This chapter the CAD design of a PMG prototype has been addressed. 
A preliminary activity has concerned the analysis on FEMM of four different 

arrangements of PMs on inner and outer rotors: in particular, the effect of their 
segmentation on the transmissible torque capability and PMG torque density has 
been investigated to reduce the thermal dissipations due to eddy currents, since 
the segmentation reduces the PMs conductivity. 

After then the main constructional parameters of a PMG have been defined 
and three different releases of PMG prototype have been proposed, highlighting 
advantages and drawbacks of each solution. One of the main criteria in the design 
of the prototype was its parametricity, hence it has been made possible to change 
the configuration to have different input/output solution with carrier or ring fixed. 
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Chapter 7 

7. The concept of a magnetic 
gearbox: from the working 
principles to the prototype 

Nowadays the automotive world is facing a new challenge. In fact, with the 
increasing of vehicle electrification, the automotive companies are moving to 
green technologies to satisfy the market demand. On the other hand, there is a 
continuous research of high-performance transmissions in terms of sportiness and 
efficiency, which is conducting to new mechanical transmission technologies to 
ensure fast gear-shifting with uninterrupted torque transfer to the driving wheels. 

In § 3 a methodology for the objective evaluation of induced vibrations during 
gearshift in a DCT gearbox has been proposed, with a sensitivity analysis on 
model parameters to improve NVH performance. In § 4-5 magnetic gears have 
been proposed as a feasible technology respect to the mechanical counterpart, 
since recent magnets, based on rare-earth materials, show strong physical 
properties that could be very attractive for large new markets and applications. 

According to a mechanical epicyclic gearing device sketch, there are some 
different solutions to modulate the mechanical input with respect to get a power 
transmission conversion in terms of angular velocities and torques. If fact, it is 
possible to block the carrier connecting the output to the ring, or it is possible to 
switch the configuration, blocking the ring and having the output power connected 
to the carrier. The final aim is to have typically larger torques and reduced 
velocities in the output, using different gear ratios. The most common applications 
for the concept of gear ratio are car gearboxes for changing the rotational speed 
between the engine and the wheels, or the automotive differentials to allow 
steering between left and right wheel. And furthermore, in everyday life there are 
many applications of the gear ratio concept like washing machines and mixers. 

The state-of-the-art gearshift systems are generally composed of a set of 
mechanical gears as gear wheels, pinions, racks, etc, which are properly arranged 
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in order to take on a plurality of configurations according to the desired 
transmission gear ratio. However, presently there are no consolidated technologies 
of magnetic gearboxes and hence the invention proposed by the author of this 
PhD thesis and by the other inventors [133] is totally innovative. 

Nowadays, in the automotive field the gearbox is an essential component of 
vehicle power transmission and is made up of classical mechanical gears requiring 
the use of a clutch to allow the decoupling of rotating elements during gearshifts. 
Moreover, a fundamental target of the industries is the reduction of system 
complexity. Considering the classical sketch of an automotive power 
transmission, it includes the engine, with different solutions, according to the 
vehicle type such as traditional internal combustion engine solution, hybrid layout 
or full electric vehicle, then one or more clutches, a mechanical gearbox, and in 
case a torque limiter. 

 

 

Figure 7.1 – System complexity reduction with magnetic gearbox solution. 

The proposed invention, based on the principle of power transmission through 
magnetic gears, which are characterised by high performance and reliability, 
enables the integration of the clutch and of torque limiter functions inside the 
gearbox itself, avoiding the implementation of other mechanical components 
which are particularly subject to wear, as illustrated in Figure 7.1 with the 
proposed all-in-one solution. The invention also solves the problem of gear 
engagement noise, which is typical of traditional mechanical gearboxes, allowing 
the torque transfer between input and output without contact between mechanical 
components. Finally, the absence of contact between the mechanical components 
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avoids wearing and the necessity of lubricant oils, enhancing failure resistance, 
ensuring a longer life to the system, and introducing an environmental benefit 
with the reduction of polluting materials. 

 

7.1 Magnetic gearbox description 

The proposed magnetic gearbox is an innovative technology, which belongs 
to the sector of power transmission systems transferring the mechanical power 
generated by a power input source to a specific application user. For the sake of 
clarity, it is useful to briefly explain the technology of a traditional gearbox, 
comparing it to the proposed magnetic solution. 

A gearbox system is a device, usually of a mechanical type, characterised by 
discrete gear ratios, with a minimum of two gear ratios, for instance a chain drive, 
which can be considered constant or variable, but with a non-zero constant 
average; it is used to change the transmission ratio between the output of the 
power source and the input of the user device. In the automotive field, the gearbox 
systems is used to properly vary the torque transferred from the engine to the 
vehicle wheels through a transmission driveline. Similarly, gearbox systems are 
notoriously used in other different industrial fields as, for example, in electrical 
tools, in surgical instruments, and in energy transformers by means of wind 
turbine, or other devices. 

In general, a magnetic gearbox system can be used with several advantages in 
all the application fields where it is necessary to vary the transmission ratio 
between the output of a mechanical power source and the input of a generic user 
device, hence modulating the transmitted power as a product of torque and 
rotation speed. 

In the automotive field, the clutch is a necessary component to ensure 
gearshifts, allowing the engine and gearbox elements to be decoupled. 
Furthermore, by means of the shifter, the drivers activate a particular element 
inside the gearbox, called synchroniser, whose function is to synchronise the 
rotational speeds between specific gear wheels inside the gearbox, thus 
establishing a defined transmission ratio between input and output of the gearbox. 
the gearshift procedure has been better described in § 3.3. In summary, during any 
gearshift, the following phases shall be taken into account: clutch disengagement, 
choice of synchroniser using the shifter, gear synchronisation, gradual clutch 
engagement, motion of the vehicle with the new gear engaged. 

In addition to the constructive and design complexity, mechanical gearbox 
systems have further disadvantages, such as the necessity to use the clutch which 
is device subjected to wear. Furthermore, in their basic configuration, the 
mechanical gearbox systems are not designed to automatically include the 
function of torque limiter. A further drawback of traditional gearboxes is 
represented by the contact between the gears of transmission. This feature, in 
addition to gear wearing phenomenon, requires a periodic maintenance of the 
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gearbox to refill the lubricant oil, which is necessary for the correct functioning of 
the transmission gearbox. 

In this context, the main purpose of the magnetic gearbox invention is to 
overcome the mentioned drawbacks present in “state-of-the-art” mechanical 
gearbox systems. In particular, the proposed invention allows to limit or eliminate 
the contact areas between the gears of the system. In addition, this technology 
allows the gearshift, namely the discrete changing of transmission ratio without 
the aid of additional components subject to wear such as a clutch. The absence of 
contacts eliminates the consequent need for lubrication which is limited to the 
bearings only. Finally, the invention allows to limit the torque transferred between 
the gears of the system without the aid of additional components, like a torque 
limiter. 

The proposed multiple gear ratios magnetic gearbox is based on the principle 
of power transmission through magnetic gears and consists of a number of coaxial 
magnetic gears equals to the number of desired gear ratios. 

In a possible arrangement the internal rotor is driven by the power source and 
the external rotor is connected to the user and rotates at a speed determined by the 
transmission ratio of the selected gear. The intermediate element, containing 
ferromagnetic poles, creates the torque transfer. By moving its axial position, it 
can engage with different magnetic rotors allowing the torque transfer between 
inner and outer rotors with the desired transmission ratio. 

Dimensions of the magnetic gearbox and of its inner elements (magnets, 
ferromagnetic poles, airgaps) are optimised minimising the overall dimensions 
and maximising the torque transfer capability between input and output. In the 
following sections several architectures for a mechanical gearbox will be 
presented and discussed. 

 

7.1.1 Magnetic gearbox with moving carrier 

One of the first possible arrangements for a magnetic gearbox is the solution 
with the carrier subjected to an axial displacement in order to engage with the 
appropriate gear to transmit torque between input and output at a specific 
transmission ratio. This proposed solution is reported in Figure 7.2, where a 
configuration with six transmission ratios is chosen, adapting the magnetic 
gearbox to an automotive use. The presence of the moving carrier implies that the 
number of ferromagnetic poles is constant, and thus the number of PMs pole pairs 
on inner and outer rotors should properly change for each gear to respect one of 
the fundamental equations of magnetic gears, namely that the number of 

ferromagnetic poles q  must be equal to the sum of inner sn  and outer rotors rn

PMs pole pairs. In the proposed arrangement, the neutral position is not 
considered, yet. In the same figure it is possible to notice how the carrier moves 
axially inside the magnetic gearbox engaging with the third gear, with the 
assumption that the first gear is on the left and the sixth on the right part of the 
figure. 
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Figure 7.2 – Magnetic gearbox solution with a moving carrier. 

The transition phase between the disengagement of the off-going gear and the 
engagement of the on-coming gear requires to understand what the effects are on 
speed and torque transmitted between inner and outer rotors and the required time 
to synchronise the two rotors according to the new transmission ratio of the 
magnetic gearbox, depending on the number of PMs pole pairs of the magnetic 
gear is going to be used. 

As already mentioned, the use of the clutch can be avoided with the proposed 
invention of magnetic gearbox, although it is badly needed in a mechanical 
gearbox. In fact, by means of an adequate control of the input motor speed, during 
the new gear engagement, the carrier is moved with any interruption of the motion 
transmission between the involved rotors. Moreover, unlike what happens in the 
mechanical counterpart, the translation of the carrier is not hindered by the 
presence of constraints deriving from the mechanical contact between the rotating 
elements. 

 

7.1.2 Magnetic gearbox with moving ring 

A further possible solution for a magnetic gearbox, covered by the same 
patent, consists in having the outer rotor, namely the ring, as the common element 
of the gearbox, instead of the intermediate rotor, namely the carrier. The proposed 
solution is represented in Figure 7.3. According to this second configuration, the 
number of PMs pole pairs for the common outer rotor remains constant while, 
unlike the previous configuration, the number of ferromagnetic poles of the carrier 
varies, to fulfil the equation on the proper number of PMs and ferromagnetic 



 

110 
 

poles. On the other side, the number of PMs pole pairs on the inner rotor is instead 
different for each of the single magnetic gears that make up the magnetic gearbox.  

 

 

Figure 7.3 – Magnetic gearbox solution with a moving ring. 

Therefore, the relationship s rq n n   is still valid for each stage of the 

gearbox, although the implementation solution is different. This configuration is 
particularly advantageous from an economic point of view, since the costs related 
to the construction of the permanent magnets on the outer rotor is significantly 
reduced. According to this solution, a possible arrangement could be with the 
power source connected to the inner rotor, while the utiliser can be connected both 
to the external ring or to the intermediate rotor. In the first case, the outer rotor 
will be subjected to a roto-translation, especially during the gear engagement, 
rotating in opposite direction with respect to the inner rotor, while the 
ferromagnetic rotor has only the function of concatenating the magnetic flux 
between PMs of inner and outer rotors. Instead, as regards the second case, the 
outer rotor will be devoted only to the axial translation, while the intermediate 
rotor will be connected to the output, rotating in the same direction of the input 
shaft. 

 

7.1.3 Magnetic gearbox with moving sun 

Another innovative solution for a magnetic gearbox, in contrast with the 
previous one, consists in having the inner rotor, namely the sun, as the common 
element of the magnetic gearbox. The proposed solution is reported in Figure 7.4. 
According to this third possible configuration, the number of PMs pole pairs for 
the common inner rotor remains constant while the number of ferromagnetic poles 
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of the carrier and of the PMs on the outer rotor varies to fulfil the equation 

s rq n n  . 

 

 

Figure 7.4 – Magnetic gearbox solution with a moving sun. 

For this solution, as for the previous one, two possible arrangements could be 
proposed: in the former the inner rotor will be subjected to a roto-translation, 
especially during the gear engagement, while in the latter it is devoted only to the 
axial translation. To be clear, different combinations of input/output can be 
arranged with the three rotors, to ensure the desired transmission ratio and the 
desired rotation direction for the shafts of the magnetic gearbox. 

 

7.1.4 Two stages magnetic gearbox with two moving carrier 

A more compact innovative solution can be achieved with a multi-stage 
magnetic gearbox. In Figure 7.5 a two-stage magnetic gearbox is reported. It is 
made of three rotors, namely inner, middle, and outer rotors and two moving 
carriers, which are necessary for the magnetic interaction between other rotating 

elements. In this new arrangement, the relation s rq n n   is still respected both 

for the coupling between inner and middle rotor through the inner carrier and for 
the interaction between middle and outer rotor by means of the external carrier. 

This proposed solution can be used in two different ways. In the former, the 
two stages are used to amplify the transmission gear ratio of the single stage, so it 
is possible to combine the axial positions of the two carriers to achieve several 
different transmission ratios, which number depends on the stage number and on 
the number of magnetic gears for the single stage. Hence, assuming for this case a 
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stage number of 2stagen   and setting the number of magnetic gears equal to 

3MGn  , the total number of transmission gear ratios is 9stagen

tau MGn n  . 

 

 

Figure 7.5 – Multi-stage magnetic gearbox solution with two moving carriers. 

Instead, in the latter operating condition, and in similarity with the DCT 
gearbox analysed in § 3, the power input can be connected to the middle rotor, 
while the inner and outer rotors can be considered as the two secondary shafts of a 
DCT transmission. Therefore, for a six-gear gearbox, the outer rotor can be used 
for the first three gears, namely from 1st to 3rd, which require a higher torque than 
the input shaft, since the torque capability of a magnetic gear depends on some 
geometrical parameters and in particular it is proportional to the circumferential 
length. On the other side, the inner rotor will be used for the gears from 4th to 6th, 
which require a lower torque and higher rotational speeds than the input shaft. 

 

7.1.5 Applications and overcome of other previous patented 
solutions 

The proposed invention finds a possible application in several sectors of the 
industrial world. The automotive field is certainly the closest for the development 
and marketing of the proposed technology, with its possible implementation in 
vehicles with internal combustion engines, in hybrid vehicles, and in fully electric 
vehicles. Other sectors that may be strongly affected by this technology are 
automation and robotics, aerospace, military, and wind energy. 

As already mentioned in § 4.3.2, Atallah proposes in [118] a variable 
magnetic gear in which the carrier is connected to an auxiliary motor in order to 
regulate the transmission ratio between sun and ring, acting as a continuous 
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variable magnetic transmission. Instead, as regards the magnetic gearbox object of 
my research activity, there is not a motor devoted to the rotation of the carrier, 
which is subjected only to an axial translation. This aspect reduces the complexity 
of the magnetic gearbox and of its control during experimental activities. 

The variable gear ratio magnetic gearbox, proposed by Montgomery in [134], 
is made of inner and outer magnetic rotors, with the coupling element, namely the 
carrier, which comprises a plurality of magnetisable lamellae. Each interpole is 
formed from a group of neighbouring lamellae. Selected lamellae can be disabled 
to provide boundaries between adjacent interpoles. This allows different numbers 
and arrangements of interpoles to be formed, to provide different gear ratios 
between the first and second gear members. Moreover, Montgomery’s solution 
proposed as second option the construction of an array of ferromagnetic poles 
connected by springs with a system of insertion and disarming of the poles, and as 
third option of using auxiliary windings on the ferromagnetic poles of the internal 
rotor to regulate their saturation and their effect on the transmission ratio. On the 
contrary, our solution does not require any type of auxiliary winding and relative 
power supply converter. In addition to this, the Montgomery’s proposed solutions 
for activation/deactivation by saturation and/or connection/disconnection do not 
allow to maintain a fixed ratio between ferromagnetic and magnetic poles, 
compromising the performance in terms of efficiency and torque oscillations 
(torque ripple). Instead, our patent always guarantees compliance with this 
condition, allowing us to operate in optimal conditions. Finally, the magnetic 
gearbox patented by Cruden in [135] requires a system of mechanical gears 
coupled to a magnetic gear in order to adjust the gear ratio, acting with a 
mechanism similar to a synchroniser to engage the proper transmission ratio to put 
in rotation the carrier of the magnetic gear, hence operating as a continuous 
variable transmission. As previously stated, in our magnetic gearbox the carrier is 
subjected only to an axial translation. 

For sake of clarity, other several patents on magnetic gears are available, and 
other patents on magnetic gearbox acting as a variable transmission, with the three 
rotors in simultaneous rotations have been analysed to highlight and put in 
evidence the advantaged of our solution. The three patents here mentioned are 
those more exhaustive and complete, although quite different from our proposed 
technology. 

 

7.2 Study of gearshift procedure with analytical approach 

The dynamic analysis of the transition phase during the gear engagement of a 
different PMG in a magnetic gearbox is an essential step for the appropriate 
control of a test-bench for power transmission application, which include a 
magnetic gearbox. Firstly, a simple dynamic model, representing a motor 
connected to the vehicle load through a magnetic gearbox is considered. Then, 
five different manoeuvres are considered to switch from the first gear ratio to the 
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second one, including two acceleration phases to achieve the stationary condition 
at a certain gear ratio and three phases to manage the upshift phase. 

 

7.2.1 Dynamic model 

As previously told, in a transmission driveline it is very important to study the 
dynamic behaviour of its inner components, especially in the transition phases, 
which happen during upshifts or downshifts. In this section an analytical approach 
is used to study the transition phase, integrating the system motion equation. 
Alternatively, when it is impossible to solve the dynamic equations using simple 
integrals, the system differential equation is solved using Matlab function 
ode45. The system analysed is represented in Figure 7.6, where at one side a 

motor is connected to the planetary magnetic gear of the magnetic gearbox, while 
on the other side the load, namely a rotating inertia, represents the vehicle 
resistance. 

 

 

Figure 7.6 – Schematic diagram of a system with motor, gearbox, and load. 

The system is divided into three subsystems to write the dynamic equations, 
according to Figure 7.7. The actual PGM of the gearbox is characterised by a 
given gear ratio   and by an efficiency  . 

 

 

Figure 7.7 – Schematic diagram of the three subsystems. 

For the first subsystem, namely the input motor, the equation is written as: 

 1
M

M M

d
T T J

dt


 


 (7.1) 

where MT  and 1T  are the motor torque and the internal torque between motor and 

PMG, respectively, while MJ  in the motor moment of inertia. Instead, for the 

second subsystem, that is the planetary magnetic gear the set of equations in 
Eq. (7.2) is written: 
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where M

R






  is the gear ratio between input and output rotational speeds. For 

the third subsystem, which represents the vehicle load Eq. (7.3) is written: 

 2
R

R R

d
T T J

dt


 


 (7.3) 

where RT  and 2T  are the resistive torque and the internal torque between load and 

PMG, respectively, while RJ  in the moment of inertia that represents the vehicle. 

It is now possible to write the dynamic equation of an equivalent system, 
where rotational acceleration and speeds are evaluated at the input motor as done 
for resistive torque and moments of inertia. The characteristic equation of the 
equivalent system is here reported: 

 ' 0M
M R eq

d
T T J

dt


  


 (7.4) 

where 'RT  is the resistive torque evaluated at the input motor and 
2

R
eq M

J
J J


   

is the equivalent moment of inertia of the global system. 
 

7.2.2 Gearshift procedure 

The magnetic gearbox, analysed in this section, consists of two different PMG 
with a different gear ratio. Therefore, a torque profile for the input motor that 
depends on the rotational speed and two different resistive torque, evaluated for 
each gear ratio of the magnetic gearbox, is obtained in Figure 7.8. 

The motor torque law is given by Eq. (7.5): 

 
0 MM M M M BT T k T    (7.5) 

where Mk  is a constant related to the slope of the dash-dotted blue line in the 

previous figure, which represents a simplified linear torque characteristic for an 

electric motor, 
0MT  is the maximum torque at null engine speed, while 

MBT  are the 

dissipation torques related to the vehicle utilities and to the bearings on the first 
part of the driveline. The two resistive torques (red and black lines) are instead 
related to the vehicle rolling resistance and it could be written as Eq. (7.6): 

 2
0 2 RR R BT f f T    (7.6) 



 

116 
 

where 0f  and 3
2 0.5 d ff C A R  are two constant terms depending on tyres and 

vehicle dimensions, air density and drag coefficient, while 
RBT  represents the 

dissipation torques related to the bearings on the second part of the transmission 
driveline. 

 

 

Figure 7.8 – Operative torque characteristic of a magnetic gearbox driveline. 

As written previously, the resistive torque is evaluated at the input motor 
using the transmission gear ratio. The intersection of the blue line with the two 
resistive torques returns the stationary condition for each of the transmission gear 
ratios. In Table 7.1 some reasonable values for the system parameters are listed. 

Table 7.1 – Parameters of the transmission driveline with a magnetic gearbox. 

Type Parameter Value 

Inertia 
MJ  [kg m2] 0.025 

RJ  [kg m2] 130 

Bearing torque 
MBT  [Nm] 15 

RBT  [Nm] 5 

Rolling 
resistance 

0f  [Nm] 10 

2f  [Nms2/rad2] 0.0123 

Transmission 
gear ratio 

1  [-] -13/5 = -2.6 

2  [-] -11/7 = -1.57 

Motor Mk  [Nm/rad] 0.398 

Gearshift time CMt  [s] 2 

 
The first phase of the simulated manoeuvre represents an acceleration starting 

from a non-zero rotational speed of the rotating parts. In Figure 2.2 the magnetic 
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gearbox in working with the first gear ratio 1  given by the number of permanent 

magnets on inner and outer rotors of the corresponding planetary magnetic gear. 
 

 

Figure 7.9 – Magnetic gearbox working at first gear ratio 1  

In this condition it is necessary to solve Eq. (7.7): 
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 (7.7) 

This phase allows the system to get the first stationary condition. After that 
the disengaging phase occurs. The input motor torque is linearly reduced and the 
system is in a configuration like that reported in Figure 7.10 (left). 

 

 

Figure 7.10 – Magnetic gearbox during disengaging (left) and in  
neutral position (right). 

The input torque in this phase is written as: 
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where ,2MT  is the input torque in the second phase, 0 1CMx   is the axial 

displacement of the carrier inside the PMG from the engaged position (1) to the 

neutral one (0). Then, CMt  is the total time for disengaging and engaging and 1t  is 

the time at the end of the first acceleration phase. Therefore, it is necessary to 
solve the differential equation reported in Eq. (7.9): 
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(7.9) 

In the third phase the input motor and the vehicle load are uncoupled in order 
to suddenly reduce motor speed to correctly complete the engaging phase. The 
governing equations of this phase are reported in Eq. (7.10): 
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 (7.10) 

This phase continues until time 3t  when the 2M R    and then the engaging 

phase begins, followed by another acceleration phase, which are represented in 
Figure 7.11. 

 

 

Figure 7.11 – Magnetic gearbox during engaging (left) and working at second 
gear ratio 2  (right). 

During the engaging phase the system governing equation is reported in 

Eq. (7.11), that is the same of Eq. (7.9) but with 2  instead of 1 : 
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(7.11) 

Finally in the last acceleration phase the system equation is the same of 

Eq. (7.7), but with 2  instead of 1  as in Eq. (7.12): 
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 (7.12) 

The rotational speeds of the input motor and of the output shaft are reported in 
Figure 7.12. The four dashed vertical black lines separate the five different phases 
of the upshift manoeuvre. 

 

 

Figure 7.12 – Input motor and output speeds. 

The time in neutral position at time 2 3t t t   is necessary to decrease the 

engine speed up to the new rotational speed, determined by the new transmission 

gear ratio 2 . To conclude, in Figure 7.13 the trend of the input motor torque is 

reported. 
 

 

Figure 7.13 – Motor torque. 
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During the disengaging and the new engaging phase the magnetic gear acts as 
a torque limiter with a linear decrement of the transmitted torque, depending on 
the axial translation law of the ferromagnetic carrier. 

 

7.3 PID controller 

A proportional-integral-derivative (PID) controller [136] is a closed loop 
feedback algorithm. It is used where a continuous modulated control is required. 
In Figure 7.14 the block diagram of a PID controller is reported. 

 

 

Figure 7.14 – Block diagram of PID controller in a feedback loop. 

It calculates an error  e t , then applies a responsive correction to control 

function based on proportional, integral and derivative terms. The error  e t , 

namely the input of the PID is given by Eq. (7.13): 

      e t r t y t   (7.13) 

where  r t  is the desired setpoint, or reference, and  y t  is the output variable of 

the system that should be controlled. The PID controller acts on the error  e t  

acting a correction based on three different gains. The mathematical form in time 
domain is given by Eq. (7.14): 

        
0

t

p i dt

de t
u t K e t K e d K

dt
     (7.14) 

while in Laplace domain it is given by Eq. (7.15): 
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where pK , iK , dK  represents gains for the proportional, integral and derivative 

actions of the PID controller. The block diagram of a PID controller in the 
Laplace domain is reported in Figure 7.15. 

 

 

Figure 7.15 – Block diagram of PID controller in Laplace domain. 

The Eq. (7.14) could be written as Eq. (7.16): 
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  (7.16) 

where iT , dT  are the time constant of integral and derivative PID actions. These 

two parameters are correlated with iK , dK  by Eq. (7.17): 

 p
i

i

K
K

T
  , d p dK K T  (7.17) 

A PID algorithm includes an only proportional (P) controller, a proportional-
integral (PI) controller or a proportional-derivative (PD) controller. In Table 7.2 
different type of PID controller are summarised. 

Table 7.2 – PID controllers. 

PID type Parameters 

P 0pK   iT   0dT   

PI 0pK   iT   0dT   

PD 0pK   0iT   0dT   

PID 0pK   0iT   0dT   
 
In a PID controller each gain has a specific function: 

 pK , namely the proportional gain, directly changes the magnitude of 

the input, this means that if the system has a non-null steady-state 
error, it will be proportionally magnified; 
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 iK , namely the integral gain, is commonly considered linked to error 

of the time history and practically its effect is much more powerful if 
the integral of the error is larger, while it decreases in effect when the 
integral of error is low. This is the usual reason why in the asymptotic 
stable system the integral gain is very low or neglected; 

 dK , namely the derivative gain, is based on the rate of change of the 

error: if the error rapidly increases, then derivative action will be 
stronger. This term adds the ability of the controller to anticipate the 
error and this anticipation tends to add damping to the system, thereby 
decreasing overshoot. This term has no effect on the steady-state error. 

The transfer function of a PID controller depends on the three gains of the 
controller itself. Its transfer function is given by Eq. (7.18): 

  
2

d p ii
p d

K s K s KK
C s K K s

s s

 
     (7.18) 

Now, a simple mass-spring-damper system, as reported in Figure 7.16, is 
considered. 

 

 

Figure 7.16 – One DOF mechanical system. 

The governing equation of the system above is: 

 mx c x k x F     (7.19) 

that in Laplace domain becomes: 

        2m s x s c s x s k x s F s    (7.20) 

The transfer function between the input force  F s  and the output 

displacement  x s  is given by: 
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Considering the block diagram reported in Figure 7.15 the transfer function of 

the system with unity-feedback (   1H s  ) is given by: 
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 (7.22) 

Another possible layout for a PID controller is reported in Figure 7.17, where 
an input gain compensation [137] is considered. 

 

 

Figure 7.17 – Block diagram of PID controller with input compensation. 

A simple PID controller will be used in the next section to control the 
disengaging and engaging phases during a gearshift in a magnetic gearbox. 

 

7.4 Simulink model of a magnetic gearbox 

The same simplified driveline model, already discussed in § 5.3, is used now 
to study the dynamic of a magnetic gearbox with a block-oriented approach. 
Indeed, a control logic is applied to a magnetic gearbox transmission system, 
based on planetary magnetic gear technology, to study its behaviour both in 
steady-state and in transition conditions. The updated model of transmission, 
including a magnetic gearbox with two PMG, is reported in Figure 7.18. 

The ICE has been replaced by an electric motor, characterised by the linear 
torque trend reported in Figure 7.8. Instead, the central part of the driveline is 
composed by the magnetic gearbox, which contains inside two PMG with two 
different gear ratios. The ring of the magnetic gearbox, as previously, is connected 
to an inertia representing vehicle load resistance, while the driver manoeuvre is 
simulated through the TVO command, which acts on the torque characteristic of 
the electric motor. 
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Figure 7.18 – Model of driveline transmission with magnetic gearbox. 

All the transmission parameters are the same reported in Table 7.1. A PID 
controller is used to control the gearshift phase. Using this model different 
gearshift conditions have been analysed, but to be concise, only three different 
cases, namely three different control logic, will be discussed in this section. 

 

7.4.1 Test # 1 

In this first test, the controller acts on the TVO, which is directly operated by 
the driver through the gas pedal. All the timing parameters to manage the gearshift 
phase are listed in Table 7.3 

Table 7.3 – Time parameters during gearshift (test # 1). 

Description Parameter Value 

Starting time of gearshift st  [s] 15 

Time in neutral position Nt  [s] 0.2 

Time in control phase ct  [s] 0.8 

Time for disengaging+engaging CMt  [s] 1 

Starting time for disengaging 1 st t  [s] 15 

Starting time of neutral position 2 1 2
CMt

t t   [s] 15.5 

Starting time of control phase 3 2 Nt t t   [s] 15.7 

Starting time of engaging 4 3 ct t t   [s] 16.5 

Gearshift completed 5 4 2
CMt

t t   [s] 17 

 
Firstly, an only proportional controller is used. Then a PI is used to reduce the 

steady-state error, increasing the P term, as well. The values for the two gains are 
determined in order to avoid a saturation of the TVO during the control phase. 

In Figure 7.19 the speed of the input shaft (solid red line) and of the 
secondary shaft (dash-dot blue and dot-dot black lines), which is reported to the 
primary shaft, for both the gear ratios, are represented. During the control phase, 
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at time 3 4t t t  , a steady-state error occurs due to the integrative gain that is 

equal to zero.  
 

 

Figure 7.19 – Sun and ring (reported to primary shaft) speeds during the 
simulation (left) and gearshift period (right). 

In Figure 7.20 is reported the torque provided by the electric motor connected 
to the sun of the PMG, the TVO of driver and the TVO command, that is the input 
of the electric motor; the motor takes into account the TVO request during the 
control phase. The following PID gains are considered: 

 216
1 0 0

400p i dK K K    .  

 

 

Figure 7.20 – Input torque and TVO command during the gearshift phase. 

The value 
216

400pK   is calculated using Eq. (7.23): 
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where  2r
M n

T


 is the torque that must be provided by the electric motor at the 

new rotational speed, which depends on the transmission gear ratio of the second 

PMG, while  2s rn n    is the speed gap that have to be fill with the use of an 

only proportional control during the gearshift phase. 
Then the proportional gain is increased, and a non-null integral gain is 

considered. As it is possible to appreciate from the two figures below, the steady-
state error in reduced with an overshoot at the beginning of the control phase due 
to the increment of the proportional gain. In this way a saturation at the value of 
100% occurs at the beginning of the control time. The following PID gains are 

considered:  216
5 2 0

400p i dK K K    . 

 

 

Figure 7.21 – Speeds (left) and torque (right) with increased proportional and 
integral gains of PID controller. 

Instead, as regards the torque modulation inside the magnetic gearbox, 
reported in Figure 7.22, during the disengagement the transmitted torque is 
reduced with a linear decrement from the torque value provided by the electric 
motor to zero, then during both neutral and control phases it remains at a zero 
value and finally, during the engaging phase, it increases from zero to the torque 
necessary to rotate at the new speed, according to the electric motor torque 
characteristic. 

 

 

Figure 7.22 – Coefficients for PMG torque modulation 
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If a PI controller is used the time for the control phase, ct , could be reduced 

from 0.8 s up to 0.1 s, as illustrated in Figure 7.23. Moreover, in this case, also the 
speed oscillations during the engaging phase are significantly reduced. Instead, 
the controller acts in an on/off way during time in which it is active. 

 

 

Figure 7.23 – Speeds (left) and torque (right) using PI controller  
and a 0.1ct   s. 

Finally, if an only P controller is used, the control time should be enough long 
to avoid losing of synchronism during the engaging phase after the control phase. 
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7.4.2 Test # 2 

During this test the time in neutral position is fixed to zero and thus the 
synchronisation with the new gear will be reached using only the control phase. In 
Table 7.4 all the timing parameters of the simulation are listed. 

Table 7.4 – Time parameters during gearshift (test # 2). 

Description Parameter Value 

Starting time of gearshift st  [s] 15 

Time in neutral position Nt  [s] 0 

Time in control phase ct  [s] 0.8 

Time for disengaging+engaging CMt  [s] 1 

 
Firstly, as done for test # 1, an only proportional controller is used and results 

are reported in Figure 7.24. The following PID gains are considered: 

 216
1 0 0

400p i dK K K    . As it is possible to notice from the figure, in the 

first part of the control phase, the controlled TVO is equal to zero. This time 
corresponds to the time necessary to decrease the electric motor speed to the 
appropriate velocity to engage with the second gear ratio, while in the second part 
of the control phase, the TVO assumes a constant value, which guarantees the 
equilibrium between motor torque and the dissipations due to the bearings of the 
driveline. 

 

 

Figure 7.24 – Speeds (left) and torque (right) with only proportional gain. 

After that, also the integral gain is considered, as reported in Figure 7.25, and 

thus the same PID gains of test # 1 are used:  216
5 2 0

400p i dK K K    .  
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Figure 7.25 – Speeds (left) and torque (right) with PI gain. 

The time for the control phase could be reduced from 0.8 s up to 0.2 s using 
both a P and a PI controller. 

 

 

Figure 7.26 – Speeds with only P (left) and PI (right) controller and a 0.2ct   s. 

As reported in Figure 7.26, the most perceivable effect of the control time 
reduction is the reduction of the oscillations in the motor speed during the 
engagement of the second PMG. Moreover, with a PI controller, this reduction is 
more evident than using an only proportional controller. 
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7.4.3 Test # 3 

The main characteristic of this test is that the magnetic gearbox is in neutral 
condition for a certain time during the gearshift phase. Table 7.5 is used to define 
the gearshift timing, while Table 7.6 is used to clarify the several conditions, 
which happen during the gearshift phase. 

Table 7.5 – Time parameters during gearshift (test # 3). 

Description Parameter Value 

Starting time of gearshift st  [s] 15 

Time in neutral position Nt  [s] 0.4 

Time in control phase ct  [s] 0.4 

Time to complete gearshift CMt  [s] 1 

Time for TVO modulation TVOt  [s] 0.3 

 

Table 7.6 – Gearshift events. 

Event 
Timing 

1 st t  2 1 TVOt t t   3 2 Nt t t   4 3 TVOt t t   

Disengaging TVO 
modulation 

  
  

Carrier disengaging     
TVO control phase     
Carrier in neutral 

position 
  

  

Carrier engaging     
Engaging TVO 

modulation 
  

  

 
According to values reported in the previous tables, the controller is 

overlapped to the neutral condition of the magnetic gearbox. In the first two tests 
it has been seen that oscillations on the speed on the sun rotor of the gearbox were 
mainly due to the engaging phase. Indeed, the TVO modulation between two 
different values must be properly managed, using a hyperbolic tangent trend 
instead of a linear increment/decrement. The position assumed by the carrier 
inside the magnetic gearbox during the simulation of this test is illustrated in 
Figure 7.27. The CAD model of magnetic gearbox used for these figures will be 
discussed in the following sections. 
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Figure 7.27 – Carrier position inside magnetic gearbox:  
1st gear (left), neutral (centre), and 2nd gear (right) 

The simulation results are reported in Figure 7.28, with a representation of the 
TVO, and in Figure 7.29, with the plot of speeds of transmission elements using 
an only proportional and a PID controller. 

 

 

Figure 7.28 – Torque and TVO trends using a P (left) and PID (right) controller. 

The values used for control gains in PID conditions are: 

 216
5 2 0.1

400p i dK K K    , while for the only proportional control 

 216
1 0 0

400p i dK K K    . 

 

 

Figure 7.29 – Speed trends using a P (left) and PID (right) controller. 

The torque transmitted by the planetary magnetic gear is modulated according 
to two different coefficients during the gearshift phase, since the ferromagnetic 
element, devoted to the modulation of the magnetic fields of inner and outer rotor, 
is subjected to an axial movement inside the magnetic gearbox. Their trend is 
reported in Figure 7.30. 
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Figure 7.30 – Coefficients for PMG torque modulation. 

As it is possible to notice from Figure 7.29, the oscillations on the sun speed 
during the engaging phase are still present, especially using an PID controller. 
This aspect is due to a small non-equilibrium condition between the end of the 
control phase and the beginning of the engaging phase. Moreover, the damping 
contribution on the transmission elements is a merely estimation. For this reason, 
this issue should be further investigated during the experimental activities on the 
magnetic gearbox prototype. 

 

7.5 Magnetic gearbox prototype 

All the analyses performed in the previous sections have been devoted to the 
study of the magnetic gearbox dynamic, especially in the transition phase between 
two different transmission ratios. However, the activities are not only simulative 
or analytic, since a functional demonstrator prototype, which has the purpose of 
being configurable with different power input / output solutions, has been 
realised. The prototype will allow, during the experimental campaign, to validate 
the high efficiency in terms of torque conversion in stationary gear ratio 
conditions, typical of magnetic gears and already demonstrated in simulations. 
Moreover, the optimal gearshift procedure between two different transmission 
ratios will be tested with an appropriate control strategy through dedicated 
sensors, which are mounted at input / output of the device. The magnetic gearbox 
prototype has been realised thanks to the participation in a Proof of Concept 
project for the development of the technology and an increment of the Technology 
Readiness Level (TRL) from 2 to 4, starting from a level in which the only the 
theoretical working principles of the technology were known to its experimental 
validation in the laboratory. 

The main activities, aimed at the development of the invention, involved the 
design and construction of a two-stage (two-speed) magnetic gearbox prototype, 
to validate the patented idea, verifying the effectiveness of the system, evaluating 
the technological construction solutions, and highlighting any possible critical 
aspect in different kinematic and dynamic operative conditions. 
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Furthermore, the manufactured prototype is characterised by a functional 
parametricity, which allows to investigate different configurations concerning the 
transmission ratio, varying both its absolute value and its sign, thus allowing to 
reverse or not the direction of rotation between power input and output. In parallel 
with the realisation of the prototype, a devoted test bench was designed and built 
to explore and evaluate the magneto-mechanical characteristics of the prototype in 
different working conditions, through appropriate test protocols. 

 

7.5.1 Prototype dimensions 

The magnetic gearbox prototype can be considered as an evolution of the 
planetary magnetic gear prototype designed and proposed in § 6.2.2 as second 
release. Therefore, all the assumptions about prototype sizing, made in section 
§ 6.2, remain valid. 

Table 7.7 – Magnetic gearbox prototype dimensions and results. 

Parameter Value Unit 
Sun PM thickness ,PM sth  6.75 mm 

Ring PM thickness ,PM rth  5 mm 

Steel poles thickness polesth  8.25 mm 

Sun yoke thickness ,yoke sth  6 mm 

Ring yoke thickness ,yoke rth  8.5 mm 

Air gap 2 mm 

Gear external radius extR  62.5 mm 

Gear axial length L  10 mm 

Sun PMs pole pairs sn   5 7  - 

Ring PMs pole pairs rn   13 11  - 

Carrier steel poles q  18 - 

Gear transmission ratio /s r   2.6 1.57   - 

Results Value Unit 

Torque inner rotor (sun) scT   2.57 3.46  Nm 

Torque outer rotor (ring) crT   6.68 5.43  Nm 

Torque carrier cT   9.25 8.89   Nm 

Weight PMGm  0.66 (one PMG) kg 

Torque density T    3.89 5.24  Nm/kg 

 
All the information on the active part of the magnetic gearbox prototype, 

include two PMG with a common carrier, are reported in Table 7.7. The two 
transmission ratios depend on the number of PMs on the inner and outer rotor, 
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which are then connected to a common input shaft and a common output shaft, 
respectively. The proposed dimension allow to have not an higher torque on the 
rotors, with a maxim value less than 10 Nm, when the input shaft is connected to 
the carrier and the gearbox is working at the first transmission ratio. 

After the appropriate sizing has been defined the magnetic gearbox has been 
designed using Solidworks software, as better illustrated in the next section. 

 

7.5.2 CAD model of magnetic gearbox prototype 

The magnetic gearbox prototype has been designed starting from the 
dimensions of the active part, discussed in the previous section, and reported in 
Figure 7.31. It is made of two PMG with a common carrier, which in the figure is 
placed along the first PMG. the PMs on the inner and outer rotors are glued on the 
corresponding yokes. Moreover, a neutral position is added to the gearbox with 
two different aims: the former is testing the gearshift manoeuvres with also this 
condition, while the latter is related to the efficiency of a PMG. Indeed, with a 
neutral position it is possible put in rotation the input and outer rotors of the 
prototype in order to evaluate bearing dissipations, to separate mechanical 
dissipations from magnetic dissipations, evaluating both a mechanical and a 
magnetic efficiency for the magnetic gearbox. 

 

 

Figure 7.31 – Active part of magnetic gearbox prototype. 

The yokes are then connected with screws both on inner and outer side, to 
have the whole active part, which in then mounted on the magnetic gearbox 
protype. This solution allow to have an active part, which could be replaced in 
case of failure, or two different transmission ratios are desired. Instead, the carrier 
is made of resin material, which structure houses the ferromagnetic poles. 
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The active magnetic gearbox is mounted on the passive structure of the 
magnetic gearbox protype, which is reported in Figure 7.32. 

 

 

Figure 7.32 – CAD model of magnetic gearbox prototype. 

The proposed solution is similar to the magnetic gear prototype reported in 
Figure 6.5. The slight differences are related to the active part and to the presence 
of an actuation system to axially move the carrier, allowing the engagement of a 
different transmission ratio. The carrier movement is made possible by a step 
motor, which is connected to a gear wheel. the actuation system for the carrier 
movement is reported in Figure 7.33. The rotation of the stepper allow the rotation 
of three different pin, connected to three planetary gears of an epicyclic system, 
which put in rotation three screws, inside the gearbox. These screws are then 
connected with three threaded bushings glued on the carrier. 

The proposed magnetic gearbox consists of an external structure, which 
include the active part of magnetic gearbox. The idea to test the magnetic gearbox 
in a dual way, having different configurations for the input/output of external 
power, is maintained, hence the configuration modification is realised in a simpler 
way, just exchanging only some screw connections of the prototype. 

The two possible configurations are reported in Figure 7.32 where on the top 
side the external ring is fixed to the supporting plate and the carrier is connected 
to the output shaft through a connecting flange. Likewise, on the bottom part, the 
carrier is fixed to the same plate and the ring rotates together with the output shaft. 
Moreover, the solution with a conical coupling is chosen to connect the input shaft 
of the prototype with the inner rotor of the active part of the magnetic gearbox. 
Meanwhile the outer rotor of the active part of gearbox is connected to the 
external ring by means of three parallel pins with interference fit. 
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Figure 7.33 – Actuation system for carrier translation. 

Moreover, an advantage is to have a magnetic gearbox prototype completely 
independent from the test bench, which has been realised using Bosh profiles with 
a modular solution, which guarantees a higher facility of mounting and 
dismounting, as reported in Figure 7.34. 

 

 

Figure 7.34 – Test bench with magnetic gearbox. 

The modular structure of the test bench is completely symmetric with respect 
to the magnetic gearbox. Indeed, starting from the centre, the transmission 
driveline counts a first elastic joint (to connect the shaft of the prototype with the 
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torque sensor), the torque sensor itself, which can also evaluate the rotational 
speed, another elastic joint (to connect to torque sensor to the electrical motor) 
and the brushless motor. A solution with two electric motors is chosen, where the 
first one works as a motor, controlling it in torque, while the secondo one is 
controlled in speed and works as a brake. Moreover, it is possible to supply power 
from both sides, allowing the magnetic gearbox to be tested both as a torque 
multiplier or a speed multiplier. 

On the other side, the presence of a higher number of radial and axial bearings 
causes more dissipation, reducing the mechanical efficiency between input and 
output of the system. For this reason, the presence of the neutral condition allows 
evaluating a mechanical efficiency which should be considered in the evaluation 
of the global efficiency of the magnetic gearbox prototype. In Figure 7.35 the 
operative bearings in the two possible configurations are highlighted. 

 

 

Figure 7.35 – Operative bearings in two different configurations:  
carrier fixed (left) and ring fixed (right). 

In the first configuration (carrier fixed), seven bearings (two of them are 
bigger than other five) are rotating, while in the second configuration (ring fixed), 
always seven bearings are in rotation, with greater dissipations since the largest 
bearings are three, instead of two in the previous case. 

 

7.6 Magnetic FEM simulations 

This section is devoted to the simulation analysis of electromagnetic 
quantities, namely magnetic flux, and magnetic induction, to compare them with 
the experimental data, measured on the first gear of the magnetic gearbox 
prototype, which will be discussed in the next chapter of this thesis. 

The waveforms of the main magnetic properties, especially of magnetic flux 
and induction, have been simulated with static simulations, using FEMM 
software, changing the angular positions of inner and outer rotors of the magnetic 
gears, that compose the magnetic gearbox. These quantities are calculated at 
different distances in radial direction for each component which is part of the 
magnetic gearbox, namely at inner and outer yokes, on the inner and outer airgap, 
and on the ferromagnetic poles of the carrier. 
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A complete rotation of the sun is done with a degree step of 0.25 , so on all 
the following figures five periods for each magnetic quantity can be seen, since 
the number of PMs pole pairs on the inner rotor is five. To be clear, all the angle 

positions analysed for the sun are reported in the vector  0 : 0.25 : 360s   , 

while for the ring the vector is ,max 1 ,max 1: 0.25 / : 360r r r          , where 

,maxr  is the angle position of the ring, which return the highest transmissible 

torque, while 1  is the transmission ratio of the analysed magnetic gear, that in 

this case is assumed equal to 1 2.6  . Therefore, in this way, during the different 

steps of simulation the transmissible torque of the PMG is almost the same, except 
for a torque ripple. 

The induction quantities are evaluated using the function 

   ,  = mo_getb ,B x y x y , while the magnetic flux is evaluated using the circuitry 

of the magnetic potential    ,  = mo_geta ,A x y x y . 

Finally, the voltage is evaluated during the post processing using the Faraday-
Neumann-Lenz law of magnetic induction: 

 
d

V emf N
dt


     (7.24) 

where V emf   is the voltage or electromotive force at coil terminals, N  is the 

number of coil turns,   is the magnetic flux, and t  is calculated imposing a 
certain rotational speed to the rotors of the PMG. 

 

7.6.1 Magnetic induction 

The magnetic induction B  in evaluated in radial and tangential direction in 
different elements of the magnetic gear. 

 

 

Figure 7.36 – Normal (left) and tangential (right) magnetic induction  
inside pole versus sun rotation. 
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Therefore, in Figure 7.36 the radial and tangential magnetic inductions inside 
the ferromagnetic pole are computed. 

Five difference points in radial directions are assumed for this analysis. The 
first point at 0x   corresponds to the inner point of the pole, namely the nearest 
point to the inner rotor, while the nearest point to outer rotor is considered, for 

polex th . 

The highest value for the normal magnetic induction is similar for all the 
points. This means that the magnetic induction has a prevalent contribution in the 
radial direction. Instead, as regards the tangential induction, the maximum value is 
evaluated for the point nearest the inner rotor with a contribution near to zero for 
the external point. 

Instead, Figure 7.37 shows the magnetic induction in normal and tangential 
directions simulated in the inner and in the outer airgaps. 

 

 

Figure 7.37 – Normal (left) and tangential (right) magnetic induction  
in the airgaps versus sun rotation. 

Only the PMs on the inner rotor have been segmented in the simulation and 
the effect of segmentation is highly visible in the inner airgap at high values of the 
normal induction and at low values, near to zero, of the tangential induction. 

The effect of segmentation is still evident in Figure 7.38, which show the 
magnetic induction in both directions. 

 

 

Figure 7.38 – Normal (left) and tangential (right) magnetic induction  
inside yoke sun versus sun rotation. 
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The magnetic inductions are evaluated at three different points of the yoke of 
the sun rotor. As it can be seen from the previous figures the magnetic inductions 
are higher at the outside of the yoke since this point is closer to the magnets. 
Instead, as regards the tangential induction, the highest values of the three 
waveforms are comparable. Moreover, the three lines are quite overlapped: this 
means that the induction in the tangential direction is equally distributed inside the 
inner yoke. 

Finally, Figure 7.39 shows the magnetic induction in normal and tangential 
directions in three different points of the yoke of the ring rotor. As it can be seen 
from both figures the inductions are higher inside of the yoke because that point is 
closer to the PMs of the outer rotor. So, for the normal induction, the trend is 
similar for both inner and outer yokes, while for the tangential induction, the three 
waveforms are slightly different. 

 

 

Figure 7.39 – Normal (left) and tangential (right) magnetic induction  
inside yoke ring versus sun rotation. 

In all the previous figures the points in which evaluate the magnetic properties 
during the simulations, were fixed with a rotation of the inner and outer rotors. 
Hence, for a complete rotation of the high-speed rotor, namely the inner one, in all 
the plot it was possible to notice that the waveform has a replicability with a 
multiplicity of 5, which is the number of PMs on the inner rotor. 

The other analysis on the magnetic induction waveforms is made selecting the 
same three points of the yokes rotating them of the same angle of the 
corresponding yokes. In this way it is possible to evaluate possible dynamic 
effects on the magnetic induction, comparing them with the experimental data. 

For sake of clarity, the magnetic inductions in x  and y  direction are 

evaluated in FEMM for the points which were rotating in the several simulation 

steps. Then, in the post processing the inductions xB  and yB  are rotated of the 

appropriate angle, achieving nB  and tB . 

The induction in both directions, evaluated at the same three rotating points 
on the yoke of the sun are reported in Figure 7.40 

The sign of normal induction is always the same during a complete rotation of 
the sun rotor, with a small ripple, while for the tangential induction the sign is still 
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the same. In this last case the ripple seems to be higher but the mean value in 
much less than the normal induction. Therefore, it can be said that the major 
component of the induction in the normal one. Certainly, a numerical noise affects 
the numerical simulation. Moreover, for both inductions the waveforms has a 
replicability with a multiplicity of 18, which is the number of ferromagnetic poles. 
This effect is perceivable since the carrier is fixed, hence also the ferromagnetic 
poles are fixed, and the observing points during a complete rotation of the inner 
rotor view a modification of the magnetic induction due to poles. 

 

 

Figure 7.40 – Normal (left) and tangential (right) magnetic induction  
inside yoke sun (rotating points). 

Instead, the inductions evaluated at the points on the yoke of the ring are 
reported in Figure 7.41. 

 

 

Figure 7.41 – Normal (left) and tangential (right) magnetic induction  
inside yoke ring (rotating points). 

For the ring rotor it happens that the normal induction has the same sign 
during the ring rotation with a ripple higher than the sun normal induction. 
Instead, as regards the tangential induction, it has a sinusoidal trend during the 
ring rotation, with a non-zero mean value. 

For the evaluation of dissipations due to eddy currents, it can be useful a plot 
of the normal induction versus the tangential one, as reported in Figure 7.42 for 
both inner and outer rotors. 
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Figure 7.42 – Normal vs tangential induction inside yokes of  
sun (left) and ring (right). 

As it is possible to notice from the previous figures, the loci of magnetic 
induction are not always elliptical due to harmonic distortion, geometrical effects, 
and numerical noise of the simulation. The numerical evaluation of the losses due 
to eddy currents will be discussed in future papers, but not in this PhD thesis. 

 

7.6.2 Magnetic flux 

As told before, the magnetic flux is evaluated knowing the magnetic potential 
in the ferromagnetic pole. Unlike for the magnetic induction, the magnetic flux is 
evaluated only in the centre of pole, using the circuitry of the magnetic potential, 
since the simulated flux will be compared with the experimental one in the next 
chapter. The radial and tangential magnetic fluxes are reported in Figure 7.43. 

 

 

Figure 7.43 – Magnetic flux versus sun rotation. 
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the sun rotor, and a clockwise rotation of the ring during the simulation, the two 
waveforms have a phase shift of 22.5 °. 

 

7.6.3 Voltage 

If two different windings with a certain number of coils are placed in radial 
and tangential direction on the ferromagnetic pole, it is possible to evaluate 
experimentally the voltage at the ends of the windings. In this case the voltage is 
evaluated using Eq. (7.24) starting from the two numerical fluxes in radial and 
tangential directions. 

 

 

Figure 7.44 – Voltage versus sun rotation. 

As it can be seen the induced voltage is not sinusoidal, this is due to the 
harmonics inside the magnetic flux. The highest value is around 1.000 mV, and it 
depends on the rotational speed of the rotors. Therefore, in order to perform a 
comparison with experimental data a rotational speed of 600 rpm for the low-
speed side, namely for the ring, is assumed in the voltage evaluation during post 
processing. 

 

7.6.4 Torque 

The transmissible torque of the magnetic gear is computed through the 
Maxwell's stress tensor, as already explained in § 5.1.4. In Figure 7.45 the 

transmissible torque at the inner rotor scT  is reported for a complete rotation of 

the sun rotor. There is a very little torque ripple, which has a multiplicity of 5, 
according to the number of PMs of the inner rotor. 
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The maximum transmissible torque is influenced by different constructional 
parameters of the magnetic gear but also by the residual magnetic induction of the 

PMs, which according to the datasheet is 1.28rB   T. 

 

 

Figure 7.45 – Transmissible torque versus sun rotation. 

Finally, it is important to state that the torque is computed using a 2D 
software as FEMM, so the maximum transmissible torque, which will be 
experimentally evaluated could be lower than the simulated value. This effect is 
probably due to boundary effects, since the axial length of each magnetic gear of 
the magnetic gearbox is only 10 mm. 

 

7.7 Conclusions 

The innovative technology of a magnetic gearbox has been proposed, 
proposing a complexity reduction of the transmission driveline with the 
integration of the clutch, of gearbox and eventually of the torque limiter in a more 
compact solution of magnetic gearbox, which solves the problem of gear 
engagement noise, allowing the torque transfer in contactless way. 

Several solutions of magnetic gearbox, with different moving elements, sun, 
carrier, and ring, have been presented, pinpointing the slight constructional 
differences of each solution. Moreover, a double stage of magnetic gearbox has 
been proposed, with two translating carriers for the gear engagement: this kind of 
gearbox can regulate the transmission ratio both in series and in parallel 
configurations. 

After that, an analytical model of a transmission driveline with a magnetic 
gearbox has been developed to study the gearshift procedure between two 
different PMG. The Simulink model of the previous chapter has been readjusted 
to simulate driveline dynamics with a magnetic gearbox, hence different control 
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logics have been developed and simulated to achieve the optimal gearshift 
procedure. 

A CAD model of the magnetic gearbox prototype has been designed, together 
with its devoted test bench for contactless power transmission applications. 

Finally, some simulative results on the magneto-mechanical properties of the 
gearbox prototype, which are obtained using FEMM, have been presented to be 
subsequently compared with the same experimental results, proposed in the 
following chapter. 
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Chapter 8 

8. Development of a test rig for 
power transmission applications 
using a magnetic gearbox 

This chapter deals with the development of a test rig for power transmission 
application to test the magnetic gearbox prototype, which CAD model has been 
already discussed in § 7.5. The test rig is integrated with a customised electrical 
panel, which include components for both the power supply to the electric 
brushless motors and for the acquisition system. 

A dedicated project is under developing using LabView software to manage 
the control of the test bench and the acquisition of experimental data, through the 
sensors, namely torque sensors and magnetic incremental encoders, placed at both 
side of the magnetic gearbox prototype. 

 

8.1 Prototype construction 

One of the first steps for the assembly of prototype is the realisation of the 
active part of the magnetic gearbox, hence the assembling of components, which 
made the inner and outer rotors. In Figure 8.1 and Figure 8.2 the inner and outer 
rotors of the two magnetic gears of the gearbox are reported with the segmented 
PMs glued on the corresponding inner and outer yokes. Then the two inner rotors 
are assembled and mounted on the inner shaft of the prototype through the conical 
coupling and a lock nut as illustrated in Figure 8.3 (left), while the two outer 
rotors are connected by means of screws to the neutral position as reported in 
Figure 8.3 (right). 
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Figure 8.1 – Inner (left) and outer (right) rotors of 1st PMG with glued PMs. 

 

    

Figure 8.2 – Inner (left) and outer (right) rotors of 2nd PMG with glued PMs. 

 

   

Figure 8.3 – Assembling of inner (left) and outer (right) rotors of the two PMGs. 

Instead, as regards the intermediate element of the magnetic gearbox, namely 
the carrier, is made of resin and holds the ferromagnetic poles. As it is possible to 
notice from Figure 8.4, on 3 of the 18 poles there are 2 different windings, in 
radial and tangential directions with a certain number of coils, to evaluate the 
magnetic flux during torque transmission of the magnetic gearbox. 
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Figure 8.4 – Ferromagnetic poles inside carrier rotor with windings  
for magnetic flux evaluation. 

In Figure 8.5 the prototype during the assembly phase is reported. it is 
possible to notice the carrier engaged with the 1st PMG. Meanwhile, it is possible 
to visualise the neutral stage and the PMs on the inner rotor of the 2nd PMG. 

 

 

Figure 8.5 – Inner of gearbox prototype during assembly. 

Moreover, two radial bearings are fitted with the lower and upper flanges, and 
an axial bearing is used to support all the prototype on the fixing plate on the 
bottom of the figure. Finally, the cable corresponds to the already mentioned coils 
for the measurement of the magnetic flux and to the cables of two micro-switches, 
which are used as end-stop for the carrier translation inside gearbox. 
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In Figure 8.6 the assembled magnetic gearbox prototype is reported. In details 
it is possible to detect on the left the step motor and the mechanical gears, which 
will eb used for the translation of the carrier. 

 

 

Figure 8.6 – Magnetic gearbox prototype. 

The magnetic gearbox is then mounted on a dedicated test bench, already 
discussed in the CAD model, which be described in the next section together with 
the electrical panel.  

 

8.2 Test rig and electrical panel 

A global overview of the test bench for power transmission applications with 
a magnetic gearbox is reported in Figure 8.7, where on the left it is possible to 
notice the prototype on the customised modular structure, while on the left an 
electrical panel is placed. 

 

 

Figure 8.7 – Assembled and instrumented test rig. 
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Different experimental test can be carried out on the test rig with magnetic 

gearbox technology, by exploiting its working principles as both magnetic gear 
and magnetic gearbox. In summary the possible tests are here listed: 

 start-up test: the magnetic gearbox will be tested in a configuration 
with the same PMG (i.e., 1st gear), starting from a non-rotating system 
condition, to evaluate the motion transmission, vibrational behaviour 
during application of driving and resistive torques; 

 test in stationary condition: the magnetic gearbox will be tested at 
fixed gear ratio, to check that the transmission ratio is kept constant 
during all the test, and to assess the presence of any torque ripple, not 
present in the simulation stage; 

 test in overload condition: the prototype will be tested by applying a 
torque overload upstream or downstream of the system, to test its 
intrinsic function as a torque limiter, which allows to avoid damage to 
the transmission; 

 test in neutral condition: the prototype will be tested in neutral 
condition to estimate its mechanical efficiency, which depends on the 
dissipations of bearings inside gearbox; 

 test of transition conditions: the two-speed prototype is tested during 
the gearshift phase, analysing the kinematic quantities and dynamic 
variables, both in the upshift phase (gear increment), and in the 
downshift phase (gear reduction). 

The development of the test rig also includes the realization of an electrical 
panel for both controlling and supplying power to the brushless motors and to the 
acquisition instruments mounted on the test bench. Five different voltage levels 
are considering during the design of the electrical panel, which are listed, here: 

 400 V (AC): to supply the rectifier; 

 540 V (DC): to supply the inverter; 

 230 V (AC): to supply the converters 230 V (AC) / 24 V (DC) or 
230 V (AC) / 5 V (DC); 

 24 V (DC): to supply motor stepper for gearshift, torque sensors, 
acquisition system (Compact Rio), the auxiliaries of inverter and its 
heatsink; 

 5 V (DC): to supply incremental magnetic encoders. 

A more detailed description of all components inside the electrical panel will 
be provided in the following section. 
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8.2.1 Electrical panel project 

A five-core electrical plug, which is connected to the electrical grid with a 
five-core cable provides power to the electrical panel through the terminal blocks 
(squared in green) in Figure 8.8. 

 

 

Figure 8.8 – Electrical panel. 
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The first component is the automatic circuit breaker (squared in red), which 
has the function of protect the entire electric line from overload and short circuits. 
After the automatic circuit breaker, the electric line is divided in five different 
sections, as indicated in the single line diagram of Figure 8.9. 

The first section is the three-phases power supply of the motors. In this first 
line, proceeding in sequential order, the first component is the fuse disconnector 
(squared in blue), which has the function of protect the line from overcurrent. 
After that there is a contactor (squared in pink), with a coil supplied with the 24 V 
(DC), that allows to turn on the electric drive of the brushless motor, when a start 
button is pressed. Before the electric drive, there is the a particular component, 
called main choke (squared in orange), which has the function of filtering the 
current from power line disturbances. The electric drive is composed by two 
different modules, the KEN 5-0N rectifier (squared in light blue) which converts 
the voltage to 540 V (DC) and the KWD-5 inverter module (squared in yellow), 
with two different motor drivers. 

 

 

Figure 8.9 – Single line diagram. 

Moreover, an emergency button stops the motors when a problem occur, 
acting on the inverter, which goes in an emergency state, hence opening the 
Insulated Gate Bipolar Transistor (IGBTs), to disconnect the power supply. 

The nominal current is 16 A since, although the motors have a nominal power 
of 5 kW each, one of that is working in break mode, so the power is exchange 
from one motor to the other one without absorbing huge current from the line. 

The other four sections deal with the low voltage lines: the conversion from 
230 V (AC) to 24 V (DC) and 5 V (DC) was made with four converters (squared 
in brown). The loads have been equally sub-divided in order to keep the line 
balanced. 

Finally, all the sections are protected by fuse disconnectors (squared in black), 
which have been sized in according with the nominal current absorbed by the 
respective section. The converters have a short circuit protection inside of them, 
so only the line that feeds the stepper motor has also a fuse disconnector after the 
converter, since the stepper driver is the only one component that can risk an 
overload. 
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The electric panel during the experimental tests remains closed and the 
interface with the external environment is ensured by its front end, reported in 
Figure 8.10. 

 

 

Figure 8.10 – Commands on the panel front-end. 

Starting from the top left, and proceeding in order, the commands on the 
electrical panel door are the following: 

 a light to highlight the presence of voltage inside the electrical panel; 

 a selector to switch on/off the electric drive, which is connect to a 
contactor; 

 a stop emergency button, connected with the inverter, and to Analog 
Input (AI) module of the Compact RIO. 

 an Ethernet port for connecting a PC to the Compact RIO system; 

 a selector to switch on/off the stepper driver; 

 a hand control unit with three buttons to manage the gearshift 
procedure of the magnetic gearbox; 

 two electric sockets for PC and utilities. 

At the present, the gearshift procedure is performed with the hand control 
unit, while in the future it will be integrated in the under developing LabView 
project, to have automated and replicable gearshift procedures. 

 

8.2.2 Components inside electrical panel 

In this section, all the connections inside the electrical panel will be explained in a 
more detailed way. 

Electric drive 

The electric drive is produced by AMK company, while the motors are 
produced by Servotecnica. They are brushless motors (model SVTM-A-03) with a 
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nominal power of 5 kW, and a nominal speed of 2900 rpm with a stall torque of 
11.5 Nm. 

 

 

Figure 8.11 – Electric drive. 

The electric drive is composed by two modules which are mounted on the 
heatsink behind. The module on the left is the KEN 5-0N rectifier, while the 
module on the right is the KWD-5 which contain the two R25 inverter cards. As it 
can be seen from Figure 8.11, the electric drive has many connections to be done, 
which are listed below: 

 the power supply to the motors (2 orange cables) is connected with the 
KWD-5. Each cable is composed by the three phases wires, the 
protection wire and other two wires which are connected to the 
thermal protection (white and brown cables); 

 motor encoders (2 grey cables) are connect with the R25 inverter 
cards, for the control of the motors; 

 Ethercat communication through an Ethernet cable between R25 and 
Compact RIO acquisition system; 

 three-phase power supply is connected to the KEN 5-0N from the 
main choke; 

 DC bus at 540 V (DC) connections between the two modules of the 
inverter (red and light blue cables); 

 other connections with the twisted pair cable for 24 V (DC) power 
supply and the emergency connection with the stop button; 

 24 V (DC) to supply the heatsink. 
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Compact RIO 

The Compact RIO is an acquisition system produced by National Instrument. 
It is programmed using LabView software, exploiting a real time communication 
with the electric drive for the motor control. 

Input and output signals are managed through the acquisition module NI-9411 
for measurements, and module NI-9421 to check emergency status and the 
operational condition of the motor stepper driver. 

Moreover, the Compact RIO system requires a 24 V (DC) power supply. 
 

 

Figure 8.12 – Compact RIO acquisition system. 

As it is shown in Figure 8.12, the NI-9411 acquisition modules are connected 
with two specific terminal blocks on the left, which allows to have a more 
manageable connection with the terminals of encoders and torque sensors of the 
two sides of the test bench. 

The encoders have 6 cables to be connected: A, B, Z signals and their 
corresponding denied signals. A resistance of 250 Ω is placed between each signal 
and its denied. A and B are square wave signals with a period T  depending on the 

number of division divn  of the encoder according to Eq. (8.1): 

 
2

div

T
n


  (8.1) 

The two signals are phase-shifted by 4T second, while Z signal counts only 

one step for each rotation of the encoder, as illustrated in Figure 8.13. 
 

 

Figure 8.13 – Incremental encoder. 
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Instead, as regards the torque sensors, only two wires of the cable are 
connected, since only the torque is evaluated with these sensors, while the 
rotational speed is measured with the encoders. 

The module NI-9421 on the right of Figure 8.12 is an AI module, which is 
connected to the emergency button in order to warn LabView if a problem occurs. 

Finally, two Ethernet cables are used to communicate with the inverter and 
with the user’s PC. 

 

8.3 Experimental results: electromagnetic quantities 

This section is the experimental counterpart of section § 7.6, where a 
simulation using FEMM of the 1st PMG of the magnetic gearbox has been 
performed, evaluating the electromagnetic quantities, as magnetic flux, magnetic 
induction. In this case, the electromagnetic quantities are evaluated in the opposite 
order, starting from the voltage. Moreover, experimental acquisition are made at 
different speeds of the ring rotor and on the three ferromagnetic poles of the 
carrier, in which the windings are present. 

 

 

Figure 8.14 – Test bench during acquisitions with oscilloscope. 

In Figure 8.14 the oscilloscope (model Teledyne LeCroy 3024z, 4 channels, 
200MHz) for voltage acquisitions is reported, together with the test bench of 
magnetic gearbox. 

 

8.3.1 Voltage 

The acquired voltage values depend on the speed of the ring rotor. The higher 
is the rotational speed, the higher the maximum voltage value. The signals of the 
two windings in radial and tangential direction on the ferromagnetic pole are 
simultaneously acquired, while for the other poles the acquisition is repeated to 
have data redundancy, although the same results are expected. In Figure 8.15 – 
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Figure 8.17 the voltage acquisitions on the three poles are reported at different 
speeds of the external ring rotor. 

 

 

Figure 8.15 – Voltage of pole # 1 versus sun rotation. 

 

 

Figure 8.16 – Voltage of pole # 2 versus sun rotation. 

 

 

Figure 8.17 – Voltage of pole # 3 versus sun rotation. 
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For each waveform it is possible to observe a multiplicity of 5, for a complete 
rotation of the inner rotor, which corresponds to the number of PMs on the inner 
rotor. As it is possible to notice from the voltage waveforms, a magnet with wrong 
magnetisation direction is probably mounted on the inner rotor of the first gear of 
the prototype. This effect, which is still under investigation to detect which 
segmented magnet inside a pole pair has a wrong magnetisation, is clearly visible 
at all rotational speeds and for all the poles used for experimental acquisitions. 

 

8.3.2 Magnetic flux 

The magnetic flux is evaluated using the Eq. (7.24), reported in the section 
with simulative results. In Figure 8.18 the magnetic flux in both tangential and 
radial directions is reported. 

 

 

 

Figure 8.18 – Tangential and radial magnetic flux using pole # 1 (top-left), pole 
# 2 (top-right), and pole # 3 (bottom) acquisition of windings voltage. 

As it is possible to notice from the acquisition on the third pole, the magnetic 
flux, especially in radial direction is influenced by the rotational speed, so non-
linear effects are presented. For this reason, a 2D simulation on FEMM with static 
simulations at each different angle of the rotor, is a good strategy, especially as 
regards the computational costs, although it does not consider this dynamic effect. 
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Moreover, the magnetic flux in the first waveform is lower than the others due to 
the segmented magnet with wrong magnetisation direction. 

A good correlation between simulated and experimental results has been 

highlighted, both in terms of phase shift and maximum value of T  and R , 

which is around 5×10-5 Wb. The two fluxes, especially the radial one, present 
dynamic effects due to the rotational speed, whereas the first peak of the two 
waveform is lower than others for a wrong magnetisation of the segmented PMs 
on the inner rotor. 

 

 

Figure 8.19 – Tangential and radial fluxes at different speed of ring rotor 

 

8.3.3 Magnetic induction 

The magnetic induction is evaluated using the dimensions of the 
ferromagnetic pole to calculate the section area of the coil in radial and tangential 
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reported in Figure 8.21. 
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Figure 8.20 – Tangential and radial magnetic induction using pole # 1 (top-left), 
pole # 2 (top-right), and pole # 3 (bottom) acquisition of windings voltage. 

As for the magnetic flux, also the magnetic induction is influenced by the 
rotational speed, so non-linear effects are presented, and the first waveform is 
lower than the others due to the segmented magnet with wrong magnetisation 
direction. 

 

 

Figure 8.21 – Ferromagnetic pole with the two windings for  
tangential flux (blue) and radial (red) fluxes. 
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Finally, the experimental values of magnetic induction have to be compared 
with magnetic induction of the ferromagnetic poles, reported in § 7.6.1 in Figure 
7.36. For the experimental tangential induction, the highest value is around 0.7-
0.75 T, while for the numerical one at the centre of the pole it is of 0.6-0.65 T. 

Instead, for the experimental radial induction the highest value is around 
0.55 T, while for the numerical one it is of 0.75-0.8 T. 

So, the comparison between experimental and numerical results is quite good, 
since the use of a 2D simulation in FEMM can influence the correctness of 
results. 

 

8.4 Experimental results: mechanical quantities 

The results reported in this section are obtained using the acquisitions of 
torque sensors and incremental encoders mounted on the test bench. During the 
experimental test, only one side of the prototype was connected to the electric 
motor, which the prototype in the 1st gear position. Hence, the power is supplied 
firstly from the outer rotor side, letting the prototype to work as a speed multiplier 
/ torque reducer, while in the second set of tests the power input is the high-speed 
side, namely the sun shaft, ensuring the prototype to work as a torque multiplier / 
speed reducer. For this reason, the torque evaluated by the torque sensor, placed at 
the power input side, corresponds to the torque losses inside the magnetic 
gearbox, because of bearing dissipations. Instead, only the rotational speed is 
evaluated at the other side of gearbox transmission, since the torque measured at 
this side is equal to zero. 

Moreover, during the experimental tests, an increment of the external 
temperature of the prototype has been perceived, because of two different possible 
phenomena: the former is the bearings overheating, the latter is instead related to 
thermal dissipations for eddy currents in the yoke on outer rotor. This last issue is 
strongly related to the magnetic induction value inside the yoke during its 
rotation. Infact, using the 2D simulation in FEMM, as reported in Figure 7.41 
(right), the tangential induction has a sinusoidal trend during the ring rotation, 
with a non-zero mean value. This leads to thermal dissipations inside the yoke. 

At the same time, the heating inside the prototype is responsible for the 
reduction of viscosity of the bearings lubricant oil. Therefore, higher the working 
temperature, better will be the performance of bearings with a consequential 
reduction of power losses inside the gearbox. 

This effect is evident in Figure 8.22, where the torque measured by the input 
torque sensor is reported. Suppling power from the low-speed side, the reported 
torque loss corresponds to the mean value of torque during an acquisition of 5 s. 
All the different speeds, in the range 60 660  rpm, are tested in an incremental 
order during the test # 1, a decremental order in test # 2, and again in incremental 
order in test # 3. 
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Figure 8.22 – Torque loss inside gearbox supplying power at low-speed side. 

It is evident a reduction of power losses going on with the experimental 
acquisition. The values of dotted black lines were expected lower or equal to those 
of solid red line. For this reason, also other dynamic effects inside the 
transmission driveline should be taken into account in further future analyses. 

The same set of experimental acquisitions are made supplying power from the 
high-speed side of the magnetic gearbox and testing all the rotational speeds, 
considering the transmission gear ratio. Hence, the rotational speeds of the inner 

rotor are in the range  2.6 60 570   rpm, where 2.6 is the gear ratio of the 1st 

PMG inside the gearbox. 
 

 

Figure 8.23 – Torque loss inside gearbox supplying power at high-speed side. 

These results are reported in Figure 8.23, using the rotational speed of the ring 
rotor, obtaining lower value of dissipated torque than the previous case. This is 
due to the gear ratio, hence, to have a comparable result, it is necessary to 
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multiply the dissipated torque for 2.6. To be clear, the dash-dotted blue line is 
converted in the solid red one. 

The comparison detween the two different configuration tests is reported in 
Figure 8.24, where it is possible to appreciate that the two curves are quite 
overlapped, especially at low rotational speeds. This means that the efficiency is 
similar in the two working conditions of torque amplifier and speed amplifier, in 
contrast with the traditional mechanical transmissions. 

 

 

Figure 8.24 – Torque loss inside gearbox supplying power at  
high-speed side (sun rotor) and low-speed side (ring rotor). 

The highest value of torque loss for bearing dissipations in consistent, near to 
2.5 Nm at the low-speed side. For this reason, another further step, before 
continuing with the experimental activity is the substitution of the two bigger 
bearings, responsible for mechanical dissipations, with others. 

Another important aspect that must be considered is the torque ripple. Indeed, 
this phenomenon depends firstly on the magnetic coupling between inner and 
outer rotor and on the modulation of the magnetic flux by the ferromagnetic poles 
and secondly on the torsional vibrations of the transmission driveline. Considering 
the first case, with power input at the low-speed side, in Figure 8.25 the trend of 
the torque dissipations at four different speeds of the ring are reported, for a 
complete rotation of the sun (high-speed side). Moreover, the mean value is 
reported for all the torques. The dotted vertical black lines define an angle 
amplitude which corresponds to the amplitude of a PMs pole pair on the sun rotor. 
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Figure 8.25 – Torque waveform supplying power at ring side. 

Analysing the Fast Fourier Transform (FFT ) of the torque signal in the range 
0÷100 Hz, reported in Figure 8.26, and obtained using the torque acquisitions of 
5 s, it is highlighted how the same harmonics are repeated for all the speeds 
tested. 

 

 

Figure 8.26 – FFT of torque waveform supplying power at ring side. 

One of the highest harmonics, except for the mean contribution at 0 Hz, is 
found at 20 Hz, rotating at 60 rpm. Increasing the rotational speed, the frequency 
of this harmonic is increased, as well. 

Moreover, the torque FFT for all the rotational speeds has been calculated. In 
Figure 8.27, the first eleven harmonics, namely the frequency of the first eleven 
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marks. The dotted black lines have a slope equal to one and are traced starting the 
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present also at higher rotational speeds, except for the region in the middle part of 
the figure, where certain harmonics are not crossed by the black lines, since they 
are not present at 60 rpm. 

 

 

Figure 8.27 – Transmission order analysis supplying power at ring side. 

Finally, from the previous figure it is evident that all the harmonics are related 
to the rotational speed, since all the marker of the harmonics follow a trend which 
depends on the slope of the black lines. Except for the first harmonic that is at 
0 Hz for all the speeds, there are no other points which trace a line parallel to the 
x-axis. This means that there are no structural excitation frequencies of the test 
bench, or torsional resonances of the transmission driveline. 

The same order analysis in made using the experimental acquisitions obtained 
supplying power from the high-speed side. In order to have comparable results 
with the previous case, in Figure 8.28, the rotational speed of the low-speed side 
is reported, while all the frequencies have been scaled of a factor equal to the 

transmission gear ratio 1 2.6  . Supplying power at the low-speed side the 

highest frequencies for the first eleven harmonics are found below 400 Hz, while 
providing power at the high-speed side, the highest frequencies are all below 
200 Hz. This means that the mechanical properties of the system are changing 
since the two sides of transmission have different stiffnesses. 
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Figure 8.28 – Transmission order analysis supplying power at sun side. 

Moreover, as regards the first order, only the harmonic at 60 rpm of ring is 
found, while for the other orders the trend is similar to the previous case. 

The last analysis on the experimental data is made on ripple of the 1st 
transmission gear ratio of magnet gearbox. In Figure 8.29, the rotational speed of 
input and output shaft of gearbox are reported, during rotations at 60 rpm and 
600 rpm of the low-speed side. 

 

 

Figure 8.29 – Speed and transmission ratio trends supplying power at  
60 rpm (left) and 600 rpm (right) at ring side. 

The ripple on the gear ratio 1 2.6  , is higher at lower rotational speed, while 

the ripple on the speed velocity of inner and outer rotors is higher at high speed, in 
terms of speed range, and it is lower at high speed, in percentage terms w.r.t. the 
speed mean value. 
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Moreover, in Figure 8.29 (left), it is possible to observe a multiplicity of 5 in 
the ring speed, during an acquisition of 5 s. Hence, this phenomenon at 1 Hz is 
probably related to the rotational speed of the ring that is 60 rpm, namely 1 Hz. It 
is possible to do the same thinking also for the Figure 8.29 (right), where the 
multiplicity in the ring speed has a frequency of 10 Hz. 

Finally, in Figure 8.30, the ripple on the gear ratio is reported for the two 
configurations at different speeds. This ripple is evaluated using Eq. (8.2): 

      
 

1 1

1

max min
% 100%

2 mean
ripple

 



 


 (8.2) 

where 1  is the transmission ratio and the ripple is evaluated as the semi-

amplitude of the ratio range w.r.t. the mean value. 
 

 

Figure 8.30 – Semi-ripple on gear ratio 1  w.r.t. mean value. 

It is clear how the ripple decreases with an increment of the rotational speed. 
Moreover, the trend of two test configurations are a bit different since the ripple is 
almost constant supplying power at the high-speed side. 

 

8.4 Conclusions 

This chapter addressed the description of the magnetic gearbox prototype and 
its test rig to carry out the experimental campaign. Radial and tangential windings 
in 3 of 18 ferromagnetic poles have been realised to measure the magnetic flux 
inside the device to evaluate its magneto-mechanical performance. 

A brief overview on the electrical panel project and realisation has been 
provided, presenting its main components and the system for the acquisition of 
experimental data. 
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The magnetic gearbox has been tested at fixed gear in no load condition 
supplying power at the two sides of transmission, to evaluate the torque losses due 
to the bearing dissipations, proving that the losses are quite similar letting the 
gearbox working as torque multiplier or speed multiplier. 

Moreover, the acquired torque signals have been analysed, performing their 
FFT, in order to detect the main harmonics components inside the magnetic 
transmission, at different rotational speeds. 

Finally, the speed ripple has been analysed at different rotational speeds, 
highlighting a ripple percentage decrement with an increment of the rotational 
speed at the two side of transmission. 
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Chapter 9 

9. Conclusions 

This dissertation has faced numerical, simulative, and experimental analyses 
of complex systems dedicated to power transmission that could be ground-
breaking mainly in the automotive field, with the characteristics of traditional 
mechanical systems and with magneto-mechanical solutions. 

The analysis of different deterministic and stochastic methods used to study 
uncertain systems and their dynamic responses, illustrated in Chapter 2, is part of 
the research activity carried out as visiting PhD student at the ISVR (Institute of 
Sound and Vibration Research) of Southampton University. Even if the covered 
topic is not strongly correlated to the power transmission systems, it has been a 
great opportunity to widen my technical knowledge in the field of mechanical 
description, identification, and active control. Mechanical systems with 
uncertainty have been faced from a dynamic point of view, analysing the effects 
of uncertain parameters on the frequency response functions of a mechanical 
system. Moreover, a basic overview on the active control of these system and on 
the variance of open-loop and closed-loop poles has been faced, although these 
results are not reported in this dissertation, since, at the moment, too far from the 
main topic. 

The FFD and the LHD methods can be considered as the two correct 
approaches to deal with two or more factors, conducting a factorial experiment, in 
which the definition of an appropriate DOE is necessary to perform an accurate 
analysis. On the other side, complex interval analysis and complex affine analysis 
have demonstrated their advantage in the computational costs, with bad accuracy 
in FRF estimation over a certain percentage of uncertainty, depending on the 
number of uncertain parameters, which in case of 8 uncertain parameters is 
estimated around 1.5÷2 %. 

Instead, the research activity, presented in Chapter 3 was dedicated to the 
modelling and experimental validation of powertrain components, to respond to 
the always increasing industrial needs to improve the NVH performance. As a 
first step, the model of a Dual Clutches Transmission gearbox has been developed 
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using Siemens/Amesim software, with a particular attention to synchronisers 
modelling, torsional and axial clearances and stiffness and contact damping 
between gear teeth of the gearbox. The model was validated comparing the 
simulated results with the experimental results of several test-runs, going to 
analyse the torsional backlashes of the transmission and the acceleration in a point 
of the gearbox external surface. A sensitivity analysis on different parameters of 
the model has been carried out to investigate possible improvements on NVH 
performance during the different gear engagements. Specifically, a methodology 
for the objective evaluation of the gearshift induce vibrations has been developed, 
evaluating the gearbox acceleration starting from the bearing forces. The more 
detailed is the model, the higher the computational costs are, hence if the analysis 
focuses on the gearshift phase a detailed model must be used, instead for the 
analysis of torsional dynamics during classical operational condition a simplified 
model can be used. 

Starting from the main noise issues of classic mechanical transmissions, the 
possible adoption of passive magnetic gears was analysed, in Chapter 4, 
highlighting advantages and drawbacks with respect to traditional mechanical 
transmissions, such as the possibility of transferring torque contactless, avoiding 
gear wearing and their lubrication, and proposing their application in the 
automotive field. It has been concluded that a PMG can transmit the torque 
requested by a vehicle, but this could be done only if a complete redesign of the 
power transmission driveline is performed. 

The further step in the topic of magnetic gears, in Chapter 5, has regarded the 
development of a magneto mechanical design with an analytical-dynamic 
approach, which has been integrated with a multi-objective optimisation of the 
designed magnetic gear, in which two different objective functions are used to 
deal with the maximisation of the torque density and the minimisation of moment 
of inertia of the rotating parts, for a better dynamic response of the PMG. Two 
different optimisation algorithms, namely “Pattern Search” and “fmincon” are 
carried out, proposing different points of view in the choice of appropriate 
constructional parameters for a PMG. Results given by the optimised PMG, in 
terms of torque maps for each angle position of the inner and outer rotors, 
together with their dynamic equations have been integrated in a model of 
transmission to validate the possible adoption of a magnetic transmission inside 
an automotive driveline. 

The main focus of the activity proposed in Chapter 6 has been the design of a 
PMG prototype. Different arrangements for the PMG prototype are proposed, in 
order to achieve the best solution, in terms of compactness of the device and 
parametricity, which made possible to change the configuration, having different 
input/output solutions, hence having different working conditions as torque 
amplifier or speed amplifier. 

The efforts in the constant research of an innovative application using 
magnetic transmissions has conducted to a patent application about a magnetic 
gearbox, presented in Chapter 7, which allows a complexity reduction of the 
transmission driveline integrating the functions of clutch, gearbox and of torque 
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limiter, solving at the same time the annoying issue of mechanical transmissions 
as gear engagement noise, torque interruption during gearshifts and failure or 
wearing of the mechanical components. Several patented constructional solutions 
of a magnetic gearbox, are proposed, varying the element used as modulator for 
the magnetic flux, which function can be assumed by the three elements of the 
planetary magnetic gearbox. A simplified control logic, with only proportional 
and integrative gains, has been applied in Matlab/Simulink environment to test the 
gearshift procedure of a magnetic gearbox transmission. For the automotive 
transmission analysed, the gearshift procedure can be completed in less than 0.5 s, 
which is a time strongly comparable with mechanical gearshift using the 
synchronisers in car gearboxes. Hence a CAD model of a magnetic gearbox 
prototype has been developed and an analysis on FEMM software is performed 
for the dimensioning of the prototype, evaluating its magneto-mechanical 
properties, responsible for its dynamic performance in steady-state and transient 
conditions. 

The experimental activity reported in Chapter 8 can be considered as a 
preliminary stage of a more consistent experimental campaign, which should be 
carried on in the following months. Indeed, only tests at constant different speeds 
with no load on the other side of transmission have been performed. 

The torque losses, due to bearing dissipations, are unfortunately comparable 
with the maximum transmissible torque of the gearbox, therefore it will be 
necessary to modify the magnetic gearbox prototype changing the bearings with 
highest dissipation. On the other side, also the 2nd gear of the magnetic gearbox 
must be tested for the complete characterisation of the magneto-mechanical 
properties. Instead, the analysis of the gearbox in neutral condition will be useful 
to characterise the mechanical dissipations, integrating a dissipation function in 
the torque map of the two electric motors, or considering it for an evaluation of a 
mechanical efficiency, different from the magnetic efficiency of the transmission. 

Moreover, the gearshift procedure will be automated during the experimental 
tests, letting the magnetic gearbox changes the transmission ratio under specific 
operative conditions, both in upshifts and downshifts. Different control logics will 
be applied to the gearshift procedure to achieve the smoothest ever in terms of 
speed oscillation and the quickest one in terms of necessary time. 

Finally, the magnetic gearbox will be tested in transient conditions during the 
run-up phase to evaluate the ripple on both torque and speed signals in a 
continuous way and not only at specific rotational speeds. In this way it will be 
possible to detect the critical regions in which torsional oscillations of the 
magnetic transmission are present or, in the same way, the excitation frequencies 
of the entire test bench. 
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