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Investigation on the Ball Screws No-Load Drag Torque in Presence
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Abstract

The no-load drag torque is a crucial factor in the design phase to estimate the power re-
quired by the electric motor in electro-mechanical actuators (EMA). This paper focuses on
the analysis of the drag torque contribution generated in preloaded double nut ball screws of
EMAs. In literature its value is commonly estimated with a linear relationship with respect
to the preload level. However, many other parameters play a role in determining the friction
torque, such as operating speed, temperature and geometry. A sensitivity analysis on these
parameters is presented by means of simulation results obtained from a high-fidelity multi-
body dynamic (MBD) model, capable of describing the full three-dimensional dynamics of
each subcomponent and the presence of full film, mixed or boundary lubrication between
mating elements. The results have been interpreted with a physics-based approach high-
lighting a strong dependency of the drag torque on temperature basing on the lubricant’s
viscosity. This parameter also influences the drag torque speed dependence, which resulted
to be more pronounced for low operating temperatures. An experimental test bench is being
constructed to validate the model results.

Keywords: Electro-mechanical actuator, Ball screw, MBD simulations, No-load drag
torque, Lubrication

1. Introduction

Born from environmental and cost saving concerns, the recent trend toward “more elec-
tric” aircraft has touched most of the more important on-board systems and equipment
[1, 2, 3]. For flight control devices, this tendency translated into several and still concur-
ring efforts to replace the traditional electro-hydraulic configuration (EHSAs) with electro-
mechanical actuators (EMAs) for primary and secondary aerodynamic surfaces [4, 5, 6, 7],
a technology already widely spread in several fields, such as the manufacturing industry [8].

EMAs theoretically provide several advantages over the hydraulic solution in terms of
envelope, weight, environment pollution and so forth. The expected life and performance of
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EMAs is strictly dependent on design and control parameters [9, 10]. Their widespread use
is however hindered by a higher jamming probability, which is beyond the imposed/required
limit for flight safety critical applications [11]. To overcome this issue, several solutions have
been proposed, mostly implying architectures with several redundancy levels of different
actuator’s components [12, 13, 14]. These “jam-tolerant” solutions lead to the increase
of the number of components and, consequently, to the increase of the overall weight and
a significant reduction of the overall reliability, hence increasing the probability of fault
occurrence during service [11].

An innovative solution is to employ a simple architecture with the minimum number
of needed components, coupled with a prognostic and health monitoring (PHM) system
[11, 15, 16]. This would allow to move from a preventive to a condition-based maintenance
and potentially to predict the development of a jam-causing degradation, hence removing
the need of encumbering mechanical redundancies [17].

To do so, it is of primary importance to have a high-fidelity detailed dynamic model
of the various EMA subcomponents, to be used as a virtual test bench on which to inject
artificial defects, identify the appropriate feature and verify the PHM approach feasibility.
Several researches in literature have highlighted the need to accurately model the mechanical
components of EMAs, since they are involved with friction, which is considered the major
cause of jamming in EMAs [18, 19, 20, 21]. From the FMECA in [16, 21] it results that the
ball screw is among the most critical components in EMAs.

The closed system nature of this components makes it hard to experimentally investi-
gate the behaviour of internal components, therefore several studies have been carried out
in literature to analytically investigate the motion of the spheres within the ball screw and
the overall efficiency of this mechanism [22]. It is known that the friction torque generated
in a ball screw depends on the applied load and how it is redistributed among the differ-
ent spheres. Yoshida et al. [23] analysed the ball motion and the load distribution in a
double nut BS with external recirculation and circular groove, proposing an axisymmetric
arrangement of recirculation tubes with regards to the screw axis to compensate for the
mass disequilibrium. The load distribution is affected also by elastic deformations and the
coupling between deformation modes [24, 25, 26], and thermal decompression due to fric-
tional heating. In fact, the first turns of spheres close to the force application point bear
most of the load due to elastic deformation of the structure and, hence, develop more heat
by friction: this leads to a partial release of tension for thermal expansion of the first rows
of spheres and a partial redistribution of the load on the following rows [27, 28]. The ratio
between the external force and the preload should not exceed 2.83 in order to avoid the
decompression of the sphere of one of the two nuts, which would cause vibrations, impacts
and excessive wear, as found by Wei et al. [29, 30]. Wear is a natural phenomenon that
happens naturally with the mechanism’s ageing. Nevertheless, several factors can accelerate
this process, such as excessive speed, too high preload values, overloads [31], entrance of
contaminants or moisture, insufficient or inadequate lubrication and so forth. A theoretical
approach to the wear of ball screws was introduced by Wei et al. [22], who performed a
quasi-static analysis under the assumption of equally loaded spheres and dry contact condi-
tions, evaluating the wear through an accuracy degradation parameter and a micro-contact
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asperity model, representing the axial displacement loss due to wear. Experimental data of
prolonged wear test on a not preloaded ball screw were obtained by Zhou et al. [32], who
proposed also a quasi-static theoretical model, assuming a major wear area and defining a
the precision loss rate as the ratio between the total worn volume and the total contact area.
A complex wear model, based on multi-scale contact mechanics, was established by Liu et al.
[33], basing on a fractal description of the surface and considering the elastic-plastic defor-
mation of each single asperity. Other studies on wear degradation have been performed by
Cheng et al. [34] exploiting the kinematic analysis of previous studies [29, 35] to obtain the
sliding speed: they applied a modified Archard wear theory to obtain the wear depth and
estimate the preload degradation in time. The first effect of wear is the preload lessening,
increase of vibration level and stiffness and positioning accuracy reduction. For this reason
several studies have been carried out to develop preload monitoring techniques [36, 37, 38]
and to accurately describe the influence of the wear rate on the preload degradation [39].
The interested reader can find an exhaustive review in [40].

In this framework, the authors developed a lumped parameter dynamic model of a
double-nut preloaded ball screw in [41, 42, 43] which evolved in a more detailed three-
dimensional multibody dynamic (MBD) model [44], capable to dynamically describe the
motion of all the components of the ball screw mechanism, including each internal spheres,
with time variant inputs, disturbances and environmental conditions. The focus has been
put on the punctual contact between the spheres and the grooves, considering the presence
of grease lubrication. Various fault evolution models have been inserted as well to investigate
their influence on the overall behaviour of the mechanism.

In this paper, this model has been used to study the steady-state friction torque which
inevitably creates when a non-null speed command is imposed, due to the multiple rolling
contacts of the spheres and the grooves and the friction forces generated in the lubricant
film. This dissipative effect is commonly evaluated measuring the so called no-load drag
torque which, according to ISO 3408:1-2006 [45], is defined as the ”torque required to rotate
the preloaded ball nut relative to the ball screw shaft, or vice versa, in the absence of an
external load and any friction torque of the end seals” and support bearings.

The no-load drag torque level supplies different kinds of information. First of all, it
indicates the minimum amount of torque which it is required to apply to the rotating part,
which in the contest of the current analysis is considered to be the screw shaft, to produce
a displacement of the translating part, in this case the nut assembly. This information,
together with the friction torque level generated by the bearings and other component of
the EMA, is needed in the design phase to select the correct power required for the electric
motor to overcome the frictional effects and guarantee the required performance for the
designated application [46, 47].

In addition, a preload is commonly applied to compensate for the backlash, provide the
required stiffness for dynamic processes and improve the positioning accuracy. Measuring the
no-load drag torque helps in the setup of the preload level, which must be decided according
to the application: indeed, a low preload might be cancelled by the operative external force
restoring the axial play, while a too high value would increase the friction torque and cause
overheating for high speed conditions, which in turns would affect the positioning accuracy

3



and the life of the component [48, 49].
Verl and Frey [48] experimentally investigated the drag torque generated in a double nut

ball screw varying the static level of pretension and the speed in order to obtain a corrected
formula for the estimation of the effective equivalent load to be used in the design phase.
They developed a custom test bench, approach which is not applicable in the common
practice. For this reason, ball screw manufacturers provide in the catalogues simplified
formulae to estimate the no-load drag torque as a function of only the preload, disregarding
other parameters such as the type of preload and the internal geometry.

An improved formulation, taking into account the helix and contact angles, friction
coefficient, ball diameter, sliding direction and normal contact forces, has been proposed
by Zhou et al. [50]. They experimentally studied the link between the drag torque and
the preload level with an adjustable preload double nut ball screw at different nut positions
along the permissible stroke. The new formulation was found to be more precise than the
one usually present in literature.

Both the literature’s and Zhou’s formulations involve that the drag torque measurement
must be executed at 100 [rpm], according to the ISO 3408:1-2006 prescriptions, and no
mention to the environmental temperature is given. This procedure implies that the fric-
tion torque estimation obtained by the application of both formulation does not represent
condition in non nominal situations, such as at different temperatures. In fact, for what con-
cerns flight control EMAs, the operating temperatures are much lower than those commonly
present in a manufacturing plants: while the environmental temperature at the standard
cruise altitude for commercial aircraft is around −50 ◦C , the thermal dissipations within
the EMA coming from the different components make the internal temperature to remain
higher, albeit below 0 ◦C . Furthermore, selecting different types and natures of the lubricant
can cause the friction torque to vary from the nominal value predicted analytically.

In this paper, the impact of low temperatures on the no-load drag torque of a double
nut preloaded ball screw with lubrication is analysed for different preload levels and speeds.
Being the previously introduced high-fidelity model used, a physical interpretation of the
phenomena affecting the friction level is given as support to the simulation results. In the
results and discussion sections it is shown how the no-load drag torque depends on several
parameters in addition to the preload.

2. Materials and Methods

The mathematical model [44, 40] used in this paper has been created in the Simscape
Multibody environment, which allows to describe the bodies with an acausal object-oriented
programming language, which automatically formulates the underlying dynamic equations
basing on the interconnections between blocks. The way the various blocks are connected re-
flects the real world interactions and allows the model design to start from the real structure
of the physical system.

The full dynamics of each component is automatically taken into consideration, including
gyroscopic and inertial effects. Therefore, the focus has been placed on the development of
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the three-dimensional contact model to describe the interactions of each sphere with the
grooves and adjacent spheres [51].

Currently, the model does not contemplate the presence of the recirculation path, there-
fore the model considers an endless helical path composed by the two grooves, in which the
spheres continuously move: this obviously involves that, after a certain angle of rotation of
the screw shaft, they come out from the nut body and continue to roll in the virtual helix.
This situation can also be imagined as a BS with an infinitely long nut. This assumption
does not create any issue for what concerns the friction and efficiency values as well as the
motion of the spheres and the contact forces. Instead, the reaction forces and torques on the
ground and the acceleration spikes of the screw and the nut are affected by this hypothesis.
For what concerns the aim of the current research, this issue can be disregarded since only
the number of sphere that effectively bear the load are simulated for each nut, ignoring the
spheres which lay in the recirculation channel.

A rotating screw and a translating nut have been considered, but this model allows every
possible combination to be simulated, such as rotating nut and translating screw or even
fixed screw with rotating and translating nut or vice versa. The friction of the screw shaft
bearings and the anti-rotation guides of the nut are assumed to be nil in order to study only
the ball screw internal contributions. The inertial and geometrical properties of the bodies
are retrieved from a 3D CAD model of the ball screw component, developed by the authors.

In this section, the contact model is recalled and thoroughly explained, disregarding the
sub-models which, although present, have not been used in the current analysis, such as the
degradation models [40]. First, the model topology is introduced; after, the Hertzian normal
contact model and the lubrication friction model are presented.

2.1. Ball screw geometry

Independently on how both the screw and the nuts are constrained to the global fixed
frame (also known as ground), all the spheres preserve their six degrees of freedom and their
motion is defined uniquely by the fact to be trapped between the helical grooves: hence,
their motion depends on the contact forces with the raceways.

Each body is considered rigid, therefore its positioning and orientation can be described
by only one coordinate system (CS). Considering a right-handed threaded ball screw, to
describe the position of the screw shaft and of a generic sphere, the three main usual co-
ordinate systems Ox′y′z′, Oxyz and Btnb are introduced [40, 35], shown in Fig. 1, which
correspond respectively to the global fixed CS, the screw shaft CS centred in O and the
Frenet-Serret CS centred in B.

The rotation matrices linking these CSs can be easily constructed referring to Fig. 1
and can be found in [40]. In particular, TBO is the rotation matrix to transform a vector
expressed in the Oxyz CS in the Frenet-Serret CS.

Observing a section normal to the thread, i.e. on a plane containing the n and b axes,
the gothic arch profile of the grooves can be identified. Each of the two raceways of the
screw shaft and the nut is composed by two half grooves, as shown in Fig. 5, namely S1 and
S2 for the screw and N1 and N2 for the nut. The curvature centres of the four half grooves
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Figure 1: Ball screw’s main reference systems.

are C1s, C2s, C1n and C2n, where the subscripts refer to the half grooves names. The shape
of the profile is determined by the centre radius offset H and the ogival offset L (Fig. 2).

The procedure detailed hereinafter is applied to each simulated sphere. Only the formu-
lation relative to the half groove S1 is presented to not weigh the dissertation down; those for
S2, N1 and N2 can be easily deduced following the same procedure. The three-dimensional
contact problem can be reduced to a bidimensional one on the the n − b plane normal to
the thread, under the hypothesis of a sufficiently smooth surface of the groove. In fact, if
the minimum local curvature radius of the groove is greater than the ball radius, the sphere
is always in contact with only one point for each half groove. In particular, if the ideal
geometry is assumed, the location of a generic point P, belonging to S1, can be expressed
with respect to the Frenet-Serret CS’s centre B as:

RO
P/B = [−H + rs cos(αS1)]n̂ + [L− rs sin(αS1)]b̂ (1)

where rs is the groove radius and αS1 the contact angle of the sphere with S1. The latter
is defined as the angle between the n axis and the segment connecting the curvature centre
C1s and the centre F of the sphere, as can be seen in Fig. 2. The superscripts represent the
CS in which the coordinates are expressed (O for the screw CS, B for the Frenet-Serret CS
and F for the CS of the sphere), while the subscripts indicate the analysed and reference
points.

At each time step of simulation, the position of the sphere is identified by means of the
azimuth angle ϑ, and the corresponding ideal location B of the sphere centre is calculated
as:
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Figure 2: Position vectors on the normal plane.

RO
B/O = rm[cos(ϑ) sin(ϑ) ϑ tan(αe)]

T (2)

where rm is the centre pitch radius and αe is the helix angle.
In order to uniquely determine the position of the sphere with respect to the screw CS

Oxyz, it is not possible to get the azimuth angle value from the Simulink built-in Transform
Sensor block (TS) since it presents a 2π periodicity. However, this blocks gives the relative
position and speed of F with respect to O, therefore the continuous azimuth has been
calculated as:

ϑ(t) =

∫ t

t0

x
F/O

(t)ẏ
F/O

(t)− ẋ
F/O

(t)y
F/O

(t)

x
F/O

2(t) + y
F/O

2(t)
dt+ ϑ0 (3)

in which ϑ0 is the initial azimuth angle.
The Transform Sensor block provides also the rotation matrix TOF , which can be used,

together with TBO, to obtain the rotation matrix TBF = TBOTOF from the sphere CS (F),
which is centred in the sphere centre F and continuously rotates with the progression of the
simulation, to the Frenet-Serret CS (B).

In general, F does not coincide with the centre B of the Frenet-Serret CS, which lies on
the ideal helix, as depicted in Fig. 2. The relative position can be written as:

RB
F/B = TBO

(
RO
F/O −RO

B/O

)
(4)

where RO
F/O is given by the TS block and RO

B/O is defined in Eq. (2).
Since the normal contact force is exchanged along the common normal of the groove

and the sphere surfaces, it is important to calculate the versor identifying this direction, as
shown in Fig. 2:
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Figure 3: Roll and spin velocities of the sphere.

dBnF/C1s
=

RB
F/C1s

|RB
F/C1s

|
(5)

with

RB
F/C1s

= RB
F/B −RB

C1s/B
(6)

where, for S1,

RB
C1s/B

= −Hn̂ + Lb̂ (7)

Consequently, the contact angle can be expressed as:

αS1 = arctan

(
−RB

F/C1s
· b̂

RB
F/C1s

· n̂

)
(8)

Since B belongs to the screw shaft for each time step, and the relative linear and angular
speed of F with respect to O, given by the TS block, are the same for each point belonging
to the screw shaft body, considering the revolutionary motion of B around ẑ, the following
equalities can be formulated:

vOF/O = vOF/B = vOF/Ci
i = 1s, 2s (9)

ωωωOF/O −ωωωOB/O = ωωωOF/B = ωωωOF/Ci
i = 1s, 2s (10)

The translational speed along the common normal dBnF/C1s
results in:

vBnF/C1s
=
(
vBF/C1s

· dBnF/C1s

)
dBnF/C1s

(11)

Considering the contact point belonging to the sphere, the tangential speed, which co-
incides with the slipping speed given Eq. (9), can be calculated as:
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vBtCPS1/C1s
= vBtCPS1/B

=
(
ωωωBF/C1s

× (rb − δsS1
)dBnF/C1s

)
+

+vBF/C1s
−
(
vBCPS1/C1s

· dBnF/C1s

)
dBnF/C1s

(12)

where δsS1
is the contact deformation of the sphere (see section 2.2).

The versor identifying its direction is expressed as:

dBt =
vBtCPS1/B

|vBtCPS1/B
|

(13)

The spin velocity of the sphere is oriented along the common normal and positive if
coming out from the groove, as shown in Fig. 3:

ωωωBspinS1
= −ωωωBF/C1s

· dBnF/C1s
(14)

The rolling speed is the angular speed vector perpendicular to the common normal and
lying on the n− b plane:

ωωωBrollS1
= − 1

rb
vBCPS1/F

× dBnF/C1s
(15)

where vBCPS1/F
is the component directed along t of the peripheral speed of the sphere in the

contact point CPS1:

vBtCPS1/F
=
(
ωωωBF/C1s

× (rb − δsS1
)dBnF/C1s

)
· t̂ (16)

2.2. Normal contact model

When the sphere enters in contact with the considered half groove, the normal force is
exchanged between the common normal in the contact point. The direction is identified by
the versor defined in Eq. (5) and the magnitude is calculated starting from the rigid bodies
interpenetration δS1, as depicted in Fig. 4:

δS1 = |RB
F/C1s

|+ rb − rs ≥ 0 (17)

where rb is the radius of the sphere.
The normal force is composed by an elastic and a damping component; the latter is

dynamically saturated to the elastic component value to avoid unrealistic discontinuities
and attractive forces due to non-null impact speeds [43]:

FnS1
= KHδ

3
2
S1 + min

(
CH |δ̇S1|, KHδ

3
2
S1

)
sign

(
δ̇S1

)
(18)

The formulation of Antoine et al. [52] of the Hertzian normal problem has been adopted
since its explicit non recursive structure is particularly suitable to be inserted into a dynamic
model. The so calculated contact stiffness KH is not a constant value but it varies with the
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Figure 4: Contact interpenetration and contact point location.

contact angle since the groove first principal curvature depends on it. In order to shorten
the simulation time, the stiffness values have been pre-computed and inserted into the model
as a bidimensional map, function of the contact angle.

The hysteresis damping coefficient CH has been assumed to vary with the contact stiffness
thereby maintaining a constant value for the damping ratio:

CH = bh
√
KH (19)

where bh is a proportionality coefficient.
Because of the possible use of different materials for the spheres and the grooves, the

total deformation has been decomposed in two contributions associated to the two mating
bodies, as shown in Fig. 4:

δS1 = δsS1
+ δgS1

(20)

with

δgS1

δsS1

=

(
1− ν2g

)
Es

(1− ν2s )Eg
(21)

where E and ν represent respectively the Young and Poisson moduli.
In Fig. 5 the gothic profile of both raceways is shown and the four half grooves are

depicted. The contact of the sphere with each half groove can occur only if the centre F of
the sphere lies within the correspondent ”activation area”, highlighted with different colours
in Fig. 5. Considering now S1, the contact existence conditions are written as:
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
DCAi1s ≤ αS1 ≤ DCAo1s

|RB
F/C1s

| ≥ rs − rb
RB
F/C1s

· n̂ ≥ 0

(22)

where the first row determines the contact angle extremities, defined through the inner and
outer design containment angles (DCA) represented in Fig. 2, and the second condition
defines the inner contact between two spheres. To avoid an unreal ”mathematical contact”
of the sphere with the other side of the half groove circumference, the third condition has
been added.

This approach allows to represent only one contact point with each half groove, but
simultaneous contact with more than one half groove can occur, up to four contacts with all
of them in case of preloading with oversized spheres.

2.3. Lubricated friction model

In ball screws the sliding friction is replaced with rolling friction but a little amount of
slip always occurs, due to the elastic deformations of the bodies in the contact area and to the
kinematics of the mechanism itself. If no lubricant were present, the slip would produce wear
on the rolling surfaces and fatigue damage, shortening the life of the component. To avoid
this condition a film of lubricant is interposed between the contacting bodies to separate
them thanks to the hydrodynamic pressure generated within the lubricant, minimizing wear
and friction.

In many machine components lubrication is performed with grease: it is generally com-
posed by a thickening matrix in the form of fibres dispersed inside a base oil. This structure
causes a greater friction and temperature rise in the initial churning phase, after which the
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grease distributes on the raceway’s shoulders performing a sealing action against the en-
trance of external contaminants and creating reservoirs, which, under the effect of shear,
capillary and centrifugal forces, replenish the contact with base oil.

Due to this bleeding characteristic of greases, the lubricant layer in the contact track is
mainly composed by base oil and a very thin layer of broken thickener fibres from the churn-
ing phase. Hence, a simplified elasto-hydrodynamic lubrication model has been developed
in [40, 44] considering the base oil as lubrication media and the presence of a permanent
layer of residual thickener fibres from the churning phase, which is usually in the order of
few nanometres [53].

The lubrication model assumes that the prevalent motion of the spheres is along the t
axis, therefore, referring to Eqns. (9) and (15), the entrainment speed can be obtained as
the average speed of the two contacting surfaces as:

uBS1 =
1

2

(
vBtCPS1/F

+ vBF/C1s
· t̂
)

(23)

The flowchart shown in Fig. 6 explains the various tasks computed by the model at
each time step. It is a simplified version of that in [40] since no lubricant degradations are
considered here.

As can be seen, at each simulation step the dynamic equilibrium equations, solved at
the previous time step, provide the relevant kinematic values such as positions and speeds.
These quantities are first used to solve the Hertzian normal contact.

Successively, the friction model is solved. Initially, the physical properties of the lubricant
within the contact footprint are updated basing on the pressure and temperature. For the
time being, the latter is considered constant for all the contact points and the components
within the mechanism and it is imposed a priori before the beginning of the simulation,
since the thermal model is not developed yet. However, given the temperature, thermal
deformations of the bodies are taken into account influencing the geometrical dimensions
[40].

The viscosity variation with pressure and temperature has been represented with the
Roelands’ model [53]:

η(p, T ) = η0e
[ln η0+9.67]

{(
T−138
T0−138

)−S0(1+5.1×10−9p)
Z0−1

}

Z0 =
αpv

5.1× 10−9 (ln η0 + 9.67)

S0 =
β(T0 − 138)

(ln η0 + 9.67)

(24)

where αpv and β are respectively the viscosity-pressure and viscosity-temperature coeffi-
cients, η0 is the reference viscosity at atmospheric pressure and reference temperature T0.

The density dependence on pressure and temperature has been formulated by means of
the Dowson and Higginson formula [53]:
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Figure 6: Lubrication model flowchart inside a complete simulation loop.

ρ(p, T ) = ρT0
0.59× 109 + 1.34p

0.59× 109 + p
+ αρ(T0 − T ) (25)

where ρT0 is the oil density at T = T0 and αρ is the density-temperature coefficient.
An important characteristic in the elasto-hydrodynamic lubrication is the film thickness

which can be obtained solving the non-linear Reynolds equation together with the elastic
half-space and force equilibrium equations [53]. Nijenbanning et al. [54] solved this set
of equations repeatedly varying the operative conditions and formulated a fitting equation
representing the obtained central film thickness values in all EHL regimes:

hc = Rx

√
2U

[(
H

3
2
RI +

(
H−4EI + h−400

)− 3
8

) 2
3
s

+
(
H−8RP +H−8EP

)− 1
8
s
] 1

s

(26a)
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s =
3

2

(
1 + e

−1.2HEI
HRI

)
(26b)

h00 = 1.8λ−1 (26c)

HRI ≈ 145
(

1 + 0.796λ
14
15

)− 15
7
λ−1M−2 (26d)

HRP = 1.29(1 + 0.691λ)−
2
3L

2
3 (26e)

HEI = 3.18
(

1 + 0.006 ln(λ) + 0.63λ
4
7

)− 14
25
λ−

1
15M− 2

15 (26f)

HEP = 1.48
(

1 + 0.006 ln(λ) + 0.63λ
4
7

)− 7
20
λ−

1
24M− 1

12L
3
4 (26g)

where M , L and λ are the Moes’ dimensionless groups [54] defined as

M =
Fn
E∗R2

x

(
E∗Rx

η0Tu

) 3
4

(27)

L = αpvE
∗
(
E∗Rx

η0Tu

)− 1
4

(28)

λ =
Rx

Ry

(29)

in which Rx and Ry are the reduced curvature radii respectively in the x direction, coincident
with the t axis, and on the transverse y direction, perpendicular to x, E∗ = 2E∗h, u is the
magnitude of uBS1 defined in Eq. (23) and η0T is the base oil dynamic viscosity at atmospheric
pressure and at the oil operating temperature T .

The minimum film thickness can be approximated by [53, 55]:

h0 =
3

4
hc (30)

The local heat generated by lubricant shearing in the inlet zone due to back flow induces
a film thickness reduction. The ratio between the actual and the isothermal film thickness
was formulated by Gupta et al. [56]:

C =
1− 13.2phE

∗−1L0.42
th

1 + 0.213(1 + 2.23SRR 0.83)L0.64
th

(31)

where SRR is the slide to roll ratio, ph is the maximum Hertzian pressure and Lth is an
additional dimensionless parameter:

Lth =
η0Tβu

2

kh
(32)

where kh = kh(p, T ) is the thermal conductivity of the lubricant, dependent on pressure and
temperature [53].
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Eventually, considering the layer of broken fibres with thickness hR, the total central film
thickness can be calculated as:

hTc = Chc + hR (33)

Similarly to the Grubin’s theory [53], a simplification can be used considering a uni-
form film thickness inside the EHL contact. Furthermore, friction is simply estimated from
Couette shear of a lubricant film between parallel surfaces, having Hertzian diameter and
pressure profile.

Therefore, considering Eq. (12), the lubricant shear rate can be approximated, assuming
the velocity as a continuous function across the film with no-slip conditions at the interfaces,
as:

γ̇ =
∂u

∂h
≈
|vBtCPS1/C1s

|
hTc

(34)

Thus, the average shear stress within the lubricant film can be obtained with the choice
of a lubricant rheological model. In this paper, the widespread Eyring model has been
adopted [53]:

τ = τe arcsin

(
η(p, T )γ̇

τe

)
(35)

where τe is the Eyring stress, namely the stress at which the fluid’s behaviour starts to be
non linear.

The total sliding friction force is then:

Ft = τA (1− f(Λ)) + f(Λ)µdryFn (36)

where A is the Hertzian contact area, µdry is the dry coefficient of friction and f(Λ) is the
load share function [57, 58], defined as the ratio between the load Fna borne by the asperities
in direct contact and the total normal force:

f(Λ) =
Fna

Fn
= 1− 1.2Λ0.64

1 + 0.37Λ1.26
(37)

Therefore, the friction force is a non linear weighted sum of the complete dry and lu-
bricated contributions, depending on the Tallian parameter Λ [59], which expresses the
ratio between the film thickness and the composite surface roughness allowing to describe a
continuous transition between boundary, mixed and full film lubrication regimes:

Λ =
hTc√
σ2
1 + σ2

2

(38)

with σ1 and σ2 the RMS roughness of the two surfaces.
According to Olaru et al. [60] in ball screws two main regimes can occur: the isoviscous-

rigid (IVR) and the elasto-hydrodynamic (EHL). The hydrodynamic rolling resistance force
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FR due to Poiseuille flow of the lubricant can be expressed as a combination of the values
obtained in these two regimes, as:

FRIV R = 2.9766E∗R2
xλ
−0.3316W

1
3U

2
3 (39)

FREHL = 7.5826E∗R2
xλ
−0.4055W

1
3U

3
4 (40)

FR =
FRIV R − FREHL

1 + 0.0841λ0.6029WU−0.75
+ FREHL (41)

where W = ML3 (αpvE
∗)−3 and U = 0.5L4 (αpvE

∗)−4 [53].
The component FP of the lubricant pressure in the contact inlet zone directed along the

rolling direction can be related to FR as [61]:

FP = 2FR
Rx

Rx + rb
(42)

In addition, Balan et al. [62, 63] formulated an approximated relationship for the rolling
resistant moment around the contact footprint centre caused by rolling elastic hysteresis
losses and contact micro-slips:

MER = 7.48× 10−7r0.33b F 1.33
n

[
1− 3.519× 10−3(λ−1 − 1)0.8063

] µs
µdry

(43)

where µs = Ft/Fn is the equivalent sliding coefficient of friction.
The race curvature in space originates additional micro-slip and a consequent supple-

mentary resistant moment MC [62]:

MC = 0.0806µs
Fna

2
y

2Ry

(44)

where ay is the contact footprint dimension in the y axis transverse to the direction of
motion.

Finally, the spin motion of the sphere is hindered by the spinning torque MP [63]:

MP ∼=
[

3

8
+

(
3π

16
− 3

8

)
κ−0.945−0.016 ln(κ)

]
µsFnay (45)

with κ = ax
ay

the ellipticity ratio between the minor and major contact ellipse half widths.

2.4. Forces and moments projection

The contact area is extended along the y direction, therefore the main motion of the
lubricant trough it is along the t axis [64]: hence, it is assumed that FR acts along this
direction. It is applied on the groove in the same direction, since it is a braking force created
by the hydrodynamic effect [62, 63, 61]. FP is applied on the sphere centre opposing to its
translational speed since it is generated by forces normal to the sphere, as shown in Fig. 7.
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Figure 7: Forces direction on the sphere and the screw (lower) and nut (upper) grooves. Forces and moments
between adjacent spheres are not represented, although present, to not excessively complicate the figure.

Considering the rotation matrices TBF and TOF , the calculated normal and friction
actions generate forces and moments on the sphere, screw shaft and nut. The force and
moment vectors on the sphere with respect to the sphere CS, expressed in the same CS are:

FF
sphere = T−1BF

[
−FnS1

dBnF/C1s
− FtS1

dBt + (FP − FR) t̂
]

(46)

MF
sphere = T−1BF

[
(rb − δsS1

)dBnF/C1s
×
(
−FtS1

dBt − FR t̂
)

+

−(MER +MC) dBωroll
+MP dBnF/C1s

] (47)

while those on the screw shaft with respect to the Oxyz CS, expressed in the same CS can
be expressed as:

FO
screw = T−1BO

[
FnS1

dBnF/C1s
+ FtS1

dBt + (FP − FR) t̂
]

(48)

MO
screw = FO

screw ×RO
CPS1/O

−T2

(
MP dBnF/C1s

)
(49)

where, remembering Eqns. (2), (5) and (7), the position of the contact point CPS1 with
respect to the screw origin O, expressed in Oxyz, can be written as:

RO
CPS1/O

= T−1BO

[
(rs + δgS1

)dBnF/C1s
+ RB

C1s/B
− MER +MC

FnS1

t̂

]
+ RO

B/O (50)

in which the term involving MER and MC represents the displacement of the centre of the
pressure distribution in the direction of rolling.

The sum of the contributions obtained from Eq. (49) for all the spheres of both nuts
creates the total friction torque around the screw axis.
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Figure 8: Visual representation of the Simscape multibody model.

2.5. Sphere to sphere contact model

The same contact formulation explained in Secs. 2.2 and 2.3 has been applied in the
contact between adjacent spheres. However, the computation of the kinematic values, such
as the relative speed and position, is easier because of the simple spherical geometry of both
contacting bodies.

3. Results and discussion

The model geometry has been created in Solidworks and imported as Parasolid into
Simscape, resulting in the initial configuration shown in Fig. 8. The contact model presented
in Sec. 2 is applied to each sphere of the two nuts four times, one for each half groove.

The geometrical parameters of the considered double nut preloaded ball screw are sum-
marized in Tab. A.1. A lithium 12-hydroxystearate-thickened (Li/SS) grease has been con-
sidered [53, 55, 65, 66, 67], whose properties are listed in Tab. A.2.

As explained in [44], the ball screw mechanism is speed controlled with a PI scheme using
the screw shaft angular speed as feedback. The system is considered in vertical position,
with the master nut (Nut 1) above the slave nut (Nut 2).

Several simulations have been performed to obtain the plots presented in this section.
For each one, the preload is applied with a smooth step in the first 5 [ms] between the
two nuts. Because of the preload and the gravity due to vertical arrangement, an initial
settling phase is present, though very short. Once the system has reached the equilibrium,
a smooth step speed command is imposed to the screw from 0.05 [s] to 0.1 [s] in order to
reach constant speed conditions, which are kept for 0.5 [s]. The various quantities have been
extracted from the last 0.2 [s] of simulation. Little variations of the obtained values from
the overall trend of the graphs can be present due to possible numerical artefacts, especially
at low speeds, and to the averaging process during the considered 0.2 [s]. No external force
is applied to the system, therefore no mechanical efficiency values are shown in this paper.

In order to make the figures clearer, only the results regarding one of the sphere of each
nut are shown. Different values of preload and speed have been considered, respectively in
the ranges 0÷3000 [N] and 100÷4000 [rpm]. The results have been analysed at environmen-
tal temperatures of −20, 20 and 60 ◦C. For the time being, the temperature is considered
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constant throughout the entire duration of each simulation and it is set in advance. Ther-
mal deformations of the screw, nuts and spheres are taken into account depending on the
simulation temperature, according to [40]. The investigation of the dynamic capabilities of
the current model are out of the scope of this paper: it has been presented and described,
together with the Simscape practical implementation, in [44].

The values of the torque requested on the screw shaft to guarantee a constant speed
with different preload levels are shown in Fig. 9 for different temperatures. This torque is
needed to overcome the frictional effects generated by the contact between the spheres and
the grooves: hence, intuitively, the higher the preload, the higher the contact forces and,
then, the friction. The manufacturers catalogues give an estimation of the no-load drag
torque using the following formula [68]:

Tdraglit =
Kpp

2π
Fpr

Kp =
1

η1
− η2 η1 =

tan (αe)

tan [αe + arctan (µlit)]
η2 =

tan [αe − arctan (µlit)]

tan (αe)

(51)

which describes a linear correlation with the preload force Fpr, based on the equivalent
coefficient of friction µlit, assumed equal to 0.002 in Fig. 9, which is consistent with test data
for the ball screw considered in this analysis. Sometimes, the proportionality coefficient Kp

is approximated as Kp = 0.05/
√
tanαe [69, 70]. The estimated drag torque is shown with the

thick black line in Fig. 9.
Recently, Zhou et al. [50] affirmed that the energy conservation principle on which

Eq. (51) is based is improperly applied since the preload is an internal force and does not
produce any work. Therefore, they expressed the correlation between the preload and no-
load drag torque in a new fashion:

TdragZhou
= µlitFpr sin (α0) [rm + rb cos (α0)] cos2 (αe) (52)

where α0 is the nominal contact angle, equal to 45◦. The updated drag torque estimate is
shown with the dashed black line in Fig. 9.

The prediction of the no-load drag torque obtained from Eq. (52) is lower than that
coming from Eq. (51) and it was validated experimentally by the authors. The new formula
takes into account more parameters, such as the contact angle, various geometrical dimen-
sions, the normal contact force and the prevalent sliding direction [50], the last two not
explicitly visible in the formula but used during its derivation. Both expressions refer to an
angular screw shaft speed of 100 [rpm], according to the prescription of the ISO3408-3:2006
standard [71].

However, these relationships represent almost static conditions and no links are given
for what concerns speed and temperature variations. In Fig. 9 the results obtained from the
model are shown for different temperatures, already cleaned from the torque component due
to gravity, showing, as predicted, a linear behaviour. It can be seen that, while for 20 ◦C
and 60 ◦C the no-load drag torque values match with the outcomes of Eq. (52), the same
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Figure 9: No-load drag torque at 100 [rpm] for different temperatures and comparison with literature
formulae.

cannot be said of the drag torque generated at −20 ◦C, which shows also higher values for
low preloads. This should be taken into account during the design phase of a machine, such
as flight control EMAs, which has to operate in a low temperature environment.

The level of detail of the model described in Sec. 2 allows to investigate the roots of
this behaviour analysing the contacts between each individual sphere with the grooves.
Independently from the operating temperature, increasing the preload causes the normal
contact force between spheres and grooves to rise, as shown in Fig. 10a. It can be noted
that the forces relative to the spheres in the master nut are slightly lower than those of the
slave nut, due to the weight of the nuts themselves, which weigh on the lower nut. The
contact forces generated in the contact of the spheres with both screw and nut grooves are
almost equal, except for the weight of the sphere which gives a negligible contribution. Note
that the value of the normal force shown in Fig. 10a refers to a total of 25 simulated spheres
per nut: in fact, although the nominal number of sphere for each nut is 30 (Tab. A.1), an
average of five spheres are always engaged in the recirculating path, leading to 25 effectively
loaded spheres.

Figure 10a shows also the friction forces: they are the major responsible for the friction
torque increase. The ratio between these and the normal forces represents the instanta-
neous friction coefficient, shown in Fig. 11b for different speeds. Its value is considerably
small, denoting conditions close to pure rolling, as expected in ball screws, especially at
low speeds. Increasing the preload, the normal forces rise more than the friction forces,
leading to lower ratios between these quantities (Fig. 11b). As expressed in Eq. (36), the
resultant friction force in a contact, as those depicted in Fig. 10a, depends on both the force
generated within the lubricant thickness (Fig. 10c) and by the dry direct contact between
asperities (Fig. 10d). Analogously to what seen in Fig. 9, higher friction coefficient values
arise for low temperatures. It is interesting to note that, for low preloads, the coefficient of
friction decreases fast, while as the preload increases its diminishing rate decreases. As the
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Figure 10: Simulation results for one sphere of master nut at 100 [rpm]: (a) Normal and friction forces; (b)
Contact angle; (c) Lubricant component of the friction force; (d) Direct contact component of the friction
force.

temperature decreases, the plateau region is reached at higher preload values.
This can be ascribed to the lubricant viscosity: in fact, according to Roelands’ model of

Eq. (24), it increases with the normal force and, hence, it grows with the preload. For what
concerns the temperature, a big influence of the temperature on the viscosity has been en-
countered experimentally [53], enclosed in Roelands’ model, especially for low temperature.
The higher viscosity plays two roles: it has the effect of thicken the lubricant film, as can be
seen observing the Tallian parameter in Fig. 10e, and it affects the relationship between the
shear rate and the shear stress, expressed in Eq. (35). These two effects are concurrent for
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Figure 10: Simulation results for one sphere of master nut at 100 [rpm]: (e) Tallian parameter; (f) Shear
stress; (g) Hertzian contact area; (h) Hertzian contact pressure.

what concerns the shear stress, and hence the lubricant friction force. In fact, considering
Eq. (34), a thicker film of lubricant would decrease the shear rate and thus the shear stress,
according to the rheological model. On the other hand, the higher viscosity directly affects
the shear stress. Looking at Fig. 10f it results obvious that this second phenomenon prevails
and the shear stress increases with lowering temperature values.

The lubricant film thickness influences the wear rate of the mating surfaces [53, 40]: the
lower the Tallian parameter, the more probable a direct contact of surface asperities and,
hence, the more severe the wear. With reference to Eq. (29), a value of the Tallian parameter
lower than 2-3 leads the contact to operate in mixed lubrication. In this situation, direct
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contacts can occur and the friction force is transmitted both by dry asperities contacts and
lubricant shearing: the two contributes are detailed in Figs. 10c - 10d. It can be noted that,
since at −20 ◦C the Tallian parameter is higher than the mixed lubrication threshold, all
the friction force is generated by the lubricant shear. At 20 ◦C the mechanism is operating
in mixed lubrication conditions and the total friction force is transmitted together by the
lubricant film and dry contacts. At 60 ◦C the Tallian parameter is even lower, indicating
an almost boundary lubrication situation: in fact the force transmitted by the asperities
in direct contact is comparable with that obtained by the lubricant film shear. The latter
condition should be avoided since it implies high wear rates and a premature failure of the
component.

The displacement of the friction coefficient’s plateau to higher preload values for de-
creasing temperatures can be explained observing that the Tallian parameter diminishes
with the preload but, at −20 ◦C, it maintain the contact in full lubrication condition even
at the highest preload value: this means that the friction force is almost entirely given by
the lubricant shearing and then it is fully influenced by the viscosity increase. Conversely,
at higher temperatures, the thinning of the lubricant leads to a friction force more and more
governed by dry coefficient of friction, which is much less sensitive to the normal force value
and then to the preload.

It is worth to be highlighted that the instantaneous coefficient of friction values aris-
ing in the contact area with the screw side are higher than those with the nut grooves
(Fig. 10a and 11b) and this is due to the difference in the main curvature of the two grooves
[40]. Figure 10h depicts the Hertzian pressure generated at the two contact interfaces: the
main curvature radius of the nut grooves is higher and opposite in sign with respect to
the screw main curvature radius, leading to a higher contact footprint area (Fig. 10g) and,
hence, a smaller contact pressure. The high values of contact pressure are typical of ball
screw and similar to those arising in ball bearings [53, 72]. This higher pressure is also the
reason why the shear stress within the lubricant layer, depicted in Fig. 10f, is greater in
the sphere/screw interface. To this effect contributes also to the fact that the slipping be-
haviour in the sphere/screw interface is usually greater than that in the sphere/nut contact
points, since the screw shaft is the driving element. Since the rolling conditions are close
to pure rolling, the slipping speed is very low and, therefore, also the friction force. When
the sliding speed is below a certain threshold, usually indicating the speed at which the
maximum friction coefficient occurs, the dependence of the friction force from the sliding
speed is almost linear, since the friction model is implemented as speed dependent, which
means that there must exist a non-null sliding speed, even if extremely small, to create a
friction force, as in [43, 73] or as implemented in commercial MBD softwares such as MSC
ADAMS. This is required to avoid integration instabilities, such as those that would occur
with a pure Coulomb friction model, which would lead to the simulation failure, especially
when the components involved in the contact have extremely low mass and inertia, fact
that makes them more prone to be affected by spikes in the force acceleration signals. In
this case, the sliding speed are well below this threshold and therefore in the linear region:
consequently, since in the screw/sphere interface there are a slightly higher slipping speed,
the friction forces obtained in this point is greater than those on the nut side. The small
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sliding speed obtained in the contacts may also be seen as representative of microslip which
generates in the contacts due to the non-punctual contact point.

The friction torque depends on the projection of the contact forces on the nuts and
screw shaft, and this is directly dependent on the direction of the contact forces in space,
i.e. on the contact angle. Figure 10b represents the variation of this value on both nuts and
grooves: the higher the preload, the higher the contact deformations and, hence, the greater
the variation of contact angles from the nominal value of 45◦.

Hitherto, all the observations have been made upon graphs obtained at an angular screw
shaft speed of 100 [rpm], according to ISO3408-3:2006 [71]. However, the operating speed is
an important factor to be considered when evaluating friction related quantities, such as the
no-load drag torque. Figure 11a depicts this drag torque as a function of the preload level
for different speeds and temperature: it is given by all the contributions of all the spheres
from the two nuts, as in Fig. 9. Because of the type of lubricant, the 60 ◦C curve is similar
to the 20 ◦C one in the frame of the current analysis, therefore it has been omitted in Fig. 11
for the seek of plots’ clearness.

It can be observed that the speed dependence of the friction torque is more marked for
low temperature. In fact, as previously stated, the low temperature friction comes primarily
from the shearing of the lubricant film under high viscosity conditions, and the rheology of
the lubricant in Eq. (35) describes a shear stress dependence on both viscosity and shear
rate, the latter directly influenced by the operating speed. Instead, at higher temperature,
the speed effect is less pronounced because of the lower load share function value Λ (Eq. (29))
and due to the lower viscosity of the lubricant. However, even if with different rates, an
increase in the operating speed leads to the increase of the friction torque.

The instantaneous friction coefficient curves are depicted in Fig. 11b, from which it can
be seen that on the screw side it always creates a slightly higher coefficient of friction because
of the higher pressure. No significant differences can be seen between the master and slave
nut when no external load is applied. At low speed the lubricant film does not completely
build up (as can also be observed from Fig: 10e realized at 100 [rpm]) and the friction is
determined mainly by direct contact of asperities. Instead, when the speed augments the
surfaces are separated by the lubricant and the friction becomes almost entirely dependent
on the film shearing, which, at higher temperature, creates less frictional effects due to the
remarkably lower viscosity.

Figure 11c shows the value of the contact angles for different preload levels and screw
speeds. In absence of an external force and at low preloads, the sphere are lightly loaded
and, therefore, more free to move between the grooves. In fact it is interesting to note that,
at low preloads, the contact angles on the screw and nut sides distances from the mid value
which they assume for low speeds, in order to equilibrate the centrifugal forces: this effect
is more pronounced for higher operating speeds. However, when the preload increases the
spheres are more pressed and trapped between the grooves: the centrifugal force becomes
negligible with respect to the other contact forces and the contact angles does not vary
between the screw and nut side.
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Figure 11: Influence of speed on (a) the total no-load drag torque generated by all the spheres of both nuts,
(b) the sliding friction coefficient of single contacts. and (c) the contact angles.

4. Conclusions

In this paper the no-load drag torque generated in a ball screw mechanism has been
investigated. This quantity is a crucial factor in the design of a ball screw drive system, such
as electro-mechanical actuators, since it directly affect the size of the motor and it should be
carefully taken into account during the design phase. Usually, manufacturers estimate the
friction torque generated in absence of external force applied on the nuts assembly as a linear
function of the preload, without considering other geometrical features and parameters, such
as speed and temperature. In this research activity, a sensitivity analysis of the no-load drag
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torque with respect to the operating angular speed, preload and temperature has been carried
out and the results have been interpreted and explained with a physics-based approach.

With this aim, a full MBD mathematical model of a double nut preloaded ball screw has
been exploited: it has been thoroughly described together with the details about the rep-
resentation of lubricated contacts. The model is capable of describing the full dynamics of
each subcomponent taking into consideration all their six degrees of freedom and gyroscopic
effects. A three-dimensional contact model has been developed to describe the interaction
between spheres and gothic arch helical grooves. Sphere to sphere contacts has been con-
sidered as well and supports’ friction has been disregarded to focus the analysis only on the
friction torque component generated internally to the ball screw.

The main results that can be drawn from the current analysis are summarised as follows:

� the no-load drag torque is a linear function of the preload and its variation rate is
directly dependent on the operating speed;

� higher operating speeds cause the no-load drag torque to rise and this effect is more
pronounced for lower temperature because of the sensibly higher viscosity of the lu-
bricant;

� at lower temperatures the higher viscosity of the lubricant leads to thicker film and
then low wear rates but, at the same time, to greater shear stress levels and, hence,
increased friction;

� at higher temperatures the lubricant film becomes thinner and the contacts might
operate in mixed or even boundary conditions, with greater wear rates;

� at higher temperature the coefficient of friction is lower than that arising in low tem-
perature conditions because of the lower lubricant viscosity and the load share between
lubricant film and asperities;

� the friction generated in the sphere/screw interfaces are usually greater than that in
the sphere/nut contact points, because of the different Hertzian contact pressures given
by the different main curvature radii of the grooves.

� when the ball screw is lightly loaded, either by external force or preload, the con-
tact angles on both the screw and nut sides vary sensibly with the speed increase to
compensate the centrifugal force, while at high preloads its effect is negligible.

The specific results obtained in this paper depend on the type of selected lubricant
and its physical properties. Different kinds of lubricants exist: some of them are more
suited to operate at low temperatures than others and, therefore, they can generate film
thicknesses and shear stresses of different values for the same operative and environmental
conditions. For example, the lubricant assumed in the current analysis is not suited for
high temperature since its decrement of viscosity makes it not capable of guarantee a proper
surfaces separation.
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In conclusion, the no-load drag torque estimation with literature formulas should be
taken with care considering that the calculated value is not only a function of the preload.

With the aim of confirm the lubricant friction model, a three-dimensional multi-physics
EHL FEM analysis code is being constructed to compare the results with those of the
simplified fast model.

The results of the model presented in this paper have not been experimentally verified yet.
In order to validate the model and its results, an experimental test bench of ball screw drives
have been designed [74] and it is currently under construction. The primary next goal of the
research project will be to investigate the correspondence of these results with experimental
trends. In order to measure the no-load drag torque, a torque meter is interposed between
the electric motoreducer and the screw shaft. A variable preload mechanism allows various
preload level to be set and measured dynamically by means of a load cell between the two
nuts [74].
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Appendix A. Geometrical and lubricant’s parameters

Table A.1: Ball screw parameters.

Geometrical parameter Symbol Value Units
Screw pitch circle radius rm 8 mm
Screw lead p 5 mm
Ball radius rb 1.5875 mm
Centre radius offset H 0.0629 mm
Ogival offset L 0.0505 mm
Screw and nut groove conformity factor fs,n 0.528
Screw shaft moment of inertia around ẑ axis Is 9.1893 kg mm2

Number of loaded turns nt 1.75
Nut mass Mn 0.275 kg
Total number of spheres per nut Ztot 30
Number of effectively loaded spheres per nut Zeff 25
Nominal helix angle αe 5.679 deg
Nominal contact angle α 45.13 deg
Ball roughness [22] σb 41.56 nm
Grooves roughness [22] σg 11.56 nm
Screw, nut and ball elasticity modulus Es,n,b 210 GPa
Screw, nut and ball Poisson modulus νs,n,b 0.29
Dynamic load Ca 8.2 kN
Static load C0 13 kN

Critical screw angular speed Ω̇cr 18000 rpm
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Table A.2: Properties of the lithium 12–hydroxystearate–thicknened grease.

Property of Li/SS Value
Base oil Mineral oil (semi-synthetic)
Thickener agent Lithium
NLGI grade 2
Mass fraction of thickener 0.17
Volume fraction of thickener 0.16
Grease viscosity at high shear rate [Pas] 0.1091
Grease density @ 25 °C [kg/m3] 920
Base oil viscosity @ 25 °C [Pas] 0.07
Base oil viscosity @ 80 °C [Pas] 0.0045
Base oil density @ 25 °C [kg/m3] 910
Bled oil viscosity @ 25 °C [Pas] 0.08
Bled oil viscosity @ 80 °C [Pas] 0.0051
Zero–shear–rate grease viscosity @ 25 °C [Pas] 8.9× 105

Transition shear rate γ̇c [s−1] 1.4× 10−4

Grease yield stress @ 25 °C [Pa] 83
Storage modulus G′ [Pa] 7.67× 104

Base oil limiting shear stress τL [Pa] 2.5× 106

Limiting shear stress pressure constant ξ 0.06
Yield shear stress temperature parameter b [°C] 50

Derived parameters
Bled and base oil temperature–viscosity coefficient β [K−1] 0.05
Base oil Roelands temperature–viscosity index S0 1.1422
Bled oil Roelands temperature–viscosity index S0 1.1208
Base oil Roelands pressure–viscosity index Z 0.6658
Bled oil Roelands pressure–viscosity index Z 0.6687
Base oil pressure–viscosity coefficient αpv [Pa−1] 23.805× 10−9

Bled oil pressure–viscosity coefficient αpv [Pa−1] 24.365× 10−9
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