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Formation in a Port-Injection Natural Gas Engine

Mirko Baratta, Daniela Misul, Jiajie Xu

Energy Department, Politecnico di Torino - Italy

Abstract

Natural gas has been identified as one of the most promising alternative fuels. Port injection of natural gas,
due to its advantages of costs, manufacturing complexity and mixture homogeneity, is relevant to the current
and future engine development. The present work aims to provide a comprehensive characterization of gas
fuel injection and mixing process, by developing a modeling method for the injector and the engine as a whole
serving as a diagnostic tool for further expounding on the basis of experimental results. The injector is
modeled by the source cell approach that allows for cost-efficient and physics-consistent description of the
underexpanded gas jet, by which a set of fuel injection timings is investigated and then compared with a
conventional premixed case. Two mechanisms peculiar to gas port injection are characterized, being firstly the
two-stage mixing process that involves immediate induction of the residual fuel from the previous engine
cycle and delayed induction of the fuel injected in the current cycle, and secondly the limited fuel penetration
speed along the intake ports with associated delay of charge induction. Additional information on volumetric
efficiency, mixture quality, coherent flow motion and turbulence level is highlighted. It is concluded that the
otherwise intuitive correlation between injection timing and mixture homogeneity for port injection is
complicated by those two mechanisms, and, depending on specific engine design and operating point,
differences resulted from modeling the engine operation with fuel injection and with premixed charge may
prove combustion-significant. The method and the underlying mechanisms found herein are equally

applicable to other combustion systems involving port injection of gaseous fuels.

Keywords

Natural gas (CNG), Spark-ignition (SI) engine, gas fuel injection, computational fluid dynamics (CFD)

1 Introduction

To reconcile the dilemma between the rising demand for the freedom of human mobility and the imperative
to mitigate the detrimental environmental impacts caused by such energy conversion services has emerged to
motivate decade-long endeavors of research and development in the global transport sector, and will most
likely continue to do even more so for the decades to come. This is particularly true for the automotive
industry, being a fundamental pillar and the most diffused and diversified element of the modern mobility
system, and playing a key role in the economic activity and social connectivity. The ever-accelerating increase
in the number of automobiles meanwhile implies great relevance, responsibility, and potential of the
automotive industry to tackle the accompanying natural environment deterioration and resource depletion on a

broad and significant scale. In particular, internal combustion (IC) engines, which are projected to continue to
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serve as the dominant technical solution to modern transportation in the foreseeable future [1], must face the
challenges with respect to anthropogenic CO»-induced climate change [2], air pollution [3], and energy
sustainability and security [4].

The enormous number and ubiquitous usage connected with road transport dictates its multifaceted nature
and hence defies the feasibility of pinpointing any monolithic solution. Adopting alternative fuels is a viable
approach [5], for their favorable combustion and emission characteristics [6]. . Natural gas has been identified
as one of the most promising candidates [7], mainly owing to its clean combustion and the contribution of its
antiknock quality to spark-ignition (SI) engine efficiency improvement [8]. Natural gas is an admixture of
various gaseous species among which methane (CHy) is the primary and characterizing constituent. The
peculiar physicochemical properties of CHa, pertaining to the methods for combustible mixture preparation,
combustion, and resultant emission formation, make natural gas a major cleaner alternative to conventional
liquid fossil fuels [9], promoting extensive discussion on its applicability to SI engines [10] and heavy-duty
vehicles [11]. Chemically, methane has the highest hydrogen-to-carbon ratio among all stable hydrocarbons,
substantially lowering its fuel carbon intensity. The simple composition also results in a relatively simple
combustion chemistry system that suppresses the formation of soot and other complicated intermediate
compounds. In addition, the stable and compact tetrahedral molecular structure, with resultant low reactivity,
prolongs the ignition delay for CH4 than other hydrocarbon fuels fuels at elevated pressures and temperatures
[12] and over a broad range [13]. Therefore, the combustion regime of methane under typical engine
conditions is predominantly the propagating conduction-diffusion-controlled flames rather than the ignition-
delay-gradient-driven autoignition, grating CHs strong resistance to knocking. As a result, natural gas fueling,
with a proper combination of higher compression ratio (CR), higher intake boost and downsizing beyond the
typical limits of gasoline engines [14], is a key enabler to increase thermal efficiency and specific power, and
fuel economy. Moreover, the gaseous state gives natural gas the inherent advantages of obviating atomization
and vaporization, thus avoiding wall wetting and the formation of fuel-rich pockets. Natural gas is also an
economic fuel owing to its abundant conventional and unconventional resources [15], and can thus reduce
dependency of transport on crude oil and mitigate oil depletion by transport.

The gaseous state nevertheless is problematic for practical fuel applications. The density and viscosity of
compressed natural gas (CNG), drastically lower than liquid fuels, imposes stringent requirements on injection
pressure, injector volume flow rate [16] as well as on manufacturing features such as sealing and lubrification
[17]. In this regard, the wide windows allowable for air-fuel mixing in port injection (PI) system, which
significantly reduce manufacturing complexity and costs, along with its superior capacity to guarantee mixture
homogeneity [18], make PI CNG engine a commercially and technically appealing option to incorporate
natural gas into transport fuel portfolio. As a consequence, PI engines are dominant in the current CNG-
vehicle market.

Gasoline-CNG bi-fuel vehicles, especially taxis, have firstly and long witnessed vast popularity. In fact, the
size of the global CNG vehicle fleet has grown by an order of magnitude over the last decade [19], and most
of the engines are retrofitted from gasoline ones with CNG PI [20]. Such enduring popularity has attracted
continuing researches on, for instance, the modeling of performance and emissions [21], driving-cycle bench
tests [22], and real-world emission measurement [23] of bi-fuel PI CNG engines and vehicles, which

substantiated their economically-friendly, environmental benefits.

The inherent compatibility and potential of CNG in stoichiometric-mixture spark-ignition (SI) combustion

system, along with the technological applicability of gas PI system that operates at low pressure (typically
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<1MPa), has encouraged extensive researches to date on dedicated PISI CNG engines with CNG-specific
optimization. Load-dependent specific CO, emission reduction by 25-45% was experimentally and
theoretically revealed with a gasoline-converted PISI CNG engine optimized in terms of CR, downsizing,
exhaust gas recirculation (EGR) rate, and spark timings [24]. In addition, PISI CNG vehicles, thanks to the
low-carbon-intensity fuel, were found to produce comparable [25] or less total greenhouse gas emissions in
comparison with their diesel counterparts [26], albeit the latter being more thermally efficient. To retain the
NOx emission advantages of CHs combustion when CR is typically increased, the mechanism of individual
EGR components was experimentally detailed in a PISI CNG engine for control purposes [27]. Test-cycle
measurements demonstrated that vehicles powered by PISI CNG engines resulted in lower tailpipe particulate
emissions than particulate filter-equipped diesel ones [28]. As a result of the immediately obtainable emission
benefits, an important share of dedicated PISI CNG fleet is accounted for by heavy-duty applications,
especially the captive vehicles in urban areas. In fact, diesel engines, traditionally predominant in this field,
can be efficiently converted to PI CNG by replacing the diesel injector with a spark plug and by adding a port
injector. To this end, an empirical and numerical model-based optimization method was developed for
converting diesel into PISI CNG engines [29], and the combustion characteristics of natural gas inside a
diesel-derived PISI optical engine was observed to assess the influences of typical diesel combustion chamber
on flame propagation [30]. Meanwhile a growing number of specifically optimized PISI CNG engines are
being introduced into the market for the readily available reduction in emissions and costs [11]. Dedicated
PISI CNG engines were also evaluated for small-displacement constant-speed applications such as stationary
generator [31] and decentralized cogeneration plant [32], wherein simplification of the injection system and
high charge homogeneity are preferable properties. For the same reason, the injection strategy and resultant
mixing process inside a PISI side-ported rotary CNG engine, intended as a range extender for hybrid electric
vehicles, were numerically studied [33]. The potential of Miller cycle through increased geometric CR and
late intake valve timing for thermal efficiency improvement in a PISI CNG engine was explored with positive
results [34].

In addition to the direct application in CNG engines, CNG PI has been extensively involved in a variety of
alternative combustion concepts. Given the physical similarity of CH4 to hydrogen with even lighter
molecules, the benefits of hydrogen-enriched CNG (HCNG) in terms of flame stabilization and further
reduction in fuel carbon content were usually exploited by PI, since the technical difficulties in manufacturing
CNG direct injector apply more to HCNG. HCNG PI with solenoid injector was therefore adopted in both
experimental single-cylinder study [35] and one-dimensional modeling [36]. The emission benefits of CNG
are conveniently incorporated with diesel-like efficiency by dual-fuel, wherein CNG as the main fuel is
commonly delivered by PI method to form a premixed charge for which pilot injection of a high-cetane fuel,
typically diesel, provides the ignition energy. While researches were usually focused on diesel pilot injection
through pre-chamber [37] or multiple injection [38], the combustion process was experimentally shown to be
influenced by CNG PI timing as well [39]. Another dual-fuel concept relies on the SI combustion of a fuel
blend of gasoline and CNG in order to overcome the volumetric efficiency losses of PISI CNG engines
through the synergy between a clean high-octane fuel and a high-energy-density liquid fuel. In this case, the
fuel blends were realized by the concomitant injection, by means of either two port injectors [40] or the
combination of a gas port injector and a gasoline direct injector [41], generally resulting in improved engine
efficiency and emissions with little sacrifice of power output. Moreover, gas PI has been widely applied in
combustion systems operated on other gaseous fuels such as biogas [42], hydrogen [43], and DME [44].
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Therefore, characterizing PI of natural gas, or of gaseous fuels in general, is highly relevant to the current
as well as future development of IC engines. PI is traditionally implemented in gasoline engines wherein the
liquid fuel is rapidly injected towards the intake valves during a small fraction of the intake stroke, and
adequate mixture homogeneity is normally guaranteed. However, as a consequence of largely reduced density
and sonic-limited velocity at injector nozzle, the limited fuel flow rate and prolonged injection duration may
result in the mixing characteristics of gas PI distinguishable from liquid PI. In fact, perceivable effects of
mixture quality variation attributable to the PI operation were observed. The indicated mean effective pressure
(IMEP) data were statistically analyzed to examine the dynamics of cyclic combustion instabilities in a PISI
CNG engine, and injection timing was verified to influence combustion stability due to different mixture
stratification inside the combustion chamber [45]. A similar study on combustion cycle-to-cycle variation
(CCV) in a large-bore PISI CNG engine showed that the CCV, as an indicator of mixture quality, was affected
by the port injector elbow types and injection duration as the fuel was delivered into the intake manifold
behind the valves [46]. It was also experimentally shown that PI timing had a significant influence on the
premixed combustion process in a dual-fuel engine, and was a potential factor for performance optimization
[39]. Moreover, varying the gas injection parameters is in fact a common practice for PISI CNG engine
calibration which affects optimization objectives such as fuel consumption and emissions. Accordingly, as
gaseous fuels are becoming increasingly popular in engine applications and mixture quality is a well-known
factor determining the combustion process, investigation into PI and mixture formation processes peculiar to
gaseous fuels is necessitated.

To understand the behaviors of gas PI, the gas jet emitted from a production port injector was examined in
detail by means of schlieren imaging whereby both free and impinging natural gas jets were visualized so as
to represent realistic PI conditions [47]. The study was focused on the assessment of the axial and radial
penetration as well as the overall targeting profile of the gaseous fuel jet. A similar optical observation on jet
development was performed for a single-hole nozzle injector, presenting the correlation of pressure with tip
penetration and mass flow rate respectively [16]. Furthermore, in view of the underexpanded nature of
practical fuel injection, the effects of nearfield shock structure on farfield jet evolution and injection
parameters were analyzed with various pressure ratios and nozzle diameters, wherein the promoted spatial
distribution and turbulent mixing in the shock-dense nearfield were highlighted [48]. It is agreed among those
studies that the injection characteristics of gaseous fuel differ from liquids, and supposing that gas PI exhibit
peculiar mixing process meriting detailed investigation is plausible. Meanwhile, experimental and numerical
studies of CNG engines with port-injected fuel usually assume homogeneous mixtures [49], thus tending to
rule out variations potentially attributable to PI operation. To ascertain its influences or lack thereof, the
process and underlying mechanisms of injection and mixture formation inside intake manifold and
combustion chamber resulting from gas PI, apart from studying the gas jet itself, has to be understood.
However, in-detail characterizing methods and discussions in this regard have been scarcely documented in
literature. Therefore, the present work aims to present a method for characterizing the gas injection and
mixture formation for engines equipped with gas PI.

For investigating experimentally reported influences of gas PI on engine operation, numerically modeling
the gaseous fuel injection and air-fuel mixing processes by means of computational fluid dynamics (CFD) is
an effective way. CFD modeling allows the complex air flows and its interaction with high-velocity injected
fuel to be revealed in three-dimensional details, and is useful for obtaining flowfield properties that are not
readily accessible by experimental means. In the present work, the characterization of CNG PI consists in
firstly modeling the injector with the source cell method and subsequently incorporating the injector model
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into the full engine model in order to thoroughly understand the entire injection and mixing process. In
particular, the source-cell modeling method for the single-hole gas injector is discussed in detail with respect
to model implementation and grid density that are specifically tailored for mixture formation study in gas PI
engines. An engine calibration is performed beforehand which substantiates the influences of gas PI timing on
engine performance and sets the background for further CFD investigation. By then numerically modeling
several engine operation cases with gas injection and comparing with a premixed case, the objective is to
provide a comprehensive insight into the mixing characteristics peculiar to gas PI through the presented
method, characteristics including the major differences from liquid fuel operation, the underlying mechanisms
that governs the mixing between injected gaseous fuel and air, and the influences of gas PI on flow parameters
to be considered when designing PISI CNG engines or diagnosing their operation.

2 Engine configuration

The engine herein investigated is intended as a high-performance urban mobility solution that incorporates
the immediate pollutant and CO- emission benefits of natural gas fueling in traffic-dense regions. The
prototype is a downsized two-cylinder water-cooled PISI CNG engine that is turbocharged with intercooling.
The main engine parameters are reported in Table 1. Variable valve actuation (VVA) is implemented to the
intake valvetrain, for which the valve timing reported in the table have to be intended as referred to the full
load conditions, as well as to a reference lift of 1 mm. Being a dedicated CNG engine, the CR is elevated from
the gasoline baseline up to 13:1 by modifying the piston crown, in order to take advantage of the knock-
resistance of natural gas. More specifically, the modified piston features a dome whose size has been fitted to
the clearance volume, as can be seen in Figure la. Figure 1 also shows the geometry of the cylinder head (Fig
1b). The optimization of the engine combustion chamber was studied previously by the authors and it was
documented in [50]. Since the intake ports featured a moderated tumble intensity, and given the necessity of
sustaining the turbulence intensity at partial load, a configuration with masked intake valve was adopted. The
mask showed to inhibit the intake flow on the intake side, thus suppressing the reverse tumble flow at low lift.
The effect is clearly visible in Figure 2 (data taken from [50]). In fact, despite the advanced valve closure at
partial load, the quite high tumble intensity generated during the intake process allowed the same tumble level
as the full load case to be obtained. In both cases, the tumble number peak in the compression stroke was
around 0.6 (see Figure 2).

The engine is designed to be fueled with natural gas with variable composition. In the experimental tests
documented in this paper and in [50], the engine was fueled by natural gas taken from the network, and
controlled periodically. The average, detailed, composition is reported in Table 2. A Bosch single-hole
injector is mounted to the intake port of each cylinder and fed by a high-pressure CNG storage tank along with
two pressure regulating valves.

(a) (b)
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Figure 1 Engine geometry: piston (a), cylinder head (b).
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Figure 2 Engine tumble number (from [50]).

Item Unit Value
Engine - SICNG
— Cylinder - Straight twin
£
2 € | Cylinder head - Pent-roof
D -
© Air induction - Turbocharge, intercooler
Turbocharger - Wastegate controlled
Bore mm 72
Stroke mm 84
-
& & |Connecting rod mm 128
Q =
Displacement cm? 685
Compression ratio - 13:1
Valves per cylinder - 4
2 E
= 8 | Valve train intake - FIAT MultiAir VVA
> B
Valve train exhaust - Fixed cams
vo deg CA 368
Variable - 549+570 @
)
£ ve deg CA Full Load
~ 2 Evo deg CA 145
IEVC deg CA 360
Injection system - Multipoint port injection
=
= £ |Fuel rail pressure bar 5—10 (9 used herein)
= 9
= '% Injector type - Single hole
=
Hole diameter mm 1.5
Table 1 natural gas engine specifications
Species Unit Value
IMETANE %vol 91.8
ETANE %vol 4.4
IPROPANE %vol 0.9
BUTANE %vol 0.3
INitrogen Y%vol 2.4

Table 2 Natural gas detailed composition
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The prototype engine is numerically investigated for diagnostic purposes of providing explanation for the
optimum injection timing that has been experimentally identified, and of understanding in detail the influences
of injection timing on air-fuel mixing process, fuel distribution, volumetric efficiency and flowfield.

3 Model description

Numerical modeling often proves an essential tool for studying the complex internal flow of an engine. The
engine cycle including gas injection is modeled in the environment of a three-dimensional finite-volume CFD
solver, Star-CD (version 4.20). The model herein presented is an enhanced version of the ones described in a
study of tumble flow motion inside a pent-roof engine [51] and in a comparative study of different combustion
chamber designs for a PISI CNG engine [50].. While in the previous works combustion was modeled by
adopting a homogeneous mixture assumption, in the present work the injection event is described in detail and
the mixture stratification characterized. Given that the focus was given to the assessment of the implications
of the specific injection simulations, the combustion phase was not simulated in this paper.

3.1 Computational domain

The computational domain encompasses the complete engine geometry including the combustion chamber,
intake and exhaust ports that are extended up to the respective collecting manifold (see Figure 3), consisting
of hexahedral finite-volume cells. The mesh topology and resolution inside the cylinder and through the
valves are the same as in [50]. More specifically, the target cell size in the majority of the volume is imposed
at 1 mm, and local refinements are allowed to resolve critical engine geometries. In particular, cells between
the valves and corresponding seats are set in the range of 0.2-0.4 mm, considering the high flow velocity
during gas exchange phases. Such spatial resolution has been validated in terms of grid sensitivity [50-53],
and accepted to be sufficient. Moreover, several parallel layers of gradually coarsened extrusion cells are
imposed on the inlet and outlet pressure boundaries to improve accuracy and to attenuate possible boundary-

induced perturbation and wave reflection thanks to the increased artificial dissipation.

. )

Figure 3 Overview of the engine geometry and computational
domain (intake on the lefthand side, exhaust on the righthand side)

A manually built grid of the injector and housing thereof, with regularly spaced orthogonal hexahedral
cells, is integrated into the engine volume (see the yellow grid block in Figure 3), including the injector nozzle
in the exact position. The injector location is a typical arrangement for gaseous fuel PI featured in many
studies of CNG [45], HCNG [36], and dual-fuel [54] engines. The grid is manually built for good control over
mesh quality and spatial resolution both inside and in the proximity of the injector nozzle. A gradual multi-
layer transition zone from the highly refined cell sizes to the ~1 mm of the main engine grid is realized.

3.2 Injector modeling
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Following the concept introduced in [55], a particular injector model, the source cell method, is applied.
Specifically, the injected fuel is introduced into the computational domain as additional source terms in the
form of

sp=m""¢ )

where m'" is the injected mass flow rate per unit volume, and ¢ a generic flow variable attributed to the
injection stream. A proper source term is provided at a selected cluster of cells for each finite-volume equation
solved, i.e. the mass flow rate itself (¢p = 1) for the continuity-derived pressure equation, the three velocity
components for the momentum equations, and the information of temperature and mass fraction for the energy
and species transport equations. The prescribed values of the variable ¢, namely velocity and temperature in
this case, are calculated from the upstream condition in the fuel rail according to the location of the selected
cluster of source cells relative to the injector nozzle.

This method results similarly to a fixed inlet boundary condition but eliminates the necessity of imposing
an actual boundary and the corresponding injector inner geometry leading up to the inlet. Nevertheless, it has
to be noted that it fundamentally differs from the phenomenological injector models such as notional nozzles
with corrected diameters or fictive gas droplets that bypass the underexpansion and associated shock waves.
The source cell method introduces the gas flow within the injector nozzle and therefore allows the physical
phenomena of an underexpanded jet to be numerically described. The source cell method is presented here
with reference to a single-hole injector, however it can be successfully applied also for poppet-valve [55] and

multi-hole injectors.

3.3 Numerical strategy

The three-dimensional time-dependent turbulent flow fields are solved by the RANS approach with the
RNG k-& model. RANS is selected to approximate the mean flowfields for reasonable requirements on the
spatial and temporal resolution, especially considering the underexpanded jet that would induce large mean
flow gradients and thereby a wide range of turbulence scales. The RNG k-¢& model, accounting for the effects
of different scales of turbulent motion, is supposed to improve the prediction of complex flowfield involving
swirling and rapid strain changes. RANS with RNG k-& model has been commonly applied and validated for
reacting and non-reacting engine flows [33,56] as well as specifically for underexpanded jets issuing into
quiescent gaseous medium in constant-volume chambers [48,] and for gas fuel injection in engines [57]. It has
also been pointed, by a specialized study of numerical settings for simulating underexpanded gas jet [58] as
well as by CFD modeling of gas injection into constant-volume chamber [59] and into representative engine
geometries [60], out that the various turbulence model variants within the k-& family have limited influences
on the predicted jet structure.

An experimentally calibrated model using the system-level simulation tool, GT-Power, provides crank
angle-resolved pressure profiles at the intake and exhaust manifolds that are used for boundary conditions at
the same positions in the three-dimensional CFD model. Likewise, pressure and temperature profiles inside
the combustion chamber are utilized to initialize thermodynamic state. In particular, the start of simulation is
set at 90 crank angle degree (degCA) before exhaust valve opening (EVO), and the initial condition is
calculated from a hypothetical polytropic expansion such that the in-cylinder pressure and temperature at
EVO are the same as those in the real expansion stroke likely with ongoing combustion. This initialization
strategy is crucial to the imposition of a correct velocity field inside the combustion chamber. Due to the large
pressure difference, the blowdown in conjunction with the asymmetric exhaust ports (see Figure 3) leads to a



284
285
286
287
288
289
290
291
292
293
294
295
296
297
298

299
300
301
302
303
304
305
306
307
308
309
310

311

312

313
314
315
316

317

318
319

320
321
322
323

significantly different flowfield than an otherwise symmetric piston-driven one according to preliminary tests.
Moreover, concerning the need of getting rid of the influence of the initial conditions, several studies in the
literature pointed out the opportunity of simulating multiple cycles. In [61] it was pointed out that in specific
conditions it is not possible to reach a stable cycle-to-cycle evolution, and in such cases an ensemble average
over the 2™ to the n-th simulated cycles was recommended. This finding was also confirmed in [62], even
though it was found that, depending on the mesh size and the engine characteristics, the presence of numerical
viscosity can damp the numerical perturbations. With reference to the model used in this paper, a few
considerations are anyhow necessary. First, since the combustion phase is not simulated, the expected cycle-
to-cycle variation is greatly reduced. Second, from the point of view of mixture stratification, the cyclic
variation of turbulence-related quantities has a negligible effect with respect to the fuel-concentration
initialization, as it will be discussed in Section 4.3. Third, the model including the detailed simulation of the
compressible fuel jet is really CPU-demanding and a compromise between simulation accuracy and
calculation time is advisable. According to the preliminary tests carried out by the authors, the simulation of
the crank angle interval between 90 deg before EVO and spark timing represented the best compromise for the
purpose of the present paper.

The RANS equations are supplemented with the ideal gas model. All geometrical boundaries are treated as
adiabatic walls with standard algebraic wall functions. The choice is motivated by the fact that, since
combustion is not simulated in the work as already mentioned, the temperature variation is not big enough for
meaningful heat transfer to occur. Convective fluxes are approximated by the second-order MARS (monotone
advection and reconstruction scheme). The thus computed cell-face centered variables are also used to
approximate the diffusive terms. The MARS scheme of second-order accuracy is preferred for the spatial
discretization of the momentum equations over the first-order upwinding scheme so as to avoid excessive
numerical dissipation of the large gradients associated with the fuel injection. The second-order accurate
central differencing (CD) scheme is instead applied to the continuity equation. The time marching procedure
is handled by an implicit scheme of a formal accuracy between the first and second order. The velocity-
pressure coupling in the momentum equations is solved by the predictor-corrector-based PISO (pressure-
implicit with splitting of operators) algorithm.

4  Results and discussion

For the reason of clarity, pure CHs is hereinafter used as the surrogate fuel for natural gas. The convention
of engine crank angle is such that the firing top dead center (TDC) is at 0 degCA, or periodically 720 degCA,
and accordingly 360 degCA corresponds to the valve-overlapping TDC, which is consistently used throughout

the present work.

4.1 Injector modeling

This section presents the different implementations and grid dependence study of the source cell method
and hence a generalization thereof for the purpose of numerically characterizing gas fuel injection.

The effects of location of the source cell cluster, wherein the source terms in Equation (1) are introduced,
are inspected with three locations relative to the inner injector geometry (see the blue-colored cells in Figure
4). The near-tip flow passage of the injector is conceptually a convergent nozzle with the exit being the critical
section. A conical nozzle with ~30° convergent angle is implemented, called case "nozzle" hereinafter, and the
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source cells are located at a distance from the critical section. The velocity (in terms of Mach number) and
temperature for the source cells are calculated from [63]:

y+1
A 1 1+y—;1M2 2r-1)
el B @
A, M y+1
2
T, -1
=14 M2 3)

T 2

where A is the known cross-section area where the source cells are located, A, the critical-section area of the
injector nozzle, T, the stagnation temperature in the fuel rail (which is kept almost constant in the normal
engine functioning), T the temperature of the source cells, y = 1.32 the specific heat ratio for CH4, and M the
Mach number. In the other two cases, the source cells are directly at the critical section and, since a
geometrical section cannot be represented by finite-volume cells, one case has the source cells immediately
upstream of the critical section, hence called case "upstream of nozzle" hereinafter, and the other case at
immediate downstream, called case "downstream of nozzle". An extrusion of the surrounding grid is built in
the last case. For these two cases, the critical temperature is calculated according to Equation (3) inserting

M = 1 and the velocity corresponds to the local speed of sound since the injector is always chocked. The aim
is to examine if different flow structures and mixing behaviors would result from the two source cell locations
that should have both otherwise been located at the exact critical section if not for the limiting finite-volume
discretization. Mass flow rate per volume, m'"’, for the source term is derived from the same injection rate.
Case upstream and downstream of nozzle share the same per-volume value, different from case nozzle as it

has a larger source cell volume.

(¢) Downstream of nozzle

(a) Nozzle

(b) Upstream of nozzle

. (d) Réﬁnément 1 S .(é) Réﬁnément 2 ® Reﬁnément 3

Figure 4 Modelling of the port-fuel injector with different source cell locations (upper row) and local grid refinement levels (lower row)
The grid dependence deals with the spatial resolution in the proximate region downstream of the injector

exit, relative to the cell size in the nozzle. The number of cells, and thereby the cell size, used to resolve the
nozzle is instead fixed and the validity is discussed in the next section. Specifically, 12 cells across the 1.5
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mm nozzle diameter, resulting in 0.125 mm cell size, are placed inside and in the immediate downstream of
the nozzle. A level-wise transition (multiplied by 2) is realized towards the bulk engine grid. Accordingly,
three distinct refinement zones with cell sizes of 0.125, 0.25 and 0.5 mm are imposed for a gradual transition

and conformal node connection.

The grid dependence study is to examine the necessary extension of each refinement zone for an acceptable
description of the underexpanded injection and mixing process, acceptable in the sense of a tradeoff between
result fidelity and computational overhead. A refined grid is expectedly requested by the shock wave-
containing, albeit inviscid and non-mixing, core flow and by the large shear in the peripheral mixing layer.
Three refinement cases are conceived for this purpose (see Figure 4). In common, the finest 0.125 mm zone
covers the initial range, designated by x /D (the distance x from the nozzle exit normalized by the nozzle
diameter D) < 4, essential to capturing the high underexpansion and the first shock cell. In case refinement 1,
this finest cell zone is further extended up to x/D = 20, whereas in case refinement 2 that same range is
covered by the next refinement level of 0.25 mm. In case refinement 3, a rapid transition of 4 layers for each
remaining refinement level after the initial range is implemented that in total spans the range of x/D < 6 to
which the bulk engine grid is connected. Case refinement 2 in fact coincides with the abovementioned case

upstream of nozzle.

The nearfield shock structures of the fully developed jets resulted from the source cell-modeled injector are
quantitatively compared in Figure 5, wherein the Mach numbers along the injector centerline are presented
against the normalized distance x/D.
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Figure 5 Mach number of the fully developed jet along the
injector centerline
With a partial inclusion of the inner flow passage, case nozzle initially features a subsonic speed, indicating
that the source terms calculated from isentropic nozzle theory are an underestimation. This behavior is
attributable to the decrease in discharge coefficient caused by the curvature of upstream converging
streamlines and to the transition in the boundary layer caused by viscous effects [64]. The subcritical flow

reaccelerates to supersonic state shortly downstream. Eventually all three cases of source cell location attain
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the same first shock structure at x/D = 2. Differences in Mach number appear from x/D = 4 onwards. The
discrepancies are nonetheless considered less of a concern since, firstly, the Mach disk and the first shock cell,
typically dominant in highly underexpanded jets, are identically predicted. Secondly, magnitudes of the
differences present in the subsequent minor shock structures are insignificant.

As to the grid dependence, the three cases describe the first shock cell in exactly the same way as a result of
the commonly imposed initial refinement zone up to x/D = 4. Accordingly, the numerical model is
physically plausible in that the first shock cell by its supersonic nature is supposed to be indeed unaffected by
downstream grid structures whose effects are blocked by shock waves. Furthermore, the limited refinement
zone in case refinement 3 proves insufficient for capturing the minor shock cells as the periodicity is lost. The
multiple minor shock structures in the potential core are described in both case refinement 1 and 2, with the
latter case featuring a lower amplitude due to its doubled cell size than the former case. The diminishing
wavelengths are nonetheless the same, and the discrepancies in wave amplitude are very small. The periodic
structures downstream of the Mach disk are expected. The pressure ratio herein for the fuel injection lies on
the ambiguous borderline of the transition from highly to very highly underexpanded jets, ambiguous in that
the criteria have been set on an empirical basis and the transition itself is more gradual than abrupt [64].
Consequently, the underexpanded jet is predominantly but not exclusively characterized by the first shock
cell.

It is worth clarifying that the objective of the injector modeling is to identify a suitable method for
analyzing mixture formation inside the combustion chamber, and therefore a highly accurate description of the
complex shock waves is beyond the scope. From the perspective of engine operation, the mixture at the spark
event is of the utmost interest which fundamentally affects the combustion process in terms of ignitability,
stability, flame propagation rate and pollutant formation. To this end, the probability distribution of the in-
cylinder fuel mass with respect to relative air-to-fuel ratio (RAFR, or lambda A) at the spark event in the range
A =14 0.06 is presented in Figure 6 as a representation of the final mixture homogeneity. The probability
distribution is derived from statistically analyzing the instantaneous CH4 mass fraction in all the finite-volume

cells.
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Figure 6 In-cylinder fuel mass distribution at spark event

Consistent with the previous observations in Figure 5, the excessive numerical dissipation of case
refinement 3 overestimates the jet spreading and mixing rate, and this effect of artificially enhanced diffusion
is carried over into the combustion chamber to result in a more homogeneous final mixture than the other
cases (appearing as a narrower distribution around 4 = 1). In the meanwhile, extremely subtle differences in
the final mixture distribution result from the three cases with different source cell locations as well as from
case refinement 1 and 2, further confirming that the small discrepancies in describing the minor shock cells
posterior to the dominant Mach disk have insignificant impact on the mixing process inside the combustion
chamber. Case refinement 1 and 2 are therefore considered equivalent in terms of mixing process, indicating
the achievement of grid independence. In fact, as a result of the extensive highly-refined zones, the injector
grid alone in case refinement 1 contains ~1.9 million cells, comparable with the ~2.1 million cells of the
remaining engine grid that is already a refined mesh by RANS standards. Case refinement 1 hence incurs
substantial computational overhead with largely diminishing improvement in predicting the mixing process,
especially towards the combustion onset.

It is concluded that, with the source cell modeling method, the first shock cell, Mach disk and mixture
formation are independent of whether the nozzle flow is simulated from upstream or directly at the critical
section, as long as an initial zone with the cell size identical to that across the nozzle covers the first shock cell

and a refinement zone of sufficient resolution and extension covers the rest of the potential core.

4.2 Model validation

The model validation presented here focuses on the prediction of the compressible, underexpanded fuel jet,
since the overall engine model is essentially the same as in [50] and was extensively validated there. In
addition, the experience done in previous works on the simulation of underexpanded jets was taken as
reference [52, 55, 58]. Based on the universal similitude of circular nozzle flowfield, resolving the injector
orifice with 12 cells across its diameter is considered appropriate by referring to pertinent grid dependence
studies on gas injection. Specifically, it has been verified that from 10 cells upwards the grid sensitivity of
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flows near the nozzle is largely reduced [65], and similarly, that using more than 10 cells across the nozzle
brings about little effects on jet development, penetration and mixing behaviors [66]. In addition, the
combined effects of spatial resolution and discretization schemes were studied in [58], arguing that 20
diameter-wise cells with the first-order upwind scheme were sufficient for a fully grid-independent description
of the time-dependent jet evolution and mixing process, whereas equivalent results were attainable with 10
cells and the second-order MARS scheme that also provided a good prediction of the typical underexpanded
shock structure. Given 10 cells appearing to be the convergence point, 12 cells are herein imposed for an extra
safety margin and considered methodologically validated. Furthermore, pressure ratios involved in all the
reference studies were much higher than that in the present work, and theoretically less than 10 cells may
already suffice.

Considering that the normal shock is identically captured by all the modeling options above, the
predominant shock-relevant Mach disks, specifically the position thereof, are compared with references. In
fact, Mach disk position is the only parameter that has been extensively studied with well-documented
correlations with pressure ratio [64]. The compressibility-governed flow phenomena in the potential core have
long been proven to be primarily dependent on pressure ratio. In this work, the injection pressure p; is 9 bar
and the ambient pressure p, inside the intake ports corresponding to the crank angle in Figure 5 is about 0.85
bar (a specific crank angle has to be referred to since the pressure during an engine cycle varies continuously),
resulting in py/p, = 10.59.

An empirical relation based on a collection of experimental measurements was proposed in [67] for the
correlation between normalized Mach disk position and pressure ratio, and is reported in Equation (4).
Another similar experiment-derived relation, with a slightly different coefficient, as proposed by experiments
on free jet in wind tunnel [68] and supported by another study of axisymmetric jet [69] is reported in Equation
(5). Both relations imply that the Mach disk position is insensitive to factors other than the pressure ratio.
Alternatively, the correlation was formulated as also a weak function of y through dimensional group analysis

[70], reported in Equation (6), so as to consider the thermodynamic effects.

Xup\% _ Po
2.4( ; ) = (4)
XMD (4]
—=0.67 |— 5
D /Pa ()

1 1 7

XMD (V"’ )4 Po
oMb _ — r_- z0 6
D =3V 1) |o, (6)

where x,,p is the position of Mach disk along the jet centerline from the exit section. Mach disk positions
according to the various relations slightly differ from one another yet no verdict has been finalized, although

Equation (4) and (5) have been referred to more often in the literature.

The Mach disk position predicted by the injector model in the present work (see Figure 5) and the values
calculated from the correlations above are compared in Table 3. The predicted result closely reproduces the
two empirical relations, and is less than 5% lower than the analytical formulation using y = 1.32 for CHa,
indicating that the numerical model is reasonably valid. The good agreement additionally implies that the
injector modeling by means of source cells is able to produce consistent underexpanded jet structures that are
equivalent to the results obtained by the conventional modeling approach using boundary conditions at the
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upstream nozzle inlet, substantiating the same argument made in [58].

xp/D
Po/Pa . X .
Present Equation (4) Equation (5) Equation (6)
2.154 2.100 2.180 2.258
10.59
+2.6% -1.2% -4.6%

Table 3 Comparison of Mach disk positions

In view of the source-cell location sensitivity and grid dependence of the in-cylinder mixture formation
process, the injector model with the configuration of case upstream of nozzle and case refinement 2 fits well
the scope of the present work, and is hereby used for the detailed diagnostic investigation into the mixing
mechanism of PI operation.

4.3 Injection timing and mixture formation

Experimentally, an injection sweep over the entire 720 degCA engine cycle for the operating point 2000
rpm low part load (IMEP = 4 bar) is performed on the prototype engine to investigate the effects of injection
timing. This particular operating point is selected for two reasons: first, the close-to-low-end engine speed
largely hinders in-cylinder charge motion; and second, the VV A-enabled short intake opening window and
small lift, typical of part-load operations, is problematic for charge induction. End of injection (EOI) at 270
degCA is identified as the optimum timing according to engine calibration in terms of fuel consumption,
hydrocarbon and carbon monoxide (HC and CO) emissions, and mixture homogeneity, with operational
abnormalities occurring at other timings.

To reveal the underlying mechanisms that elude experimental testing, the injection sweep is reproduced in
the previously mentioned GT-Power model. The RAFR distribution between the two cylinders is presented in
Figure 7 including all the investigated EOI timings at 30-degCA intervals. The VV A-reduced intake valve
profile indeed constrains charge induction, as a small fraction of the engine cycle (from ~150 to 420 degCA)
is usable for EOI variation to produce an even inter-cylinder fuel distribution. For EOls outside this range, the
symmetric patterns indicate that fuel crossing from one cylinder to the other occurs. Six injection timings (see
filled dots in Figure 7) are selected for further CFD analysis, among which the early and late EOIs (60 and
510 degCA) are for understanding the fuel crossing and four EOIs within the usable window (150, 270, 360
and 420 degCA) for detailed mixture formation mechanisms. More precisely, injection timings are termed
relative to the intake valve closing (IVC) for PI engines, and accordingly EOI 510 degCA is the earliest timing
and 420degCA the latest.
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Figure 7 Injection sweep results for different EOI timings (at 30
degCA intervals)
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Two phenomena are revealed. Firstly, the injected fuel, accumulating in the intake ports for case EOI 60
and 510, is drawn reversely into the intake manifold due to pressure drop caused by the intake phase of the
other cylinder. Therefore, the injection timing cannot be set anywhere throughout the entire 720 degCA range
to fully exploit the hypothetical long mixing time of PI operation. Instead, there exists a threshold for gas-
fueled PI engines, earlier than which fuel crossing is inevitable.

The second, more peculiar phenomenon is termed the two-stage mixing process. Fuel injected before IVO
of each engine cycle is in fact partially inducted and burned in the same cycle. And a portion is left in the
intake ports after [IVC. Consequently, except for the first cycle of an operating point, the fuel inducted into the
combustion chamber consists of residual fuel from the previous cycle and injected fuel from the current cycle.
From the perspective of numerical simulation, the residual fuel distribution inside the intake ports has to be
considered for flowfield initialization so as to reflect the actual mixing process. It is verified that the residual
fuel distribution of each engine cycle clearly reaches a steady state, for which the two-stage mixing process is

detectable in neither experiments nor system-level simulations.

The two-stage mixing process is influenced by injection timing. Figure 8 shows the differences in inducted
fuel mass between simulations with and without initialization of the intake port residual fuel, for the four
investigated EOIs. Two distinct induction stages are identifiable. Initially, due to limited fuel traveling speed
from the injection site to intake valves, induction occurs much later than IVO for cases without residual fuel.
For the other group with initialization, the first empty window is filled by induction of the residual fuel. Such
distinction not only influences the amount of fuel eventually present inside the combustion chamber after
IVC, but, more importantly, implies two mixing stages, i.e. the mixing of initially inducted residual fuel and
the mixing of freshly injected fuel that arrives later.
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Figure 8 Cumulative fuel mass present in the combustion
chamber for different EOI timings

Accordingly, injection timing has a two-fold impact on the mixing mechanisms. On the one hand, the
amount of time for the freshly injected fuel to arrive at the intake valves and thereby the amount of fuel
involved in the second mixing stage may vary with injection timing. On the other hand, delayed injection may
result in increased residual fuel that partakes in the first mixing stage of the succeeding engine cycle. The two-
stage fuel induction process of case EOI 270 and 420, as an example, is illustrated in Figure 9 by comparing
the cases with and without residual fuel initialization so as to individualize the first and second stages (as the
figures are for qualitative purposes, colormaps are omitted for simplicity and the scale is kept the same for
all). Figure 9 (a) shows the empty window of intake phase prior to the arrival of injected fuel and the first-
stage induction of residual fuel that in turn depends on the injection timing. Case EOI 420 has higher amount
of residual fuel and correspondingly more fuel is inducted and mixed in the combustion chamber during the
first stage. The fresh fuel reaches the intake valves and the second-stage induction begins subsequently, as
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shown in Figure 9 (b) and (c). It is observed that the two stages are independent since the cases without
initialization show the same inducted charge flows as cases with initialization. The sole difference is the
preexistent mixture inside the combustion chamber in the latter cases. Furthermore, as shown in Figure 9 (b),
delaying the injection event leads to more fuel flowing through the righthand section of the intake valves than
the lefthand side. As a consequence, pure air may be inducted for the intervening duration between the end of
the first stage and the start of the second. Since the inducted charge, albeit partially premixed inside the intake
ports, remains rich in fuel, the distribution of fuel-rich pockets in the combustion chamber upon IVC is
fundamentally determined by the particular induction sequence of residual fuel, injected fuel and air, if any,
which is evident in case EOI 420.

EOI 270 EOI 270 Init EOI 420 EOI 420 Init

VW

(a) At 380 degCA (40 degCA after IVO)

A e

(b) At 420 degCA

—

(c) At 450 degCA (20 degCA before IVC)

Figure 9 Fuel mass fraction contours during the intake phase with
and without residual fuel initialization
Grayscale: darker = higher fuel mass fraction, lighter = lower fuel
mass fraction

In summary, the effect of injection timing on in-cylinder mixture formation is vastly complicated by the
two-stage mixing mechanism, peculiar to PI of gas fuels. This mechanism depends on the total injected fuel
quantity, the proportions thereof inducted in the first and second stages, and the time that the injected fuel

spends traveling from injector to intake valves.

The mixing process inside the combustion chamber for different EOIs is presented in Figure 10, statistically
quantified as the coefficient of variation (CoV) in fuel mass fraction across the whole chamber and as the fuel
mass fraction enclosed in the flammable mixture. The flammable mixture is defined as the sum of all finite-
volume cells whose cell-wise RAFR lies between 0.7 and 1.7, the flammability range of natural gas according
to experimental data [71].
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Figure 10 Mixing process inside the combustion chamber for

different EOI timings (SA: spark advance)

The principal mixing process occurs during the intake phase as the CoV decreases most rapidly in that
period prior to IVC. Moreover, the flammable mass fraction already reaches unity upon IVC, indicating
flammability of the entire mixture regardless of the injection timing. Both observations correspond well to the
typical behaviors of PI engines.

However, combustion depends further on the homogeneity of the flammable mixture and on detailed fuel
distribution at the spark advance which in turn relies on continuous air-fuel mixing during the remaining
intake and compression strokes. Mixing rates after IVC for all EOIs are significantly lowered, as a result of
low engine speed and coherent charge motion for which the choice of investigated operating point is
specifically purposed. Furthermore, the declining rates of individual CoV curves differ among the four cases,
and no general trends appear to correlate the differences with EOIs. With the injection 120 degCA later, case
EOI 270 exhibits extremely similar mixing rate to case EOI 150, whereas the mixing rate for case EOI 360 is
notably lower even though the injection is delayed by a lesser 90 degCA relative to case EOI 270. Case EOI
420, despite being the latest injection, features the highest mixing rate.

The apparent decoupling between mixing rate and injection timing is in fact found to be the consequence of
two counterbalancing effects caused by the same variation in EOI. On the one hand, advancing the injection
expectedly promotes air-fuel premixing prior to the intake phase. This trend by nature is monotonic with EOI,
and is evidenced by the part of CoV curves before IVC in Figure 10. On the other hand, postponing the
injection gives rise to a larger amount of residual fuel to partake in the first-stage mixing of the succeeding
cycle. For the same total amount of inducted fuel in each engine cycle, evenly distributing the fuel subtotals
between the two mixing stages enhances mixing by increasing the number of local fuel-rich mixing sites. This
is particularly obvious for case EOI 420 as the first-stage residual fuel accounts for ~1/3 of the total inducted
fuel mass (see Figure 8), explaining its high mixing rate. In addition, as pointed out earlier, largely postponing
the injection (EOI close to IVC) introduces an empty window between the end of the first induction stage and
the start of the second, during which no fuel but air enters. The intervening air induction also contributes to

spreading out fuel-rich pockets and may affect the mixing process.

The fuel spatial distributions towards the end of intake stroke are presented in Figure 11 (a) as an example
to illustrate the relevance of mixing sites. The two counterbalancing effects of injection timing are such that
earlier injections result in broader fuel-rich pockets (due to better out-of-cylinder premixing) but meanwhile
the fuel-rich zones are more restricted in space (due to more predominant second-stage induction). For case
EOI 360 the splitting of fuel between the two induction stages appears to be insufficient for the marginal first
stage to compensate for the less premixed second stage. The mixing rate of case EOI 360 is hence low relative
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to both the more premixed cases with earlier injection and to the later injection with two comparable fuel-rich
zones spread at a distance by intervening air induction.
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L B JE I8

(a) End of intake stroke (at 530 degCA)
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Figure 11 Fuel mass fraction contours for different EOI timings

The particular pattern of fuel distribution determines the subsequent passive mixing process in the
compression stroke. Figure 12 presents, at the spark event, the probability distribution of fuel mass with
respect to RAFR and fuel mass fraction as a function of deviation 1 of the local mixture RAFR from the
stoichiometric ratio 1, i.e. the mass fraction of fuel enclosed in mixtures whose RAFR is 1 + 1. Both are
statistical metrics indicating mixture homogeneity. The resultant final mixture quality of the most interest is
characterized by the same trend as the mixing rate. Case EOI 150 and 270 result in mixtures that are
equivalently homogeneous, with the later injection being slightly more so. As a result of low mixing rate, case
EOI 360 produces a notably less homogeneous mixture. The mixture from the latest injection, case EOI 420,

has the highest homogeneity thanks to its highest mixing rate after the intake phase.
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Figure 12 Fuel mass distribution (upper) and fuel mass fraction
as a function of RAFR deviation (lower) at the spark event

From the perspective of mixture homogeneity, case EOI 420 is supposed to be the best according to the
statistical evaluations in Figure 12. The experiments on the prototype engine however pinpoint case EOI 270
to be the optimum timing, which can be justified by the fuel spatial distribution and the cycle-to-cycle
variation. It is worth pointing out that the latter depends mostly on the local conditions governing the ignition
process, and is not fully predictable by a RANS model. Still, the RANS approach presented in this paper
allows the relative effect of injection timing to be described. Despite that the final mixture of case EOI 270 at
spark event is statistically less homogeneous to a small extent, its local fuel distribution as shown in Figure 11
(b) favors the flame propagation to the largest extent among all the investigated timings. Case EOI 420, albeit
having the most favorable mixing process, results in the exactly opposite fuel distribution. The relatively lean
mixture in the upper region is known to adversely impact flame kernel stability and early quasi-laminar flame
propagation, whereas the rich mixture near the piston crown may inhibit complete combustion and increase
crevice-trapped fuel. Case EOI 360 has similar fuel distribution to case EOI 270 but the homogeneity is less
ideal.

4.4 Injected fuel traveling

The injected fuel, due to the low momentum of gas jet limited by nozzle sonic speed and density, arrives at
the intake valves after a perceivable delay. The finite fuel traveling speed plays a crucial role in the two-stage
mixing mechanism, since it determines the start of the second-stage induction and the amount of residual fuel
for the first stage. To further investigate the fuel traveling inside the intake ports, two test groups are designed
with in total five cases. The cases and resultant fuel traveling are presented in Figure 13. Specifically, the
previous case EOI 270 and 420 (at 2000 rpm) are retained as references to which three cases at doubled
engine speed (4000 rpm) are added. Apart from injection timings and engine speeds, all other engine

parameters remain the same. With the same total injected quantity, cases at 4000 rpm have double the
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injection duration in degCA due to doubled engine speed. The fuel front position designates the distance along
the intake port from the injector tip whereat the farthest front of the injected fuel is located, normalized by the
total distance from injection tip to intake valves.
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Figure 13 Case setup and results for fuel traveling investigation

In the first group, all the three injection events are finished before IVO, and the two at 4000 rpm have either
the same start of injection (SOI) or EOI as the reference case 2000 rpm EOI 270. As the intake valves remain
closed, the initial fuel penetration is solely propelled by the ongoing injection and thereby scaled with absolute
time instead of degCA. This is evidenced by the equal slopes of the two 4000 rpm cases EOI 270 and 324.
Case 2000 rpm EOI 270 has double the slope that would in fact be the same as the other two cases if
expressed in unit time. Another peculiar feature is that the fuel penetration stalls at the position where the
intake pipe branches into two leading to the intake valves (at approximately the 0.7 position into the intake
ports), likely ascribable to pressure buildup that acts against the incoming fuel flow. The fuel penetration then
resumes upon IVO. This feature of fuel stagnation profoundly influences charge induction and mixing
process. First of all, for a certain injection timing with which the fuel travels exactly to the branching point at
IVO, the expected earlier fuel traveling to intake valves by further advancing the injection would simply be
negated, explaining the reason that the previous case EOI 150 and 270 show almost identical start of the
second-stage induction (see Figure 8) despite a difference of 120 degCA in EOI. Secondly, the early injected
fuel accumulates in the upper segment of intake ports and is therefore prone to fuel crossing. The resumed fuel
penetration, no more energized by injection, assumes the same rate in degCA for all the cases, implying that
the driving force is the piston movement, scaling with degCA instead of time.

In the second group, the two injection events occur entirely within the intake phase, and the jet penetration
is consequently under the joined influences of injection and piston movement. The two cases exhibit very
similar slopes as the piston speed scales with degCA, whilst the case at 2000 rpm is slightly but not twice
steeper than the 4000 rpm case indicating the existent but not dominant driving force of injection.
Furthermore, there appears to be not fuel penetration stalling due to the ongoing intake phase. And the
correlation between early injection and early fuel induction is supposed to be straightforward.
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4.5 Comparison with premixed charge

Conventionally, most numerical studies on PI engine have been performed with perfectly premixed charge
in either intake ports or combustion chamber, presuming unnecessary simulating the injection process. In view
of the peculiar mixing mechanisms, a comparative study with a case of homogeneous stoichiometric mixture
preset in the intake ports, in addition to the four cases at 2000 rpm in the injection timing study, is carried out.

All other engine parameters remain unchanged.

The mass flow rates through the intake valves, the variable most fundamental and pertinent to the two-stage
mixing mechanism, are presented in Figure 14. The annular opening of the intake valves is conceptually
divided into two halves by a plane passing through the centerlines of the two valves. The half section on the
exhaust side is responsible for the typical tumble motion in pent-roofed SI engines, and the other half on the
intake side facing the adjacent liner admits minor flows (corresponding for instance to the left and right intake
flows in Figure 9, respectively). Assuming the same pattern of intake volume flow rate, differences in mass
flow rate can be interpreted as variation in local fuel concentration, given that the density of CHs is about 0.55
of that of air at the same pressure and temperature.
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Figure 14 Mass flow rate through exhaust half section (upper)
and intake half section (lower) of intake valves

After the initial impulsive inflow and backflow, the first-stage induction begins at 370 degCA with subtle
differences in mass flow rate across all the cases, as the residual fuel from the previous cycle has premixed
with local air long enough to produce similar concentrations. Corresponding to Figure 8, appreciable
differences appear at 410 degCA when the second-stage induction starts for the three earlier cases and at 430
degCA for case EOI 420. Due to different injected fuel arrival time, more air is being inducted through the
exhaust-side half section for more postponed EOIs, represented by higher mass flow rate. Mass flow rate of
the premixed case lies above the three earlier cases but below case EOI 420 wherein pure air is being
inducted, indicating that the instantaneous intake flows of the earlier cases are far from being perfectly
premixed. This trend continues till the rapid closing phase of the intake valves, except for case EOI 420 whose
later started and much less premixed second-stage induction drastically decreases its mass flow rate. In the
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meanwhile, the differences in the intake-side half section are milder, especially for the overshoot of case EOI
420 at 410 degCA, as fuel-rich mixture is being more consistently admitted without distinct intervening air
induction. This observation substantiates the previous findings in Figure 9. Nevertheless, the exhaust half
plays a more significant role with respect to the proportion of the total inducted charge and to the intensity of
main coherent flow motion inside the combustion chamber, than the intake half does.

Table 4 compares the volumetric efficiency, Ay, resulting from the five cases. Incorporating injection
process with various timings leads to different A, than the premixed case, which is the direct consequence of
discrepancies in mass flow rate. Specifically, mass flow rates of the injection cases are on average lower than
that of the premixed case during the critical phase of intake when the valve lift is around the maximum (see
Figure 14), owing to the coincident second-stage induction of fuel-rich charge. The high-volume flow rate
window of intake phase for the injection cases is occupied by charges with lower-than-stoichiometric-mixture
density. This is a feature peculiar to gas-fueled engines since the gaseous fuels often have low densities,

whereas the admission of liquid fuel coincident with the maximum lift window may actually increase A,.

Injection case .
Case Premixed
150 270 360 420
v 0.4253 0.4260 0.4370 0.4315 0.4351
A% 2.3 2.1 0.4 -0.8 0

Table 4 Comparison of volumetric efficiency

No general monotonic correlation is found between A, and EOI, as a result of complications caused by the
two-stage mixing and fuel traveling. The air induction intervening between the first and second stage for case
EOI 420 partly compensates the loss in flow density during the maximum intake window, and thereby its Ay, is
negligibly impaired. The flow rate of case EOI 360 is not as much lower than the premixed case as case EOI
150 and 360 are. Together with constantly higher mass flow rate during the first-stage induction of leaner-
than-premixed mixture, the resultant Ay, is marginally augmented above the premixed case. Reduction in Ay, is
slightly more evident for case EOI 150 and 270. Given the similarity among case EOI 150, 270 and 360 in
that all have significant second-stage induction and fuel stalling in the intake ports, it is inferred that the A,
would decrease in an asymptotically diminishing way with advanced injection from EOI 360 backwards, until
fuel crossing unacceptably impairs operability.

Moreover, since case EOI 270 is experimentally confirmed as the optimum injection timing, the decrease of
2.1% in Ay and consequent total energy content may lead to discrepancies in the total amount of heat release
with respect to experimental measurement, if the premixed case is instead used for numerical simulations.
Specific to this case, the difference in A, alone is however not deemed significant but the implication is
definitely worth taking into consideration.

Turbulence is another influential variable, and the underexpanded fuel jet is a well-established source of
local turbulence due to the large-gradient shearing zones both embedded in and surrounding the jet core flow.
To investigate the effects of injection or lack thereof, Figure 15 presents the turbulence kinetic energy both in
the entire intake ports and in the vicinity of intake valves for the injection and premixed cases. Such
distinction is made to explicate the extent to which the local turbulence effects of injection can be retained and
transported downstream. Local increases in turbulence kinetic energy are comparable for all injection cases.
The slightly lower turbulence created by later cases is expected, likely owing to the interference of intake flow
imposing a nonnegligible ambient velocity that reduces local velocity gradients. The premixed case, devoid of

injection, shows no sign of turbulence enhancement.
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Figure 15 Turbulence kinetic energy in the intake ports (upper)
and upstream of the intake valves (lower)

However, due to finite fuel traveling speed and charge stalling at intake port branch, local increases in
turbulence level in the vicinity of intake valves occur almost concurrently despite different EOIs. In addition,
turbulence energy created by injection is dissipated to a greater extent for earlier injection, as a result of longer
delay between injection event and charge arrival at intake valves. Accordingly, there appears to be a clear
correlation that advancing EOI provides no benefits to the phasing of turbulence enhancement near intake
valves but may instead lead to decrease in transported turbulence energy, with very early EOI granting little
turbulence increase relative to no injection at all.

The eventual effects of turbulence enhancement by fuel injection inside the combustion chamber are
presented in Figure 16 along with the coherent tumble motion, given the close connection between the two
phenomena. The tumble motion, typical of and often purposely established in SI engines, is quantified by the
dimensionless tumble number in the vertical plane of symmetry (xz-plane in the present work). The tumble
number is essentially the normalized mass-weighted magnitude of total planar rotation, defined as

Xmy[w;(x; — Xy) —w;(z — Zy)]

™)
2Ly mil e — X0 + (2~ 2,)7?)

tumble number = —

where m; is the mass of cell i, x; and z; the coordinates of cell i, u; and w; the x and z-component of velocity
of cell i, Xy and Z, the coordinates of the instantaneous volume center of the combustion chamber, and N the

engine speed in revolution per minute. Positive value denotes counterclockwise rotation in Figure 9 and 11.
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Figure 16 Turbulence kinetic energy and tumble number inside
the combustion chamber

Initial oscillations in turbulence kinetic energy and tumble number appear upon IVO due to impulsive
charge inflows and subsequent backflows. The principal phase of turbulence buildup and tumble
establishment corresponds to the main charge induction, both the first and second-stage starting at ~370
degCA, wherein two peaks of turbulence are observed. The first peak occurs when the intake valves are at
maximum lift with the highest mass flow rate in accord with Figure 14, after which the turbulence level
declines as the intake flow diminishes towards IVC. The second peak occurs, coincident with the peak of
tumble number, owing to intensification of the tumble motion in the mid-intake stroke when the piston
movement is fast. Nevertheless, all the turbulence, built up either by high-velocity intake flow or by
accelerated coherent tumble motion, is rapidly dissipated after [IVC and further during the rest of the intake

stroke. This tendency expectedly coincides with deceleration of the tumble motion.

Despite the correlation between local turbulence level near intake valves and EOI found in Figure 15, the
intake-governed major turbulence enhancement phase shows little difference among all the cases. In
particular, the premixed case has comparable turbulence buildup with the injection cases. The turbulence
kinetic energy well preserved from injection site to intake valves for case EOI 420 grants no apparent
advantages inside the combustion chamber. Rather, its relatively low intake mass flow rate during the second
induction stage impairs turbulence production near the first turbulence peak at ~420 degCA, corresponding
well to Figure 14. Accordingly, it is concluded that the direct effects of injection on in-cylinder turbulence
level are insignificant regardless of the amount of injection-induced turbulence transported downstream to the
back of intake valves. The upstream turbulence information is lost when the charge passes through the narrow
valve openings at high velocity, and the turbulence buildup in this phase is more associated with intake mass
flow rate.

Towards the spark advance, the superposed turbulence curves rise and diverge, following the reinforcement
of tumble motion by the rapid upward piston movement during the compression stroke. The tumble motion is
purposely established to enhance turbulence for combustion through the cascade transfer of kinetic energy,
which is evidenced by the mismatch in time between the local tumble peak (at 650 degCA) and the turbulence
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peak (at 700 degCA). The divergence of thus transferred turbulence level is supposed to stem from the
differences in tumble intensity. Specifically, the tumble numbers of all the cases remain mostly identical in the
main intake phase until shortly before IVC, implying that intake mass flow rate is not the major cause for the
differing tumble intensities. A plausible explanation appears to be the relative spatial distribution of fuel and
air in the combustion chamber. Given the much lower density of CH4 than air, different distribution of fuel
amounts to perceivably different distribution of mass relative to the instantaneous center of tumble rotation.
This speculation is substantiated by the remarkable agreement between the tumble numbers in Figure 16 and
the CoV in Figure 10, in that, starting from 450 degCA (shortly before IVC), high tumble intensity
corresponds to high mixture inhomogeneity. For instance, case EOI 420 initially has the highest CoV as well
as the highest tumble number. The CoV then declines rapidly below the other cases, with its tumble number
following the same trend. For the premixed case with perfect homogeneity, its tumble number is indeed
expected to stay below all the injection cases.

Based on the proposed correlation between mixture inhomogeneity and tumble intensity, the tumble-
associated turbulence production is supposed to intrinsically differ for all the cases. Nevertheless, energy
transfer from mean-flow to turbulent motion and turbulence dissipation are complicated phenomena,
especially towards the end of the compression stroke wherein the vortical tumble structure is confined by
irregular geometries and deformed. The turbulence kinetic energy hence may not follow exactly the same
trend as tumble number. To put things into perspective, turbulence kinetic energy at 700 degCA is reported in
Table 4. The differences at the crank angle relevant to combustion may be regarded nonnegligible,
considering the profound influences of turbulence on flame propagation.

Injection case .
Case Premixed
150 270 360 420
TKE 13.09 12.42 14.06 13.24 12.11
A% 8.1 2.6 16.1 9.3 0

Table 5 Comparison of turbulence kinetic energy (TKE, in m%/s?) at spark timing

As a final remark, it has to be pointed out that the results might be influenced by the specific turbulence
modeling approach. As stated in the Numerical Method section, many references have suggested that
turbulence models within the RANS k-epsilon family have very limited impact on the results. Even though
LES is supposed to be more accurate than RANS, as it was reported in the Numerical Method section, the LES
simulation of supersonic gas jets is really challenging, given the very wide range of turbulent scales involved.
However, RANS simulations are still meaningful as can provide the relative assessment of different results,

all with the same RANS turbulence model.

4.6 Experimental and numerical uncertainty

The results presented in this paper are affected by uncertainties given by measurement errors, modeling
assumptions and numerical errors. The experimental data directly or indirectly referred to in this paper are: the
main performance data used for the GT-Power model calibration, the in-cylinder pressure for the combustion
model calibration in Ref. [50], and the air-fuel ratio. Based on previous works [71], the uncertainty of the in-
cylinder measurements can be estimated within 2%. Considering the accuracy of the gas analyzers of 1%, the
torque uncertainty of 0.3%, the expanded combined uncertainties of brake-specific emissions and air-fuel ratio
are in the order of 2%—4%.
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With reference to the simulation results reported in this paper, the main uncertainty are connected with the
numerical-diffusivity-induced error in the quantification of the tumble number, the turbulence intensity, and
the local air-fuel ratio. This uncertainty is closely connected to the size of the adopted mesh, and it is greatly
reduced through the adoption of the high-order MARS discretization scheme. Furthermore, the grid effects on
the tumble number and turbulence intensity have been minimized through the grid independence analysis
performed in [51]. As far as the detailed prediction of the injection plume and local fuel concentration is
concerned, the previously discussed mesh dependence analysis showed a marginal grid effect on the jet Mach

number pattern, however, this has virtually no effect on the mixture stratification in the combustion chamber.

5 Conclusion

The gas fuel injection and air-fuel mixing process in a PISI CNG engine has been characterized. A method
for modeling the injector and the engine as a whole has been developed as a diagnostic tool to identify the
underlying mechanisms that have led to the observed experimental results referred to as a baseline.

¢ An injector model with the source cell approach has been developed. The source cell approach has the
convenience of prescribing directly the fuel mass flow rate rather than inlet pressure boundary, and omits
the injector inner flow passage by introducing proper source terms into the governing equations for a
cluster of finite-volume cells near the injector nozzle. This model is able to capture shock structures typical
of highly underexpanded jets that are of practical interest for the pressure ratio range of engine fuel

injection applications.

e The modeling method is further generalized in regard to the insensitivity of source cell location and to the
grid dependence of local refinement. It has been found that differences in describing the minor shock
structures downstream of the predominant first shock cell and Mach disk have virtually negligible
influences on fuel jet structure and mixing process in the combustion chamber. Whether such differences
are due to source cell location or downstream grid refinement is irrelevant, provided that a reasonable
spatial resolution not disrupting the minor shock waves is used. Covering the Mach disk with the same cell
size as in the nozzle section and the rest of the supersonic core with double the size has proven suitable for

investigating air-fuel mixing.

e There appears to be a threshold for PI timing, earlier than which the injected fuel is drawn back to the
intake manifold, and the consequent inter-cylinder fuel crossing is responsible for the experimentally
observed abnormal combustion, which is due to the unbalance of the A/F ratio between the cylinders.

e The two-stage mixing process has been revealed as a fundamental mechanism peculiar to PI gas engines.
The first-stage induction of residual fuel from the previous cycle and the second-stage induction of fuel
injected in the current cycle, as well as the proportion of fuel involved in the two stages, profoundly affect

the mixing rate and fuel spatial distribution inside the combustion chamber.

o Restricted by local sonic speed and low density, momentum of the fuel jet is relatively low. The injected
fuel hence travels at a limited speed and arrives from the injection site to intake valves with a noticeable
delay. Fuel traveling along the intake ports is found to be determined by the relative timing between
injection and IVO. Prior to IVO, the fuel travel distance is proportional to time as the ongoing injection is
the propelling force. During the intake phase, the piston movement acts as the main driving force and fuel
penetration scales with degCA. In the case of very early injection such that the fuel arrives at the intake port
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branch before IVO, fuel penetration stalls only to resume after IVO. The fuel stagnation is a peculiar
feature of gas engines, negating fuel penetration benefit of further advancing the injection.

¢ The otherwise intuitive correlation between mixture homogeneity and EOI, i.e. earlier injection most likely
leads to better air-fuel mixing, is notably complicated by the two-stage mixing mechanism and fuel
traveling delay. Variation in EOI leads to two counterbalancing effects, the first being better premixing
attained with earlier EOI, and the second being more evenly split fuel mass between the two mixing states
with more postponed EOI. The respective inducted quantity of residual and freshly injected fuel is
determined by the relative timing between intake phase and fuel arrival, and the latter in turn depends on

the relative timing between injection and intake valve lift profile.

e By comparing different EOI cases with a premixed case, it has been argued that incorporating injection into
the numerical analysis of PI engines provides additional pertinent information. EOI has been found to affect
the intake mass flow rate as a result of local variation in fuel concentration and hence charge density. The
differences are most pronounced during the high-valve lift intake period and more so for the exhaust-side
half of the intake valve opening section. Volumetric efficiency is thereby directly influenced. Although
turbulence created by injection is locally comparable, the turbulence transported downstream to intake
valves has been found to decrease with advanced EOI. The initial buildup of in-cylinder turbulence
however appears to be insignificantly affected by turbulence upstream of intake valves, but rather
dependent on the high-velocity intake flow.

o A clear correlation between the coherent mean-flow tumble motion and mixture inhomogeneity has been
revealed. The mechanism seems associated with the spatial distribution of fuel mass fraction relative to the
instantaneous center of rotation. Therefore, turbulence enhancement close to combustion onset, through
cascade kinetic energy transfer, is intrinsically influenced by injection in an indirect way. The differences
in turbulence and the other abovementioned parameters caused by varying EOI may be considered
nonnegligible, or may alternatively provide insights into the interpretation of discrepancies between
numerical and experimental results.
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Appendix: models validation

In this appendix the validation of the GT-Power model is provided, and a summary of the validation of the
CFD model (fully documented in [50] and [51]) is reported.

As mentioned in the paper, a GT-Power model was used to provide the high-frequency pressure boundary
conditions to the CFD model. Furthermore, the model was applied to a preliminary simulation of the effect of
injection timing on the cylinder-resolved A/F ratio, related to any differences of fuel and air trapped mass,
which might occur in the engine. The results of the validation of the GT-Power model are showed in Figures
A.land A.2.
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Figure A.2 GT-Power model validation: experimental vs. simulated air trapped mass.

As can be inferred from the charts, the model fairly reproduces the trends and the absolute values of the
experimental engine, the differences being within 2-4%. The accuracy in the predicted air trapped mass is
particularly significant for the purpose of the present paper, as it demonstrates the accuracy of the model in the
description of the pressure waves in the intake and exhaust systems, as well as their effects on the trapped
mass and A/F prediction.

The CFD model was extensively validated in previous papers from the same research group. More
specifically, with reference to the description of the steady-state behavior of intake valve and port, Fig. A.3 is
herein included, with the comparison of the flow coefficient and tumble number, which were already
presented in [51]. The dependence of these parameters is well reproduced by the model, supporting its
reliability in the reproducing the effects of different geometries and design solutions, such as those presented
in this paper. Similar conclusions can be drawn from the in-cylinder pressure and heat-release comparison
presented in [50], and included in this Appendix.
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