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Abstract

The technology of lubrication systems for aircrattegines has seen
significant development during the history of aenaiics and has progressed in
parallel with the evolution of the engines themeshStarting from the first, wet-
sump schemes derived from automotive applicatiorge complex systems and
components have been introduced. The progressieeeagse of aeronautic
engines’ power and speed, as well as that of thammen operative altitude of
the aircraft, have increased the lubricant floweragquired to avoid severe
mechanical issues that can cause dangerous corddittw the vehicle and its
users. Currently, the main focus on the developraénbvel lubrication pumps is
aimed at reducing the pumps’ weight and envelopéewhaintaining, or possibly
increasing, their reliability. The first two objaat could be pursued by searching
for novel pump types and/or increasing the pumgdpe order to downsize its
required capacity, but the low-pressure environmgical of the lubrication
circuits, over imposes a few, severe, limitatioosavoid cavitation occurrence
that decrease the effectiveness of this approach.

The central aim of the presented research, perfbrmi¢hin the program
“Greening the Propulsion”, is to provide a thearatiframework to help in the
development of a novel gerotor pump for the luliriza of aeronautic engines.
The first step of the research involves the studyhe state of the art of aeronautic
engines’ lubrication systems, providing particutzare to the effect that any
design choice and possible operational conditiory imave on the lubrication
pump design. Hence, the state of the art for geqmimps is investigated; results
of this study are used, along with catalogue compas, to build simplified
sizing tools to perform a benchmarking activityohwng gerotors and other low-
pressure pumps type. This activity, performed teitmm gerotor pumps in the
aeronautic engine lubrication market, is then usea starting point to highlight
the weak points of gerotors traditional design @oadpropose some possible
solutions to enhance the pumps performances. Tay she outcomes of these
modifications, a rigorous theoretical frameworkresjuired; sizing and modeling
criteria, based on the theory of gearing and cossioée fluids, are hence detailed



and used to build an Automatic Design and Simutativamework, able to
automatically design, validate and simulate a nogefotor pump given a
minimum number of geometrical and physical inputapzeters. This design and
simulation tool is then used to evaluate the peréorce boost provided by the
proposed variations and to optimize the gears lpsoby pairing it with a multi-

objective algorithm based on evolutionary strategie

Another critical component of any lubrication systés the pressure relief
valve used to avoid the occurrence of dangeroudittons for the pipes integrity.
A side activity involving the study of a preliminyasizing tool for pressure relief
valve is hence performed. A preliminary design feamark is presented and
discussed, highlighting the importance of the valiseharge coefficient. To study
its dependence on the valve’s geometry, a lengthl Gimulation campaign is
performed varying the poppet shape and the fluignBlels’ number. Results are
hence discussed and used inside the design frartkewor
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Chapter 1

Introduction

1.1 Introductory statements and research aim

The work presented in this thesis is part of thee#aing the Propulsion” research
program, encouraged by Italian Government and lsaGE Avio Aero with the
participation of several industrial partners, swash Secondo Mona S.p.A. and
BSim s.r.l. The main aim of this project is to deyenovel technologies for the
next generation of aircraft engines for civil apptions. Inside this framework, a
significant effort has been dedicated to the reteaf novel components to push
the performance of a few aircraft subsystems; ashie work presented in this
thesis, the aim has been to develop and analyze/&l noncept of low-pressure
pump dedicated to the lubrication of mobile systems

In this work, we define as “low-pressure pumps” sthodevices used to
generate flow-rate inside variably complex systehctv main purpose is not to
convey power to one or more mechanical users. Tasspre they sense at the
inlet port is often lower than 1 bar; the delivegvironment pressure varies
widely depending on the application, but remainsallg in the order of 10 bar. In
example, (U.S.Army, MIL-PRF-62180D(AT), 1997) perftance specification
requires fuel pumps to be tested when dealing \aitkdelivery environment
pressure of 65 psi for automotive application a@@ fsi for aeronautic engines,

! For more information on the research program plest:
https://www.researchitaly.it/en/national-technolagdusters/aerospace/greening-the-propulsion



2 Introduction

while more recent specification can be found in§Brmy, MIL-PRF-32080F,
2014). For lubricating pumps, the old (U.S.Army, IM?-19131(SHIPS), 1956)
specifies delivery pressures between 10 and 100 psi

The thesis is organized as follows. In Chapter & thost common
configuration of the lubrication systems employectivil aircrafts are described
and discussed, while the role of the used low-pirespumps is highlighted. The
general issues they face during their operatieedre described and their possible
effects on the pumps behavior highlighted. Chaptpresents an overview of the
low-pressure pump types currently available onrtteeket, while providing the
method and the results of a few benchmarking ojp&stperformed over
catalogues’ data and analytic considerations. iBtafrom those results, the
traditional gerotor pumps is discussed and novsigtleconcepts are proposed in
Chapter 3. In Chapter 4 a general mathematicalriggisn of the gears geometry
based on the theory of gearing is provided, whileagier 5 provides the
theoretical basis of gerotor pumps sizing and samuh. These basis are hence
applied in the definition of a novel Automatic Dgisiand Simulation Framework,
which implementation and performance are discussedChapter 6. This
framework is hence applied in Chapter 7 and Chapter study the influence of
the rotors geometry over the pump performance;hat dame time, the new
concept of asymmetric teeth for gerotor profilespreposed and justified. In
Chapter 9 the optimization of the newly proposeglhrasetric profiles is carried
on; a brief discussion over the optimization methodngineering is provided,
hence results are presented and discussed to dhglthe benefits of the new
geometry, while an alternative approach to weaunctdn is described in Chapter
10. To avoid the insurgence of critical pressuréues inside the lubrication
system, and hence the delivery side of the pumesspire relief valves are
applied; typically single-stage valves, they représa critical, albeit theoretically
understudied, component of the circuit. Chapterah@i Chapter 12 cover the
description of a side-activity focused on the débn of a simple rule-set to
design conical poppet valves. In particular, Chafte revolves around a new
investigation of the effect of the poppet geomebmer the valve discharge
coefficient via CFD simulation, while Chapter 1ZXagused on the definition of a
design framework.

Please notice that due to previous agreementsowitiindustrial partners, no
experimental results can be provided to support gresent work; moreover,
details of the pump’s geometry, prototypes desigd performance won’t be
disclosed. Input parameters to the analysis predemmt this thesis have been
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altered with respect to those used for the indaispartners and are hence not
representative of their work.

1.2 Introduction to gerotor pumps

Gerotor units are one of the most common solutfongpumping low pressure
fluids, being often employed in lubricating ciraiiiof motorbike (Frosina,
Senatore, Buono, Manganelli, & Olivetti, 2014), @ubtive (Manco, Manco,
Rundo, & Nervegna, 2000) and aerospace applicat{ippoliti & Hendrick,
2013), as well as in fuel distribution systems (Ke&yardé, Nitta, & Garas, 2002)
due to their simple and compact design.

Gerotor pumps are obtained by coupling two geaasljttonally of cycloidal
geometry, rotating around two parallel eccentriesaxhe external rotor features
N lobes, while the inner one featum¥s- 1 teeth. The variable volume chambers
generated by the gaps between the two gears qensble for the fluid suction
and delivery.

Figure 1: Simple scheme of a gerotor pump

To ensure the theoretical isolation of each vaeiabblume chamber, the
geometry of the two meshing rotors is such thatethe continuous contact
between them; rotors’ profiles also define the ghapthe chambers and their
evolution during a complete rotation, hence contrify in a critical way to the
device behavior. Traditionally, the fluid entersdaexits the pump along its axial
direction through properly shaped ports, allowingr fobtaining extremely
compact devices.
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1.3 Literature review

Gerotor pumps technology is mature and well knoaprigins come from the

first intuition of (Colbourne, 1974), who first grosed the use of trochoid
envelopes to define gears geometry for rotary purBpblished research can be
roughly divided into two main categories, that #re search for mathematical
expression and automatic procedure to describedasmn gerotors profile and
the effort to find novel shapes optimizing perfonoes for several application
fields.

Starting from (Beard, Hall, & Soedel, Comparison hgfpotrochoidal and
epitrochoidal gerotors, 1991), who defined the siopgy of the epitrochoidal
profile over the hypotrochoidal one, and (Shungeafock, 1994), who provided
a set of compact equations to describe severaktgpdrochoid, many authors
proposed modifications and improvements to theittcahl cycloidal solution.
Traditional profile performances and their depemgeon geometrical parameters
have been deeply investigated in (Beard, Yanni€&ePennock, The effects of the
generating pin size and placemen on the curvaturé displacement of
epitrochoidal gerotors, 1992), (Hsieh, 2009) andi€H, Fluid and dynamic
analyses of a gerotor pump using various span ategeyngs, 2012), while an
interesting optimization algorithm can be found(kim, Kim, & Chang, 2006).
(Mimmi & Pennacchi, 1997) provided a comparisonestin a wide selection of
alternative profiles, covering elliptic, sinusoidaid poly-circular cases. (Manco,
Manco, Rundo, & Nervegna, 2000) proposed a novebtge profile based on
parabolic teeth, while (Hsieh, Hwang, & Chang, 20p7vovided some studies
regarding novel profiles geometries, their promsrtand their effects over the
pump performance. (Bonadrini, Mimmi, & RottenbaghBEneoretical analysis of
an original rotary machine, 2010), (Bonadrini, Mimi& Rottenbacher, 2012) as
well as (Demenego, Vecchiato, Litvin, Nervegna, &mido, 2002) published the
results of theoretical and numerical analysis forea novel gerotor profiles,
designed to limit the wear of the mating teeth. d4d & Beard, 1997) provided
theoretical justification to the proposal of heliead skewed axis gerotors, while
alternative design concepts based on non-circutah @nd deviation functions
can be found in papers from (Tong, Yan, & Yang, 20@Yan, Yang, & Tong,
2009), (Yang, Yan, & Tong, 2010). Several multipleofiles geometries have
been proposed with the aim of obtaining better qanes angles during teeth
meshing; a comprehensive literature can be foundLitvin, Demenego, &
Vecchiato, 2001), (Yan, Tong, & Yang, A new geradesign method with switch
angle assignability, 2007), (Yung, Bae, Kim, & Kir2011), (Choi, Kim, Lee,
Yung, Bae, & Kim, 2012), (Bae, Kwak, San, & Kim,15). A different approach
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for rotors design making use of straight line-cgajied profile can be found in
(Lizhen, 2004), (Xu & Song, 2007), (Xu & Song, 200&hile a new interesting
solution to reduce profiles wear through the useasiable clearances design has
been recently proposed by Hsieh (Hsieh C. F., Rébnaracteristics of gerotor
pumps with novel variable clearance design, 2015).

Meanwhile, important efforts were made to assess rtfost convenient
mathematical expressions to describe the geomlepioperties of gerotor pump
profiles, paying particular attention to the deteration of conditions leading to
undercut problems. (Litvin & Feng, Computerizedsiga and generation of
cycloidal gearings, 1996) applied the theory of rojep (Litving, 1989) to a
common cycloidal gerotor, defining the mathematicahditions that lead to
singularities in the inner gear profile. Differdiormulations starting from these
studies can be found in papers by (Vecchiato, DegenArgyris, & Litvin,
2001) and (Hwang & Hsieh, 2007), while an interggijeometrical interpretation
has been provided by (Mimmi & Pennacchi, Non-unding conditions in
internal gears, 2000). With regard to pump modglliih is of particular interest
the research work by (lvanovic & Jositovic, 20Q®janovic, Devedzic, Cukovic,
& Miric, 2012) and (lvanovic, Devedzic, Miric, & Govic, 2010).

1.4 Lubrication systems for aeronautic engines

To properly investigate the issues and the desigmstcaints affecting low-

pressure pumps it is firstly necessary to contdizieidheir behavior within their

possible application fields; in the case understag stated in the introduction,
the lubrication system for a new aeronautic enpeebeen considered.

The purposes of an engine lubrication system are:

= To avoid direct contact between mechanical bodieglative motion
(engine shaft bearings, gearbox...).

= To cool down the mechanical bodies in relative nmtoften exposed
at very high temperatures.

= To drive away and filter any wear debris in thericéted components,
to avoid the formation of dangerous deposits.

= To eventually pre-heat the fuel using the hot lcdomt oil coming back
from the engine.

To achieve these goals, it is possible to choosevds: a few possible
configurations of the lubrication circuits; the iopal solution mainly depends on
the aircraft class and purpose (tourism, civil $rzort, military) and on the engine
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type. The users served by the lubrication systery difier depending on the

engine design; in case of turbine engine, userthareompressor/turbine bearings
and the whole gearbox, comprising both the main tedaccessory line. For
alternative thermal engine, nowadays limited onty tburism aircrafts, the

lubrication system serves the piston chambers hadrtechanical transmission
connected to the engine shaft.

1.4.1 Dry-sump systems

Dry-sump circuits are by far the most used confgjon in both civil and military
aviation. A general scheme for a turbo-fan engmeeported in Figure 2, where
three main lines can be appreciated:

= A pressure line (blue).

= Areturn line featuring hot (red) or cold (lightul) fluid.

= A breather conduct (grey).

The breather line senses the air pressure at thi@eeemtake and keeps the
tank pressure slightly above the atmospheric onedetd normal operative
conditions, the “pressure” pump (also called “lubelimp), driven by the
accessory gearbox takes the lubricant from the &mokconveys it through a filter
and hence to the users. Here oil heats up and terdégposit on the bottom of the
engine sump; to avoid its deposit and ensure fiigrireto the tank, a proper
number of scavenge pump are used. Since their pupose is to completely
avoid the formation of oil deposits inside the emgiscavenge pumps are sized to
generate an overall flow-rate higher than the aogiged by the “lube” pump.
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Figure 2: Scheme of a wet-sump lubrication systenturbo-jet engines
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This, coupled with the lubrication process, causles inclusion of a
significant amount of air inside the oil in theust line; to avoid issues in the
non-redundant lube pump, tanks are equipped wite-aerator that separates the
oil-air mixture (Steimes, Gruselle, & Hendrick, &)1 In most cases, it is
preferred to avoid to send high temperature oéatly to the tank; as such, return
oil is often forced to pass through an oil/fuel thegchanger that is used to cool
down the lubricant fluid while pre-heating the aadnt. In other cases, such as
the Dornier 328 jet engine, the oil/fuel heat exdex is instead placed on the
pressure line, as shown in Fig. 3. Whatever ipdasition, the heat exchanger is
coupled with a thermostatic valve that regulate alieteemperature by defining
which portion of the flow rate passes through thkehanger and which part can
instead by-pass it. The scheme provided in Fig.ll@vato highlight a few
components related to a particularly stressing itimmgl that is the cold start of the
engine. Since oil viscosity is strongly dependenttemperature, the pressure
perceived at the delivery port of the lube pump sigmificantly rise and damage
the system. To avoid this occurrence, two valvesirroduced. A pressure relief
(or cold start valve) is used to recirculate thadflin excess, while an anti-surge
valve avoids the filter occlusion by opening a lasp path.
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1.4.2 Wet-sump systems

Wet-sump systems offer architecturally simpler 8ohs than the dry-sump
configuration; they can be easily distinguishednfrthe first type due to the
absence of the tank and of the scavenge pumpss @imply collected in the
engine sump and recirculated by the pressure pénipw disadvantages make
this solution less attractive than the dry-sumpaopt
= Since no scavenge pumps are present, aircraft tapemfmrm quick
maneuvers, roll angle must be limited and flightnagativeg is
usually prohibited
= Safety issues may rise in case of fire inceptiamgesthere is no way
to separate the tank from the rest of the engine

They are more easily found in small tourism airrafriven by alternative
thermal engines, while their use in turbine or tupkt configurations is almost
negligible.

1.5 General definitions for (low-pressure) pumps

Before stepping in the application-specific issa#fecting low-pressure pumps,
we provide a brief reminder about a few basics esgions commonly used to
describe the performances and the characteridtasyorotary pumps.

We define aglisplacemenbr capacityA the volume of fluid that the pump is
theoretically able to convey at each complete ngiah of its driving shaft. It
linked to themean theoretical flow-ratever one pump cycl@,; ,,, through the
following expression.

ch,m =An (1)
Wheren is therated speeaf the pump. Given the pressure drop between the
pump inlet and delivery environment, tteverage theoretical torqudy,
required to drive the pump at speedan be computed as follows.

Tenm = A Pout — Pin) (2)
We define afiydraulic efficiency;,, the following ratio:

Qm _ ch,m - Qleak,m

U €))

ch,m ch,m
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Where(@Q,, is the measured average flow rate over one punguton and
Qiearm IS the average flow-rate lost due to leakagesa Isimilar fashion, we
define agmechanical efficiencgf the pump the ratio between the theoretical and
the measured torque at the driving shaft as follows

N = Tth,m — Tth,m
" Tm Tth,m + Tfr,m

(4)

WhereTy, ., is the average friction torque developed insigeghmp and the
pump’s supports due to sliding between bodies lative motion. The overall
efficiency associated with the power consumptiorhef operating device can be
hence computed as follows.

n, = Tth,QO
P Tmch,m

= Nallm ()

1.6 General issues for mobile low-pressure pumps

Considering both the dry-sump and the wet-sumpigordtions, it stands out that
the lube pump is usually not redundant in civil laggtions, meaning that its
eventual failure would immediately lead to the eegmalfunction. As such, it is
common practice to switch off the engine with théefd lube pump to avoid fire
inception and mechanical breakage due to missidgickation in critical
components. In military application, the Defenseldral Acquisition Regulation
treats this device as a Critical Safety Item (Gstce its loss is associated with
“an uncommanded engine shutdown that jeopardizetetysa (U.S.Army,
Aviation Critical Safety Item Management Handbod@qQl1l). Although civil
aircraft are nowadays designed to sustain thedbsse (or more) engine(s), this
situation should be avoided since it causes thsevong of the vehicle’s handling
while introducing additional challenges to the tsloAs such, the issues that the
lube pump may face or will face during its operatiNfe must be carefully
investigated. In this subsection, we illustrate thallenges to be faced and the
problems to be considered when approaching theyualedi a new low-pressure
pump for aeronautic applications.

1.6.1 Wide temperature range

The first significant issue for low-pressure pumepgerating in aeronautic
applications is the wide temperature range thay theve to face. Lubrication
pumps are particularly prone to this issue, sihey imust be able to work at both
extremely low temperature, such as -40°C during sbecalled “cold-start”

conditions, and extremely high temperatures, in dhger of 100°C, when the
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engine runs at full power. The wide temperaturgeaaffects both the mechanical
and the hydraulic performance of the pump; frictiorces and gap sizes are in
fact depending on temperature, as well as thedating fluid properties such as
viscosity, Bulk modulus, air solubility and fluicedsity (Stachowiak & Batchelor,

2005).

In particular, the viscosity of lubricating oilsnigs to vary widely due to
temperature, hence strongly influencing the punafdges during its operational
life. As a simple example of this, we may consid&eneric aeronautic oil for the
lubrication of turbine engines. According to the LMI-23699E standard
(U.S.Army, 1994) the kinematic viscosityat -40°C must be below or equal to
13000 cSt; the minimum value at 40°C must be highan 24.5 cSt, while at
100°C it must be within the 4.90-5.40 cSt intenRlease notice that similar oil
characteristics are recommended also for the latioic of helicopter
transmission systems (U.S.Army, DOD-PRF-85734A,42060r a small gap of
rectangular section, leakage flow rate is usuadgressed through the Hagen-
Poiseulle law.

bh3

12ul, ©)

Qreak = (pup - pdown)

Whereasp,,, andpg,wnare the fluid pressure upstream and downstream the
gap, b is the gap widthh, its height and, its length;u is instead the fluid
dynamic viscosity. For generic unitary values o tpeometrical and pressure
variables, it is possible to observe the viscoaitg hence the leakage variation
depending on temperature depicted in Fig. 4.
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Figure 4: Viscosity and leakage behavior on oilgenature



1.6 General issues for mobile low-pressure pumps 11

1.6.2 Cavitation

Cavitation is an extremely dangerous phenomenadamtlag interest low-pressure
pumps dealing with air-oil mixtures and/or with tidating fluid at very low
pressures. Cavitation is a phase change procasdliffoid to vapor which occurs
at constant, if not slightly decreasing, tempemat(i¥ranc, 2006). Apart from a
few secondary factors that may slightly delay ucls as the fluid superficial
tension, cavitation can be considered incipient hedce developing whenever
the fluid pressure falls below the vapor tensign, (Brennen, 1995).

P<py (7)
Those generated bubbles will implode if subjectedekternal pressures
higher than the internal one. (Franc, 2006), casid vapor-only, perfectly
spherical bubbles, provided a few simplified bupleative equation about the
bubble collapse process. In particular, we cantifjea collapse timer,function
of the fluid densityp,;, the initial bubble radiu®, sand the fluid pressure far
from the bubble,,.

Poit
P — Py
Defining asr, the distance from the bubble center and Vi&tlthe bubble

radius at the time instahtthe fluid pressure(r;,, t)can be in first approximation
computed as:

R [Ry® R* [R,®
p(rp,t) =pm+(pm—pv)§l——4l——l——1l )

7, = 0.915R, (8)

R3
For rotary pumps operating at low pressure and bpged cavitation usually
takes place in the suction side (Manco, Nervegn&uado, 2001). The small
vapor and/or gas bubbles, dragged by the pump motéemd hence to quickly
collapse once they reach the high-pressure delizenye. To highlight the
damaging capability of the cavitation phenomenasults for a reference case
featuring a hydraulic fluid with density equal td®kg/nfand considering an
external pressure of 10 bar are reported in figirasd 6. It is worth to notice that
bubble collapse can be extremely rapid (in the ooflel0-300us at 10 bar) and
may give origin to pressures comparable to thedymlodulus of the most
common metallic materials. Moreover, the maximuraspure is located nearby
the walls of the collapsing bubble (fefR ratios between 1 and 1.5 circa),
meaning that cavitation is more dangerous if thebbes are attached to the pump
components.
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According to (Singh, 1991) and (Manco, NervegnaR&ndo, 2001), low-
pressure rotating pumps have essentially three praiferred sites for cavitation
inception, that are

= Cavitation at the rotor(s) tips; due to high linepeed associated with
excessive rotary frequency of the driving shaft
= Cavitation at the inlet port; due to narrow inlet{s
Cavitation caused by incomplete filling of the chmars; due to low

pressure at the suction port and/or excessive spfetbe driving shaft,
often occurring in scavenge pumps.

. 1 i ;
0 5 10 15 20 25 30
External pressure [bar]

Figure 5: Example of cavitation bubbles collapgaeeti

p(,H) MPa]

Figure 6: Pressure in the fluid surrounding a @sllag cavitation bubble
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1.6.3 Wear

Wear is a critical issue for low pressure pumpsfandhe whole system in which
they operates. (Stachowiak & Batchelor, 2005) idiedt three main wear mode,
that are:
= Abrasive wear: due to the contact between a suréaxk a harder
body.
= Adhesive wear: due to adhesion between portion hef mating
surfaces of two bodies in relative motion, usualbsociated with
direct metal-on-metal contact.
= Fatigue wear: due to repeated Hertzian contaat, lalewn as pitting
outside of the tribology community.

The main effect of wear in rotary pumps is the éase of the gap size
between elements in relative motion, that would lea increased leakages and
hence reduced hydraulic efficiency, especially iambination with high-
temperature fluids. Secondary effects would be wloesening of the pump’s
dynamics and the occurrence of impacts between ingeskhomponents.
Moreover, the produced metallic debris may accwdeadrasive wear inside the
pump itself or in the other system’s components araklerate the oil oxidation
process (Stachowiak & Batchelor, 2005). Wear cdacgbely limit the pump
operative life, forcing the pump flow rate capaliloutside of the minimum
acceptability threshold; as such it must be prgparitigated by acting on the
mechanical design of the moving components of twce.

1.6.4 Mass and envelope

Requirements for mobile applications’ equipment @ften highly demanding in
terms of containing the mass and the overall empeelof the employed
components. Common reasons behind this are the twe@duce the fuel
consumption and hence the power demanded to theesndgimited availability of
space, easier storage and transportability ofgheesparts.

The simplest operation to reduce the mass and lbvetame occupied by the
pump is to increase the reference speed of thdandrighaft. As shown by
Equation (1) pump displacement tends in fact taekese linearly with the speed
while considering constant flow rate requiremerits.a similar fashion, the
required theoretical torque at the driving shaftrdase linearly while keeping
constant the overall pressure drop across the elevic
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Pump downsizing is however limited by a few isstieg make it difficult to
increase the driving speed shaft over certain ditiwbs. The first issue is related
to cavitation; since higher values of referenceedp@ould translate into higher
linear velocity of the fluid in the pump’s periplyerstricter limitations on the
diametral dimension of the device must be imposHie reduced diametral
dimensions directly affect the maximum size of tb&ting components shaft(s);
although the theoretical torque tends to decrehsestatic pressure drop acting on
the shafts and their supports is still the samencHesituations may happen in
which the maximum available dimension of the siefiot enough to survive to
static and/or rotary bending fatigue. Moreover, thquired axial length of the
pump might be too high to avoid incomplete fillim§ the chambers and/or
excessive bending of the shaft(s).

1.6.5 Jamming of the pump and debris behavior

Another issue affecting the low-pressure pumpseasafly those operating within

a lubrication system, is the risk of jamming duettie ingress of hard metallic
particles which size is comparable to that of thaable volume chambers. Since
the consequences of this event may be criticatHerlubricated system and for
the users’ safety, jamming issues should be inyatstd and considered in the
choice of the filter eventually positioned betwelea tank/sump and the pump.

Debris may come from the pump itself or more comipénom the lubricated
system; in aeronautic applications debris size randber is often monitored for
diagnostic purposes (Tauber, 1981), (Muir & How@94) and (Higgins & Crow,
1997).
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Chapter 2

Low-pressure pumps benchmark

2.1 Benchmarking reasons

To assess the capability of the current state efatt of the gerotor pump we
carried out a comparison with other rotary pumpsioonly employed in low-
pressure systems. This chapter is organized aswigll at first a few pump
technologies alternative to gerotor pumps are ptege and discussed; a
functional comparison is performed and it is intggd with the results of a
literature research over the catalogues of sevemdlistrial suppliers. The
benchmarking activity is hence finalized throughalgtic tools based on
simplified sizing procedures; its results of thisgess are hence used to highlight
the advantages and limitations of the traditioreabgpr pumps.

2.2 Considered pump types

The pump types considered in the benchmarking psoaee compliant with the
following requirements:

= Rotary driven

» Fixed displacement configuration

= Suitable for low-pressure systems

=  Simple design (low number of moving components)
= Suitable for mobile applications
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Apart from gerotor devices, we identified four mgramp types for this
analysis; external and internal gear pumps, lob@mgsuand vane pumps (both
balanced and unbalanced).

2.2.1 External gears pump

External spur gears devices are a common choitgbtcate turbine assemblies
such as aeronautic engine and wind power systeiogd 5 moved by the
combined action of two meshing gears with spurhteebe of them is driven by
an outside power source (may it be the accessamnpge, an electric motor etc.),
while the other is mounted over a foul shaft. Thietiand delivery ports are
positioned along a direction orthogonal to the rhabes between the two gears;
fluid is sucked inside the pump due to the genematif a negative pressure drop
between the inlet chamber of the pump and the ¢éankonment.

Hence it is convoyed by the two gears towards tigh-pressure delivery
environment by means of fixed-volume chambers #temlly isolated one from
another. When the fluid reaches the delivery emwitent its pressure is forced to
raise and its majority is hence expelled towardsusers; a usually small portion
of the fluid may instead remain trapped betweenntleshing teeth and hence be
sent back to the pump entrance. This volume ofl ftein be considered as a loss
of the theoretical pump capacity and is often askelrd as “dead volume”.

The theoretical displacement of the pump dependb@ieeth number of the
two gearsZ, on the fixed chamber volunig,,,, and on the trapped volunig,;,
(Nervegna & Rundo, 2016).

Aeg= Z(ZVmax - Vmin) (10)

Leakages are mainly located in the functional dagiseen the gears and the
housing; their theoretical increase with temperatan be partially compensated
using different materials in the rotors and in tio@ising.

From an envelope perspective, the use of two mgspears mounted on
parallel axis can be a fair disadvantage with ressfzeother solutions; moreover,
they tend to become noisy once that wear takesepl@n another note, the
maturity of the technological processes neededddyte this pump type allows
to obtain extremely robust and reliable devices.
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Figure 7: An external spur gears pdmp

2.2.2 Internal gears pump with crescent

Internal gears pumps with crescent follow a degigitosophy similar to that used
in gerotor devices; however, the difference betwgmnnumber of teeth in the
inner and outer rotors is higher than It is ashsimpossible to ensure the
isolation of the suction and delivery environmerithaut inserting an additional
component, the crescent, which moon-shaped schamdée easily observed in
Fig. 8.

Inlet and outlet port of the pump may be placetegiin the radial or in the
axial direction, while its theoretical displacemean be computed given the teeth
number of the inner gedj;, the maximum isolated volumes defined by both the
inner (nqy:) and the outerlf,,, ) gear with the crescent and the dead volume

Vmin:

A= Zi(Vmax,i + Vmax,e - Vmin) (11)
Internal gears pumps with crescents tend to promidee regular flow rates
than the gerotor pumps, while providing a compatit®n that can be extremely
miniaturized (Nervegna & Rundo, 2016). However,sh®ll size of the chambers
make them less suitable to work in presence of lireetiebris.

2 From http://www.e4training.com/
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Outlet Internal

gear

Crescent

Figure 8: An internal gear pump with creséent
2.2.3 Lobe pumps

Lobe pumps make use of two rotors with conjugatefilps to convey fluid
between low and high pressure environments. Onraigntvith the pump types
presented so far, these rotors are not responsiblEny motion transmission
between the two axis; the number of lobes usuatipleyed (two or three) is in
fact too low to allow for regular power transmissi@ds such, their only function
is to convey the fluid avoiding as much as posdilalek-flow issues from delivery
to the tank. The motion transmission is insteaduts by two synchronizing
gears, usually featuring helical teeth; this solutimakes the lobe pumps an
extremely quiet solution, that has found a gootudibn in medical applications.

The pump displacement can be computed as the akggar case, given the
lobe numbeN :

A= N(ZVmax - Vmin) (12)

Figure 9: An industrial lobe purfip

% Adapted from http://hydraulicspneumatics.com/
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2.2.4 Vane pump

Vane pumps differ from the previously describedicdewy due to the use of only
one rotary element. As shown in Fig. 10, the vdeiabolume chambers
responsible for the flow rate generation are dbedriby the space comprised
between the rotor, the stator (or cam ring) and agjacent sliding vanes. During
operations, vanes are forced by centripetal act#berto remain in contact with
the race obtained in the stator, hence avoiding-Haw issues. In some designs
the delivery pressure is brought back at the basbeovanes and here used to
ensure the contact with the stator. The shapeeo€dim ring is hence responsible
of the chambers behavior and so of the pump pedoces.

Two main types of vane pumps can be identified} #r@ balanced and
unbalanced. In balanced vane pumps the design altowcompensate for the
pressure drop between inlet and outlet of the @gwhence reducing the load on
the rotor shaft and on its supports. The unbalaregsion is not able to provide
the same features, but offers a more compact ealatid a simpler design of both
the stator race and of the admission/delivery posiace in low-pressure
applications the pressure drop between deliverysaiction sides is moderate, this
solution if the most common for lubrication systemisnobile applications.

Vane pumps, depending on the vanes design, featamgnificant advantage
over every other device described so far, thahes tcapability to recover from
wear up to a certain extent. The backlash that evdhg created by wear
occurrence at the tip of the vanes is in fact campted by the pump design,
which forces the vanes against the cam ring.

Cam ring Inlet
surface

Eccentricity Vane

Outlet

Rotor

Drive shaft

Housing

Figure 10: Unbalanced and balanced vane ptimps

4 Adapted from http://www.wastecorps.com/
® Adapted from http://hydraulicspneumatics.com/
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Vane pump displacement for the balanced and thalanbted case can be
computed given the number of vangs their volumeVl,,,., the minimum and
maximum volume of each chamber and the number ofpng cycles for shaft
revolutionn,.

Abvp: N1 (Vinax = Vinin — Voane) (13)
Auvp= N(Vmax — Vinin — Vvane) (14)

2.3 Functional comparison

A first functional comparison based on the simgisesvation of the major design
peculiarities of each pump type can be performdee Gonsidered criteria here
reported can be related to the common issues @ffeddbw pressure pumps
described in Chapter 1. We have:

= Number of moving component: related to design cexip}

= Number of rotors on parallel axis: related to puenpelope

= Wear recovery capability

Results are reported in Table 1.

Table 1 Functional comparison

Pump type cﬁrrl\m/lp(i)vrllg?\ts # Rotating axis Wear recovery
2
Gerotor 2 (internal coupling) No
2
External gears 2 (external coupling) No
2
Internal gears 2 (internal coupling) No
4 2
Lobe ((22 r;ég:?) (external coupling) No
1+N,
Vane (balanced (1 rotor) 1 Yes

/unbalanced) (N, vanes)
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Vane pumps have the lowest number of rotating ar are the only type
providing a certain extent of wear recovery, butfesufrom a possibly high
number of moving components. Lobe pumps featurksgla number of rotating
components on two parallel axes moved through txereal gears, which lead to
non-compact design. From a brief examinationsifpossible to observe that
gerotor pumps are positioned in the middle of theedeemes, featuring a compact
design with only two moving components.

2.4 Comparison of catalogues data

To support the preliminary results of the functiocemparison, a deep analysis
based on the catalogues of the main low-pressureppuproviders has been
performed. This second analysis is intended to ideovsome additional

indications but remains fairly limited. Most of theailable data regards industrial
applications and no information on the sizing irpe¢ssure value are provided.
Moreover, most of the pumps used on mobile appiinat are customized

solutions which specifications are not publicly italale.

A few results are reported in Figs. 11-13. In Hifj, the displacement values
for the previously selected pump types are repaatedunction of the reference
speed of the driving shaft. A few takeaways carmplmrided; lobe pumps are
limited to very low reference speed due to the nafeceducing their wear rate,
while gerotor pumps and external gears devices woek a wider span of angular
frequencies and were the only types for which adgamount of data for mobile
applications were available. Data regarding integears pumps and vane pumps
were instead limited to industrial cases, so tlmatonclusive information can be
deducted. In Fig. 12 are instead reported the wdbtaidata on the delivery
environment rated pressure and the pump’s nomimatifate. The examination is
limited to a maximum value for the pressure atdbget port of 500 psi.
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Figure 12: Catalogues data — delivery pressuréovsriate

External gears pumps are the most used type faspres approaching the
500 psi limit, while the other pump types are mossed in the low-pressure and
high flow-rate operating field. By crosscheckinggb results with those reported
in Fig. 11, it is possible to further distinguisktiween, in example, gerotor and
lobe devices; in the first case, the high flow riatassociated with low capacities
and high rotating speeds, while the opposite odecutise latter.
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Finally, Fig. 13 depicts the behavior of the pumpeéerall mass reported in
the catalogues in dependence of the device cap&dttyough a significant data
dispersion is observable due to the differencethénrated pressure drop, some
trend can be still observed and a few comparisoy Ineacarried out. Results are
limited at a maximum weight of 25 kg. It can be etved that vane and gerotor
pumps appears to be able to provide a fairly nabteeadvantage with respect to
external gear pumps, while lobe devices looks &Bsactive (most of their data
are outside the 25 kg threshold). Internal gearpgsimith crescent appears to be
in line, if not slightly worse, than gerotor pumjsit the scarcity of data doesn’t
allow to perform an in-depth comparison.

Summing it up, the conclusive remark for this fiestsessment of the low-
pressure pumps state of the art are:

= Gerotor pumps are suitable for high-speed, higiwflate and low
delivery pressure situation

= External gears pumps are more used in high-flove @td high
delivery pressure cases

»= Vane pumps seem the best option to limit the purwgight

» Lobe pumps are complex, heavy and limited in rajezed

» Internal gear pumps with crescent are in line wginotor pumps, but
features an additional layer of complexity (thescent)
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2.5 Analytical trade-off

The first trade-off analysis described in this dkapprovided some early

indication regarding the state of the art of lovegsure pumps. In order to get
more accurate and meaningful results, we set uthanoomparison based on the
outputs of simplified sizing frameworks preparedddew selected pump types.

Given the results of the first trade-off analysiscdssed in Chapters 2.3 and
2.4, the trade-off process investigate the perfocea and main constructive
features of gerotor pumps, external gear pumpsuabdlanced vane pumps (with
4 and 6 vanes).

This trade-off activity makes use of some simplifyiassumptions to reduce
the computational effort and avoid second-approkonadetails. As such:

* Fluid is considered uncompressible

= Only the theoretical displacement is considered

= Leakages are neglected

= Pumps are always working in steady-state conditions
= Meshing is ideal and no backlash is considered

2.5.1 Simplified design framework for traditional gerotor

The simplified design framework employed in thistlemarking activity is based

on the analytical description of the gerotor pesiprovided by (Manco, Manco,

Rundo, & Nervegna, 2000) and on the equations tudleathe suction and

delivery ports reported by (Singh, 1991) and (Mardérvegna, & Rundo, 2001).

The framework works through four sequential stegisfirst, given the design

input parameters, it computes the geometrical pat@rs describing the rotors
profiles. Hence it verifies their validity, estineathe maximum axial length of the
pump and evaluate its capacity. The mathematicatessions are here reported
and their physical interpretation discussed.

Traditional gerotor pumps makes use of circulaein the external gear and
of an epitrochoidal profile in the inner rotor; tgeometrical parameters defining
the pump’s shape are observable in Fig. 14 (Mak@nco, Rundo, & Nervegna,
2000). Between those, the most important are tleenddcity e, equal to the
difference between the two centrodes radiugasdr,, and the non-dimensional
ratio A defined as:

A=— (15)
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Given these two input parameters is possible tvel@very other meaningful
guantity; addressing with andr, the minimum radius of the inner rotor and the
maximum radial dimension of the external profile wen write the following
expressions.

e=1—r1 (16)
T,=a—p+2e (17)

line of contact

. bY
internal gear 2.2
external gear X.1' -

Figure 14: Geometrical parameters for epitrochoggabtor pumps

In first approximation, the threshold value for tlpaimp linear speed
associated with cavitation inception can be congbeough the application of
the Bernoulli equation at the inlet port:

2D
Umax — pm (18)
Pr

Wherepris the fluid density ang;, the pressure upstream the inlet port; this
limitation on the admissible fluid velocity tranta into a limit on the maximum
linear speed of the rotors tips. Defining the refee speed of the pump’s driving
shaft for the design processa®and considering the limit conditions we have:

1%
r, = 2o (19)

Hence, given a certain inlet pressure and a defneéefence speed, each
(e,A) couple mathematically identifies a possible rotprefile, provided the
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number of lobes in the external rotdr Not every(e, 1) is able to generate valid
profile, since badly defined parameters may givegior to geometrical
discontinuities in the gears shape. For the tramtti geometry, (Manco, Manco,
Rundo, & Nervegna, 2000) provided simple closedhfexpression to ensure the
profiles validity. The first condition regards tm®n-dimensional parametdr,
which value must be comprised between:

1<A<N (20)
The second condition affects the lobes curvatwteisp which must satisfy:

(% - )\/27(612 — 1)

(E-1)@a-1)3
n (7 -1) e -

According to (Manco, Nervegna, & Rundo, 2001) thesa@sts a precise
limitation over the axial length of the pump thahceensure the complete filling of
the chambers given a defined pressure drop omtéegort and a reference speed
of the rotors. This maximum valué,;,,, depends in first approximation on the
evolution of the frontal area of the variable vokithambersi,, over angular

position of the inner rotag:
n, [
Poil (22)

dA
g
Wherep;, is the pressure at the inlet parf; the fluid density andl,, < A.p
the inlet port arean; is instead the number of feeding sides, that eaedual to 1
or 2, depending if the ports are present on onbotin of the gerotor’s frontal
plates. Once that the axial length of the pukhg Hy;,,, has been defined it is
possible to compute the theoretical capacity ofdénce as:

Hym = 4y

A= (N — 1) A, H (23)

These equations, along with the mathematical dmsmni of the profiles
geometry provided by (Manco, Manco, Rundo, & Nenag2000), have been
implemented in one Excell program that requiresngsit the inlet and delivery
port pressures, reference speed, required flowaradethe(e, 1) couple. Through
Equation (1) it computes the required capacity;egithe input parameters it
designs and draws the rotors’ profiles, numericallgluates the chambers frontal
area and calculates the required axial length, evkigrifying the necessary
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conditions reported in Equations (20), (21) and.(B2nce it estimates the overall
envelope and weight of the pump, given the materdnsity for each major
component, such as inner rotor, outer rotor ane.cAs an example of the
simplified sizing procedure we provide in Fig. Itetprofiles for two gerotor

pump operating with 15 psi at the suction portyeiiat 7000 rpm and 5000 rpm,
while featuring 5 and 7 teeth in the external rotor

y [mm]

Figure 15: Examples of gerotor profiles (simplifigesign tool)

To verify the simplified design tool behavior, angoarison between its
results and the data publicly available in cataésgby Nichols’ is carried on.
Reporting in Fig. 16 the theoretical flow rate bétpumps in dependence of the
reference speed, it is possible to observe a ggoeement between catalogue’s
and computed data.

600 T T T
& Nichols gerotors
—e— Sizing results - n = 2

500k —e—Sizing results -n_= 1|

Flow rate [I/min]
w N
o o
= o

(]
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Figure 16: Simplified design tool: comparison wittthols catalogue
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2.5.2 Simplified design framework for external geapumps

The simplified design framework for external gearmps has been kindly
provided by the leading companies of this rese@roigram. As such, no details
will be disclosed and every result associated Witk tool will be provided in a
non-dimensional format.

2.5.3 Simplified design framework for unbalanced vae pumps

The tool used to design in first approximation timdalanced vane pumps used in
the trade-off activity makes use of a few signifitayeometrical parameters
highlighted in Fig. 17. Those are the length (aniskength) of the vanes, the
cam radiusk, («), function of the angular coordinate, and the roaoliusR;.

The cam radius varies between a theoretical mininegual toR; and a
maximum value equal tB, along the suction and delivery ports, while it e&ns
constant along the angular span associated witlisttated chamber condition.
To avoid backflows issues, each of the two angsi@ans at constant cam radius
must extend for at least a minimum vale,,;,, defined as:

A 21
Amin = N_v (24)
WhereN,, is the vanes number. The more the vanes, the idhgeangular
span that might be dedicated to the suction andetglports. The maximum lift
of the vanesi is equal to the difference betweBp andR;; R, is limited by the
same Equation (19) used for gerotors, wiljevalue is obtained through static

and fatigue sizing of the shatft.

Figure 17: Unbalanced vane pump scheme
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The cam shape is hence designed according todksichl synthesis methods
based on the motion law equations paying atterthan additional requirements
may come from the vanes design. In example, ifdlie vanes are obtained with
only two translating elements such as in Fig. h&,following condition must be
respected:

r.(a) —1.,(a+m) = 2L (25)
This requirement can be satisfied only by symmdaies of motion, hence
imposing a significant design constraint over taenaefinition. In this simplified
design tool we make use of linear speed laws sirtolahe example reported in
Fig. 18. The maximum geometrical speld,, and acceleratiorh,,,, for the
vanes lift can be computed given the dedicatedlangpama,,,,:

(k) = 2"
max =
4 Aofcam (26)
Lh#Lax =2 A 07(n =
cam

Hence, defined the geometrical acceleration shépe,cam radius can be
obtained as:

r.(a) =1 + jf h''dada (27)

oooooo

gular displacement [deg] -

Figure 18: Example of motion law for the vanesdifid resulting geometry

Once that the cam shape has been defined, theifsathglesign tool perform
the sizing of the vanes. To do so, it follows thmpraximation proposed by
(Inaguma & Hibi, 2005) who associated the vane Wieindo that of a cantilever
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beam. As shown in Fig. 19 (Inaguma & Hibi, 2005ang width is hence
determined through static and fatigue calculatiogaiest pure bending
phenomenon due to distributed, uniform load. Istfapproximation, the effect of
the real pressure distribution of the fluid insttie chamber is neglected and the
minor normal stresses due to the forced contaetdest the vane and the cam are
not considered. Once that the vane size has bderedlethe pump capacity is
computed through Equation (14). Finally, two moegification are performed,
the first one regards the radial suction port afgawhich must satisfy the
condition that ensure the complete filling of thember considering a null vapor

pressure.
Zpin chh
’_> 28
CqAp Dol > w T (28)

The second condition regards the torsional stréithe rotor shaftAd,, ..,
which must be limited to avoid the jamming of trenes due to the closure of the
functional gapg. The maximum admissible strain can be computed as:

H g
Ay = R—iarctan (ﬁ) (29)
Hence, assuming purely elastic strains and addgessith t,, the overall
torque for unit of axial length acting on the shéfie following expression must

be satisfied:

(30)

Wherek, is a corrective factorg is the material shear modulus ahdhe
moment of inertia of the resistant section.

Delivery pressure

! pd
! Rotor | '\!/J/.' I ‘
ARAARNA
\ S
Vane LW O
S|
= R?'H1 B

Ps

Suction pressure

Figure 19: Simplified theory for vanes structurahbvior
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2.5.4 Benchmark results

A few comparison have been object of the benchmgréctivity; at first, a trade-
off on the maximum flow rate capability of each ewaed pump type is proposed
as function of the reference speed and of the fiug$sure at the suction port. The
delivery pressure is considered constant and ¢qu&00 psi. The investigation is
performed ranging the reference speed from 4000toph®000 rpm.

Introducing the non-dimensional flow ra@= Q/(Qgs)n =4000rpm @S the ratio
between the computed flow rate and the maximum flate capability for the
external gears pumps at 4000 rpm, results aretexpor Fig. 20 (a) for a pressure
at the suction port equal to 15 psi and in Fig(l®(or an inlet pressure of 5 psi.

For relatively high inlet pressures, the simplifiddsign tools assess two
prevalent pump types, that are the external geangpp for low reference speed
and the unbalanced vane pumps for high angulauémegies. Gerotor pumps with
two feeding sides remains anyway competitive okerwhole angular frequency
span. Lowering the pressure at the suction porigthichange and vane pumps
becomes more and more attractive. It is interedtingotice that gerotor devices
remain competitive with the external gear pumps)ewane pumps with 6 vanes
tends to provide higher values of non-dimensiolwalfrate.
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Figure 20: Flow-rate comparison: suction pressirpsl (a) — 5 psi (b)
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The second comparison is carried out considerifiged desired flow rate of
200 I/min, constant suction pressure of 14 psi @fidrence speeds in the range
between 5000 and 10000 rpm. Objects of this corspariare the estimated
weight and envelope of each selected pump typesulReare again reported in
non-dimensional format as the ratio of each vaker the reference obtained for
the external gear pump at 5000 rpm. Looking atréiselts reported in Fig.21 (a),
it is possible to notice that the estimated masshf® unbalanced vane pumps for
the case under exam is inferior to the one compiaethe gerotor and external
gears options. It must be noted however that nbcpdéar care has been given to
the design and weight optimization of the pumpsecand shafts; as such, the
values of the non-dimensional mass param@tshould be used just to make a
first, rough comparison between the selected pwpest This exam is moreover
affected by the high value of required flow-ratieatt might cause the need of
pump stacking for some type of devices.

In Fig.21 (b) are reported the results of the empelcomparison, which
highlight the most compact design of the gerotat aane pumps with respect to
the external gears type.

09kF-\ ,,,, ........ o ,,,,,,, 1
0.89
07

068>

—e—External Gears | . [—e—Extemal Gears
02F Gerotor-nszz...,é .......... 02_ Gerotor-n5=2—

—e— Vanes Nv:4 —e— Vanes NV:A

e e e s 4 0k
—e— VanesN, =6 . | —e— VanesN, =6

0.1F

5%00 6000 7000 8000 9000 10000 50000 6000 7000 8000 9000 10000
Reference speed [rpm] Reference speed [rpm]

Figure 21: Mass (a) and envelope (b) comparison
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Chapter 3

Novel concepts for gerotor pumps

3.1 Problem statement

The pumps trade-off performed in Chapter 2 higheédhthe current capabilities
of traditionally designed gerotor devices with egpto other solutions commonly
employed in low-pressure systems. According to ehasalysis, gerotor pumps
tend to be at disadvantage when searching forisnkiible to provide high flow
rate, since their maximum displacement for a gredarence speed is between the
15% and the 40% less than the most performing oftiothe considered cases.

To increase the pump’s maximum capacity it is nemgsto find a way to
increase the maximum volume of the fluid chambassper Equation (23). Since
the radial dimension of the pump can't be overed¢ehto avoid cavitation
occurrence, as described by Equation (19), onlydpitons remain: to act on the
profile, or to find a way to generate axially longeimps.

A few study to maximize the pump capacity workingeiothe rotors profiles
can be found in literature, such as (Beard, YalingePennock, The effects of
the generating pin size and placemen on the cuevaand displacement of
epitrochoidal gerotors, 1992), (Hsieh, Hwang, & fipaGeometric design for a
gerotor pump with high area efficiency, 2007) ar@br{adrini, Mimmi, &
Rottenbacher, Design and simulation of meshing pfsdicular internal rotary
pump, 2012). The improvements provided with thengles on the rotor profiles
are however not enough to overcome the signifigaptwith other pump types.
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On the other hand, to obtain gerotor pumps witheiased axial length would
be ideal to provide more significant advantagegeinerating higher flow-rates.

3.2 Introduction to radial-ports gerotor

For gerotor pumps, the main limitation in the ditiom of the axial lengthH of
the rotors is the condition associated with the glete filling of the chambers.
According to (Singh, 1991), applying the momentummnservation law in
correspondence of a generic inlet port we obtafaHowing limit condition:

2 (pin - pv) chh
’ > 31
CdAp Poit —dt ( )

Where V,;, is the volume at the time instant of the considered pump
chamber. Slightly modifying the expression to putevidence the geometrical
dependencies and considering a constant angutareney, we have,

2 (pin — dA
Ca, () (Pin — Pv) > wH cn(@) (32)
Poil da

A,y is the frontal area of the variable volume chanibethe angular position
a. Considering the traditional axial port configuoat we have to consider that
Apy(a) < Acp(a), while obtaining Equation (22) used in the simptifdesign tool
described in Chapter 2. Let's consider now the Hypgis of a novel
configuration where radial ports are obtained ia ap between two adjacent
teeth of the outer rotor, as shown in the exampléign 22. Please notice that the
geometry of the port is not the final one as thgure is purely intended to
highlight their placement.

Figure 22: Concept of radial ports for gerotor psmp
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Under the stated conditions, we have:

Ay (@) = I,Hk,(a) (33)

I, is the length of the arc of circumference comprigéthin two adjacent
lobes of the external rotoH is the axial length ané,(a) a factor theoretically
ranging between 0 and 1, possibly function of thguéar position.

Substituting Equation (33) inside Equation (32)vese:

2 (Pin — dA
CalyHkp () 2B =) 5y HAen@) (34)
Poit da

Finally leading to the limiting condition to ensute complete filling of the
chamber, described by Equation (35).

1 dAch(a) Poil
Lk, (o) > —w
{ P p( ) Cd da 2 (pin - pv) (35)
\ 0<ky(a)<1

A few comments regarding the implications of Eqomti(35) must be
provided. Comparing it with Equation (32), the ffimgnificant change is the
disappearance of the axial length this means that the axial dimension of the
pump is (theoretically) no more limited by issuetated to incomplete filling of
the chambers. The second significant observatiorih& the object of the
condition, no more the axial length, is now thecgpavailable between the lobe of
the outer rotor. Finally, it should be noted tha tlischarge coefficierd; is not
constant and mainly depends on the Reynolds’ nunabethe fluid passing
through the suction port and hence on the geonoétitye port itself.

3.3 Design issues

Gerotor pumps overall performances are determigdtidogears profile, since the
rotors’ shape defines:
» The maximum and minimum volume of the fluid chansbépump
capacity)
= The evolution of the fluid chambers’ volume along@mplete rotation
(flow-rate profile and regularity)
= The contact stresses in the contact areas betweetwbd rotors (pitting
behavior)
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= The sliding speed between the two rotors in theammreas (wear rate
and lubrication effectiveness)

Moreover, with the introduction of the radial podsnfiguration, the rotors
profile also determines the final output of the dition regarding the complete
filling of the chambers expressed by Equation (B&nce adding a further layer
of complexity to their design. As such, rotors gesf need to be carefully and
comprehensively studied and optimized. In the fellg chapters, the general
mathematical framework used to describe gerotoofilgs will presented while
the tools developed to completely design and sitawdageneric gerotor pump will
be introduced. Hence, a first study showing theafbf the rotors shape over the
pump performance is presented and its results siecl Later on, profiles
optimization is carried out; the employed methodsadibed and the results
highlighted.
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Chapter 4

General theory for gerotors
profiles

4.1 External rotor profile determination

To define the rotors geometry, the most efficierdtimods make use of closed
form equations specific of certain profile type, thae one by (Manco, Manco,
Rundo, & Nervegna, 2000) used for the simplifiedirgl tool in Chapter 2.
Although being simple to implement in automaticqedures without requiring a
heavy computational effort, those methods havetdichapplicability since it is
not always possible to describe the inner gearilpriirough implicit functions
(Mimmi & Pennacchi, Rotor design and optimization internal lobe pumps,
1997). As such, the work proposed in this docttinakis makes use of a more
general approach based on the Theory of Gearir(gityyng, 1989) and reported
by authors such as (Litvin & Feng, Computerizedigiesand generation of
cycloidal gearings, 1996) and (Demenego, Vecchiafityin, Nervegna, &
Manco, 2002) for its flexibility in describing narircular profiles.

Following this approach and looking at Fig. 23, wmé&oduce three reference
frames:

*  (x,¥)ext: reference system of the external (driven) rotor
* (x,y)in : reference system of the inner (driving) rotor
= (x,y)r is the fixed reference frame of an external observ

The (x,y).,: frame and the fixed axis have their origh,: on the rotation
axis of the external gear, while the origd: of (x,y);, sits on the rotation axis
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of the inner gear. The gerotor eccentri@tgan hence be defined as the distance
betweerOey andOjn;.

Figure 23: Reference systems for gerotor profilendsn

The kinematics of two perfectly meshing gears candbscribed through a
constant transmission ratig, equal to the ratio between the two pitch dimersion
rext andrin, and hence strictly dependent on the eccentreeig shown through
Equation (36).

i = Win — Text — Text _ N (36)
Wext Tin Vext — € N-—-1

As shown in Fig. 24, it is possible to add a lomference systeniy,y)
which origin C is related to the rotors geometry through itsasise withOgyt
(CO0,,:) and the eccentricitg. Defining the vectorg;,, andr ., as the inner rotor
profile in the (x,y);, reference system and the external rotor geomaetrisi

(x,y)ex: frame, the following conditions must be verified:

max(”['in”) = Nim,in = COcxt — Py +e
min(ITl) = COpet — py — -
max(llrext”) = Nimext = COpxt — Py + 2e

MIN(||T exell) = COpxe — py
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Figure 24: Geometrical parameters for gerotor fEafefinition

The ratio betweerf0,,, andr,,, can be addressed asand is of critical
importance for the profile design. According to (Mni & Pennacchi, Rotor
design and optimization in internal lobe pumps,7)9%he most convenient way
to define the lobes geometry is through the usgaochmetric equations expressed
in the local reference systefy, ). In example, a good way to describe both
circular and elliptic lobes in dependence of thedek,;; can be considered.

{ X = pycos(§)

Y = key p)(Sin(f) (38)
tan(9) = k,y; tan(§)
{ 0<¢ gn (39)

Hence, the distancg of the generic poink; from the originC of the local
reference system can be computed as:

1 = CK, = p,/cos2(&) + k2sin?(§) (40)
We now define the angular pitda as:
21

Aa = W (41)
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Finally, the expression of the external profilg,; in its own reference frame
can be found given as the repetition of the lobedilps around the external
centrode axis.

ext _ [xext] _ [cos(iAa) —sin(iAa)] [COext — 1cos(9)
exXt ™ | Yext sin(ida) cos(ida) 1.5in(9) (42)

Withi=1,..,N - 1.

4.2 Internal rotor profile determination

The determination of the internal rotor profile less straightforward, as it is
obtained starting from the established geometryhef outer gear. By design,
gerotor pumps are such that each point of the mdyi\gear profile becomes a
contact point in the meshing process once dursgatnplete rotation. Hence, the
profile of the internal rotor can be defined as tbeus of the contact points
between the two gears during a complete pump @beessed in the reference
frame of the inner element.

According to the Theory of Gearing (Litving, 198%e most convenient

approach is to make use of homogeneous coorditatexpress the external
profile I',,; in the(x, y);, frame by means of the transformation malix ex:

. Xext
I'gxe = Minext lyextl (43)
1
The transformation matrix is function of the anguasitions of the reference
frames of the two rotors, namepdy,, andg,.,:, as shown in Fig. 23; its expression
is given in Equation (44).

COS(¢in - ¢ext) Sin(¢in - ¢ext) —e COS(¢in)]
(44)

Min,ext = _Sin(¢in - ¢ext) COS(¢in - ¢ext) e Sin(¢in)
0 0 1

Given the definition of the speed ratio for an ideashing given in Equation
(36), we have:

bin = TiePext (45)
And hence the transformation matrix can be rewritis a function o,
and of the known parametet,.
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cos [d)ext(fie - 1)] Sin[¢ext(Tie - 1)] —e COS(Tied)ext)
Min,ext = _Sin[d)ext(fie - 1)] cos [d)ext(fie - 1)] e Sin(Tie¢ext) (46)
0 0 1

To define the contact points without having ondh& gears, we exploit the
gearing rule according to whictluring meshing, the normal to the gears profiles
in the contact point(s) always passes through tiséantaneous centre of rotation
of the relative motion between the two gg@uitving, 1989).

For gerotor devices, the centre of rotatigngPat the intersection between the
two centrodes; its coordinat€X,,Y,) in the reference systefx,y).,: can be
expressed as follows.

Xo = rextcos(¢ext)
. 47
{YO = _rextSln(d)ext) (47)
For a given external profilE,,;, we can compute the normal to each point of
its lobes as

Ne| _orex
Nexe = [Ny | = 6_5 X Koyt (48)
1

Wherekey: is a unit vector directed along the direction ndrtoahe (x, y) ox¢
plane and right-handed verse. To be valid, Equgd8) demands the satisfaction
of a few requirement, that are:

= T, IS continuous over its entire domain
= I, first derivative is continuous over its entire cam
= 0rl,./0¢ # 0 over its entire domain

Given the previously mentioned rule, a generic pomthe external rotor of
coordinated Xex:, Yext) iN the(x, y).,: reference system is a contact point for the
¢.: angular position of the external gear if the ndrtoahe profile in that point
passes through the centre of rotatignoPthe relative motion between the two
gears. Expressed in mathematical form, this camtitecomes

Xo — Xext Nx
f(€;¢ext): o=

L Y (49)
YO - Yext NY
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The final expression of the inner rotor profil, is hence provided
combining Equations (43) and (49):

. f(fr ¢ext) =0
An alternative approach can be found in (Manco, d&danRundo, &
Nervegna, 2000)

. I"in 10)) = M. rext
:g.{ ext(g’ ext) in,ext® ext 0 S d)ext S 27_[ (50)

4.3 Handling of undercutting conditions

Undercutting occurs when the geometry of the ogear is such to generate
singular points in the inner rotor profile. Suchre are obviously unacceptable;
as such, conditions that lead to undercutting roastetected and avoided.

According to (Litvin & Feng, Computerized designdameneration of
cycloidal gearings, 1996) and (Vecchiato D. , Deetgn Argyris, & Litvin,
2001), singular points can be detected by studifiegvelocityvi™ of the generic

k-th contact point in its own motion over the inmetor profile I';,,. Undercutting
occurs wherever the velocity is null. This conditioan be expressed as the
combined motion of the contact point velocity ottee outer profilewy“ and the

relative motion between the two geas as:

vit= ¥ 4y, =0 (51)

Expressed in the reference systemy).,:, Equation (51) becomes:

0X oyt 09
o0 ot x

0yert 89 (52)
o9 ot Y

While differentiating the equation of meshing rdpdrin Equation (49) we
may have:

of 09 Of 0Dy
99 ot~ 9d,,, Ot (53)

Combining Equations (52) and (53) we get a systéthree linear equations
in the only unknowrdd/adt, which admit a valid solution only if the rank it$
augmented matrix, reported in Equation (54), is.one
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[axext ext of ]T
a9 a9 a9 (54)

[_v s _i%J
ra Uy T3, ot

This condition, further manipulated, allows to obt&quation (21) for the

cycloidal case.
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Chapter 5

Theory for gerotor pump design
and simulation

5.1 Design loop concept

In Chapter 4 we introduced a general mathematieatrption for the gerotor
pumps profiles and the theoretical bases to chéskgeometrical validity.
Although necessary to draw formally correct prafilgeometrical validity alone
is not sufficient to design a properly operatingoger pump.

We hence introduce the concept of design loop éovotpr pumps with the aid
of Fig. 25, while a more accurate description afrepassage will be provided in
the remaining sections of this chapter. The infdromarequired to start the design
loop can be divided in two main categories, that #ne design inputs and the
design parameters. Design inputs are the informatedated to the expected
operating conditions that the pump will have toefam first approximation, we
may have:

*  p;p: MiNimum pressure at the suction port

" pous: Maximum pressure at the delivery port

* n,..y: reference speed of the driving gear

* Qrer: the expected flow-rate for reference conditions
* T,y: fluid temperature for the reference condition

» Fluid type and characteristics
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On the other hand, design parameters are thoseegjecath quantities that can
be defined by the pump designer and that deterthi@egeometry of the rotors’
profiles. At least three parameters, the non-dinogras A, the eccentricitye and
the teeth number in the outer rot®r can be identified for the cycloidal profile,
while any addition depends on the selected geon@tijpe outer gears’ lobes.

Chosen the design parameters, the rotors geonsettgtermined an checked
for singularities while the suction and deliveryrggsocan be designed. Hence
several design constraints related with the pumpedsions can be checked:

= Complete filling of the variable volume chambers
» Eventual envelope limitations over the axial lengthhe pump
=  Minimum diameter of the driving shaft

If every check is passed, the pump can be studied dynamic system to
predict its performance under nominal and off-nahioperating conditions. If
the performance requirements are met, the rotansbeaconsidered acceptable
and exit the design loop. If any of the design &sefgeometrical constraints,
requirements over the projected performances in imamor off-nominal
conditions etc.) are not met, a novel set of depayameters must be defined.

DESIGN ROTORS GEOMETRY Lo
INPUTS v PARAMETERS
Pin ——l ; — ¢
Pout \ €
w,ef kl
N - k
v . v 4
SUCTION/DELIVERY DESIGN NOT
PORTS DESIGN CONSTRAINTS CHECK
. OK
PERFORMANCE ANALYSIS DYNAMIC SYSTEM
VNV - | =
vy ! - 5
LOOM[M = | £

DESIGN
REQUIREMENTS
Emax
WRPF,0x

Figure 25: Design loop for gerotor pumps
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5.2 Major design constraints

Other than the geometrical issues described in €hdp the design of the rotors
profiles is also determined by the pump operatioigd@ions. To avoid cavitation
Is in fact necessary to keep the fluid velocity emd limiting value that can be

defined as,
1 2(pin - pv)
= ’— 55
Vtim ks Poil ( )

This value mainly depends on the fluid pressuriatinlet portpi,, the fluid
vapour tension at operating temperatpyeand its density,;; a safety factor
ks >1 is added to consider the occurrence of unpredetaiff-nominal
conditions. The dependence of the fluid densityr aigetemperaturd” is usually
described trough proper maps provided by the fhugplier, while the vapour
pressure can be in first approximation computedutin the Antoine equation:

B
logp, = A — CIT (56)

In gerotor pumps the highest fluid velocity zones a proximity of the
rotors maximum radial dimension and since the flatbcity can be considered
in first approximation equal to the linear speedh® pump gears, the maximum
radius for the inner rotaminin and the external geagm ex: at the reference speed

wi, can be computed as:

(
= Viim _ i z(pin - pv)
lim,in Win ks pwizn

2 (pin - pv)
. \2
| o (22)

Combining equations (37) and (57) an importantgtesbnstraint linking the
pump geometry to its operating conditions can bmdo

(57)
Viim _ i

Nimext =
ext ks

Tiimin T € = Tim,ext = (58)

This constraint is easily verified after the defonm of the rotors profiles.
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Low inlet pressure is also responsible of anotlesigh limitation, related to
the occurrence of incomplete filling of the chansdepending on the employed
ports type, this condition has an effect on the imarn axial length (axial ports)
or a strict requirement over the space availabtevéen the lobes of the external
rotor (radial ports). In the first case, the coiwgitcan be expressed by slightly

modifying Equation (22)
. |@in =1y
1 s Poi
oil (59)

H<—A

ken Uy 3Aa

da
Where k., > 1 is a safety coefficient. Given the rotors profjléise axial
length needed to supply the required flow-r@fg, at the reference speedg..r

can be easily computed inverting Equation (23).dEign (59) becomes as such a

condition over the required flow rate.
n [Pin = py)
Poil (60)

1
Qref < _Ap
wref(N - 1)Ach kch w %
ref “da
Which can be rewritten as:
(N l)A 4 n (pin — pv)
— S
< chflp Poil 61
Qref = k.n dA.p, ( )
da

This constraint is hence easily verified once thatrotors profiles have been
defined. On the other side, the condition to respe@ndure complete filling of
the chamber in the radial ports case is descrilyeHduation (35), here reported
for clarity.

{ 1 dAch Poit
Fpkp = C—w P > (p —

a a (pm pv) (62)
\ 0<k,<1

To compute the available circumferential spégave consider the situation
described in Fig. 26. The generic extreme of thiereal rotor's lobed;, has
coordinateqx,,y,) in the reference framée, y),. Since it can be identified as
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the intersection between the external lobe destiilyeEquations (38,39) and the
circumference with radiug and center id,,;, we have:

e 2,
COexi:kell2 + rez(]- - kellz) + p)(zkellz(kellz - 1) + COext kellz
xA ==
(kellz _ 1) (63)

t Va = Te? — x4?

Hence the angléa;, that is the angular span occupied by half a tomdh be
identified as:

Aa; = arcsin <y—A> (64)

re

And finally the available space between the teéttih® external rotor can be

computed as follows:
2nr, — 20031, N
I1p — e N L'e (65)

As such, once that the profile has been definegl,ctindition on the radial
ports can be easily verified through the implemtoaof algebraic equations in
the simulation tool's code.

o
o

Figure 26: Determination of the circumferentialdédmfor radial ports
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5.3 Pump dynamic model

The pivotal point of the whole design loop is tiedy of the gerotor pump as a
dynamic system. This passage can be performed &lzing and testing a
prototype or by preparing a model of the systesinwulate the gerotor behaviour.
As shown in Fig. 27, three flow rates affecting enerici-th chamber ofV;
volume can be identifiedQ,; is the flow rate exchanged with the external
environment, whileQ;_,; andQ;;;, are the leakages between tkta chamber
and the adjacent ones.

Figure 27: Flow rate balance for a variable voluwhamber

The flow rate through theth port @,,; depends on the pressure difference
between the external environment and the chamlserwell as on the port
dimensions and on the fluid properties accordintpéofollowing expression.

Qpi = sign(r — P)CaAy le”—lp' (66)
ol

Wherep, andp; are the environment and the chamber presspggsis the
fluid density andA, is the port area seen by theh chamber, which value is
defined by the rotors position. The discharge coefit C; is instead depending
on the fluid Reynolds number computed in the pectisn; its values are obtained
through the expressions proposed in (Viersma, 1983kages between adjacent
chambers can modelled using the Hagen-Poiseudldda gaps with rectangular
section (Jelali & Kroll, 2003).

Hh3

12ul, (67)

Qi—1; = (Pi-1 — i)
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WhereH is the gerotor axial dimensioh, is the gap height ang is the gap
length in the direction of the leakage, whilés the dynamic viscosity of the fluid.
The net flow rate across the single cham@ecan hence be computed through
Equation (68), where the adopted sign conventionegges positive values
during volume filling and negative during fluid disarge.

Qi = Qpi + Qi-1,i — Qi1 (68)

Applying the continuity equation to the examinedntrtol volume it is
possible to link the net flow rai@; with the chamber geometry variation and the
consequent changes in fluid pressuréarough the Bulk modulus.

Q; — HdACh _Vidpi
' dt B dt

(69)

Where the chamber frontal ardg, is a function of the inner rotor position.
The instantaneous flow rate delivered by the pumplze computed by summing
only the negative contributes @f, while paying attention to eventually subtract
the quote due to leakage between the external aotbits trackg); .

N
Q= _ZQiIQi<O - Qs,r (70)
i=1

The leakages between the pump rotating parts andstdtor are again
evaluated according to the Hagen-Poiseuille lawereh;, andpo: are the inlet
and outlet port pressures (Jelali & Kroll, 2003).

Hh3
= —p.)—39r5
Qsr = Pout — Pin) 2Ly, (71)
The net useful torque acting on the driving gé&p,,,) can be hence obtained
through the application of the power conservationgiple:

T(be) = Q@out — Pin) (72)
Win
Notice that the results obtained through equatiti?) @re valid only if the
gerotor pump is in motion. Given the simulationutes a rapid check is
performed to detect any evidence of cavitation ptioa; addressing witlp; (t)
the simulated pressure in thth chamber at the simulation time t, the following

expression must be verified.
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pi(t) > py
Vil<i<N (73)
Vtty <t <tena

Wheret, andt,,,; are the simulation time related to the beginning the
end of the data acquisition. The dynamic model b@sn implemented using
Matlab\Simulink software, but the provided equasidrave general validity and
can be employed into any other coding language.

5.4 Design of suction and delivery ports

As well introduced in Section 5.2, the correct dasof the suction and delivery
ports is critical for the pump’s operation and tiealFor the suction port, as well
described by Equations (59) and (62), the maingdeisisue is related to its under
sizing, that lead to the incomplete filling of tlehambers and to cavitation
inception.

-3
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Fluid
—— Chamber H

(8, ]

Volume [m3]
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Figure 28: Effects of under sizing of the suctiamtp

By looking at Figure 28, we define the filling @, as:

_ max(Vﬂ)

~ max(V,p,) (74)

f

According to (Singh, 1991) and to the equationwioled in Section 5.2, it is

however possible to compute for each angular posibf the chamber the

minimum suction port area required to avoid cawtatfor the considered
operating conditions.
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The definition of the delivery port is less impattbn the overall pump
design when dealing with low-pressure systems,idvubnetheless fundamental.
During the delivery phase, the fluid inside the sidered variable volume
chamber is subjected to a significant pressureatian; during the first stages of
the delivery, the pressure quickly raises due ® affect of the high-pressure
delivery environment and a limited amount of baoWfl may be observed.
Following the first stages, the delivery procesgaserned by the contraction of
the chamber’s volume, which generates the flow-edging the pump. Focusing
on the delivery port and a single chamber we caghtyy elaborate Equation (66)
and write,

Qp,i = Sign(pout - pi)CdAp M (75)
Poit

Considering a fixed angular frequency for the dwyvigear, the theoretical
flow rate may be considered as constant, as weheaslelivery pressure. Hence,
the main factor affecting the fluid pressure inside chamber is the area of the
delivery port itself. If the delivery port is und&ed, the fluid inside the chamber
is not able to completely leave the pump, leadng pressure increase that may
be unsustainable for the structural integrity o thevice, as shown in Fig. 29.
Moreover, the delivery port design must be cargftllned in order to avoid
excessive pressure spikes during the first andldbe stages of the delivery
process that can possibly affect the fatigue lgbdvior of the inner rotor’s shaft
and of its supports.

120 T T T T T T

Under sized
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a0} ) | ]

Chamber pressure [bar]

20k 4 i 63 scndnie sameln sl o wanisa o wwtsallsefonnes frusang s unes s sufsass s safosms snaisss i
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Figure 29: Effects of under sizing of the deliveort (57 bar delivery)
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As for Figure 29, we define the delivery rakg as:

_ min(Vﬂ)

*= min(Ve) o

To quickly design both suction and delivery potite following procedure is
adopted. At first, we consider a simplified apptoataking use of:

= Non compressible fluid (flow rate equal to the vokivariation in the
chambers)

= Fixed suction and delivery pressures

= Constant discharge coefficiefi} = 0.61

Since the vapor tensiom, for the employed fluid is known, we can fix an
acceptable chamber pressure during the delivegnd hence compute, for each
angular position of the inner rotor, the correspoggort area thanks to Equation
(66). Hence the obtained valuds(a) are used inside the dynamic model to
verify the pump behaviour under more realistic Higesis, such as compressible
fluid and variable discharge coefficient. A simudat is run using the design
conditions and the associated values of the filling delivery ratio are computed.
These values are hence used to modify the porssiarthe suction and delivery
phase as follows.

1
Ay(a)' = X—pr(a) a<Tm 77

Ay (@) =X4A,(@) a=m

Hence further simulations are performed and tlexgss iterated until the
results are acceptable. An example of the chambadsports’ areas is reported in
Fig. 30 as functions of the driving gear positiBhease notice that the ports area
is higher than the frontal area of the chambes@ne extended angular span; this
is possible only for the radial ports configuratiand highlights that this option
would allow to design pumps working with operatsanditions unsustainable for
the axial ports case. The asymmetry between suftijporio 180°) and delivery is
due to the different pressure drop imposed on thanthis particular case, the
acceptable pressure difference on the delivery porhigher than the one
demanded on the inlet port. This is not the caghdfpump is designed to be
driven in both direction at the same speed durtagoperative life; under this
assumption, the behavior of the ports area musyienetric over the suction and
delivery phases.
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Figure 30: Ports vs chamber behavior (radial ponfiguration)

5.5 Evaluation of contact pressures in multi-contdac
scenario

The determination of the contact stresses in the rofiles is made difficult by
several factors related to the nature of the megshincess and the presence of the
pumped fluid. The first issue is represented bynim@ber of contact zones, which
is variable inside one pump cycle and possiblycife by non-uniform clearance
distribution. Moreover, the load repartition is mokvn a-priori making a direct
computation of the contact forces impossible. FartHubrication regime is
affected by operating conditions, so that the dataatact pressure distribution is
not constant in time. In order to obtain a firspagximation analysis while
keeping the computational time within reasonabteitti, an iterative approach
similar to the one proposed by (Gamez-Montero, iltasKhamashta, & Codina,
2006) is applied.

The described method is based on the following kiyimpg hypothesis:

» The rotors are perfectly crafted (no geometricedrs)

= No clearances between the gears

= Lubrication effect is neglected

= (Gears support are treated as rigid bodies, hercddformations due
to the contact forces developed during meshindoaaged only in the
gears’ teeth
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Following this approach, force exchange betweetnmaeeth is supposed to
occur only along the suction side of the pump,basvé in Fig. 31. Gearing in the
portion of the device connected to the deliveryimmment is instead considered
as a purely geometry coupling.

The application of a small arbitrary rotatiét,;,, to the inner rotor causes the
interpenetrationw; between the teeth of the two gears. According tazHbeory
it is then possible to determine the contact foreestor F, as for (Johnson,
1985):

nH

w
4 (1 —vi N 1-— vezxt> (78)
Ein Eext

c

H is the rotors axial lengthf andv the Young modulus and the Poisson
coefficient for the two gears. The vecwr= [w; W2 - wy]T contains the
interpenetration distance for each contact potstelementy; are non-zero only
when measured in the active zone.

Considering frictionless contacts we can express ribt resistant torque
acting on the driving shaft through the contributésach contact forcg. ;.

N
T(fu) = ) diFeysiny (79)
i=1

Active contact points

Non-active contact points

PUpERERS L gin g L

Figure 31: Considerations for contact force estmat
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Figure 32: Algorithm for contact forces estimate

Since the overall resistant torque has been cordpgwethe dynamic model
through Equation (72), it is then possible to eatenthe contact force&.; by
means of an iterative procedure. Given an arbittapy, we can compute the
correspondenf (8¢;,) through Equations (78) and (79)his torque value is
hence compared with a reference signal obtaineautfir the dynamic model
simulation: if the difference falls below a tuneabthreshold the results are
accepted and the contact forces value saved. O8eerav proper variation is
applied tod¢;, and the procedure repeated, as well describedgn3a. The
contact stresses for each tooth can hence be computed as

_2F,
N T[Cll'H

(80)

Oj

Where the contact area characteristic dimensjos determined considering
the formulas available in literature for cylinder oylinder contact:

1- Vizn 1- 1/ezxt>
4Fc,i ( Ein + Eext (81)
T[H(pint,i + pext,i)

a; =

The external and the internal profiles curvatures the i-th contact point
Pexti andpy,.; can be easily obtained considering the geometpiazgperties of
the selected lobes. The maximum values of conteetssare then compared to the
material limit for static and repeated Hertzian tegh The contact stress
estimation method and the effect of the use of @leal dynamic model have
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been verified through FEM analysis performed oefarence radial port gerotor.
The reference case has been designed for a llesipressure and 5000 rpm
speed of the driving gear. The pressure of thevelglienvironment is supposed to
be fixed and equal to 500 psi, while the geomesmameters used for the example
case are = 3.5mm andA = 1.8; a simplified render of the pump geometry can
be found in Fig. 33. The gerotor axial length haerb over imposed a8 =

0.4 Ry

\ 4

Figure 33: Geometry of the example case

The analysis has been conducted using over 8E&hetral cells while
applying several congruent rotation to the inneat aater rotors. For each angular
position, the chambers pressure and the input éohgure been imported from the
dynamic model simulation results reported in Fig. 3
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Figure 34: Fluid pressures (left) — simulated pegte (right)
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The mesh generated for the two rotors for a givasitipn and an example of
the FEM analysis results are reported in Fig. 855ig. 36 are instead compared
the results of the FEM study with those coming fridme presented algorithm
declined in two different version:

* In blue: the reference torque used inside the algor for the
evaluation of the contact forces is coming from tlymamic model
and is, as such, dependent on the inner rotoriposit

= In red: the reference torque is a constant averajae over a
complete revolution of the inner rotor

In both cases, the trend of the algorithm ressltherent with the FEM data,
even though some deviation in the numerical vatssbe noticed. Focusing on
the contact pressure behaviour it is possible tc@dwo major peaks. The first
one occurs during the beginning of the gear mesaimyis due to the change in
the sign of the inner rotor curvature; the secomakgs due to the variations in the
number of meshing teeth. Moreover, it can be olesktiat the integration of the
dynamic model allows to obtain a higher level ofadlen estimating the contact
stresses behaviour, in particular during the &tages of the meshing process. The
constant torque version of the algorithm tends terestimate the stress peak,
while failing to properly describe the contact babar at the beginning of the
rotation. As a side note, it can be observed tmatpeak of the contact pressure
behaviour may cause issues with the contact suffistcgue behaviour; this is
mainly due to the pressure drop imposed between amld delivery environments
that is usually lower than the one imposed fordbmaparison.

Figure 35: Rotors’ mesh (left) — FEM result exam(pight)
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Figure 36: Comparison between FEM and iterativerilgm

5.6 Shaft design

The driving shaft integral with the inner gear ibgcted to multi-axial stress
conditions due to the contemporary effects of tresgure drop between delivery
and suction sides of the pump, contact forces letwke gears during meshing
and the torsional effect generated by the drivind gesistant torque. Addressing
with the maximum diameter of the shatft, the follogiicondition must be verified:

Dshart (82)
2
To properly tackle the shaft design issues, that Btep is to study the static
equilibrium of the inner rotor. As described in F&y and considering the fixed
(x,y,z) reference frame, the inner rotor can be consideréidst approximation

subjected essentially to:

MIn(|[Tinll) = COexe — py —€ <

* Bending over the(x,z); plan due to the combined effect of the
distributed load associated with the pressure dmp: — pin) and
the contact forceg ,, in first approximation considered as uniformly
distributed over the axial length of the pump

= Bending over the(y,z); plan due to the componett, of the
contact forces

= Torsion over thez axis due to the concentrated driving torqig
and the distributed resistant torque
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Figure 37: Static equilibrium of the inner rottvat

In first approximation we may consider as negligitiie effect of the friction
forces in the contact points and cover this assiompwith the use of safety
coefficients. Under these hypothesis, and considethe (x,z); and (y,z)f
plans, we may compute the reaction forces in tlaét spports as follows.

e

N
1
Raxz) = Rpixey = 3 (Pout — Pin)Ai — Z Fe .
< =1 (83)

N
1
Rayz) = Rey) =35 (‘ z Fc,y)
i=1

The bending moments on the two considered planfieace be defined as:

\

( N
1 A Fe¢
Mf(x,z) = E (pout - pin) E - Z Fx z% — RA(x,z)Z
) =1 (84)

N
1 F,
Mro.z =3 (‘ z Ty> 2* = Rye)2

i=1

\

The torsional moment can be instead computed &sv®| reminding that the
input torque is at regime equal to the resistanfjue assumed as uniformly
distributed along the axial length of the shatft.
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T
Me(z) = ﬁ(H —z) (85)

The first tentative diameter as a function of the@alkcoordinate can be
computed according to (Budynas & Nisbett, 2014).

32 2 2 2)? (86)
D(z) = (WJMf(x,z) + Mry.p)" + Mery )

WhereR,, is the static breakage stress for the selectedriaktGiven that the
gear and the shaft are usually machined as a uragogonent, we’ll assume
Dgnase = max(D(z)), while the diameter of the supports can be defiagdhe
maximum value betwee®(z = 0) and D(z = H). A fillet radius is hence

defined as a fraction of the difference between shaft and the supports
diameters.

A two steps verification is hence performed. Astiirthe verification against
static breakage is provided through the applicatibthe Tresca criterion and a
safety coefficient for the static case computetbbsws.

Rpo.2

(87)
max ( /afz + 41?)
z:0-H

WhereR,, is the material yield stress whitg andz, are respectively the
maximum normal and tangential stresses calculated a

SFg =

( 2 2

[ (Mf @) T Mry,z) )
M)

k Ty = K”Vtz

With Wy and W; being the bending and the torsional resistanceutesd
while K, and K., are the stress concentration factors dependerth@rshaft
geometry and derived by the curves provided by {Bad & Nisbett, 2016). If
the static safety factor is higher than a predefiva@ue, the fatigue verification is

performed, otherwise the diameter of the criticatt®n is increased and the
procedure repeated.
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Since a load spectrum is available thanks to theaehyc model, cycles of
normal and tangential stresses can be countediagplye rain flow method by
(Matuishi & Endo, 1968). In particular, the top-&awp version mathematically
illustrated by (Rychlik, 1987) has been appliedhis work. According to Sines’
hypothesis, we can evaluate the equivalent stsa shaft subjected to fatigue
as:

{ e (89)
Ocq,a

=./0,% + 31,2

Where them and a subscripts are addressing the medium and alternate
component of each considered stress type. If no fitaw counting method is
applied, we may consider in first approximation:

( om =0

2 2
\/ (Mf(x,Z) + Mf(y,Z) )
~ ma
1007 oSk w; (90)

N max (My(z) — min (My(z))

~

[ e 2W,

The admissible alternate fatigue for the compomesny be computed as for y
(Budynas & Nisbett, 2016),

Op_
oc(z) = C,CsCr ID( ! (91)
f

Whereo,_; is the fatigue limit for the material;, Cs andCy are coefficients
dependent on the geometry akidis the stress intensity factor, each obtained by

the tabulated value reported by y (Budynas & Niski#Z216). Safety coefficient
for fatigue SF; can hence be evaluated through the applicatioa pfoperly

settled Haigh diagram. The predicted fatigue behaviof the shaft may be
considered acceptableSF; > 3.

5.7 Supports sizing

The driving shaft of a generic gerotor pump is Ugusupported by two plain
shaft bearings; for the lubrication of aeronautigiaes, they are commonly made
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of bronze because of the high temperature enviroarii@e size of these supports
depends mainly on:

=  Maximum contact pressure (on the supports)

= Maximum linear relative speed between shaft angap
= Maximum value of thepv product
= Expected wear

The maximum contact pressure in a cylindrical suppbaxial lengthL, can
be computed as:

R4
Pmax = 4m
WhereR, is the resultant of the reaction forces. The maxmvalue of the
linear relative speed between shaft and bearindpeaasily computed as:

(92)

Umax = wref% (93)
While the product is the obvious combination of &iipns (92) and (93). The
expected depth of the worn material in the beaainimet can be computed by
modifying the (Archard, 1953) wear model with theerimental coefficientg;
andf; depending on the motion type (complete rotatiossijllations etc.) and on
the operating conditions, which values can be tdkam manufacturers tables y
(Budynas & Nisbett, 2016).

hworn = f1f2KwPmaxVmaxt (94)

K, is the wear factor, dependent on the bearing’®naht The sizing process
makes use of the supports diameters determineceatio® 5.6 and of a first
approximation length).5 < L, /D < 2. It hence computes the sizing parameters
and the length of the operative life associated with a maximuroeptable wear
hyorn- If ONEe or more design requirements are not niet,léngth is extended
and/or the material changed. A similar approachlzamnised for the cam hosting
the outer rotor.

5.8 Performance indexes evaluation

We introduce here a few indexes commonly used taluate the pump
performances and distinguish between several sokitproviding the same net
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average flow-rate. The first performance indexhe flow-rate irregularity ¢,
defined as:

= Qmch—:an% (95)

Where Q,n0x, Qmin @and Q,,, are respectively the maximum, minimum and
average flow rate generated by the pump at theerede speed. Its value depends
on the driving shaft speed, the rotors’ profilesmetry, the fluid property and the
considered operating conditions.

Another important performance index is relatedn® éxpected wear rate for
the rotors’ profiles. According to (Kwon, Kim, & 8h 2008), it is possible to
rank the profiles wear behavior using the Wear Ragportional Factor (WRPF),
which is defined as,

0 Vs

WRPF = (96)

Win
Whereg; is the contact stress, the relative speed between the two rotors in
the contact point and;,, the reference speed of the inner gear. Fixingltheng
shaft speed and the pressure drop across the ghepyYRPF index ends up to

depend on the profiles geometry alone; the relatpeed between the gears
profiles in the contact points can be computeHs\irs.

R T; R
Vs = (Win — Wext) Pok = winleT—POk (97)
ie
Where PyK is the distance of the contact poktfrom the instantaneous
center of rotation of the relative motidy.
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Chapter 6

Automatic design framework

6.1 Introduction

In Chapters 4 and 5 we presented the theoretiaatdwork needed to describe
the geometry and the behavior of a generic gemiorp. The equations needed to
properly design the suction and delivery ports hbeen provided, as well as

some preliminary considerations regarding the s$iafhg and the plain bearings

choice. Finally, an algorithm to estimate the cohtfarces and stresses during the
meshing process has been presented and a fewrparfoe indexes introduced.

To investigate the properties of the profiles getmyneand propose novel solutions

for the radial ports case, the theoretical framéwloas been translated into a
unified, comprehensive design and simulation teoVjuled in Matlab/Simulink.

This tool, here and after addressed as the “Autienisign and Simulation
Framework” (ADSF), has been prepared so that itirlig able to:

= Automatically design valid gerotor profiles givehet proper set of
input parameters

= Automatically design and validate the geometry e suction and
delivery ports in both radial and axial configuoais

= Automatically simulate the pump’s behavior in noailinand
(eventually) off-nominal conditions

= Automatically estimate the contact pressures dumeghing, evaluate
the performance indexes and signal anomalies

= Automatically perform a first tentative sizing dfet driving shaft and
of its supports
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Moreover, the ADSF code and structure have beepaped following a
modular approach, so that it might be easily iategtl with additional routines
dedicated, in example, to the definition of the puoperative envelope or to the
profiles optimization.

6.2 Features and organization

The user-interface of the automatic design and lsithan framework is depicted
in Fig. 38 and is roughly divided in two main seati on the right the dynamic
model prepared in Simulifik on the left the commands window which is used to
insert the input data to the pump sizing and/omugition, launch several routines
and interface the dynamic model with 4500+ codedidedicated to data handle
and results analysis. The routines that can bahtgugh the command window
can be divided in two main categories:

= Design routines: profiles design, pump simulatadeta analysis

= Additional routines: estimate of performances igrdeed conditions,
operative envelope determination, debris behavigrofiles
optimization

In this section we will focus on the design rousingnighlighting their
structure, needed inputs and provided outputs.

COMMANDS DYNAMIC MODEL

geron
aue
@ po

.

Figure 38: Automatic design and simulation framdwaterface
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6.2.1 Pump design routine

The pump design routine is mandatory executed betrery other, as its
objective is to provide the complete definitiontilé geometry of the rotors and of
the ports. The input mask of this routine is regdrin Fig. 39. It allows to select
the profile type for the external lobe and reqtilestfollowing input parameters:

= A parameter
» Rotors eccentricity
» Requested flow rate or info on the axial length

In the rated environmental conditions tab the \@lder the reference
temperature can be inserted as well as the rat#mswand delivery pressure. The
sizing constraint tab lets define the referenceedder the driving shaft and the
safety coefficient against cavitation inception.eTather tabs allow to define
further parameters necessary to properly defiregradtive geometries.

This routines follows a simple cascade flow-chAttfirst a few preliminary
operations, such as input data reading and requestdile type recognition, are
performed. Hence the external rotor is defined ugho the following steps:
determination of the maximum diameter avoiding tzon, lobe geometry
definition and profile design. The inner rotor ieh obtained through an iterative
procedure employing the method described in Chaptend its geometrical
validity checked while searching for undercuttirmgditions.

I8 Y
Block Parameters: design_parameters I&

—— -

Subsystem (mask)

Geometry (common) L Environmental rated conditions l Sizing constraints [ Elliptic profile I Asymmetric profile

Profile type |Traditional =
Traditional

Lambda pary Elliptic

1.821 Asymmetric (elliptic)

Rotors eccentrity [mm)]

3.807

Gerotor width/width on radius ratio
Gerotor width value [mm] or H/R ratio [-]

0.75

[ oK ][ Cancel H Help ]

|

Figure 39: Input mask for the pump design routine
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Another function impose several small rotation tdhbgears up to complete
one complete revolution of the outer rotor and ketepack of the evolution of the
contact points position. For each rotation, itaselone of thél variable volume
chamber, register its position and numericallygnage its frontal area, providing
in the end the complete evolution of the chambeatime along one pumping
cycle and evaluating the pump’s capacity. Moreowtecomputes the expected
theoretical flow rate by differentiating the cham$ezolume over the inner rotor
position as shown by Equation (98).

N
_ AVch,i
ch = Wyref - AD:
in

i=1 Diz1

(98)

The routine hence determine the ports areas netedadoid cavitation and
pressurization and compare them with the availaplace, finally providing a
positive flag or an error code. Finally, the roetiexport the rotors profile in a
.mat file that can be directly imported in the mostnmon CAD software.

6.2.2 Pump simulation routine

The simulation routine employs the output of thsigie routine to perform the
dynamic simulation of the pump in nominal or offamoal conditions. In

particular, the variable volume chambers evolutrath respect to the angular
position of the inner rotor and the ports’ area dmeectly imported in the

simulation environment.

@ Block Parameters: simulation_conditions - @
-

Subsystem (mask)

Environmental conditions | Leakeage evaluation | Spherical debris
| Load sizing conditions
Override temperature conditions [°C]

20
Override inlet pressure [psi]

14
Override outlet pressure [psi]

100
Override maximum angular frequency [rpm]
5000
Friction coefficient for metal-on-metal contact [-]

0.05

[ Cancel H Help J

Figure 40: Input mask for the pump simulation roeti
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The input mask for this routine is reported in E@; the environmental and
operating conditions used for the pump design emgorted by default but it is
possible to override each parameter to study theelexpected behavior under
off-nominal conditions. The leakage evaluation letihthe user define the size of
the gaps between adjacent chambers and the dimensidhe passage between
the external rotor and the cam, while the spheritris tab will be further
described in Chapter 7.

The pump model accepts as inputs the suction anddhivery pressures, the
driving shaft speed and the fluid properties, whiloviding as output the
chambers pressures, the total flow rate and the flate generated by each
chamber, the total leakages and the net resistagtie¢. Please notice that this
configuration allows the model to be easily conedcwith standard models of
electric motors and hydraulic circuits, as showirig. 41. This flexibility would
allow to further expand the scope of this framewakowing to simulate the
designed pump inside more complex systems.

If not demanded otherwise, the simulation is penfedl on a 0.5 s time span;
during the first 0.3 s the speed of the drivingfssaprogressively increased and
is hence kept constant for the final 0.2 s, withititegrator set to work over fixed
steps of 1E-6 s. The ADSF proceed hence to dowipleatine simulation results,
organizing them in structure variables and savirent as .mat files ready to be
processed by the data analysis routine.

Pout

Qtot

m ¢
T
Tm 1 Win
Js

Figure 41: Interfacing the pump model with othemponents
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6.2.3 Data analysis routine

The data analysis is by far the most complex ofttinee design routines and is
strictly connected with both the profile definiti@amd the pump simulation. The
data analysis routine combine the information gatthehrough the simulation
with the knowledge of the gears profiles to:

» Evaluate the contact forces during the meshingge®c

= Estimate the contact stress behavior of each coptaat

=  Compute the flow rate irregularity index

= Compute the specific slip and the relative speadden the rotors

= Evaluate the local and average WRPF

= Estimate the rotors mass

= Design the driving shaft and the shaft's bearings

At first, simulation results are further elaboratedranslate the data function
of the simulation time in signals function of thegalar position of the inner rotor.
For each registered position, a first algorithmraeafor the contact points,
labelling each contact point’s position found. Henas per Chapter 6, the contact
forces and the contact stresses on each contarttgrei estimated and plotted.

The flow rate irregularity is computed based on dosvn-sampled data to
avoid spikes that may occur due to issues in thegrator, while the equations
provided in Chapter 5 are employed to evaluateMRPF index on each contact
point. The rotors’ mass is estimated as follows.

A
m= <7TRgxtH - m) Prot (99)

Wherep,.,; is the density employed material.

To design the shaft and the shaft bearings, a vectataining several point
on the axial length of the pump is generated. Heageations from Chapter 5 are
applied to this vector, for each angular positibthe shaft. In this way, the most
stressful section can be easily identified, helgimgdesign process.
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6.3 Design routines performances

To address the framework performances we perfoimmed100 sizing procedures
while keeping track of the computational time armb ©f the exported .mat files.
The test has been performed over a desktop pc geplipvith anintel 7-4770
CPU running at 3.40 GHz and with a DDR3 RAM.

The results for each design routine have been tegham Table 2. It is shown
that the framework is able to completely defineoaet gerotor pump in slightly
less than 30 minutes. This statistics takes intoaat only valid geometries, since
the algorithm stops otherwise after one of thegteshecks (hence after less than
5 minutes). As shown in Fig. 42, the most expensivtine from a computational
time standpoint is the pump simulation, that ldstsmore than the 40% of the
overall design time considering the average coousti

The shaft design features instead the widest ligtan, due to the highly
variable number of iterations required to identifye fatigue cycles and to
converge to an acceptable size of its diameter.

Table 2 Computing performances of design routines

Computational time [s]

Routine
Min Average Max
Brofile Rotors 261.34 273.67 291.24
design Ports 0.054 0.068  0.072
Data handling 0.221 0.253 0.264
Pump
simulation ;1 jlation 538.24 540.16 541.16
Data handling 8.432 9.954 11.024
Data analysis ~ONtacts 401.22 404.98 410.68
analysis
Shaft design 41.23 58.17 96.38
TOTAL 1250 1287 1350




72 Automatic design framework

Profile design
21%

Data analysis

7%\

Pump
simulation
42%

Figure 42: Breakdown of the ADSF computational ffo
6.4 Additional routines

With additional routines we address all those ADBSkinctions which are not
responsible for the design of a single gerotor puhingse routines are:

= Definition of the operative envelope

= Estimation of pump performances in degraded caoruhti

= Simulation of the behavior of big metallic partgle

» Profiles optimization

This section is dedicated to the first two, white tother will be object of
further chapters of this thesis.

6.4.1 Performance envelope determination

To define the operating envelope of the pump méareyvaluate its performances
under off-nominal conditions and to match them wiité project requirements.
The performance envelope routines allows to cyleke dimulation and data
analysis tools while defining the boundaries of tbensidered operating
conditions. It is possible to vary the fluid temgteire, the minimum and
maximum pressures for both the suction and thevelsli environments, the
minimum and maximum speed for the driving shaft iiedcase study number.

6.4.2 Pump performances in degraded conditions

During the pump design process, the gerotor behasisimulated under rated
conditions to obtain data related to its nominaffggenances and to the contact



6.4 Additional routines 73

pressures and reaction forces needed to check tthetusal integrity of its
components. As stated in the introduction, lubmgapumps are often subjected
to high requirements on their operative life thahslates in the need to keep high
performances even after prolonged use. From thisppetive, the most
troublesome issue affecting gerotor pumps is tharsgrofiles due to continuous
relative motion under the effect of the fluid prass This would lead to wear or
pitting of the gears profiles; since georots arahl@ to compensate for wear, this
would cause issues in the meshing process andthease of the leakages, that
may become unacceptable for certain operating tondi The “degraded
conditions” routine allows to estimate the effettlee wear progression over the
pump leakages and simulate the pump’s behavioiffereht time stamps of its
operating life.

Prediction of wear behavior is a rather complexestib according to (Meng
& Ludema, 1995) over 200 wear models could be faariderature, covering the
influence of a wide array of materials propertiad aperating conditions and this
number is moreover increased since. However, despé huge research effort
there is still no reliable way to predict wear peggion (Williams, 1999). The
authors hence chose to employ the and most comnubgimple wear model, that
is the Archard/Rabinowicz equation by (Archard, 39&nd (Rabinowicz, 1965).
Following this theory, the wear rateis directly proportional to the normal load
on the contact poinf,; and to the sliding distancg while it is inversely
proportional to the material hardndés.

F.;s
w=K—=

=K (100)

WhereK is the wear dimensionless constant. The contacefs computed
by the data analysis routine described in Chap@B86while the sliding distance
can be obtained by integrating in time the valu¢hefrelative speed between the
rotors profile. Considering a first simplifying hgtnesis of uniform wear
distribution, the detached material thicknagg, can be found as follows.

1 ( F.,
Ah,, = — f K=& gt (101)
Hy,

The height of the gap associated with clearancéseigerotor pump depends,
other than on the wear progression, on the matéetexhperature. Focusing on the
gaps between internal and external rotor profile,dverall height variation due to
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thermal expansions in the direction normal to thetact zone\h; can be written
as the sum of the thermal displacements of ther ian@ outer rotors:

Ahr = Ayr; + Ayre (102)

Considering isotropic materials, thermal expansiothe direction of interest
can be assumed in first approximation proportidoathe temperature variation
AT:

Ahp = _am,irlim,inAT + am,erlim,extAT (103)

Where a,,,; and a,,, are the linear thermal expansion coefficients hef t
internal and the external gears. The final expoessf the clearance dimensiap
at the timet and temperatur€ between pump rotors can be hence estimated as:

hy(t,T) = h(t = t,, T = Tp) + Ahy, (t) + AR (AT = T — Tp) (104)

A similar equation can be found for the clearanetvien the external rotor
and the stator. Defining the set of temperature apeérating time to be
investigated, this routine simulate and analyzepiep’s performance loss. An
example of the possible results is reported in BR). for a case study gerotor
pump driven at a constant speed of 5000 rpm fad ftemperatures ranging
between -40°C and 100°C; the test fluid is the it#tng oil MIL-L-23699,
which properties can be easily found in technidéerature provided by oll
makers, while pump rotors are in stainless stda. Viear constant is supposed to
remain the same for the whole duration of the psngperative life. As expected,
performance degradation due to leakage increasts tenoccur earlier at high
temperature due to the effects of the fluid visiyosihange.
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Figure 43: Example of performance loss due to as®d leakages
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Chapter 7

Survey on debris sensitivity

7.1 Survey rationale

Low-pressure pumps employed in lubricating systemesy have to face the
effects of the presence of big metallic particulasade the fluid they are moving.
In particular, in aeronautic engine this may ocduring cold starts or in
configurations that do not make use of a filtetloa suction line.

While smaller debris raise the issue of faster silbeawear, debris which size
is comparable to that of the variable volume chamipeay remain stuck inside
the chambers, eventually causing jamming issuessut, the pump should be
able to expel the patrticle before it becomes tresdoine, that is before that the
available space inside the chamber falls below ghsicle dimensions. This
capability is influenced by two main factors; thengp type and the configuration
of the suction/delivery ports. In this Chapter weus on the gerotor pumps and
highlight the behavior of radial and axial portsnfigurations. The dedicated
routine within the ADSF is presented and its resdiscussed.

7.2 Additions to the simulation model

To perform this survey some additions to the sitmta model need to be
introduced. In particular, the effect of the delpiesence and its behavior given
the rotors geometry and the system dynamics mugtdeded.
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In this section we describe the dynamic model usegistimate the behavior
of a spherical debris for both radial and axialtparonfiguration under some
simplifying hypothesis.

7.2.1 Debris expulsion model — radial ports configation

The dynamic equilibrium of the spherical debrisn d@e described by making
reference to Fig. 44. Addressing withthe module of the distance between the
debris center and the origin of the fixed referef@ne, we may write the
following equation.

[Den (r = Tap) — Pen (r + Tap)1Agp + Maprw?® — C(f‘ — Vf) = Mgpt (105)

Where p.,(r + r4,) and p.,(r —r4,) are the chamber’'s pressures at the
distanceqr + ry,) and(r — 1y ), Agp IS the effective area for the debnisg, its
mass andv its angular frequency: andv, are respectively the viscous friction
coefficient and the fluid velocity.

The following simplifying hypothesis are introduced

= Flow forces are neglected

= Debris angular frequency is equal to that of thieorotor

= Chamber’s pressure varies with the second powtredfluid velocity

= The debris simply translates along the radial dimac(no rotations
around its own center)

The debris presence tends moreover to change shkadge coefficient in the
port zone as described by the (Idelchik, 2005) embivhile decreasing the
effective size of the port area.

Figure 44: Spherical debris — radial ports
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7.2.2 Debris expulsion model — axial configuration

For the axial port configuration, the dynamic etdpibm of the debris particle in
its motion across the pump is written along theowets axial direction.
Addressing withr the distance of the particle from the suction silteng the axial
direction as shown in Fig. 45, we may hence write:

[Pen(r —1ap) — Pen(r + 1) 1Agp — C(f‘ - Vf) = Mgpt (106)

Comparing this expression with the radial portsfigomation, we may notice
a first significant difference in the loss of therrh due to the centripetal
accelerationrw?.

e —

=

>
Ty

Figure 45: Spherical debris — axial ports
7.2.3 Additional routine in the automatic framework

An additional routine is prepared within the ADS¥ run the simulations and
elaborate their results. It is given the freedonséb the size and the material of
the spherical particle, while importing or changitifte operating conditions
defined during the pump design phase.

In the Matlab/SimulinR environment, the debris dynamic is inserted as a
conditional block, which is activated only durintgetdelivery phase. In order to
study the worst possible conditions, the initidtstis always associated with the
farthest possible point from the delivery port. Thleck produce as outputs the
breakdown of the forces applied to the debris giarand an inde¥k,,;,, equal to:

de =1 r> Ymax
de =0 o <r< Ymax /\Adb < min(ACh'Aport) (107)
Fap = =1 79 <7 < Tnax Aap = min(Aep Apore)
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The value of the debris index is hence equal tch&nthe particle has been
expelled, O if the particle is still inside the pprrbut still has the possibility to
leave the chamber and -1 when the debris remaappdd. The addition of the
debris model increases the computational effortireqd during the simulation,
raising the average computational time on the saahine up to 634.34 s.

7.3 Results

The simulations have been performed consideringefarence geometry that
remains the same in both radial and axial portsigorations, to assess which is
the maximum size of the spherical debris to be keghérom the pump.

The analysis has been repeated for different angpked of the driving shatft,
leading to the results reported in Fig. 46; heeerttaximum size of the debris able
to leave the chamber is reported as a ratio ovemibximum diameter of the
sphere that may be inserted inside the pump’s chesnlds it can be seen, the
radial ports configuration appears to be favorabéng able to expel particles of
bigger size. This behavior is mainly related to thiuence of the centripetal
acceleration of the debris and the shorter distdoamver in order to leave the
pump.

1 ; ; ! ! ; ; ! : T

—e— Available space
—%—Radial ports
—&— Axjal ports

Debris size [-]
o
D

i i i i i i i i i
50000 5500 6000 6500 7000 7500 8000 8500 9000 9500 10000
Reference speed [rpm]

Figure 46: Maximum size of the expelled particles
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Chapter 8

Introduction to asymmetric lobes
profiles

8.1 Introduction

As highlighted in the last chapters, the geomefryotors profiles provides a
fundamental contribute to the determination of themp’s performances.
Although several studies are available in literatuas per Chapter 1, none
consider the radial ports configuration. A firsudy is hence carried out to
investigate the effects related to variations mdgeometry of the outer gear lobes.
All the results reported in this chapter have bebktained considering a suction
port pressure of 14 psi and an delivery port pmessqual to 140 psi; the
reference speed of the driving shaft spans with& 4000 rpm and 10000 rpm
range, that is the usual target for lubricationtesys in mobile applications. For
each reference speed, gerotor with different genesehave been sized and for
each profile type the maximum displacement condgidave been assessed
following the procedure described by the flowchiagorted in Fig. 47.

Given the operating conditions, the ASDF defindissa tentative value of the
eccentricitye, of the A parameter and of any other geometrical quantigt th
contributes to the definition of the gears profileence, the simulated flow rate
under nominal condition for the newly designed {eas computed: if its value is
higher than the previously registered maximum amelie same profile type and
the same reference speed, it is saved as the rierenee value along with the
other indexes. A new set of sizing parameters isrig case created and the
process iterated.
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Figure 47: Routine to assess the maximum pump dganditions
8.2 Influence of the teeth number

The first needed step is to study the influencéhefteeth number over the flow-
rate performances of the pump. We hence applyftire amentioned method to 5
and 7 teeth circular lobes gerotor and we repa@trésults regarding the pumps
capacity and their flow irregularity in Fig. 48. particular, it is evident that the
maximum pump capacity tends to decrease for higthteumber. This is pretty
was expected for the radial ports configuration;deenonstrated in Chapter 3.2
that the condition ensuring the complete fillingtllé pump’s chambers translates
into a condition over the external rotor profilestine radial ports scenario. Hence
increasing the teeth number would have the effeotducing the space available
between the lobes, finally limiting the fluid volenthat can be actually moved by
the pump.

Moreover, these results are coherent, even if rdiffein values, with analysis
available in literature for traditional axial portgerotors (Karamooz Ravari,
Forouzan, & Moosavi, 2012). It is theoretically pilide to employ an even lower
number of lobes to further increase the pump’s ciéygahowever, both the

extensive literature reported in Chapter 1 and ¢beent industrial practice
recommend to use at least five teeth for the eatenotor in order to ensure a
sufficiently regular meshing. On the downside, dasing the teeth number
significantly raise the flow-rate irregularity indeA high flow-rate irregularity

may be unacceptable for the user, even if mitigétedhe circuit capacity, and
generate high torque ripples on the pump’s driahaft.
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Given the target application demanding high flotesaand low mass as a
primary objective, we focus on the study of theefiteeth case. In the next
sections, the theoretical displacement, flow rategularity and WRPF factor will
be computed and compared to determine advantagesisadvantages of each
considered geometry. Please notice that many sekaite been normalized with
respect to the value achievable for a circular ldé&eéce working at 4000 rpm.
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Figure 48: 5 vs 7 teeth gerotors: (a) displacemdh) flow irregularity

8.3 Circular and elliptic lobes

After the teeth number, we focus on the rotors gagomAs extensively shown in
the previous chapters, the definition of the tiad@l cycloidal profile is
completely performed through th{&, e) couple. Given the circular geometry of
the lobes, the teeth height and the teeth widthsaretly correlated, making it
difficult to have high and narrow teeth. To addagmional degree of freedom in
the profiles definition, we first pursue the useetiiptic lobes in the external rotor.

Recalling Equations (38) and (39), we may defineirtlprofile by using

{ X = pycos(§)

Y = key p)(Sin(f) (108)
tan(¥) = k,y; tan(é)
{ 0<¢ éln (109)

We hence focus on the study of the differences éetwthe pumps
performances using elliptic and circular profile eWlentify two main types of
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elliptic lobes, namely “narrow” teeth and “enlarfjéabes. Narrow teeth are those
for which k,; > 1; they allows to obtain additional space for théiahports and
are hence expected to provide higher flow rateseRample is provided in Fig.
49.

On the other hand, enlarged teeth are obtained, jpk 1, with an example
provided in Fig. 50. Since the space between therexl rotor teeth is reduced, a
decrease in the maximum flow rate is expected.hAtdame time, the increased
teeth size should allow for a more regular meslaing a reduction in the profiles
wear may be expected.

The comparison analysis has been carried out gagrébr the maximum
flow rate conditions for each of the three consedegeometry (circular, narrow
elliptic, enlarged elliptic); thék,.;; parameter for the narrow elliptic case spans
between0.8 and0.95 For the enlarged option, it may instead vary iniththe
1.05-1.20range.

T T T T T T

Circular profile

— o Elliptic profile (thin)

Figure 49: Circular and narrow lobes profiles
5000 rpm,e = 5.0 mm,A = 1.8, k,;; = 0.85
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Figure 50: Circular and enlarged lobes profiles
5000 rpm,e = 5.0 mm,A = 1.8, k,; = 1.05

Results regarding the maximum displacement obt&nalith each of the

selected geometries over a 4000-10000 rpm spamepated in Fig. 51. As
expected, the use of narrow teeth allows to oldaiappreciable increase in flow
rates that, for the considered case, has an avesagge of 7.5 % circa. The
opposite situation occurs when considering thergathteeth case. In this case,
the reduced space for the radial ports origind@m fate loss of the 9.03% for the
considered case.

Adimensional displacement [-]

—e— Circular
—e—Elliptic - narrow
-...| —e—Elliptic - enlarged

0 I i 1 i i
4000 5000 6000 7000 8000 9000 10000
Driving shaft speed [rpm]

Figure 51: Maximum displacement for circular arlgpat profiles
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Capacity increase however comes with some drawbegarding the flow
rate irregularity index and the wear rate.

As shown in Fig. 52-(a), flow rate irregularity &d is higher for narrow
elliptic lobes, while the enlarged case generateseduction of the same
performance index. It has to be noticed that flave firregularity is rather high for
the maximum flow rate configuration, being higheairt 10% in most of the cases;
this is mainly due to the low teeth number and daebresent a major issue for
applications requiring more stable flow rate or Iogise levels. It is interesting to
notice how a similar analysis by (Jung, Han, ChoKi&, 2009) for axial ports
gerotors gave different results. Observing thesults for gerotor with 5 teeth in
the external lobes, flow rate maximization could di#ained withk,; values
ranging betweel®.9 and 1.2 depending on the pump size and eccentricity. This
difference is due to the fact that in the axialtmiution the rotors profiles have
negligible influence over the ports size, while #féects on radial inlet/outlet
solution are significant. The study of the weae ffaictor produces similar results:
as reported in Fig. 52-(b), the use of narrow tdetids to increase the WRPF
parameter, here reported as its ratio on the vauogputed for the circular profile
for a 4000 rpm reference speed; the contrary happsmg enlarged lobes. This
behaviour can be explained as the results of twia fiaators: the increased pump
capacity (and hence resistant torque) in the namemth case and the profiles
curvature variations.

(b)

—e— Circular
—F—Elliptic - narrow
16\ —&—Elliptic - enlarged |

e [%]
Non-dimensional WRPF [-]

40000 6000 8000 10000 4%00 6000 8000 10000
Driving shaft speed [rpm] Driving shaft speed [rpm]

Figure 52: circular vs. elliptic lobes: (a)- (b) WRPF



86 Introduction to asymmetric lobes profiles

The decreasing trend of the WRPF factor with thease of driving shaft
speed is common to each of the considered soluiwh is related to the
progressive downsizing of the device and so oflisgplacement in order to avoid
cavitation problems.

8.4 Asymmetric lobes

The use of narrow teeth looks promising in the pectve of maximizing the
flow rate capability of the pump, but suffers fr@am evident increase of the wear
rate. For applications aiming at obtaining goodfgrenance stability over time,
this could represent a significant issue. In otdestrike a good balance between
the WRPF and the flow rate gain ensured by theomaslliptic lobes, a possible
solution would be the combination of both the nar@nd the enlarged elliptic
teeth profile, or of the narrow and circular lobéspending on the project
requirements.

As such, we introduce the concept of asymmetriedofor gerotor pumps.
Asymmetric teeth are not infrequent in high-perfante gearing systems; they
offer several advantages on weight saving, toraaresitly and structural integrity,
but are only suitable to gears operating withoudngjing the verse of rotation
(Borwn, Davidson, Hanes, & Weires, 2010). Since &twndition is verified for
most of the mobile lubrication systems, they argable for gerotor pumps but
not for pump-motor devices.

External gear lobes can be obtained using ciradarge elliptic profile for
the half tooth which is in contact with the innezag during the fluid suction
phase, while the space for the radial ports isreakshy the use of a narrow ellipse
arc for the second half tooth. From a mathemapeaspective, Equations (107)
and (108) are still valid, taking into account theg have:

T
= <¢E< —
kew=hy 0<§<3 10

T
ke = ks §<5S7T

In this way, the two ellipse arcs share one sens-éke one oriented along
the radial direction of the pump); hence, the canty of both the profile and of
its first derivative is ensured by design.

Another adjustment to the ADSF is needed in théimewcomputing the space
available between the adjacent teeth in the eXtewtar; in this case, it is
computed as the average between the space that vbeulobtained by two
complete elliptic profiles witlk,;; = k; andk,; = k.
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Figure 53: Circular and asymmetric lobe profiles
5000 rpm,e = 5.0 MM, A =1.8, kej;,, = 0.85, ke py = 1

An example, featuring half circular and half narreliiptic teeth can be found
in Fig. 53. In order to test the asymmetric teetpabilities, the lobes have been
slightly enlarged on their active side, = 1.05) and strongly narrowed on the
non-active flanks K,;; = 0.85). Please notice that this configuration is not the
optimal one by any means and it has been select®tdas a proof of the
capabilities of the asymmetric lobe concept. Agdie comparison has been
performed while searching for the geometrical patams generating the
maximum displacement for the given suction pressum@ driving shaft speed;
results have been reported in Fig. 54. As showthéngraphs, it is possible to
appreciate that the solution maximizing the floweracapability for the
asymmetric teeth case is able to consistently eedloe WRPF from 5% to 15%
with respect to the narrow lobe case, while someombenefits can be observed
for the theoretical flow rate irregularity index

The maximum displacement of the so-defined asymme#se is in average
inferior to that of the narrow case, giving up ke 2.5% of the narrow elliptic
solution’s capacity, while still remaining superitr the circular option. Please
notice that those results may change based ondhbination of the(k,, k;)
couple.
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Chapter 9

Asymmetric profiles optimization

9.1 Introduction

Having assessed the potentiality of the introductibthe asymmetric lobe design
in gerotor pumps using radial-ports configuratiog, focused on a different use
of the same profile geometry. In particular, thierast shifted to study in a more
rigorous way the impact that the asymmetric eltipibe design may have on a
generic gerotor pump performances, regardless eofptirt technology adopted.
Hence we focused on the possible effects overltheifregularity, wear rate and

rotors mass working with a fixed requirement fae gjump’s capacity.

Several single and multi-optimization cycles haeerb performed to assess
the asymmetric lobe capability to optimize one kngerformance index or to
find the best compromise between conflicting reguients.

9.2 Stochastic optimization methods for engineering

Optimization through stochastic algorithm has beddely used in the last
decades to solve engineering problems whereasdiffisult to provide a-priori
hypothesis of the region containing the optimumusoh, or whereas the
objective-function is not continue over its entiteminion (Alotto, et al., 1998).
This class of algorithm in fact searches for thenopm applying a certain degree
of randomness and only revolve around the evaloaiiothe objective function
itself, without the need to compute the functiogiadients. Stochastic methods
mainly follows three alternative approaches; genetigorithms (Rechenberg,
1994) and evolutionary strategies (Holland, 1992)mim the evolutionary
behaviour of nature, while simulated annealing ateitthe behaviour of cooling
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fluids (Metropolis, Rosenbluth, Teller, & Teller935). Stochastic algorithms
have been already applied to pump stacking optimizdy (Kelner & Léonard,

2004) and specifically to gerotor profiles in wotkg (Jae-Hun, Chul, & Chang,
2006) and (Kwon, Kim, & Shin, Optimal rotor wearstign in hypotrochoidal gear
pump using genetic algorithm, 2011).

9.2.1 Single-objective optimization

Several declinations of the evolutionary strategysingle-objective optimization
are available in literature (Alotto, et al., 199&ut they all share the same
philosophy, based on the four base principles efpitocess of organic evolution:
reproduction, mutation, competition and selectibagel, 1995). A flow-chart for
the most general method, the/p ; 1)strategy, is reported in Fig. 55 (Schwefel,
1977).

INITIAL PARAMETERS

REPRODUCTION

Vp

MUTATION
dk =d* +v[0,0% ()]

mut unmut

T

% (MULTIPLE) STOPPING CRITERIA |

Figure 55: Flowchart for thu/p ; 1) strategy

Starting from an initial populationd, elements are chosen as parents, giving
birth to r offsprings; the simplest method to perform thigpstis through
arithmetical crossover, that is a linear combinmatid the vectors containing the
optimization parameters of the parents (Janikow i&hdlewicz, 1991). For a two
parents-two scenario this can be translated as,
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{d‘ﬁ;;‘lnutl = ad,};l + (1 - a)dlggz (111)

dirr e = “dléz +(1- “)d§1

Where diiii.1 and diin..are the offspring parameter vectaty,and
d’gzare the parents andthe crossover operator. The offspring are hencatedt
by applying a random factor chosen from a standisttibutionv centred in O
with standard deviatiowya) which is divided or multiplied by a factar at the
beginning of each iteration.

drt = dimmue + V[0, 0(2)] (112)

The population, in this study comprehensive alsahaf parents, is hence
ranked and the firsz elements selected, while the others are discaidattiple
stopping criteria are finally inserted to put apsto the optimization loop. In this
paper four alternatives are considered: if onehefit is met, the results exits the
loop. The first one, is related to the algorithnmeergence and computed through
the quadratic norm of the population with respedts mean value, as reported by
(Back & Schwefel, 1993). The second criterion ig tumber of consecutive
loops in which the variation of the optimizationrameters remains under a
certain threshold. This is due to the fact thatheaonsidered parameter is a
geometrical quantity used to describe a physicgabpas such, variations that
remains below the geometrical tolerances of thesiptes production process are
not useful. If this condition repeats itself on legarameter for more than three
cycles, the algorithm stops the loop. The last dwrd related to the
computational time required, is the maximum nundjeterations.

9.2.2 Multi-objective optimization

Evolutionary strategies can be extended to mulidlve optimization by
slightly modifying the flowchart reported in Figh@and by paying particular care
to the competition step (Konak, Coit, & Smith, 2DOBetween the methods
available in literature, the simplest and mostightaforward approach is to
reduce the multi-objective optimization to a scgeoblem by defining the fitness
functionf(d) as the weighted sum of the normalized objectivectionsf(d) for
each single objectivdn these conditions, the objective function foe tmulti-
objective problem becomes:

min(f) = " Wfin(d) (113)
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Where n, is the number of the optimization objective consideby the
algorithm. While being extremely simple to implerhemd evaluate, the final
result is dependent on the weights value, thatidfieult to properly set a-priori.

According to (Konak, Coit, & Smith, 2006), a goodngpromise between
performance and implementation issues is repredebyethe Pareto ranking
methods based on non-domination sorting, firstiyppsed by (Goldberg, 1989),
and then refined by (Srinivas & Deb, 1994) and (D&lgrawal, Pratap, &
Meyarivan, 2000). This class of algorithms is bagedhe idea that the optimum
solution is such that no other combination of tiptimization parameters is able
to provide better results in one of the objectiuactions without worsening at
least one of the others; as such, they make uaelominance rule and of a fithess
sharing function to search for the true Paretotfromthis study, the fithessof
each possible solution to the optimization probiendefined using the Fonseca
version (Fonseca & Fleming, 1993) of Goldberg ante based on the number of
dominating solutions:

r(d;, K) =1+ nq(d; K) (114)

Whereng(d;, K) is the number of solutions dominatiay during theK-th
generation.

One of the most significant difficulties in multbgective optimization is to
avoid the formation of clustered solutions, thaises the overrepresentation of
parts of the variables space at the expense ae#tef the dominion and that may
provide misleading results. To limit this issueg thtness-sharing approach
proposed by Fonseca and Fleming has been employdsistudy. This method
Is based on the computation of the Euclidean digtBR between every solution
pair (dl-, d]-) in the objective space normalized between 0 addrihg theK-th
iteration of the optimization algorithm:

No 2
Dy(dy d;) = Z( () - fild, ) (115)

max — min
m=1 k:l...Kfm k=1...Kfm

Hence, given those distances, the number of sokif@lling inside a niche of
sizea,;.nemay be calculated as,
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Oniche — DK (dir dj) 0>
’ (116)

Oniche

nc(d;, K) = Z max(
j=1..(p+1)
r(dy)=r(d;)
Finally the fitness (d;, K) of each solution for thK-th generation is adjusted
as follows.

r'(d;,K) = r(d;, K)nc(d;, K) (117)

In this way, the overall ranking of the cluster@tutions in the minimization
process is penalized, hence reducing the probabilibeing selected for breeding
while enhancing the exploration of the optimizatparameters space.

9.3 Profiles optimization

According to previews chapters, we can identifyea optimization parameters,
that are meaningful geometrical quantities thaeweines the rotors shape and
performance. The optimization process has beeroqmeeid on gerotors having
five teeth in the external gear, since this sotuatiows to obtain higher flow rate
capability at a given reference speed. A genericropation parameter vectaris
hence defined as:
A
i 118)
d Ikl (
k,

Three indexes are used to evaluate the pump pefare and perform the
optimization procedure: the flow rate irregularitythe Wear Rate Proportional
Factor (WRPF) and the estimated rotors nmass

For each parameters vector the corresponding gepotop is designed and
tested through the Automatic Design and Simulattsamework. The ASDF
outputs are collected and used to perform the apaition cycles. The design
routine of the ADSF is eventually resected if omenomre geometrical constraints
or performance requirements are not met.

9.3.1 Cycloidal profile optimization

The first step to assess the capabilities of thyenasetric profile is to define a
proper set of reference values for each of theetlmgimization objectives. In
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order to do so, three series of single-objectivéinupation cycles have been
performed for the traditional epitrocoidal profiles

The reference speed of the driving rotor has beered between 5000 rpm
and 10000 rpm to target a mobile application, wttikepressure at the inlet port is
approximately 1 bar. The required flow rate hasnbset to 100 I/min. For each
reference speed, the pump geometry has been optinmzth respect to each
performance index, leading to the definition ofenisets of gerotor profiles each
able to minimize the flow irregularity, wear ratenda rotors mass. The
optimization parameters vector is obtained simpldy the one reported in
Equation (117) by neglecting; and k. Starting from these parameters, the
algorithm designs and tests the gerotor throughatitematic framework. The
safety factor against cavitation is initially setit.

The number of parents in the evolutionary algoriiereet tal = 4, while the
offsprings arep = 6. The population size that survives after eachnaogttion
cycles isu = 8. In order to achieve faster convergence, paraetsiat discarded
a-priori and take part in the ranking; as suclks ftossible for them to survive for
more than one optimization cycle. To monitor thgoakthm behaviour, the ratio
of successful mutation for theth optimization cycle has been computed as:

o _ IDgnot 119)
| D]

WhereD, andD, are respectively the sets of the mutated off-sysriagd of
the population survived after theth cycle. The maximum number of iterations
allowed to the algorithm iBlhax = 50. An example of the algorithm behaviour is
reported in Fig. 56, Whemg, is the quadratic norm of the population with respe
to its mean value (Alotto, et al., 1998). The resof the optimization process are
reported in Fig. 57. The wear rate and rotors nersds to progressively decrease
with the reference speed tending to reach a plateaards the end of the
investigated speed range. This can be explainezbbgidering that the flow rate
requirement remains the same for the whole speggeras such the benefits of
downsizing the gerotor radial dimension are progwety decreased by the
increase in the pump length. For the same reasappreciable variation of the
optimum flow rate irregularity can be observed.
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Figure 57: Cycloidal profile: single objective aptzation results

A comprehensive description of tk& e) couple for each case is provided in
Fig.58-(a), while the corresponding rotors georestiare reported in Fig.59. In
particular, some interesting considerations mapdréormed: it can be noted how
the rotor mass minimization makes use of the highasie of eccentricity and the
lowest A parameters, while the opposite happens for the ficegularity. Wear
optimization finds itself in the middle of the othtevo cases. From the perspective
of a multi-objective optimization, this seems t@gest that the minimization of
the (¢; WRPF) and (m; WRPF) couples may be obtained more easily than the
(e;m) one. Looking at the Fig. 58-(b) it is possible riotice the immediate
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consequences of the differefit, e) sets. The profiles optimizing the rotors mass
presents higher teeth, hence generating chambénshvgher frontal areas and
shorter pumps. On the other side, geometries ogitignithe flow rate irregularity
features small teeth able to provide a more redldar rate output at the expense
of longer and hence heavier devices.
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Figure 58: Optimized cycloidal case: (a) parametefis) geometries (5000 rpm)
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Figure 59: Optimized cycloidal profiles in the 50000000 rpm range

Looking at the profiles depicted in Fig. 59, itgessible to notice how their
shape seems to be almost independent on the re¢espeed and only changes in
function of the optimization objective. An explaioat to this behavior can be
provided by looking at Fig. 59-(a) and noticing tthtae eccentricity of the
optimized profiles tends to decrease linearly waffeed. From Chapter 2 it is
known that the radial size of the gerotor pumpnigersely proportional to the
speed of the driving gear; hence the ratio betwtw®n eccentricity of each
optimum solution and the radial size of the dewheuld be constant given the
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inlet pressure, fluid properties and optimizatidneative. Results for the studied
profiles are presented in Fig. 60.
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Figure 60:e/R,,; for the optimized cycloidal profiles
9.3.2 Asymmetric profile optimization (4 parameter$

In Chapter 8 we studied how the use of asymmeggthtprofiles could be useful
to increase the flow rate capability of radial pagerotors while highlighting their
effects on the other performance indexes, flow iraggularity and wear rate over
the others. In this case the investigation is fedusn the possibility to use the
asymmetric lobe concept to design gerotor pumpss tabprovide optimum results
over two or more of the considered performancexadeSeveral multi-objective
optimization cycles have been run and their resutsnpared with the

performance indexes of the reference profiles ler ¢ycloidal case. It has to be
underlined that this study is much more generai tha one performed in Chapter
8, since its results are independent on the podsfiguration, being hence valid
for both radial and axial inlet/delivery solutions.

The multi-objective optimization study considersifgpossible cases. At first
the following three couples of objectives are cdasid:(e; WRPF), (g; m) and
(m; WRPF). Hence the routines are applied to the completienggation and their
results reported in Figs. 61, 62 and 63, where #meycompared to the single
optimization results for the traditional profile$he profiles optimizing the
(e; WRPF) couple average an increase of the flow rate iteegy equal to 1.54%
with respect to the reference values while the M&&RPF value sees a -0.96%
variation with respect to the singly-optimized itemhal profile. The estimated
rotors mass increases of an average 16.08% wipkeceto the cycloidal solution.
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Figure 61: Multi objective optimization resultsof rate irregularity

The profiles for the(m; WRPF) objective couple is affected by a higher
increase of the flow rate irregularity, averaging3%6. On the contrary the results
for the WRPF (-2.85%) and estimated rotor mass 92%) are far more
favourable. The optimization of thé;m) couple fails to provide interesting
results, increasing the flow rate irregularity @8%), the computed WRPF
(+6.91%) and the rotors mass (+11.99%). Those teesnhy be explained by
looking at Fig. 59, where it is highlighted how tlyeometrical parameters
characterizing the cycloidal profile optimizing tHew irregularity and the rotor
mass are far from each other: to obtain low weitigh value of eccentricity and
low A are needed, while the exact opposite happensdiceethe flow rate
irregularity. The most interesting results are tedato the multi-objective
optimization performed over the combination of theee performance indexes;
the profiles generated in this case loose of arothel 3.49% in flow rate
irregularity with respect to the single-optimizaticycloidal profiles, the 3.21%
for the WRPF and the 4.80% with respect to thereded rotors mass. In Fig. 64
are reported the profiles generated by the muleailve optimization process. It
is interesting to notice that the ratio betweentih@ semi-axis of the elliptic teeth
tends to be higher in the two-objective optimizatcases than what happens in
the three-objective cycles; its average value i4.86 for the(e; WRPF) couple,
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1.35 for (m; WRPF) and 1.22 for(e; m) while it falls to 1.12 for the final case
(&; m; WRPF).
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Figure 62: Multi objective optimization results: WR parameter
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Figure 63: Multi objective optimization resultstocs mass
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Figure 64: Optimized asymmetric profiles in the BAMO0 rpm range

9.3.3 Asymmetric profile optimization (2 parameter$

The asymmetric lobe design could also be usedsas@nd order optimization on
an optimized circular lobe profile. In this situatj the optimization parametdr
is reduced to:

o[

While the (4,e) couple is determined by the optimization of theditional
profile. For this analysis, we perform a secondeordptimization on each
cycloidal profile obtained minimizing the perforntan indexes obtained in
Chapter 9.3.1. The second order optimization has lagain performed over the
combinations between the flow rate irregularitytore mass and WRPF. The
optimized parameters are reported in Table 3. Hoersl order optimization, as
shown in Figs. 65, 66 and 67, allows to achievaceable advantages on the
performance indexes. Starting from the couple optoh for the flow rate
irregularity, the use of asymmetric teeth allowsotdain minor reduction in the
rotors mass (-5.68%), while the expected flow-natgularity (+0.29%) and wear
rate (+0.03%) remain almost constant. In a simiéshion, the second order
optimization allows to obtain some advantages wheplied to the WRPF
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optimized profiles, achieving small reduction ire tbxpected (-0.66%), wear rate
(-1.31%) and rotors mass (-0.24%). Much more sicgnift are the results related
to the second order optimization of the traditiopedfiles firstly optimized with
respect to the estimated mass. In this case, th@fugsymmetric teeth allows to
obtain an average decrease of the flow irregul@otyputed as the 1.40%, while
the estimated rotors mass sees an average variatjoal to -3.23%; more
importantly, a significant decrease (-14.61%) carappreciated in the estimated
wear rate. It is important to summarize the majghlghts related to the second
order optimization:

* Provides advantages to each performance index
* Does not provide any disadvantages to the perfocenardexes
» Itis possible only through asymmetric teeth

We can hence conclude that the use of asymmetib t&an be justified since it
provides an additional layer of optimization th#ibws to further enhance the
pump performance.

Table 3 Second order optimization parameters

Objective of the ' optimization process

Speed (e) (m) (WRPF)

reml 5 ek, k, A e ki k, A e ki Kk

[-] [mm] [ [-] (]  [mm] [] [-] (] [mm] [] [-]
5000 2.118 3.074 0.720 1.159 1.820 5.326 0.747 1.070 2.063 3.643 0.939 1.115
6000 2.046 2.880 0.753 1.179 1.932 4.582 0.834 1.142 2.041 3.279 0.879 1.114
7000 2.000 2.388 0.775 1.037 1.821 3.807 0.780 1.091 2.047 2.671 0.851 1.099
8000 2.162 1.829 0.743 1.179 1.862 3.537 0.765 1.028 2.126 2.558 0.805 1.041
9000 2.244 1.636 0.878 1.109 1.813 3.074 0.761 1.080 2.126 2.025 0.815 1.175
10000 2.159 1.486 0.757 1.016 2.110 2.525 0.913 1.103 2.168 2.014 0.859 1.122
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Figure 65: 2 order optimization results: flow rate irregularity
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Figure 66: 2 order optimization results: WRPF
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Figure 67: 2 order optimization results: estimated rotors mass
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Chapter 10

An alternative approach to wear
optimization for gerotor profiles

10.1 Introduction

In Chapter 5 the Wear Rate Proportional Factor (WRIRas been introduced;
firstly proposed by (Kwon, Kim, & Shin, Analyticakear model of a gerotor
pump without hydrodynamic effect, 2008), this pagsen has hence been
frequently used in literature to optimize the gerqgiumps’ profiles with respect
to the expected wear rate during their operatiee Although extremely simple to
compute, it is based on the theoretical assumplianno lubrication exists in the
contact area. Given the definition of the WRPF paater, its optimization would
generally tend to generate profile which minimike telative speed between the
meshing gears.

Both the hypothesis and the optimization results lm& object of discussion.
In a volumetric pump, moreover in a rotary pumpvaying lubricant fluid, the
hypothesis of lubrication absence is likely to bealid. Moreover, the lubrication
effectiveness, and hence the normal load whichbeasustained by the lubricant
film, is heavily dependent on the relative speetivben the wet surfaces, tending
to decrease with the fluid speed (Stachowiak & Belwr, 2005). As such, the
results of the WRPF-based optimization process lmansub-optimal for the
lubricant effectiveness. To justify the use of WRRFur work, we compare the
behavior of WRPF-optimized gerotors with the resolt an alternative approach
to wear optimization aimed at minimizing the poggibof a direct metal-on-
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metal contact and based on the assumption of tohermnce of the Elasto-
Hydrodynamic Lubrication (EHL) conditions.

10.2 Basic theory for Elasto-Hydrodynamic Lubricaton

According to the basic theory reported by (Staclaéws Batchelor, 2005), the
minimum thickness of lubricant film, for the EHL regime can be described in
non-dimensional form through the non-linear mappifg

Hy = fo(U,G,W) (121)

H, is the non-dimensional minimum thickness, relatedhe reduced radius
of curvaturer, through the following equation.

= (122)

Hy

The non-dimensional speed paramétethe materials’ parametér and the
contact force paramet#r are instead defined as:

u
(UzEll:eO
tivt
16 = a,F, (123)
Ly v
\ ~ E.R,

Whereu; is the average fluid speed in the lubricated zggeis the fluid
dynamic viscosityg, is the viscosity/pressure coefficient,is the contact force
andE; is the reduced Young modulus of the contactingenls.

A simple yet effective way to evaluate the lubricat effectiveness is to
compute the Tallian paramet®f (Tallian, 1967) defined as the ratio between the
minimum thickness of the lubricant film and the meaugosity of the wet
surfaces:

ho

T (124)
/Raz + Ry?

According to (Stachowiak & Batchelor, 2005), weater of mechanical
components is severely limited with, > 1, with (Stachowiak & Batchelor,
2005) suggesting an optimal valuetip = 3; if the value of the Tallian parameter

AT:
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falls towards zero, the film behavior approaches thoundary lubrication”
regime and direct contact between the mating sesfatay occur.

10.3 Novel optimization objective

According to (Stachowiak & Batchelor, 2005) it igfidult to define a precise
threshold value of the Tallian parameter under Wwhiee lubrication is no more
effective; traditionally the limiting value was assed to bel; = 1, but authors
provided several example of machinery working withsignificant wear issues
even for values slightly below this threshold.

Addressing withy, andyg the position of the relative position of the plefi
of the two mating surfaces along the normal tocthrtact zone we can write:

{yA(Ra) =v(R,) (125)
v5(ho, Rp) = hy + w(Rp)

Wherev(R,) and w(R,) are non-Gaussian distributions accounting for the
rugosity of the two surfaces. For a given valuagfwe can hence estimate the
probability of direct contact between the aspesibéthe two surfaces as

pYalys ho) = f 5(ya)8(ys) (126)

Whered(y,) andé(yg) are the density probability functions fog andy;.
Repeating the analysis for each of fheontact points along an entire revolution
it is possible to define an average value of theaxt probability.

10.4 Optimization results and conclusions

Assuming that the peak an valleys of the two matsmgfaces could be
approximated by two normal distributions each wisliance equal to 0,8m, we
apply the single-objective optimization method digsxl in Chapter 9.2.1 to the
direct contact probability defined by Equation (L®6er a reference speed range
varying between 5000 rpm and 10000 rpm.

Results are collected and compared to the singketie optimization
performed over the WRPF parameter in Fig. 68., evtlie values of the WRPF
factor for each profile are reported, along thenimum value of the Tallian’s
parametedr ,;,, in Table 4.
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Figure 68: Optimized cycloidal case: (a) parametefls) geometries (6000 rpm)

The difference in the parameters defining the gdoese of the pumps
optimized with regards to the two objective is mamgiceable in the low speed
range, becoming less significant for angular fregues higher than 7000 rpm. By
looking at the effects of these geometrical diffises on the pump behavior we
can draw some preliminary conclusion regarding tise of the Wear Rate
Proportional Factor as a parameter. Observingehelts reported in Table 4 and
in Fig. 69, it is possible to notice that the pledi optimized towards the
probability of direct contact (P.o.c) between the tgears profiles allows to
obtain minimum values of the Tallian parameter Biglthan those obtained
through the WRPF optimization.
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8500
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Figure 69: WRPF and Tallian parameter comparison
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It is interesting to notice however, that the minomvalues of the Tallian’s
parameter computed for the WRPF-optimized profilgsds to be significantly
higher than 1, that is usually presented in litm@tas a first-approximation
threshold under which issues in lubricant behaviay occur (Stachowiak &
Batchelor, 2005)By comparing the WRPF values, significant differenonly
emerge for low reference speeds. In absence ofriexpatal results highlighting
the long-term effects of working with less favomblbut far from critical,
lubricating conditions, the use of the WRPF aspghmary objective for gerotor
profiles optimization with respect to wear is hejsified.

Table 4 Comparison between results of profiles’ wearmoptation

Reference speed [rpm]
Index Objective

5000 6000 7000 8000 9000 10000

WRPF 1038 853 733 633 569 507
WRPF

P.o.c. 1341 928 740 642 600 536

WRPF 298 192 174 15 132 1.62

)“T,min
P.o.c. 419 275 2.74 3.26 3.49 3.15
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Chapter 11

CFD survey on poppet valve
behavior

11.1 Introduction

Poppet relief valve are safe-critical componentdelyi applied in fluid power
systems to keep the pipes pressure under a preddtmeshold. Their simplest
configuration makes use of a preloaded spring @amone side of a poppet; the
pipe pressure acts on the other side of the pdppmigh an inlet port. The poppet
stays in position until the pipe pressure originr@e which is lower than the
spring preload; when this threshold is overcome, ghppet lifts and the proper
amount of fluid is discharged through the valvetlsat the pipe pressure remains
almost constant. Although being often simple congmbs, their sizing and
optimization can become difficult, requiring sigo#ént experimental efforts.
Subject of this study is the definition of a gehdramework for the preliminary
design of poppet relief valves, able to evaluafwiari their static performances
under different environmental conditions. The asialyrefers to simulations
obtained with MIL-L-23699 oil, but can be eventyalextended to any
uncompressible fluid with a similar rheological bglor.

11.2 Steady-state model
To perform the preliminary sizing of the poppet aridhe preloaded spring, we

refer to steady-state conditions. Under this sifyiplg hypothesis, we address the
mechanical equilibrium of the popper and the fldisgramic behavior as follows.
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11.2.1 Mechanical equilibrium on the poppet

To define a proper sizing method it is fundamerttalstudy the mechanical
equilibrium of the poppet for steady-state condisioAs shown in Fig. 70, under
these assumptions the poppet is subjected to Hogving forces:

= pa: opening force due to the action of the inlet poesp on the inlet
port areaa

= F): closing force due to the presence of the spring
= F;: flow forces resultant

" poutA: closing force due to the action of the outletsgrgep,,; on
the upper area of the poppet

The static equilibrium equation can be hence writte
pa = Fy + Ff + poyiA (227)

Addressing withp* the cracking pressure, with* the corresponding force
and withk the spring stiffness, it is possible to complgjtesimply as:

F,=F"+kx=p'a+kx (128)

Wherex is the considered valve lift. The flow force tefinis related to the
change of direction that occurs to the fluid wheasging through the valve’s
metering section. When the poppet is lifted thélfis forced to pass through the
small gap between the poppet itself and its seae @ the geometry of the
poppet, it is deflected from its original flow diteon of an angle?that can be in
first approximation considered equal to the comeisgpening angley.

Ff | | l k lpouzA
— | 'x

=

Figure 70: Poppet equilibrium

Steady-state flow force can be expressed as:
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2

Fr = pouQu cos(¥) = poy %Cos(ﬂ) (129)

Wherep,;; is the oil densityQ is the volumetric flow rate through the inlet
port andv the fluid mean velocity in the inlet section as (idéervegna & Rundo,
2016).

11.2.2 Pressure-flow rate expression

The mechanical equilibrium of the poppet links thed-dynamics of the valve
with the spring behavior, hence defining the podpegiven the conditions of
pressure and flow rate.

It is possible to correlate those physical quaetitty means of the pressure-
flow rate relation.

0=CiA, 2(p = Pout) (130)
Poit
Where(, is the discharge coefficient adg the metering area. The metering
area A; depends on the poppet shape and current liftai @nge from a
minimum value of zero, when the poppet ¥ft 0, to a maximum value equal to

the inlet port area.

The corresponding poppet lift value, which will dedressed as “critical lift”
h..ax Can be computed for conical poppet consideringahewing equations.

2

A, <a= 1D hy,,, sin(a) = T

Defining D as the diameter of the circular inlet port, theafiequation is
obtained.

(131)

D

- 132
Pomax 4 sin(a) (132)
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If the poppet lift overcomes thk,,,, threshold the inlet port becomes the
metering section, so thdy, = a.

The discharge coefficient on the other hand, dep@emdseveral other factors.
As reported by several authors this parameterfeciafd by the poppet geometry
and lift, by the fluid dynamic conditions and byetmaterial properties. A few
experimental study on the subject can be foundténature; (Stone, 1960) and
then (Oshima, 1989) and (Weixiang, Binggang, & dhiy, 1993) provided a
handful of experimental results. While (Johnsongd&;d& Vaughan, 1991) and
(Johnson, Edge, & Vaughan, Numerical simulationflofd in poppet valves,
1992) provided an experimental and numerical amabfsthe flow behaviour in a
few types of poppet valves. It is of interest thedretical approach by (Urata,
1969), mainly focused on the determination of tlogvfforces. Unfortunately no
comprehensive study aimed at valve sizing can bedoin literature and no
mathematical expressions can be found to addresguhntitative influence of
each factor on the final value of the dischargdfament.

11.3 CFD survey on discharge coefficient behavior

Lacking of the possibility to perform an extendedgeimental campaign, the
only suitable approach to study the influence & pfoppet geometry over the
discharge coefficient was to pursue an in-deptlestigation through the use of
CFD simulations.

In order to justify the use of the CFD tools, affistudy assessing the capabilities
of the commercial code in use, Ansys 14, has besfoppned making use of
established valve geometries provided by the im@ligbartners of the research
program. Following the flow chart in Fig. 71 the thmatical model and the
numerical solver have been tuned until they werée ab provide results
comparable with the experimental data provided.

Valve geometry provided by Avio ——b{ From 2D sketch to 3D “half” model |
v

’ «Efficient» meshing |<-
Experimental data by Avio 2
—F{ Choice of the fluid-dynamic model |
YES Y —— \No +
Com| inson [ » Choice of the model discretization
v
I Internal check and results |
YES NO

Convergence?

Figure 71: Model tuning scheme
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Figure 72: Example of 3D geometry

Starting from a 2D sketch of the examined valve,dbrresponding 3D model
has been obtained using Solidworks. Using the pragkties the fluid control
volume has been generated and introduced in Andysl'd better explain the
process, an example not representative of thegesahetry is reported in Fig. 72.
To reduce the computational effort, the mesh wasinéd by imposing large
cells dimensions on the inlet and outlet condudtlemefining the grid in the
metering zone, as shown in Fig. 73. The numericdt®on was performed
considering only the momentum equation, using seéayder approximation for
the spatial discretization of pressure, momentwrhulent kinetic energy and
specific dissipation rate, while using the Greens$zanode based method for the
gradient.

For inlet Reynolds numbers higher than 100 theulert SST k-omega
model has been employed, while for Reynolds numlogver than 10 the simple
laminar flow model has been considered. For thelitioms between those limits
the SST k-omega with low Re correction has beenayag.

Outlet

Figure 73: Mesh example
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Figure 74: Procedure for the CFD survey

Tuning results and the comparison with the indaktiata won’t be shown
due to NDA.

As stated in literature, the discharge coefficiagpears to be mainly
dependent on the poppet geometry, current valvarid fluid Reynolds number.
Focusing at first on simple conical devices, theresponding input parameters
are: the semi-opening angle of the cone, the ddttbe lift over its critical value,
the passing flow-rate, the fluid viscosity anddensity. The first step has been the
definition of a set of input parameters to be régador each geometry; three
temperature values (100°C,40°C,-40°C) determinivegdil viscosity and density
have been defined, as well as a certain numbeopgt lifts going from zero to
hmax FOr each combination of temperature and valteditet of flow rates values
ranging from 0.01 I/min to 100 I/min has been dediras well.

Each CFD simulation has been performed followirggghocedure depicted in
Fig. 74. For each operating condition the Reynaoldsiber correspondent to the
metering section of the valve has been estimated as

_ PVmetDn (133)
u
Where pand i are respectively the oil density and dynamic \s#yo Dy, is

the hydraulic diameter and,,.; is the fluid average velocity in the metering
section:

Re

Vet = 4 (134)
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With A, being the metering area.

In a similar way it has been possible to estiméie éxpected Reynolds
number for the inlet and outlet sectids,, andRe,,;.

Those parameters have been used to provide thectanitialization to the
CFD code through the computation of the inlet amtled turbulent intensity,
usually estimated as follows.

1
-3 135
Iin,out = 0-16(Rein,out) 8 ( )

The other initialization parameters are the medacity through the inlet port
and the outlet port pressure, which has been s@tRa in order to simplify the
results analysis.

The internal check provided by Ansys 14 and thelyaisa of the results
convergence have been used to determine the qoélite mesh describing the
studied geometry, eventually leading to its re+ad&bon.

The most important output of the CFD analysis & phessur@ computed in
correspondence of the inlet port. Since all opegationditions are known, the
discharge coefficient for each simulation can bajgoted as:

Q

Ca = FTCETW) 136
Ah 2(p _ppout) ( )

The results coming from the CFD simulations mustvbdfied, since the
meshing operation and the numerical integrations infroduce several errors,
often unpredictable a priori. According to the besactice, results should be
compared to experimental data obtained using theeseontrolled parameters
employed in the simulations. Since there was ncsipdgy to perform any
experimental validation during the current activisome indirect verification
criteria have been used.

The first one is obtained by comparison with thsules of the Von Mises
theory (Von Mises, 1917), which gives the behawiothe discharge coefficient in
dependence of the semi-opening angle of the copmagpet when the valve lift is
very small with respect to the inlet port dimensiotunder these simplifying
assumptions, the fluid can be considered as ig@ahg the results described in
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Fig. 75. The results coming from the CFD analyses expected to fall always
below the ideal characteristics, since as repdsteduthors cited in Chapter 11.1,
the discharge coefficient tends to decrease wighviddve lift. Moreover, it has

been reported by (Stone, 1960) and (Johnson, Elgéughan, Experimental

investigation on flow and force characteristics hofdraulic poppet and disc
valves, 1991), that high Reynolds number have almegligible impact over the

discharge coefficient: hence, reasoning at constalne lift, notable variations in

C, are expected increasing the Reynolds number agctiical value, after which

C,4 should remain almost constant.

If the simulation converge to a numerical solutighich satisfies the above
described criteria, the associated results arepgateand further analyzed.
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Figure 75: Discharge coefficients according to \dises’ theory
11.4 Results analysis

This section is focused on the discussion of thaercal results obtained during
the CFD simulation campaign. It is divided in threain sub-sections, addressing
the influence of the operating conditions, hendgeréft and fluid temperature, of
geometrical variations to reduce the static flowcés and of the cone semi-
opening angle. Each of those dependence has beedmredtand analytical
expressions for corrective coefficients based da fiding have been proposed.
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11.4.1 Influence of operating conditions

As already stated, the influence of the operatiogddions over the discharge
coefficients is mainly dependent on two functioparameters, which are the
valve lift and the Reynolds number.

In literature, the dependence on the valve liftofen represented as the
dependence on the rafildoetween the valve lift and the inlet port diameter

0<A—h< 1
~— 7 D~ 4sin(a)

(137)

Notice that the maximum value for this parametepetels on the semi-
opening angle of the conical poppet. Pursuing aeng@neral expression, a new
parameterA expressing the ratio between the metering seeahthe inlet port
areas is introduced:

sA= m = (138)

Notice that this new parameter always falls in thege between 0 and 1,
independently on the poppet geometry.

Reynolds number account for fluid velocity througie valve metering
sections, hence for the actual flow rate, whilesidering also the environmental
conditions, which have effect on oil density anscasity.

Results of the simulation performed on conical mappwvith semi-opening
angle of 20°, 30° and 45° are reported in Figs.776and 78.
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Figure 76: CFD results: discharge coefficient: 20°
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Figure 78: CFD results: discharge coefficient: 45°

Please notice that the expectations set in chaft8rhave been satisfied.

Now, focusing on the 45° case, a mathematical emuable to give the best
possible fitting of the simulations results has rbestudied. Following the
approach reported by (Idelchik, 2005), this operatias been performed over the
parameter defined as follows.

(=—= (139)
The polynomial fitting expression obtained is thédwing:

{a = In(1 + Re)
b= VA

{=7.726 —1.03a— 11b — 0.07491a” — 0.0249ab + 18.18b* + 0.02065a>  (140)
+ 0.4905a%b — 2.695ab? — 10.14b3 — 0.00121a*
—0.04857a%b — 0.04368a%b? + 2.126ab3 + 2.375- 10" %a®
+0.001214a*b + 0.01126a3h? — 0.1005a?b?

The resulting values of for the discharge coeffitiare reported in Fig. 79.
The discharge coefficient computed through thest #xpression will be addressed
asC, o in the following sections.
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(141)

Figure 79: Polynomial fitting vs CFD results,= 45°

11.4.2 Dependence on the semi-opening angle of tume

Apart from the operating conditions, the most digant influence over the
discharge coefficient comes from the poppet andsda geometry. In example,
(Johnson, Edge, & Vaughan, Experimental investigaton flow and force
characteristics of hydraulic poppet and disc valvE391) demonstrated that
chamfered seats allows to obtain generally bestgults; it is however difficult, at
the current state of the art, to guarantee theompjate tolerances, so that sharp
edge seats are usually preferred.

The approach used to evaluate the effects of the @amgle variation over the
discharge coefficient is different from the studly tbe operational conditions
influence. In this case, the idea is to computeoraective coefficientK, by
interpolating the ratio between the discharge ¢oefit C; computed for a certain
couple of parametergéA, Re) with a semi-opening angle and the discharge
coefficientC, o obtained for the same couple of input parametara tone with a
45° semi-opening angle.
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Performing this operation witkh = 20°, it is possible to obtain the following
polynomial expression:

C4q(A, Re, 20°)
207 C4(A, Re, 45°)
= —2.728 + 2.813a + 6.003b — 0.7848a2 — 3.85ab
—3.889h% + 0.1052a® + 0.7052a2b + 2.44ab? + 0.4233b3
—0.00681a* — 0.05348a%h — 0.3066a2b? — 0.468ab?® + 1.7 (142)
10™%*a® + 0.001545a*b + 0.009853a3bh% — 0.04502a%h3

ParameteK, variation between 20° and 45° is assumed to bailingth
and as such is expressed as:

_ Cd,a 1- KZO

Ky=—"=1————(45°—
a Cd,O 45 o__ 20 o( a) (143)

The results of this approximation have been evatlapplying the last
expression to the = 30° case and comparing the obtained values thehCFD
analysis. For eact), Re) couple, the correspondiri€po parameter is computed,
allowing then to obtain the correspondikigy,. As shown in Fig. 80, the relative
error is limited and doesn't show any systematianea
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Figure 80: Relative error afy;, a = 30°
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11.4.3 Influence of flow-force reduction geometry

The last factor influencing the valve discharge fiitcient addressed in this
section is the presence, and the position, of gaarakchanges to the poppet to
decrease the flow force resultant. Those geométvmaations usually translate
into the addition of a cylindrical plate on toptbk poppet. Its usage is expected
to have some influence over the discharge coeffici€he study is focused only
on the position of the plate and not on its dimensj hence its validity is limited
to provide some first-approximation estimates.

The followed approach is similar to that employed the study of the cone
angle influence, so that another corrective coeffick,... is defined as the ratio
of the discharge coefficients with and without #ulitional plate:

Cd,plate

Kpiate = =————
plate Cd,no plate (144)

The position of the plate along the axial directidrihe inlet port is identified
through the quantity described in Fig. 81, while an example can be dauarFig.
82.

Figure 81: Geometrical quantities meaningful todhalysis
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=0.1

Figure 82: Examples for different valuedigD

CFD analysis were at first performed on a coniaapget with 45° semi-
opening angle ranging tH¢D ratio between 0 and 0.3. The analysis have been
then repeated on 20° and 30° cases. As shown ir88jdhe influence of the plate
over the discharge coefficient becomes almost g forl/D > 0.2; moreover
the contribute of the plate presence can be corsidas independent from the
poppet cone angle. It can be observed that thendepee on the plate position
tends to decrease with the increase of the vatiyeboBcoming negligible fon =
1, as depicted in Fig. 84.
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Figure 83: Variation o€ ; with I/D, a = 45°
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Figure 84: Variation 0K q¢e With A, & = 45°

As done for the other factors affecting the ovedidicharge coefficient, the
analysis starts from obtaining an expression fer ¢brrective coefficienKpjate
through the fitting of CFD data coming from the glation in some particular
conditions.

In this case, the studied condition featuré8 = 0 and a semi-opening angle
of the conical poppet equal to 45°. Under thoserapsions it is possible to write
the following expression, linking the correctivectiar to the local Reynolds
number and to the valve lift.

Cd,plate(l/]) = 0)

Cd,noplate

= 0.3291 + 0.006832a + 3,704b + 0.05782a?

— 0.5166ab — 7,845b* — 0.007398a° — 0.05746a’h  (145)
+ 0.9321ab? + 7.261b3 + 0.008209a3b — 0.009665a?
—0,3886ab3 — 2.471-10"5b*

Kplate,O =

The value ofK,;,;, Obtained using this equation is the lowest possiol a
certain couple of(A, Re), since it considers the worst possible conditiés.
written before in this section, the influence oé thlate becomes negligible for
[/D = 0.2, condition for whichK,,,. = 1. The variation of the corrective
coefficient in dependence of the ratiyD has been described in first
approximation with a linear expression:
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K _ Cd,plate _ n 1- Kplate,oi
plate Cd,no olate plate,0 0.2 D (146)

11.4.4 Final expression of the discharge coefficent

Given the corrective coefficients defined in thisapter, we propose a possible
expression to estimate the discharge coefficiardgrgthe poppet geometry as:

Cq = KaKplate Ca,0 (147)

Whereas, for a given semi-opening angle, the catiedl value must remain
under those provided by Von Mises.
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Chapter 12

Poppet valve sizing

12.1 Introduction

In this chapter we provide a framework to perfolme preliminary sizing of a
direct pressure relief valve. In particular, thegented framework makes use of
the study detailed in Chapter 11 to define the pogeometry. Starting from the
requirements description, the fluid dynamic comahs for the project point are
obtained and used as input for the correct sizfrigeretaining spring.

Once that the spring features have been definedexpectations regarding
both the structural integrity and the valve perfantes in the project point are
checked. Hence, a final numerical simulation inisteonditions is performed in
order to evaluate the valve pressure-flow rateasttaristics at different operating
temperature.

12.2 Sizing framework

The framework to perform the first-tentative siziofythe valve can be roughly
divided in two consequent steps, that are the paggsign and the spring choice.
The definition of these two components is in fatiical for the device operation
and is moreover sufficient to provide an estimdtigsoexpected volume envelope.

12.2.1 Inputs to the sizing procedure

The inputs to the sizing procedure can be dividéal three categories:
= Operative requirements
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= Geometrical inputs
» Fluid properties

Operative requirements are the one used to defireptessure-flow rate
characteristics in the project point, as well asinmgose some additional
constraints. Some of these requirements are pessswalues: the cracking
pressurep* the one at which the valve is set to regulate,levthie discharge
pressurep,,; IS an estimated value for the tank environmenie phessure at
which the valve shall be completely opened is dadlaturation pressure and it is
addressed ag,,;. Other parameters are the rated oil temperaturéhéo project
point and the associated flow rate vafyge

Geometrical inputs define the mechanical projedantpand determine the
poppet and inlet port dimensions. Input parameiegsthe semi-opening angle of
the conical poppea, the aspect ratia = h/D, the diameter of the inlet poi
and the anti-flow-force plate position paramefer [/D. In particular, thed
parameter determine the valve lift for the projeecint, which is the equilibrium
point of the poppet for the flow rag@, and can range betwe®rand a maximum
value defined in Equation (131). Paramegferan instead vary betwe@mand 0.2;
if the poppet will dose not feature the platesiassumed for convenienBe= 1.

The last input to the sizing procedure is represegnty the following fluid
properties: the curves of fluid density and dynamviscosity at various
temperaturgo and the dynamic viscosijy.

12.2.2 Poppet sizing

The first step of the sizing procedure is the dedéin of the fluid mechanics
conditions in the project point, in order to makkrst verification on the pressure
condition. If this check is passed, the input d&da the spring choice are
computed.

At first, it is important to understand if the peoj conditions are coherent,
which means understand if, given all the previowsgcribed inputs, the pressure
at the inlet port is within the range defined by ttracking pressure and the
saturation pressure. Given the input parameteesmigtering aredy, and the inlet
port areaa are computed for the rated conditions as:

A, = m D h sin(a) (148)



128 Poppet valve sizing

D? (149)
a=T T

Knowing D anda it is possible to compute the rated and maximupppolift
h andhnax through equation (126); the ratio betwegmanda is the/l parameter.
Please notice th&, maximum value is equal to The mean fluid velocity in the
metering area and the associated Reynolds numRef are computed through
Equations (127) and (128). Following the processcdieed in Chapter 11, each
corrective factor for the discharge coefficientiraste is computed; the discharge
coefficient for the project conditions, which medios the imposed valve lift,
temperature and flow rate, is then calculated bgmaef equation (141).

Finally the pressure drop across the valve canltaireed by reversing the
efflux equation, hence deriving the inlet pressiarethe project operating point

Pp-

p
Pp = Pout +§(

% )2 (150)

CaAn

If p* <p, <pse is satisfied, then the sizing procedure can caostin
Otherwise the geometrical inputs to the sizing psscneeds to be re-evaluated.
The true saturation pressure can hence be evalaated

khmax

+p° (151)

Psat =

12.2.2 Spring sizing

Once that the project point and the poppet geonfeme been established and
verified, the next operations regard the springngiz The most important
requirements coming from the fluid mechanics comapoms at the rated
conditions are the expected spring stiffness andréload.

Applying equation (123) it is possible to obtair tstatic value for the flow-
forces in the project poirf;.. The preload force acting on the sprify and the
pressure force for the project conditidfscan be easily computed as:
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{F* =pa
Fp = ppa (152)

Combining equations (121), (122), and (146) it ssgble to obtain the
required spring stiffnedsas:

E,—F —F;
a

k= (153)

The spring compression associated with the pretmstied to guarantee the
opposing forcd-* can be hence computed:

X' = (154)

Starting from the stiffness and preload comprességuirements, the spring
is geometrically defined and verified for statidgatigue loads and for instability
conditions, according to the classical theory regggbiby (Niemann, Winter, &
Hohn, 2006). The material properties needed ttoparthe sizing procedure are:
the shear modulu6, the yield shear stregs, the ultimate shear stresg the
fatigue limitzp,, and the material densipyg. Please notice that the fatigue limit
refers to the conditions described by Equation 148

Tm

1?=;;=0 (155)

Where,, andt, are the medium and alternate fatigue shear stre$bes
other input parameters are the number of activis @giand the number of end
coils N,; finally, the first attempt spring indest can be defined as:

¢ == (156)

Whered’ is the wire diameter and” the coils medium diameter; its value is
usually held between 7 and 12 (Niemann, Winter, &R 2006). Tolerances on
wire and coil diametersj; and D; can be set and used to evaluate the possible
outcome of the uncertainty over the real spring ©zer its expected nominal
behavior.
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From the basic spring theory it is known that thergy length variatiori due
to an active load= can be computed as follows (Niemann, Winter, & #ioh
2006).

8Fc'*N; F
Gd"  k

f=21" (157)

If 7<c' <12, 2" = 1; substitutingf with x* it is then possible to obtain a
first attempt value fod” :

8kc'3N;
TG
The related medium coil diameter can be consequdotind reversing
equation (150). If the tolerances on the coil aming diameters$,; andd, have
been defined, the four possible outcomes desciib&dble 5 can occur.

14

(158)

Minimum dimensions conditions is critical for mead@l resistance,
maximum dimensions case is related to the mostarisituation for the residual
length verification, while minimum stiffness cowddse origin to instability issues.

For each case, the actual spring kates recomputed using equation (153):

13 pT.
87N 1 (159)
Gd' k'
In each case, the solid lendthof the spring can be computed as:
Ly =d'N (160)

Where N = N; + N, is the total coil number. The working travelof the
spring, which is its maximum compression, is edqoathe maximum valve lift
hmax- The actual preload compressibpis assumed equal 13 this means that
for each condition under examination, the crackirgssure varies.

Table 5: Considered outcomes on spring sizing duelérances

) Minimum Maximum Minimum
Nominal . . . . .

dimension dimension stiffness

dll dll _ 5d dll + 5d dll _ 5d

D" D" -5 D" + 6 D" + 6
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For nominal conditions, the residual lendgth, is imposed equal to:

Lyes = ZNi (161)
Hence the installed lengil can be obtained as:

Ly=Lpes+Ls+y (162)
While the free length of the sprirdg is evaluated as:

Lp=Lo+1L, (163)
Once that the free length has been obtained, possible to compute the

installed and the residual length for the non-n@haases by reversing Equations
(156) and (157). In order to be acceptable, tharmim residual length must be

greater thaléi—'Nl-, in order to avoid contact between the contiguouis.co

According to (Niemann, Winter, & Hohn, 2006), theximum shear stress
due to static load,; can be computed through equation (164):

8F,qxC’
md'?
WhereFE,,,, is the maximum load acting on the spring evaluégequation
(165), whileA’ is the Wahl coefficient which value for< ¢’ < 12 is obtained
through equation (166).

T = A (164)

Fpax = F* + k’hmax (165)
4c’'—1 0.615

I = 166
4¢' — 4 + ¢’ (166)

The static safety coefficien€S;, acceptable if higher than 1.5, can then
evaluated as:

Ty
CSyy = = (167)

Tst
There exist many methods for fatigue verificationsprings accepted by the
engineering community. Some of them, as the onesmmmended by the (DIN
17221, 1988) and (DIN 17223, 1984), make use ofective coefficients to
distinguish between different production process#mse methods, while
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certainly trustable, requires an in-depth knowledgke the spring under
examination, being hence not suitable for the prielary study proposed in this
report.

The general approach for fatigue calculation throtdaigh diagram is then
employed. The minimum force applied to the spriadts preloadF*, while its
maximum value is defined by Equation (165); hentejo load spectrum is
available, the medium fatigue load can considendaktequal to:

E,=F +k hmax/z (168)

The alternate fatigue force is hence considered as:
F, = k' max/, (169)
Under those consideration, the medium and thenalfterfatigue stress,, and

T, can be computed and compared with the admisdiiglmnate shear stress at the
corresponding medium shear stress, estimated as:

Afamm =T — 7, a" (170)
Under these hypothesis, the fatigue safety fa@orbe evaluated as:
Ta

If the valve geometry is such that the compressymng is not supported by
external guides, there exist a critical loBg;; that leads to elastic instability,
usually estimated as follows.

Ferie = k,LOKL (172)

WhereK, is a tabulated factor available in literature, diion of theL,/D’
ratio and of the type of spring extremities (hingedixed) as shown in Fig. 85. In
order to avoid instability conditions, the critidakrce computed through Equation
(173) must be higher than the maximum compressiocefthat the spring may
face during operation. The last passage of thagigrocedure is the estimate of
the spring resonance frequency. This operationbmamperformed by means of
equation (174).
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= — 173
7= D, |8p (173)
Whereleqis the spring equivalent length, estimated as:
leg = TD'N; (174)
08 T T T T T I
————Q-..____; : : : Hinged
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v 04
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L/D[]
Figure 85:K; behavior

12.3 Influence of the sizing inputs

As for the presented framework, there are a fewtiqgarameters to the sizing
procedure which effect is not immediately predit#abn particular, while the
effect of the sizing parameters of the spring (saglthe number of effective coils)
on the device are quite obvious, the influencenefgoppet geometry, of the inlet
port dimension and of the project point choice $tidne studied in more detail.

In this section we provide a few insights on thesuies, in particular with
regards to

» Influence of the inlet port diameter
» Influence of the\ value used for the definition of the project point
= Influence of fluid temperature

The results provided in this section have beeniddafor a cracking pressure
p* = 100 psi and a discharged flow rate in the project pointa¢qo 100 I/min,
while applying the sizing procedure described ira@br 12.2. If not addressed
diversely, results are obtained tor= 45°.
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For each of the selected values\othe corresponding values of the inlet port
diameterD can vary within a certain range. Admitting a maximvalue of the
pressure in the project point equal to 200 psihaee the results reported in Fig.
86. The lower the diameter, the higher is the pmes$n the project point, as
shown in Fig. 87. In Fig. 88 is instead reporteel ehavior of the required spring
stiffness in function of the\ parameters and the project point pressure: it is
possible to notice that the spring stiffness tetad®bviously increase with the
project point pressure and decrease with Ahealue. These behaviors can be
explained by looking at Equations (124), (131) &h82). By combining those,

we may wright
2 —
( 0 = Cy(a)d, ’ » ?out)
Poii (175)
DZ
Ah = (T[ T)A

Consideringx andA as a constant, neglectipg,; and reversing the equation
we observe that the pressure in the project psimversely proportional to the
fourth power oD:

2
_ Q Poil (176)
p= D? 2
20 ! ! ! ! ; ! !
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Figure 86: Inlet port diameter ¥s- 45°
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Figure 87: Fluid pressure at project point — 45°

Figure 88: Required spring stiffness - 45°

The variation of the required stiffness determisese changes in the spring
geometry and hence the variation of the volumedricelop of the device. The
behavior of the envelope is reported in Fig. 8% Ihteresting to notice that there
exists, for each value df, a certain range of project point pressures #radg to
minimize the spring size and hence the overall lpee In particular, the position
of this minimum tends to vary in such a way tha tbwer theA, the lower the
pressure in the design point.
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Figure 89: Estimated valve envelopes — 45°

The influence of the afore mentioned input paramsetan be also studied
observing the expected pressure-flow rate chaiatiter of the valve, that can be
obtained by searching for the static equilibriumnpdor each given couple of
fluid pressure and flow rate through the equatipresented in Chapter 11. The
analysis is performed using those input parameitigles to minimize the projected
envelope for each considerdd In this analysis we didn’t consider the eventual
presence of any end-stop to limit the maximum popfteinder its value defined
by the chosenA. Valves have been sized making reference to dchutr oil
adhering to the MIL-L-23699 standard and normalpemting at 100°C. To
observe the temperature influence over the valteler, their characteristics
has been further obtained for a fluid temperattirél@°C. Results are reported in
Fig. 90 and compared with the ideal case. Fromethresults it is possible to
notice how lower values ol better approximate the ideal case and tend to
minimize the effect of the increase of the fluidsaosity due to temperature
variations. This behavior can be observed becatisg#comain reasons, that are
the low stiffness of the spring and the significpattion of the poppet lift that can
be used to open bigger metering areas in respangieetincrease of the fluid
viscosity.
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Chapter 13

Conclusions

The main objective of the research programme wawdwide a theoretical
framework to help in the development of a novebgmrpump for the lubrication
of aeronautic engines. At first, the state of thead gerotor pumps has been
investigated to build a theoretical knowledge o tlevice and to position this
pump type in the market. To do so, an in-depth berarking activity has been
carried out through catalogues study and analytm@hparisons based on
dedicated simplified sizing tools. After highlighgj the most common issues to be
faced when designing low-pressure pumps, the niiapitation of the traditional
gerotor design have been emphasized and a fewatitex solutions have been
proposed, in particular the use of radial suctielivéry ports and the introduction
of asymmetric teeth. To study the effects of thesations, an Automatic Design
and Simulation Framework has been prepared andapedt the framework is
able to automatically design, validate and simuéatevel gerotor pump given a
minimum number of geometrical and physical inputapzeters, outputting the
rotors geometry and the projected performances.siiy has been performed in
a few consequent steps, that are a survey ovenflnence of ports configuration
over the pump performances, a preliminary invetbgaover the effects of
geometrical variations in the rotors’ profiles ainhlly the optimization of the
gears geometry. Through these steps, it was olibdéinae the use of radial ports
provides advantages in terms of maximum pump disptent while decreasing
the probability of clogging due to ingress of ertdrdebris. Asymmetric teeth
have instead proven to be effective in generatingfilps able to conjugate
between opposing performance requirements, suclwees rate, flow rate
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irregularity and estimated rotors mass; more inguly, these improvements
translates seeming less to both radial and axid$ ponfigurations, making them
effective also for more traditional design concepts

In parallel, a side activity involving the study afpreliminary sizing tool for
pressure relief valve has been performed. To peefias tool, a lengthy CFD
simulation campaign aimed at investigating the brineof the valve discharge
coefficient as a function of the poppet geometrg #re fluid Reynolds’ number
has been performed; unfortunately, no experimeattities were planned, so
that it was not possible to provide the validatadrthe proposed model. Finally,
after addressing the most important sizing critesianew, automatic design tool
for poppet relief valve has been prepared and dgsml
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