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Abstract. Friction dampers are used to reduce vibration amplitude of turbine blades. The
dynamics of these assemblies (blades + dampers) is nonlinear and the analysis is challenging
from both the experimental and the numerical point of view.

The study of the dynamics of blades with a tip damper is the aim of the present paper. The blades
with axial-entry fir tree attachment carry a damper in a pocket between the blade covers. Pin
dampers significantly affect the resonance frequency of the first blade bending mode and
introduces non linearity due to friction contacts.

A test rig, made of two blades held in a fixture by an hydraulic press with one damper between
the blades was used for the experimental activity. Three different types of dampers (cylindrical,
asymmetrical, wedge) have been experimentally investigated and experiments have shown that
asymmetrical damper performs better than the others.

The response of the blades with the asymmetrical damper was then simulated with a non linear
code based on the Harmonic Balance Method (HBM). In the analysis, both the blade and the
damper are modelled with the Finite Elements and then the matrices reduced with the Craig-
Bampton Component Mode Synthesis (CB-CMS), while the periodical contact forces are
modelled with state-of-the-art node-to-node contact elements. Numerical analysis has shown a
strong influence of the actual extent of the contact area on the dynamics of the assembly. A
model updating process was necessary. In the end, the numerical predictions match very well
with the experimental curves.

1. Introduction

Due to the aggressive conditions during operation the forced vibrations of the blades in power turbines
still represent one of the most common causes of failure. The design must prove robust enough to tolerate
the occurrence of resonance under a wide operating range and with multiple engine order excitation.
The different part of a turbine are connected together by interfaces. One of the challenge of the turbine
designers is to correctly design these interfaces to provide adequate friction damping to the system.

In particular, existing joints may be optimized in order to exploit the damping contribution to limit the
structure vibrations thanks to the dissipated energy at the contact (blade root joints [1], snubber [2] and
shrouds [3]) or can be purposely added to the system (underplatform dampers [4], ring dampers [5]).
The calculation of the nonlinear forced response of systems characterized by frictional damping cannot
be performed by commercial FE solvers in a reasonable amount of time, and it requires the development
of custom codes capable to compute the amount of frictional damping for a given excitation condition.
Several authors ([6][7][8][9]) gave their contribution to take into account the actual stick-slip lift off
states of the contact in order, to determine the real amount of change in the resonant frequency (stiffness
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contribution) and in the resonant amplitude (damping contribution) due to the friction contact. Most of
these papers deal with the modelling of underplatform dampers (UPD), which are metal devices
compressed by the centrifugal force under the blade platforms which dissipate vibrations. In most of the
cases the UPD is positioned under the blade platform that is close to the blade attachment. In this paper
a blade tip damper is studied. Tip dampers are in principle similar to UPDs but they are placed at the
blade tip and held in contact with the blade covers.

Due to their position, tip dampers are more challenging than UPDs, since they significantly change the
mode shapes of the blades. Uncertainty in the actual contact conditions introduces a significant scatter
in the resonance frequency and in the vibration amplitude.

First, in this work, tip dampers are experimentally investigated. Three different damper geometries
(wedge-shaped, asymmetrical and cylindrical) are tested in order to identify the best performing damper,
i.e. the damper that more reduces the vibration amplitude of the blades.

The architecture of the test rig is the same of test rigs used to investigate UPDs ([10]-[12]). Two blades
are clamped in a fixture and then a damper is placed between them. Static load is provided to the damper
by means of dead weight connected to the damper by a set of pulleys and steel wires.

Forced response is measured by a stepped sine approach. Excitation is provided by an electromagnetic
shaker and the blades response is measured by accelerometers.

Then the forced response of the assembly (blades + damper) is investigated numerically. The nonlinear
analysis in performed in the frequency domain with the Harmonic Balance Method (HBM) ([13]) and
contact forces are modelled by node-to-node contact elements ([14]). In order to validate the numerical
code, the numerical response curves are compared to the experiments corresponding to the best
performing damper geometry (asymmetrical damper in this case).

2. The blades and dampers

The blades (Figure 1) have axial-entry fir tree attachment and they carry a damper in a pocket between
the blades shrouds. Due the low length to chord ratio these blades are characterized by high stiffness
and high natural frequencies even without the pin damper (the first bending frequency is higher than
1550 Hz). Being the damper located at the blade tip, it significantly affects the natural frequency of the
first flexural mode and introduces non liberalities due to friction contacts.

Three different types of pin dampers (wedge, asymmetric, cylindrical) were tested (Figure 1).

The asymmetric damper is a combination of the other two: one side is curved like in the cylindrical
damper, and one side is flat like in the wedge damper.

The forced response on the two blades with the damper between them was measured in order to
determine the best performing damper which more effectively reduces the blades response.

3. Experimental set up

The test rig consists in a clamping system where an hydraulic press constraints the fixture holding the
blades in the same relative position that they have in the disk (Figure 1). An electromagnetic shaker
connected to one of the blade through a stinger produces the harmonic excitation of the blades (F-).
The shaker is supported by four springs, linked to the rig structure. A force transducer positioned
between the stinger and the blade measures the applied force, whose amplitude is kept constant during
the test through a closed loop control system. The centrifugal force (Fc) on the damper is simulated by
four cables equally spaced on the damper axis connected to plates carrying calibrated dead weights. Two
accelerometers, one for each blade tip, measure the blade response.
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Figure 1 — a) Sketch of the blades during the test.
b) Geometry of the dampers

4. Test plan

The test consists in the measurement of the forced response of the blades with the damper during a
stepped sine sweep. Each sweep corresponds to a different value of centrifugal force (Fc) on the damper
and of excitation force (Fe).

The values of centrifugal forces included in the test matrix are 5 kg, 10 kg, 15 kg, 30 kg and 60 kg.
Multiple levels of excitation force are measured in order to span a high number of Fc/Fe ratios
corresponding to different contact states on the damper sides. The minimum excitation level depends on
the signal/noise ratio, while the maximum value of Fe is limited by the capability of the acquisition
system in controlling the force amplitude at resonance in closed loop.

For every level of centrifugal force, the following test procedure was used:

1) application of the dead weights on the loading plates (Fc);

2) excitation by the shaker (stepped sine) of the blade #1 at the different excitation force amplitude (Fe),
at each frequency step the excitation force amplitude is controlled and kept constant at the target value
(with a tolerance of about 1%);

3) disassembly of the damper from the blade, cleaning of the damper;

4) repetition of point 1) to 3) for three times.

5. Test results

The natural frequencies of the out-of-phase (OOP) and in-phase (IP) bending modes of the blades
without tip dampers have been measured and their values are 1590 Hz and 1665 Hz respectively (Figure
2). It can be observed that a higher modal damping characterizes the IP vibration. The reason is that
different mode shapes determine different friction damping at the blade root joint.
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Figure 2 — Forced response of the assembly without tip
dampers and corresponding numerical modal shapes.

As the damper is inserted in the blade slots, the IP dynamics of the blades does not change significantly,
since the damper mostly rolls around its axes because of the relative motion of the blade platform ([11]).
On the contrary, in case of OOP vibration the relative motion of the blade platforms produces relative
displacements between the damper and the blades in the contact tangential and normal direction. As a
result, a stiffening effect is observed and the resonance frequency moves to the range of 2500-3000 Hz.
The forced response on the assembly with the damper was measured in order to determine the best
performing damper.

The maximum amplitudes of the Frequency response function (FRF) are plotted in the form of “damper
optimization curve” versus the ratio Fc/Fe (centrifugal force pulling the damper on excitation force
amplitude). The curves corresponding to Fc = 60 kg are shown in Figure 3. The markers represent the
average values error of the three repeated tests, the error bars represent the standard deviation of the
measurements due to the repeatability.

The asymmetrical damper (red curves) produces the lower amplitude in the whole range for both the IP
and OOP modes. This trend of the curves is confirmed also for the other values of centrifugal forces.
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Figure 3 — Damper optimization curves in amplitude for Fc = 60 kg. a) IP mode b) OOP mode

6. The numerical simulation

The non-linear forced response of the assembly blades and damper is computed by a numerical code.
Since the experiments have demonstrated the asymmetrical damper to be the most efficient one, only
numerical analysis of the blade with the asymmetrical damper is performed, having the wedge and
cylindrical dampers been discarded.

Two finite element (FE) models are developed: one of the two blades with the fixture, and one of the
damper. Both models are then reduced by means of the Craig-Bampton ([15]) reduction method. The
physical degrees of freedom (dofs) necessary to the analysis (e.g. contact, excitation and measurement
dofs) are retained as master dofs in the reduced models, while the other dofs are modelled by
superposition of linear normal modes with fixed interfaces. The reduced mass and stiffness matrices
extracted by the FEM code are then used for the dynamic equations of blades and damper. These
equations are described below.

6.1. Dynamic equations of the blades

The non-linear dynamic equilibrium equations of the blades can be written as:
M-Q()+C-Q(t)+K-Q(t)=F(1)+F, (1), )

where M, C e K are the reduced matrices of mass, damping and stiffness of the two blades , Q is the
vector of the nodal displacements and modal coordinates, F is the vector of the harmonic excitation
force, Fmis the vector of the non linear contact forces due to the damper. The equation (1) is turned in
frequency domain to be solved by means of the Harmonic Balance Method ([13]). The displacements
and the contact forces are then expanded by Fourier analysis and truncated at their fundamental order:

Q1=QY+ sn(Qm .ei-m)

b (2)
F,(t)=F + gq(Flg) , e“‘”'t)

By substituting (2) in (1) a new set of algebraic complex equations in frequency domain is obtained:

K _Q(O) — Fnl(O)

M M’ (3)
D(0)- Q" =F+F,
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where D(0)=K+ioC- ®°M is the dynamic matrix of the structure. The first equation (3) is the static

equilibrium of the system, the second equation is the fundamental equation for the dynamic equilibrium
of the structure.

6.2. Dynamic equations of the damper

As in the case of the blades, the equilibrium equations of the damper can be written as:
M, Q,()+Cy-Qu(1)+K,-Q, (1) =F. —F, (1), 4)

Where Mbp, Co e Ko are the reduced matrices of mass, damping and stiffness of the damper, Qb is the
vector of the nodal displacements and modal coordinates, Fcis the centrifugal force on the damper.
As in the case of the blades, after Fourier expansion and truncation at the fundamental order, a

new set of algebraic complex equations is obtained in frequency domain:

0 0
KD'QD( ) :FC_FrEI)

M m’ ©)
Dy, ((’)) ‘Qp "’ =-F

where D}, (0) =K +ioCp —»’Mj, is the dynamic matrix of the damper.

The contact forces between damper and platforms Fu(t) are modelled by a set of 1D node-to-node
contact elements ([14]). In order to model the 2D tangential forces, 2 mutually orthogonal elements are
used at each contact pair. The contact element for each of the two tangential direction of each contact
node is sketched in Figure 4 a). The periodic contact force Fu(t) are then expanded in Fouried series and
truncated at the order O and 1.

The two sets of non linear equations (3) and (5) are then solved by means of an iterative solver based
on the Continuation Method ([16]).

Since the contact force at the blade roots due to the clamping device was not measurable, modelling the
contacts between the blades and the fixture was pointless. The additional damping provided by the blade
root joints was introduced in the model in terms of equivalent linear modal damping.

Contact parameters necessary for the contact force generation process are: static normal load, normal
and tangential contact stiffness and friction coefficient. The static normal load is provided by the user
as the output of a preliminary static analysis performed on the non-vibrating system. Contact stiffness
are, in this case, computed by means of an analytical/numerical contact model based on the assumption
of an ideal smooth contact of an elastic punch over an elastic infinite half-space ([17]). Friction
coefficient must be provided by experimental tests performed on ad-hoc test rigs ([18]).

7. Contact Area and Contact Pairs

The contact surfaces between the blades and the damper are meshed with a regular and perfectly
matching meshes in order to fulfill the requirement of perfectly matching contact pairs of the contact
elements implemented to couple the bodies in contact to each other.

The whole flat damper side is theoretically in contact with the mating contact surface on the platform.
Nevertheless, an a posteriori observation of the flat damper side after the experimental campaign
(Errore. L'origine riferimento non e stata trovata. b)) has shown that wear is localized along a line
at the lower edge of the flat surface.

As a consequence, only node pairs lying on that line have been activated during the nonlinear analysis,
as shown in Figure 4 c).
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a)

Figure 4 — a) Contact element. b) Wear areas at the damper edge. b) Damper model with contact
nodes.

7.1. Contact parameters

A key point is the evaluation of the contact parameters: friction coefficient and contact stiffness
(tangential and normal).

The value of the friction coefficient was measured through ad hoc experimental measurements as
described in [18] In this case a value of 0.6 was measured at room temperature over a range of 5-10°
cycles. The value of the contact stiffness is computed through a numerical contact model, developed in
[17], and based on the principles of contact mechanics of a flat indenter with rounded edges, pressed
onto an infinite half-space (Figure 5).

Figure 5- Flat indenter on an infinite half-space. Figure 6- Static forces acting on the damper
(frictionless contacts)

In case of the cylindrical contact, the extent of the flat area of the punch is null and the radius of the
rounded edges of the punch are set equal to the cylinder radius.

In case of flat contact, the contact stiffness is computed by assuming a perfect flat contact (full
rectangular contact area). The contact stiffness is then evenly distributed among the contact nodes. As a
consequence, if only a subset of contact nodes is activated (Errore. L'origine riferimento non e stata
trovata. c) in the previous section), the actual contact stiffness is proportional to the number of activated
nodes.

To estimate the contact stiffness, a value of static normal force is necessary, since it affects the actual
extent of the contact area of cylindrical contacts. The static normal forces on both damper sides are then
computed by solving the static balance equation of the damper in case of frictionless contact (Figure 6).
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In the end, a set of values of nodal contact stiffness have been computed for the cylindrical (Kt =3.02E6
N/m; Kn = 3.32E6 N/m) and the flat (Kt = 0.94E6 N/m; Kn = 1.03E6 N/m) damper side.

8. Results and discussion

Experimental results corresponding to different levels of centrifugal forces of the damper were available.
For the analysis, the OOP resonance of the first bending mode, with a centrifugal force Fc = 113 N, is
selected (Figure 7), because a clear trend of the FRF curves versus the excitation level was observed.
For the nonlinear forced response to be computed, an estimate of the linear damping of the structure is
necessary. The values of damping ratio identified by means of hammer tests performed on the structure
without the damper are not usable.

A part from the dampers, modelled in the numerical simulation, the other main damping source is
represented by the blade root joints. As a consequence, the damping will depend on the excitation
amplitude and on the mode shapes of the blades, strongly influenced by the damper and the contact state.
The following strategy is here adopted: the FRF curve corresponding to the minimum excitation
amplitude, controllable by the control system (Fe = 1 N in Fig. 7) is assumed to be the full-stick curve.
Half-power method is then used to estimate a value of equivalent linear damping ratio ¢ to be used in
the nonlinear solver to build the linear damping matrix C.

In this way, a value of £ = 0.022 is estimated and hence used in all the simulations.

Firstly, the reference full-stick case (Fe = 1 N and Fc = 113 N) is computed and a resonance frequency
of 3500 Hz is obtained, significantly larger than the experimental one (Figure 7).

This result highlights one of the main difficulties in the prediction of the response of structures with
friction dampers: the additional stiffness provided by the damper, depending on the value of the contact
stiffness and on the actual contact conditions of the damper surfaces. The case of tip dampers, as the
one investigated in this work, is even more critical than underplatform dampers, due to the location of
the damper (he blade tip) that increases the effect of the damper on the blade dynamics.

FRF (m/s?/N)

0 L L L L L
2400 2500 2600 2700 2800 2900 3000
Frequency (Hz)

Figure 7— Average experimental FRFs at Fc = 113 N (3 repetitions).

In order to investigate the contact conditions over the damper length, the distribution of normal preload
(product of the normal contact stiffness times the static normal relative displacement), obtained by a
nonlinear static analysis is used.

It is observed that, although a multi-point loading system (Figure 8) is used to apply the ‘centrifugal
force’ to the damper, a non uniform distribution of static normal load is obtained. In particular, the front
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and the end of the damper are highly loaded (Figure 9), while the preload is lower at inner part and also
detachment is predicted.

Left Damper Side Right Damper Side
5 5
4 © 4
> o ¥
Fc/4  Fc/4 Fc/4 Fc/4  3° °°cp ] ¥°
4 4 - "5 o
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Figure 8 — Centrifugal force applied to Figure 9 — Distribution of normal pre-loads on
the damper. the damper sides.

On the basis of the results of the static analysis (Figure 9), the following tuning strategy is used: starting
from the middle of the damper sides, contact pairs are progressively detached until the resonance
frequency of the model at full-stick matches the resonance frequency of the reference experimental full-
stick curve. The best match corresponds to 5 nodes in contact at one end and 4 nodes in contact at the
other end of the damper, over a total number of contact pairs of 31.

The localization of the contact in the damper axial direction proves affects the system dynamics even
more than the use of a single contact line over the flat damper side. Modelling the full contact on the
flat damper side would give a resonance frequency at full-stick of around 3600 Hz, 3500 Hz are
computed in case of full line contact, while around 2800 Hz in case of partial line contact.

After all the necessary parameters have been measured (friction coefficient), computed (contact
stiffness) or estimated (damping ratio and number of contact nodes), the nonlinear forced response of
the system at Fe =20 N, 12 N, 10 N, 6 N and 1 N is computed.

For each forced response, 5 output nodes are selected on the excited blade (see Fig. 1), located in the
area (75 mm?®) where the accelerometer was glued to the blade.

Results (Figure 10-Figure 14) are shown in descending order of the excitation level, as the contact tends
from gross slip towards full-stick conditions. In each figure the full black lines represent the average
(middle curve) and the average + standard deviation (upper and lower curves), while the red dotted lines
represent the maximum and the minimum response computed at the output nodes.

D
il 6f === Analysis
— Experiment
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=S \\
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N% 3t - &4l
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w ool ~ ~ w 3t
o e o
L [T
2 L
1 === Analysis
— Experiment 1D
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Figure 10 — FRF curves @ Fe =20 N. Figure 11 — FRF curves @ Fe = 12 N.
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Figure 12 — FRF curves @ Fe = 10 N. Figure 13 — FRF curves @ Fe = 6 N.

The numerical curves at Fe = 1 N (Figure 14) look more damped than the experimental ones. The reason
is that the experimental curves have been used to compute the modal damping ratio of the full-stick case.
During the simulation, the damper is not fully-stuck and therefore additional damping is provided by
the sliding contacts.

12

=== Analysis
10 | — Experiment 1

29500 2600 2700 2800 2900 3000
Frequency (Hz)

Figure 14 — FRF curves @ Fe =1 N.

9. Conclusion

In this paper the dynamics of turbine blade with tip dampers has been investigated experimentally and
numerically.

The experimental activity has been focused on the performances of different damper geometries and the
asymmetrical damper (flat on one side and cylindrical on the other) has demonstrated better
performances in reducing the response level of the blades around the 1* out-of-phase bending mode of
the assembly.

A numerical analysis of the assembly with the asymmetrical damper has been then performed in order
to predict the response levels at multiple excitation amplitudes.

The parameters necessary for the nonlinear forced response have been measured (friction coefficient
and modal damping ratio) or computed (contact stiffness).
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Preliminary numerical simulations have shown that the actual extent of the contact area strongly affects
the dynamics of the system and a fine tuning of the contact nodes is necessary.

Nonlinear static analysis has shown that contact nodes at the axial ends of the damper are more heavily
loaded and therefore they have been selected as contact nodes for the nonlinear forced response
calculation.

In the end, the predicted forced response levels match very well the experimental curves at different
excitation levels.
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