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Abstract

Abstract

Nowadays mtor vehicle populationncreasesapidly, and itand this leads to
seriousenergy and environmeiad problems. Hence,he environment andenergy
issues are becoming more and more importambund the world Many potential
technologies have been presented and researcleduniversities, institutes and
companies Diesel engines are employed in Europa&lely due to highthermal
efficiency. The PCCI combustion concept has the potential simultaneously
reducing both NOx and particulate matter emissiomsler an @timized contro) and
it will decrease the emissions of diesel engifegher. Hence, the combustion
control is important in diesedngine

The present work describes the development of a fast cordr@nted
semiempirical model that is capable of predicting NOx emissions in diesel engines
under steady state and transient conditions. The model takes into account the
maximum incylinder burned gas temperature of the main injection, the ambient
gasto-fuel ratio, the mass of injected fuel, the engine speed and the injection
pressure. The evaluation of the temperature of the burned gas is based on a
three-zone realtime diagnostic thermodyamic model that has recently been
developed by the authoTwo correlations have also been developed in the present
study, in order to evaluate the maximum burned gas temperature during the main
combustion phase (derived from the thre®ne diagnostic mael) on the basis of
significant engine parameter§he model has been tuned and applied to two diesel
engines that feature different injection systems of the indirect acting piezoelectric,
direct acting piezoelectric and solenoid type, respectively, ovevide range of
steadystate operating conditions. The model has also been validated in transient
operation conditions, over the urban and extwaban phases othe NEDC. It has
been shown that the proposed approach is capable of improving the predictive

cgpability of NOx emissions, compared to previous approaches, and is characterized
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by a very low computational effort, as it is based on a stegigation correlation. It
is therefore suitable for redgime applications, and could also be integrated in the

engine control unit for closetbop or feedforward control tasks.

Key Words: Diesel engine; NOx emissions; Semipirical model; Contrebriented



Nomenclature

Nomenclature

A heat transfer area

BDC: Bottom Dea@enter

BMEP: Brake Mean Effective Pressure (bar)
G local mixing factor

CA: Crank Angle (deg)

Cl: compression ignition

CFD: Computer Fluid Dynamics

CLD: chemiluminescence detector
COCCentre of Combustion (deg)

DAP: Direct Acting Piezo

DoE: Design dxperiment

ECU: engine control unit

EGR: exhaust gas recirculation

Eloe NOx emission index (g/kg fuel)

EVC: Exhaust Valve Closure

GMPTE: General Motors PowerTrakturope
h: specific enthalpy (J/kg)

h.: convective heat transfer coefficient
IAP: IndireciActing Piezo

ICEAIPT: Internal Combustion Engines Advanced Laboratory at the Politecnico di
Torino

IVC: Intake Valve Closure

K undetermined coefficients

LNT: lean NOXx trap

m: mass; compression polytropic index

v



Nomenclature

Myp: trapped mass in the cylinder (g/éiper stroke)
My fuel mass

Mo NOX mass per cycle/cylinder (g/(cyccyl))
Me: O2 mass in the cylinder (g/éimer stroke)
N: engine speed (rpm)

NEDC: New European Driving Cycle

NOx: Nitrogen Oxides

PC: Personal Computer

PCCI: Premixed CharGempression Ignition

p: pressure

p:: injection pressure (hPa)

P pressure in the intake manifold (Pa)
PMA: PilotMain-After injection strategy

PPM: PilotPilot-Main injection strategy

PPMA: PilePilot-Main-After injection strategy
g: injected fuel volme (mnf)

Q: heat transfer; energy (J)

Q. heat release (J)

R gas constant (J/(Kg)]; correlation coefficient
RMS: Root Mean Square

SCR: Selective Catalytic Reduction

Sl: spark ignition

SOC: Start of Combustion

SOI: Start of Injection

SOl... Start of hjection of the main pulse

t: time (s)

T. temperature (K)

T..- adiabatic flame temperature (K)



Nomenclature

Tomae Maximum temperature of burned gas (K)
Tomaxman: Maximum temperature of burned gas of the main injection (K)
Tosos temperature of burned gas at the stasf combustion (K)
Time: @diabatiestoichiometric flame temperature (K)
T.. temperature in the intake manifold (K)

T,: wall temperature (K)

TDC: Top Dead Center

THC: Total Unburned Hydrocarbons

U.: expanded combined uncertainty

V: volume (m)

X: EGRate )

X total residual gas fraction)

Greek symbols

1 : stoichiometric unburned ga®-fuel ratio ()

A r e l-tefuel ratie H)ai r

Subscripts

b: burned gas zone

EGRmade up of EGR

f: vapor fuel zone

f,inj: injected fuel

inj: injection

res made of residual gas

st: stoichiometric

trap: trapped in the cylinder

u: unburned gas zone

Superscripts

u: made up of unburned gas

Notation

VI



Nomenclature

*: constant in time
A di fference Rkandtimeenstant™ me i nst ant

[X] : molar concentration o thXspecie (mol/crf)

VIl
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Introduction

Chapter 1 Introduction

Efforts to reduce the NOx emission products in diesel engines by car
manufacturershave increased in recent years, due to the need to comply with the
more and more stringent emission regulations. Innovative combustion techniques,
such as the Premixed Charge Compression Ignition (PCCI) mode, have been
developed in order to reduce 4doylinder NOx formation, and more and more
efficient exhaust aftertreatment devices, such as SCRs and LNTs, have been
introduced to further limit NOXx tailpipe emissions.

The PCCI combustion concept has the potential of reducing both NOx and
particulate matter enmssionssimultaneously[1], as it emplgs lowtemperature
highly-premixed combustion. Previous studies conducted by the authors have shown
that the PCCI combustion mode can lead to a 15% reduction of NOx emissions at a
almost constant soot leve]l]. These emissions could be further reduced if an
algorithm for the reatime estimation of the ircylinder NOx formi@on were to be
implemented in the engine control unit (ECU), in order to realize a-tyatgcle and
cylinderto-cylinder optimization. Interest in the development of remhe NOX
models is therefore growing among car manufacturers, due to the incrgasin
computational performance of modern ECUs.

The term“ N Oig in general used to indicate the sum of nitrogen monoxide
(NO) and nitrogen dioxide (NIGemissiong?2]. As far as internal combustion engines
are concerned, NCemissions are usually negligible in spark ignition (SI) engines,
whereas they are of the order of 280% of the total NOx emissions compression
ignition (CI) engines, in which the higher concentrations are associated with lower

load conditiong2],[3].
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A common approach in the literature is to modahly NO formation in the
cylinder, and to consider it as an approximation of the total NOxssioms[4],[5].
This is justified by the fact that N@ derived directly from the oxidatioof NO.

It is well known that the NO formation process mainly depends on the following
mechanisms|2],[3],[6]-[10]: the thermal mechanism, which depends to a great
extent on the local temperatures and on the local oxygen concentration of the
burned gases; the prompt mechanism, which is usually observed mi¢hanixtures;
the fuelderived NO mechanism, which is due to the presence of nitrogen in the
reacting fuel.The thermal NO formation is described by the Zeldovich mechanism
[6]-[8].In addition to the thermal mechanism, the prompt NOx formation mechanism
was icentified by Fenimore in 19711]. The NOx thermal mechanism is enhanced by
the high local burned gas temperatures, which determinei€sociationand by the
presence of Qin the flame region. It has recently been shown by Di€q that, in
diesel sprays, these conditions occur in th®ichiometric diffusion flame that
surrounds the jet, as well as in the pagimbustion burned gas regions downstream
from the diffusion flame.

The approaches adopted to predictaylinder NOx formation can be split into
three main categories: phenomeragical models, sem@mpirical models and
empirical models.

Phenomenological models calculate theciylinder NOx levels on the basis of a
detailed analysis of the evolution of the thermodynamic and chemical properties of
the incylinder content during thecombustion process. This is done by means of
3D-CFD, quasiimensional or zeralimensional thermodynamic models. The
thermodynamic and chemical properties of the charge are then used as input
guantities to implement NOx thermochemical soindels, which ar@isually derived
from the Zeldovich mechanism.Some examples of phenomenological models used to

predict NOx are reported ift],[5],[13]-[21].
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Empirical models merely rely on measured data to identify relevant correlations
for the prediction of NOx emissions; they have the advantage of requiring a low
computational effort without etailed knowledge of the physical or chemical
processes in the combustion chamber. Some empirical methods for the calculation
of NOx, such as the one proposed[#2] can be found in the literature. Artificial
intelligence systems and learning algorithms, such as neural networks and
evolutionary algorithms, have also been introduced for emission prediction in IC
engines[23]-[25]. However, these empirical models usually show a good predictive
performance in the calibration range used for training, and their application is
therefore limited as they are not physicallgrsistent.

Semiempirical models usually combine the physical and chemical parameters
related to the NOx formation process, such as the center of combu§tié the
adiabatic flame temperatur¢27] or the heat release rat¢28],[29], with relevant
engine operating parameters that can be directly measured waluated, like
empirical models. Ser@impirical models have the advantage of requiring a lower
computational speed than phenomenological models, but are more
physicallyconsistent and more accurate than empirical models. Moreover,
semiempirical models haw proved to be reliable over a wide range of engine
operation conditions[26]-[29]. For these reasons, they have been considered as
good candidates for contradriented and real time applications.

In this paper, a semempirical correlation has been developed to estimate th
in-cylinder NOx mass. This correlation is based on several physical quantities, such as
the maximum temperature of the burned gas zone of the main pulse, the
stoichiometric ambient ga®-fuel ratio, the engine speed and load and the injection
pressure.The main novelties are that the-gylinder maximum temperature of the
burned gas zone is evaluated (instead of considering the adiabatic flame

temperature usually adopted in the literature) by means of a-teaé three-zone
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diagnostic thermodynamic modeind the stoichiometric ambient gas-fuel ratio is
proposed as a correlation parameter. The latter has been parametrized as a function
of significant engine quantities, such as the EGR (exhaust gas recirculation) rate and
the global relative aito-fuel ratio of the engine. i.ex

The threezone diagnostic thermodynamic model has been recently presented
by the authors in[13], in which aphenomenological NOx model, based on the
Zeldovich thermal mechanism, was implemented.

Correlations have also been developed in the present study, in order to
evaluate the maximum temperature of the burned gas of the main pulse, derived
from the applicatio of the threezone diagnostic model, on the basis of significant
engine parameters. This allows the sezmipirical NOx model to be used in all cases
in which the incylinder pressure trace, which is necessary for the application of the
three-zone model, 3 not available, as in the case of production engines, in which
pressure sensors are usually not installed because of the high cost.

The method proposed in thithesis can lead to significant improvements in
terms of computational costs, compared to phenenological approaches, without
any significant loss in accuracy, thanks to the inclusion of physomaikistent
guantities. Moreover, the model could be applied for either diagnostic or predictive
purposes; in the former case, the maximum burned gas temafure is evaluated by
means of a diagnostic thermodynamic approach that starts from the measured
in-cylinder pressure, like the one proposed in thiesis in the latter case, the
maximum burned gas temperature is evaluated on the basis of a predictive
thermodynamic approach, like the one presentedin].

The proposed model has been compared with other sempirical approaches
[26],[27] and tested, under both steadstate and transient conditions, on two
engines equipped with different injection systems. As far as transient conditions are

concerned, the predicted vs. expemmtal NOx emissions were compared oviee
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NEDC (New European Driving Cycle). The model has been tested on a PC and it has
been found that it requires very little computational time, that is, of the order of a

few microseconds. The good test results theref suggest that the model could be
implemented in the ECU for controliented applications.

Finally, it should be noted that the model is suitable for different combustion
modes, including PCCI and conventional ones, and is capable of evaluating the
enghe-out NOx emissions. In the case of an engine equipped with a DeNOx system,
it should be necessary to develop a subdel of the aftertreatment device, in order

to evaluate also the tailpipe NOx emissions.
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Chapter 2 State of the art of semi-empirical

models for the prediction of NOx

A detailed analysis on the main seempirical NOx models presented in the
literature is reported in this section.

The first atempts to predict NOx emissions in diesel engines involved the use of
the maximum inAcylinder average temperature, which was derived from the
application of the ideal gas law to the-aiylinder content{26]. It has been shown in
[26] that NOx emissions correlate well with the maximumcytinder average
temperature but only in some operating conditions, such as in SOI (Start of Injection)
sweeps tests, but do not correlatwell in other conditions, e.g., when SOI is kept
constant and the aito-fuel ratio is varied. This can be explained by the fact that NOx
formation is related more to the local burned gas temperature than to the average
one, and the trend of the maximurmaverage temperature is not always in line with
that of the maximum burned gas temperature, depending on the operating
conditions.

Improved correlations for the prediction of NOx have therefore been
introduced. The first that is considered is the one prdasdnn[26] by Gartner et al.,

which calculates the NOx emission indg&lx, (g/kg fuel) as follows:

log(Ely, )= 8, & QOC a+m,0a m (2.2)
where Ekox is the NOx emission index (g/kg fue§OCis the Centre of
Combustion (50% energy Conversion) (CA,deg
MeyiiS the trapped mass in the cylinder (g/¢per stroke),
Moz is the mass of oxygen trapped in the cylinder (g/ger stroke).And a—a,

are calibration parameters.
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It has been shown if26] that the proposed correlation leads to good
improvements in the prediction accuracy, compared to previous approaches based
on the calculation of the maximum-gylinder average temperature.awever, this
method does not take into account the observation that the local temperatures of
the burned gases can vary to a great extent at cons@D€ depending on the
engine operating conditions (EGR rate, boost pressure, etc.), which lead to differen
in-cylinder pressure and temperature levels for equal valueS@C

The improvement in the accuracy of NOx prediction, obtained by means of
Eq(2.1) is mainly due to the addition of th€O(arameter, which is related to the
burned gas temperature levels.

Several semempirical correlations, which directly include the flame

temperature anong the input variables, have therefore been proposed in the
literature. An example is reported by Krishnan et[aF], and is represented by the

following equation:

&- 38700

Elyox = Crye &7 2.2)
where E\ox isthe NOx emission index (g/kg fuel),

Gnix Is a local mixing factor that depends on the speed and load,

Thame IS the adiabatic stoichiometric flame temperature (expressed in K)
evaluated at the Start of Combustion (SOC). The model has the advantbge@f
able to directly include the maximum adiabatic flame temperature. However, the
flame temperature is only one of the variables that are related to the formed NOx
mass per cycle, and E@.2) is therefore not expected to be applicable for a wide
range of operating conditions. Moreover, the model is based on the adiabatic flame
temperature at SOC. The NOx formation rate dependsheractual time history of
the temperature of the burned gases over the cydé],[17], and is expected to be

more closely correlated to the maximum-aylinder temperature of the burned gas

than to the adiabatic flame temperature evaluated at SOC. The temperature of the
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burned gas can in fact increase after SOC, due to the compression of the charge
related to the expansion of the burned gagé$],[17]. Moreover, dissociation and
heat transfer effects are not taken into account when the adiabatic flame
temperature is considered.

A more complex model, which takestanaccount the whole trend of the
adiabatic flame temperature over the cycle, has recently been proposgB|nThis
model is based on an integrapproach that starts from the method illustrated in
[29], according to which the total predicted NOx mass per cycle is calculated with the

following equation:

[eH e}

4 K,
~ i é . % %_7 0
Moxpase= FIQKCA) B, 0§ €67 “acy
2 2000 2

(2.3)

whereNis the engine speed,;, K; andK; are tuning coefficientsT,((CA is the
adiabatic flame temperature calculated as a function of tnank angle, andiQ,, is
the instantaneous heat release.

This method has been improved [@8] by considering the NOx reduction
mechanism. This mechanism is derived from the analysis of the diesel combustion
process on the basis of the Dec conceptual schdiid, which states that
conventional diesel combustion is a tvtage process, made up of a rich premixed
combustion phase and a stoichiometric diffusive combustion that takase at the
jet periphery. The diffusion flame generates NOx on the basis of the thermal
mechanism. It has been suggesteddf] that a reentrainment of the formed NOx
can occur inside the rich premixed combustion region; this region is constituted by a
highly reducing atmosphere, and part of the formed NOx is theeefeduced. Some
of the NOx included in the EGR and residual gas can also be reduced on the basis of
this mechanism. The whole set of equations is reportefP#j and is not explained

in detail here for the sake of brevity.
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This model has the advantage of being more physicalhsistent than the
other semiempirical approaches. Although it has been reportedd8] that this
model can be used for contralriented applications, the main drawbacks are related
to the fact that the approach is of the integralpe, and the calculation of the
predicted NOx mass per cycle therefore requires an integration over the entire
combustion cycle. Moreover, a large number of equations is adopted, and this
further increases the computational time, which is of the ordedd&ms when the
elaboration is performed on a Pentium D PC.

The approach proposed in this work considers a siagleation semiempirical
correlation that predicts the formed NOx mass per cycle and per cylinder, without
referring to an integral approach.hi® has been done in order to keep the
computational time as low as possible, so that the model can be used for

control-oriented applications.
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Chapter 3 Model description

3.1 Identification of the correlation variables

A preliminary discussion is reported hereafter, in order to identify the
correlation variables thaaire expected to have most influence on the NOx formation
process, and which should therefore be included in the sempirical model.

The NO formation reaction rate can be derived (as describgdd3dp) starting

from the first three reactions of the sup@xtended Zeldovich mechanism:

2,

.S 8[NO] ©9
&é1 5 UN, 1[O] .
d[NO] _ “PF dinol. o @1
dt 1+é[NO] o k' [N,]1JO] .

cINO], K[NO][O] .4 [NO][H] .

where the quantities in square brackets are expressed as molar concentrations
in [mol/cm3], the subscript elésignates the equilibrium concentration at a given
temperature and+ ,+ ,+ are quantified by the Miller expressions as a function
of the temperatre [2].

It should be noted that the NO molar formation rate is exponentially dependent
on the burned gas temperature, which should therefore bleetainto account in the
semiempirical NOx model.

The NOx derived from the thermal mechanism are mainly formed in the
stoichiometric diffusion flame, according to the Dec conceptual schEifie The
NOx formation can then proceed in the pagsimbustion regions downstream from
the diffusion flame, but, as dilution takes place, the reactions are frozen, as shown in
[16],[17].

For a given NOx moldormation rate, which depends exponentially on the
burned gas temperature, the mass of formed NOx per cycle and per cylinder
depends on the mass of nitrogen and on the mass of oxygen that are available in the
diffusive burned gas region. The mass of nimognd oxygen are functions of the
mass of the unburned gas that participates in diffusive combustion, which is in turn

proportional to the mass of injected fuelqe. Since combustion is stoichiometric in

10



Model description

the diffusion flame[12], the total mass of unburned gas that reacts with the fuel,
through the diffusion flame, is the product of the total injected fuel mass and the
stoichiometric ambient ga®-fuel ratio (which will also be denoted &sunbur ne d
gasto-f u e | r alt i .dt’hgs been shosvn ifii3]that | depends to a great
extent on the EGR rate and on the global relative@ifuel ratio <of the engine. For
example, the higher the EGR rate, the lower the oxygen concentration in the
combustion chamber, the higher the mass of unburned gasuired for
stoichiometric combustion of the unit fuel mass and, as a consequence, the higher
values of| are therefore associated with lower-tylinder oxygen concentrations,
and these could lead to lower NOx formation rates at constant burned gas
temperatures. Thereforemge and| should be included in the serempirical
model to predict the total NOx mass formed per cycle and per cylinder.

The burned gases generated by diffusive combustion dilute with the
surrounding charge, and this céead to a quick reduction in the temperatures, with
a consequent blocking of the NOx formation rate. Moreover,-argainment of the
hot gases can occur in the jet, as showiiZi@], and this could lead to a certain NOx
reduction. Both physical processes are closely related to theylinder turbulence,
and the latter is also related to the injected fuel velocity (i.e., to injection pregzure
and to engine speell. Moreover, a higher injection pressure can lead to better
atomization and fuel/air mixing, through an extended spray penetration. This could
cause higher NOx formation rates, due to locally higher temperatures and oxygen
rich regionsclose to the beginning of the combustion procg3s].

The gas temperature of the burned gas zone that has to be considered for the
NOx correlationshould not be the maximum one over the cycleny, but the
maximum one during the burning of the main injectioMy axmain). The main
contribution to NOx formation is in fact related to the main injection, because the
latter is the one with the highesvalue of injected fuel mass. This has also been
shown in[16]-[18], where the results were obtained with a quamensional

multizone model.

11
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An example is reported ifig. 3.1, which shows the predicted trends of the
burned gas temperatures for different values of the start of injection of the main
pulse, i.e., baseline (resblid curve), baseline delayed of dleg (blue dotted line),
baseline delayed d20 deg (black pointed line). The baseline point corresponds to an
experimental acquisition of the 20005 keypoint (the number before thesign
represents the engine speed in rpm and the other one is the BMEP in bar), while the
other curves were obtaied with the predictive heat release model presentedlid].

It can be noted in the figure that as SOI is delayggaxmaindecreases accordingly.
TomaxmainiS Only equal to the maximum burned gas temperature in the baseline case,
but is not in the othe two conditions, aslpmaxoccurs at TDC. Since NOx emissions
usually decrease when SQ} is delayed, Thmaxmain IS @ more robust correlation

parameter thanTpmax

3000 T
L =~ El‘hmﬂ.‘;.mﬂin and N()\
2700 h ;{Jccrcusing
L ~ '-._“'
— 2400 * *a (=
X, “eo e,
0 I r -"-b *...N
= 2100 S
| ‘I'_.
1800 Bascline SOImain o
= = = *Baseline SOImain delayed of 10 deg
1500 110 Baseline SOImain delayed of 20 deg
330 350 370 390 410 430
CA [deg]

Fig. 3.1 Trends of the burned gas temperatures for different values of,S0I

An additional engine parameter that was initially considered to be included in
the model is the swirl ratio. A higher swirl ratio leads to a higher fuel/air mixing,
which in turn promotes a higher burn rate and a higher temperature of the burned
gases, tha leading to higher NOx formation rates. However, it was verified that

including the swirl ratio among the correlation variables leads to a small

12
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improvement in the accuracy of the model. This can be justified considering that, in a
diagnostic approach, # measured ircylinder pressure is an input for the
three-zone thermodynamic model. Therefore, variations in the swirl ratio reflect in
variations in the ircylinder pressure trace, and the related effects on the burned gas
temperatures and NOx formatiorates are therefore indirectly taken into account by

the three zone model.

On the basis of all the previous considerations, the formed NOx mass per cycle and

per cylinder, i.e.myox should be a function of the following quantities:

rnNOx = 1:(-I-bmax,maina ust’ m fuel’ N ! pf (32)

and the following functional form has been proposed:

Ky

Mo, = K &= @) (mQf (NJO(n ¥ (3.3)

whereK Ki—Ks are tuning factors, and the maximum burned gas temperature
of the main pulse is included in the model by means of an exponential term, as
suggested in[2] and on the basis of the exponential dependence of the NOXx
formation reaction rates on the temperature of the burned gases.

The mass of injected fuel, engine speed and injection pressure can be
evaluated directly from the ECU measurements. The maximum burned gas
temperature can be evaluated by applying the rgale three-zone diagnostic model
that was recently presenteuh [13].

The unburned ga®-fuel ratio can be correlated to the total EGR and residual

gas fractionX ,: and to the global relative ato-fuel ratio < as reported irf13], as

follows:
8X, . O PCYR Xowd 8 X
2'=132.085 1% & 78.471°82 4381157198 118605 +14.3
¢/ = g ° g = / (3.4)

3.2 Real time three-zone thermodynamic diagnostic model

The maximum burned gas temperature of the main pulse used in Eqg. (3.3) was

13
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determined by applying the redime three-zone diagnostic thermodynamic model
recently presented inl3]. The approach is suitable for contaiiented applications,

as the equations can be solved in closed form without an iterative procedure. The
basic equations are summarized hereafter. The reader can refgr3ofor a more
detailed description of the approach.

The model has been derived by simplifying the premid#ilisive multizone
diagnostic model mviously developed and presented [it6]-[18], which was based
on the Dec conceptual schemg. Z]): diesel combustion is a twstage process that
usually starts with fuetich premixed cmbustion, the products of which complete
the oxidation process through a stoichiometric diffusion flame located at the jet
periphery.

Rich premixed combustion is responsible for the formation of soot and
incomplete combustion products, such as CO and WH(@ stoichiometric diffusive
combustion is responsible for NOx formatighZ]).

The rich premixed combustion zone has been disregarded for the
thermodynamic model proposed in this study, because the latter has been coupled
to a submodel to estimate the formation of nitrogen oxides. This simplification is
also justified by the consegumt reduction in the computational time, a critical
parameter for reatime applications. The authors have verified that the removal of
the rich premixed burned gas zone does not lead to remarkable differences in the
values of the maximum temperature ofdahdiffusive burned gas zone, which is one of
the keyvariables for the sermempirical NOx proposed correlation (see 83)).

The combustion chambas divided into three zones: a vapfuel zone (f), an
unburned gas zone (u), made up of fremh residual gas and EGR, and a burned gas
zone (b) obtained from a globally stoichiometric combustion process. The zones are
treated as homogeneous and made wf ideal gas, and pressure is considered
uniform throughout the combustion chamber.

The combustion process in the model includes the following steps: from the IVC

(Intake Valve Closure) to the SOI (Start of Injection), only the unburned zone exists
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before fuel is injected into the cylinder; from the SOI to the SOC (Start of
Combustion), an endothermic vap@uel zone is generated after fuel injection; after

the SOC, a stoichiometric burned gas zone is generated, which consumes the fuel
zone and the unbured gas zone. The burned gas zone is considered to be made up
of CQ, HO, Q, N,, O, H, OH and NO, and dissociation effects are therefore taken
into account, in order to achieve an accurate calculation of the burned gas
temperatures.

The total trapped massa * has to be evaluated to estimate the mass and
oxygen concentration of the unburned gas zone. This mass is given by the sum of the
trapped mass of fresh air, residual gas and EGR, according to the following equation:
Moo = M H, M (35)

where the asterisk denotes a constant quantity in time.

The total trapped mass can be evaluated adopting different procedures,
depending on the specific appligan for which the model is used.

In fast transient applications, as well as in onboard applications, the trapped
fresh air mass@ ® can be derived directly from the ECU measurements, and the
trapped mass of EGR, i.é&.; can be calculated by mea of the procedure
outlined in[31], which is based on the dutyycle signal of the EGR valve and on the
thermodynamic caditions upstream and downstream from the EGR valle.
steadystate applications at the test bench, the masscan be derived as the
product of the injected fuel mass, obtained from the measurement of the rate of the
fuel mass consumed by the engirand the airto-fuel ratio, calculated on the basis
of the measured emissions with the procedure reported3g]. The EGR rate can be
derived, in thkese kinds of applications, on the basis of the I6@| measured in the
intake manifold with the procedure illustrated i82]. The last two proedures for
the calculation ofd® and &®  provide a higher degree of accuracy than those
that are based on ECU measurements and on the duty cycle of the EGR valve.
However, these procedures cannot usually be used in fast transient conditioris as t

emissions at the engine exhaust or the,@els in the intake manifold are generally
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measured by means of low frequency acquisition systems, and because some mixing
of the gases can occur in the pipes between the engine and the gas analyzer. The
measued levels are therefore an average of the instantaneous levels that occur in
the intake or exhaust manifolds during transient conditions. Moreotbese
procedurescannot be used for onboardpplications, as the intake G@vel and the
emissions are naavailable to the ECU.

The residual gas mass® can be calculated, for both steadyate and fast
transient applications, by applying the ideal gas law to thehamber volume at EVC
(Exhaust Valve Closing), considering the values of pressurecammbtature of the
previous cycle.

The approach is based on the application of the energy conservation equations,
written in the Eulerian nonstationary form, of the mass conservation equations and
on the volume congruence equation to the three zones. It lsarshown([13]) that
combining the abovementioned relations, the following equations hold for the three

zones in the time intervalt, under theassumption of a stoichiometric combustion:

oQ +Vydp =d m h) dm, b, dm, | (3.6)
aQ,+V,dp =d(m ) €m , | (3.7)
aQ,+Vydp =d(m ) dm,h dm, | (3.9)

The specific enthalpy of thgh zone is denoted withh,, while dm;y; is the
injected fuel mass in the time intervalt, which is calculated on the basis of the
injection rate profile. The kthamber pressure is denoted lpy andt yindicates the
infinitesimal heat transfer between thgh zone and the walls of the combustion
chamber, which is evaluated by means of a emtive formulation using the Woschni
heat transfer coefficient[83]). The stoichiometric unburned gés-fuel ratio |
was already introduced in the previous section, and indicates the mass of unburned
gas that is required for stoichiometric combustiohthe unit fuel mass.

It has been verified ifiL3] that secondorder polynomial correlations are able to

accurately describe the specific enthal@riation of the different zones, as follows:
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— 2
h=a; T "+ T +¢ (3.9)
On the basis of the volume congruence equation, it is possible to derive the
mass of burned gas, at each time instant as a function of the measuregyhnder

pressure, as follows:

m = PV- 3apFSI -m,i;,- R (3.10)

Finally, from the maseonservation equations, the mass of unburned gas zone

and fuel zone can be derived as a function of the mass of the burned gas zone, as

follows:
_ m,
m = . .
f m jinj 1+a; (3 11)
s m, u
= a .
nL n?rap 1+a ; st (3 12)

As reported in[13], EqY3.6)-(3.8) are then discretized considering finite time
intervalsAt =t'—t"™. It is thus possible to explicitly derive the temperature of the
three zones by solving the resulting seceasrder polyromial equations for the three

Zzones:

al (T)+g T +¢ = (3.13)
Table 3.1 reports a summary of the method used to derive the mass and
temperature of the zones in closed form. The coefficients of (B4.3) are also
reported.
It has been shown ifiL3] that the application of thehree-zone model requires
a computational time that is of the order of fis on a Pentium D PC for the

simulation of the entire cycle.

Table 3.1 Summary of the method used to solve the mass and temperature of the
three zones in closed form.

17



Model description

pV' —m RT ' —m' RT

m;’ — frap”"u” u Janj . pr measured
u !
i1 a\/ i—1 1 i1
RhT:h - w ate T u Rfo
o I+a,
i i
i * mb u i i m,
m = — m,=m,, ——————
Ire St o
u rap 1+0!:; s f finj 1+ aza/
2
b (b —4ale! 2
i ! i i i . .
T = ;s b=a, 17+b T +c, Jj=ub, f

2

u Xl'l()f ’ erl ’ 4 ‘Xrlm i ‘eri
oy =I32.08 = | ST8ATI| = | 438015 = | 413695 +14.379

. . ’
My, +M ‘
_ EGR T My Lo . . .
- o My, = R Mg M = _I' m/,nth
SOI

* * * trap
M, + Mg+, +m,

riot

Q/ :h/A/' (TI mTW)’A h/ :h/(c())

17 7 n
a; bj <
; ; R Ap —Q‘A;fi,dz‘+(m"r +Am/vmj)c‘, —m;i"f?" +
f (m/—-#Amf‘ml)a[ (m, +Am/m)b/ _— ;
P =AM iy i
'R,A S i .
u miﬂau {m;(bu 7m"—Ltp:| 7Qlf IAIijtyz [Cu 7’7: J}
p
i Ry dp —Q’j,_iAr-#[m,'; +Am,,}ch +
b |jm;) +Am}’]ah I:m;’ + Amebh 7% iei—1 Amh u Amh -
p —Mply - — T T Tl
+ag I+ayg
a b; [
f 1.44590 860.78 — 949736
— 477140 +
u 0.09983 982.30 X
- 2817105 —=—
A
426.31+ —2851737+517.97p +
b 0.31703
—0.68863p +2.3173 p?

However, for the present application it is not necessary to perform a complete
elaboration of the cycle, as only the maximum burned gas temperature during the
combustion of the main shotT{maxmain) IS required for E¢3.3) and not the entire
temperature trend as a function of the crank angle. ConsideringTth@tmain OCCUrs

just after TDC, the required elaboratidime should be further reduced.
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Chapter 4 Test engine,

experimental setup and activity

4.1 Test engine

The engine used for model calibration was a GMd2916V twin-stage
turbocharged Euro 5 enginequipped with piezoelectric injectors. In addition, a GM
1.6dm°® automotive mediumsized Euro 6 diesel engine, equipped with solenoid
injectors, was considered for model testing and validation. The main specifications of
the two engines are given ifhable4.1. The experimental tests were carried out at
the AVL highly dynamic test bench installed at IGERInternal Combustion Engine

Advanced Laboratorgt the Politecnico di Torino).

Table 4.1 Main specifications of the engines.

Engine type 2.0dm*4 1.6dm34 cylinders in-line

cylinders “Twin-Stage” Euro 5 Euro 6

Displacement 1956¢cn’ 1598cm’

Bore x stroke 83.0mm x90.4mm 79.7mm x 80.1mm

Conrod length 145mm 135mm

Compressionratio 16.5 16.0

Valves per cylinder 4 4

Turbocharger Twinstage with valve actuator. Single stage VGT with ra
and WG position feedback

Fuel injection Common Raihjection Common Rail Solenoi

system 2000bar 3rd generation

Nominal rated 140kW @ 4000pm 100kw @ 35084000rpm

power and torque

400Nm @ 17562500rpm 320Nm @ 20082500rpm
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4.2 Experimental setup and uncertainty

The testrigs shown irFig.4.1, anditwas equi pped wi th: an

EL

AC dynamometer ; an ‘“AVL KMA 4000" system,

fuel consumption an * AVL A MA-gaé @nalyzer.a ke latex ih laasicalty
made up of three analyzer trains. Two of these have: one heated chemiluminescence
detector (CLD), to analyze NO; a couple of heated flame ionization detectors, to
analyze THC/CH4,; treenondispersive infrared analyzers, to measure low and high
CO as well as G@oncentrations; one paramagnetic oxygen detector to measure O2.
These trains allow the pollutant levels to be measured upstream and downstream
from the aftertreatment equipment tathe same time. The third train has only one
instrument to measure the CQevels in the intake manifold, in order to evaluate the
EGR ratios of the engine. The dynamic test bed was also equipped with an AVL 415S
smokemeter, an AVL 439S opacimeter andA&th. SPC472 Smart Sampler in order to

measure the soot emissions from diesel engines.

Fig. 4.1 Highlydynamictest rig

All of the abovementioned measuring instruments were controlled by the AVL
PUMA OPEN 1.3.2 automation system. The model fortiraal NOx emission
prediction and control was implemented in AVL IndiCom software, which offers an

open and friendly compilingreironment for the user. The test bed environment
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was interfaced with AVL CAMEO software to run intelligent engine calibration
procedures on the basis of the DoE (Design of Experiment) approach.

The engines were fully instrumented with piezoresistive puesdgransducers
andKandTthermocouples to measure the pressure and temperature levels at
various engine locations. AnN QKGO aifuel ratio sensor was placed inside the
exhaust system. A Kistler 6058A41 higkguency piezoelectric transducer wastb
the glowplug seat to measure the -{eylinder pressure timdiistories. The
in-chamber pressure traces were referenced on the basis of the pressure in the
intake manifold, which was measured by means of a-fighuency Kistler 4075A10
piezoresistive tansducer. The latter was located at the inlet runner of the cylinder
equipped with the ircylinder pressure sensor.

The procedure applied to evaluate the experimental uncertainties was based
on the recommended practices reported|[B6].

Given an output quantity, which is dependent ol independent variables;,

the associated variance™ (y) can be calculated by means of the following

expression:

1

() :%aeu% Yo =a¢d(y

4.1

Equation (36) can be considered consistent if the mutual effects between the
independentvariables are neglected.

cis called the ®“sensitivi tywithecespecttbi ci ent”

the i-th independent variable.

2
Once U (¥) has been evaluated, and a level of confidence, for example, of 95%,

and a corresponding coverage factoequal to 2 have been assumed, it is possible

to evaluate the expanded combined uncertaintyyof.e., UC(y):
Ue(y) = KBy 42)

Ue(y) is the uncertainty associated with the calculated quanyity
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If the independent variableg are the result of a measurement, the associated

variance uz()ﬁ) is estimated taking into account the accuracy of the instrument that
is stated in the calibration certificate, the repeatability, the instrument resolution
and the master unceainty.

The uncertainty of the measured NOx concentration at the engine exhaust,
used for the model validation, has been evaluated according to the proposed
procedure.

This uncertainty mainly depends on two contributions: the uncertainty of the
NOx calibréion cylinder, which is used for the span adjustment of the CLD device,
and the accuracy of the CLD gas analyzer.

Two calibration ranges were used to measure the NOx concentration in the
exhaust gas, the first from 0 to 150 ppm and the second from 0 t® ppon.

Table 5 reports the expanded uncertainty of the NOx concentration in the two
calibration cylinders used for both low and high measurement rangabl¢4.2a),

and the main sources of error of the CLD devi(e4.2b).

Table 4.2 CLD calibration ranges (a) and data available to evaluate the measurement

errors of the CLD device (b).

Range| Full Span Expanded uncertaintyll

1 150 2%
2 1000 2%
(@)
Error type Error
<2% of me a(@0Llo0&odf fud schleurangq
Linearity <1% of full scale rang

whichever is smaller

Drift 24h <1% of full scale rang

Reproducibility <0 . 5% of f ul | scale ra

(b)
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Table 4.3 reports an example of the calculated expanded uncertainty for
different measured NOx concentrations. The expanded uncertainty is lower when
the measurement is close to the full span range used for calibration (Tab. 6a),
because the linearity error in th€LD is higher in the middle between the zero value

and the full span calibration value, and is lower near the two calibration boundaries.

Table 4.3 Calculated expanded uncertainty for different values of the NOx

concentrations.

Measured NOx [ppm| Expanded uncertainty [ban Expanded uncertainty [9
50 1.6 3.06
100 2.5 2.48
500 16.3 3.26
1300 32.7 2.52

4.3 Experimental activity

The experimental data were acquired in the frame of research projects carried
out with GMPTE.

The research activity conducted on the A®° diesel engine is explained in
detail in [34]. The ultimate goal of the activity was tessess the potentiality of
innovative pieze and solenoiddriven Common Rail injection systems as far as
engine performance, emissions, fuel consumption and combustion are concerned.
Particular attention was paid to the effects of the advanced injectiontgpas
enabled by each Common Rail system.

A standard calibration set, featuring an injection schedule with a pilot shot and
a main pulse, was used as the baseline, and three advanced injection patterns were
taken into account, namely:

*PPM:two pilot pulses and a main injection;

*PMA:a pilot pulse and a main injection followed by an after pulse;

*PPMAtwo pilot pulses and a main injection followed by an after pulse.
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The injection strategies were optimized at six fp®ynts, which were chosen in
order to characterize engine operation of a meditsized passenger car during an
NEDC, in terms of engine speed and BMEP (¥20A500%x5, 2000x 2, 2000x 5,
2500% 8, 2750x 12rpm x bar). Different calibration sets were identified for each
key-point and eachconsidered injection strategy by means of a specifically
developed DoE approac[Bé],[35]).

Table 4.4 summarizes the maximum and minimum values of the engine
parameters considered in the variation lists of the DoE. Additional experimental data,
related to EGRweeps X = 0-50%), for the sikey-points were also included in the

dataset. About 900 experimental tests were carried out.

Table 4.4 Minimum and maximum range of variation of the main engine parameters
for the variation lists and th&aGRsweep tests conducted on the 2.0 dm3 diesel

engine with IAP injectors.

X p; |Intake O,| | | gy | Gpia | Gare | Gfinj | SOI Pil2 [SOI pil1|SOI main |SOI aft
Key-point No. of tests 3 3 3
bar % - |mm’|mm’|mm’|mm CAD CAD CAD CAD
max | 600 1648 (193 20| 25| - [14.4| 357.8 362.7 366.9 -
1500x2 148 -
min | 300 13.88 (1.31( 0.8 | 0.8 | - 8.9 328.0 342.9 360.4 -
max | 900 17.59 (1.66 1.5| 20| - [21.6| 352.1 359.5 366.3 -
1500x5 133 -
min | 600 1463 |1.18/ 08| 08| - |18.6( 329.9 | 3458 | 362.0 -
max | 700 16.99 |2.08| 20| 25| - |16.5( 355.5 | 362.0 | 367.7 -
2000x2 144 -
min | 400 13.87 |1.16/ 07| 07| - | 9.6 316.2 | 338.6 | 361.0 -
11, 17. 1.67| 1. 2. - |21, 47.4 X . -
2 5 134 m?x 50 7.30 6 5 0 6| 347 356.6 | 366.0
min | 750 15.06 (1.31( 08| 08| - [19.3| 319.0 340.0 361.5 -
max | 1400 18.42 |(1.77| - 15| 4.0 |35.4 - 351.1 362.2 | 394.7
2500x8 130 -
min | 1000 15.55 13| - 0.7 | 0.7 [ 29.5 - 330.6 357.1 | 376.4
max | 1800 18.21 |[1.41| - 1.3 | 4.0 | 52.9 - 344.2 359.6 | 392.0
2750x12 160 -
min | 1500 15.82 [1.12| - 0.7 | 0.7 [43.9 - 326.5 355.5 [ 376.3
EGR-sweep tests 70 max | 1482 20.89 |4.25| - 17| - |44.6 - 351.7 364.8 -
P min | 453 1496 |132| - [11]| - | 95 - 332.9 | 356.8 -
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Chapter 5 Model calibration and
identification of correlations

to evaluate Tymaxmain

5.1 Model calibration

The semiempirical NOx formation model given by E83) has been calibrated,
for the 2.0 dni Euro 5 diesel engine, by means of the least square otkton the
basis of the steadgtate variation list tests whose specifications are reported in
Table4.4. This has allowed the (K;-Ks) coefficient set to be determined. One half of
the dataset has been used for model calibration, while the remaining half has been
used for model validation.

The resulting tuned semempirical model used to predict the formed NOx mass
per cycle, i.e., foy iS:

-15984

My, = 43144 (& moxman @ -5.8046 (n;Q ()6547 (N )@908 (p f@ 5.1)

A discussion on the model coefficients is reported hereatfter.

The negative coefficient of the temperature term is in line with the observations
reported inCharpter2. The negative coefficient of thg term can be explained by
the fact that higher values of are associated with lower iagylinder oxygen
concentrations, which lead to lower NOx formation rates at a fixed burned gas
temperature. The positive sign of thegmiterm can be explained by the fact that the
higher the injected fuel mass, the higher the mass of nitrogen (and oxygen) involved
in the goichiometric burned gas region, and the higher the formed NOx mass per
cycle for an equal molar NOx formation rate. The positive exponent of the injection
pressure terms is in line with the results reported in the literature, according to
which a direct orrelation exists between injection pressure and NOx formation. The
engine speed term has a negative exponent. This could be related to such effects as

the re-entrainment of part of the NOx mass generated through the diffusion flame
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into the jet, with a casequent partial reduction according to the process described
in [28]. Moreover, the increase in the engine speed reduces the absolute resident

time for the oxidation of B and the expansion freezes the burning gas earlier.

5.2 Identification of correlations to evaluate Tymaxmain

The evaluation of the maximum burned gas femature during the combustion
of the main pulse Tomaxmain) requires the application of the retime three-zone
thermodynamic model, which in turn requires, as input, thecyfinder pressure
trace. This can be either measured according to a diagnostic approach, or simulated
by means of a combustion predictive@oach (se¢l14)).

The development of a robust correlation to evaludig.axmain cOuld be of great
interest for all the applications in which the-cylinder pressure trace is not available,
as in the case of production engines, in which pressure sensors are usually not
installed because of the high cost, and also to further decrease the computational
effort required by the semémpirical NOx modeh controtoriented applications.

The threezone diagnostic combustion model has been applied to all the test
cases reported imMable4.4, in order to derive a dataset of experimentatlgrived

Tomaxmain Values. These values were then used to derive the following correlation:
Tbmax,main= 1832.8 (Drnfuel %0165 (N )0'0080 (TSQImain 9'2688 ‘Q gt WAQ (52)

In Eq.(5.2), Thnaxmain IS €xpressed in Ke in g/(cyccyl),Nin rpm andsomainn

The maximum burned gas temperature is in fact expected toetsted to the
charge temperature at the SOI of the main shot, to the stoichiometric unburned
gasto-fuel ratio, which is related to the tnylinder oxygen concentration, and to the
fuel mass and engine speed, which could be related to the heat trandemtefthat
are engine load and speatépendent.

The temperature of the charge at SOI of the main shot is evaluated on the basis

of the following equation, which assumes a polytropic evolution from BDC to SOI:
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o 1
a Vgpc O

TSOImain = Tintgi'/si 0 (5-3)

Olmain -+

in whichm represent the polytropic index of the compression process.(k8g)
also indirectly takes into account the effect of the engine compression ratio on the
charge temperature.

The parameteilsomaintakes into account the effect of the engine compression
ratio, by means of the volume ratios, and the effect of the injection strategy (i.e., the
start of the main injection).

The parameters of most influence GBmaxmainn IN EQ(5.2), areTsomaignd
1 .The sign of the exponents is consistent,TaSxmainiNCreases Witlisoimain and
decreaseswhen i ncreases (i .e., the EGR rate

A simplified correlation, which is only dependent on the intake manifold

thermodynamic conditions (pint, Tint) and on , was also taken into account:
-I_bmax,main:7031'2 ©F|)nt ()1160 (-Qt )J'?’OGQ Q st“ 2 (54)

In EqQ.(5.4), Tomaxmain IS €xpressed in i, in Pa andli in K.

This correlation does not take into account the engine compression rattoeor
injection strategy.

Fig. 5.1 reports the predicted vs. experimental valuesTgfaxmain, Obtained
using eitherEq.(5.2) (Fig.5.1a and b) ofEq.(5.4) (Fig.5.1c and d) for the calibration
(Fig.5.1a and c) and validatiorF{g.5.1b and d) datasets. The experimental values
were obtained using the threeone diagnostic model.

It can be observed that Eq5.2) leads to a very high correlation coefficient
(R=0.978 for the calibration dataset ariR=0.971 for the validation dataset), while
the results are still good, but less accurate, with. £5.4) (R=0.953 for the
calibration dataset anéR=0.936 for the validation dataset).

An analysis of the uncertainty on the predicted value3,@fxmain, USing either
Eq.(5.2) or Eq.(5.4), has been carried out in order to verify the robustness of both
equations to the errors associated in the input parameters. Considering an operating

condition for the 1500« 5 keypoint with a nominal value ofpymaxmain€qual to 259K,
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and assuming an error on the values of the input variablex186, the resulting
uncertainty of Thmaxmain IS Of about 3X (i.e., 1.2%) using E¢p.2) (where the
predominant uncertainty sources are related to the parameter&/5%) andy
(20%)) and of about 1K (i.e., 0.42%) usingq. (5.4) (where the predominant
uncertainty sources are related to the parametdyg(60%) and(30%)). As a
consequencefqg. (5.2), although more accurate thakq. (5.4), seems to be less
robust when the uncertaintyof the input variables, and especially of the

coefficient, is high.

4000 4000
— R=0.977 o - R=0.971
X Error RMS = 27.5 [K] = Error RMS = 31.6 [K]
€ 3000 3 3000t
o o
c £ 2
& 2000 S 2000
< Eq. (39) X Eq. (39)
E ) Calibration dataset £ ' Validation dataset
F 1000L t t F 100012 t w
1000 2000 3000 4000 1000 2000 3000 4000
Tbmax,main 3-zone model [K] Tbmax,main 3-zone model [K]
(a) (b)
4000 4000
= R =0.953 - R =0.936
=, Error RMS = 40.1 [K] s X Error RMS = 45.6 [K] ,
2 3
5 3000f 5 3000f
£ / E
o o j
o o
£ 4 £ X
T 2000- 8 2000+
S 1S -
= Eqg. (41) % Eq.(41)
£ ' Calibrationdataset £ . Validation dataset
= 1000k : : F 1000 s :
100 2000 3000 4000 1000 2000 3000 4000
Tbmax,main 3-zone model [K] Tbmax,main 3-zone model [K]
(c) (d)

Fig. 5.1 Comparison between the predicte&s.(5.2)and(5.4)) and calculated
(3-zone model) values Gbmaxmain USing the calibratiomlataset (a, ¢) and the

validation dataset (b, d).

In conclusionFig.5.2 reports a scheme of the proposed methodology, where

the main input variabls are indicated.
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NOx estimator (Eq.(5.1))

Fig. 5.2 Scheme of the proposed methodology.
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Chapter 6 Results and discussion

6.1 Model tuning and application to the 2.0 dm3 engine with IAP
injectors

In this section, the model proposed by the authors has been applied to the
steadystate DOE tests of the 2dm*“ T w$S tna Bueo”5 engine equipped with IAP
injectors. One half of the dataset has beesed for the calibration of the models,
and the other half for the validation.

A comparison between the proposed model and the two correlations presented
in [26] and [27], and expressed by E{&1) and (2.2), has also been carried out, as
they are of the singlequation type like the one proposed in this paper. Both models
were retuned on the experimental data considered in the present studyobews:

log( Elyoy )= 1.2234 - 0 @01458COC 4207 .0 24866, 6

&-38700 ¢
El,, =2.657E7 @™ 6.2)

The units of NOx emissions, calculated with déiv®vementioned models, were
converted from emission indexes into mg per cycle and per cylinder, for an easier
comparison with the results of the proposed approach.

Fig.6.1 reports the predicted vs. experimental values of the formed NOx mass
[ mg/ (cyc-cyl )], 0 b madel By ®.1)) WHigt6Ha )t,h e G daruttnheorr’ ss
model (Eq(6.1)) (Fig.6.1lb ) and Kr i s h @.a)n(Figs6.1an cedpectively. E q .
The values of the correlation coefficieRand of the RMS error (Root Mean Square
of the prediction error) are also reported in the graphs. The highelue and the
lower RMS of th@groposed model show a significant improvement in the prediction
of the incylinder formed NOx mass, compared to the previous approaches.

Fig.6.1d reports the values of the RMS error for the three models at different

key-points. It should be noted that the values of the RMS error are similar for the
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three considered models for lo¥@ad conditions, while the proposed method leads

to a better accuracy fomedium-high load conditions.
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Fig. 6.1 Comparisons betweethe models described by E(5.1), (6.1), and(6.2) at
different keypoints, on the 2.@im’engine with IAP injectors, for the DoE conditions

reported inTable4.4.

The improvements obtained with the proposed model ((Bdl)) compared to
Eq.(6.1) is mainly related to the adoption of the actual maximum temperature of the
burned gas zone instead of tl@OGarameter, which leads to a more
physicallyconsisent approach. It should be noted that the NOx formation is more
and more sensitive tOpmaxmain @S the EGR rate is lower and engine load is higher,
and this justifies the higher accuracy of the proposed method at higher loads. The
improvements given byhe proposed model, compared tBq.(6.2), are probably
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due to the fact thatEq.(6.2) evaluates the adiabatic temperature calculated at SOC
(Thsog instead of the actual maximum temperature during the combustion of the
main pulseFig. 6.2 reports theTpsodVs. Tomaxmain fOr several DoHests (Table 4.4)
and different keypoints. It can be observed that even though the two quantities are
related to each other, a large dispersionTgfaxmain Values can occur at constant
values ofTysog especially for high values ®fnaxmain (i-€., at high load conditions).
This dispersion can even be of the order of KQGand can lead to inaccurate NOx

predictions ifTysods included as a corrdian variable.

3200 3
i + 1500x2 3 g o
3000F | x 1500x5 S S PO
- | % 2000x2 | T
2800+ | v 2000x5 T e
2 | o 2500x8 T
S 2600F | * 2750x12 L — S—
o) i i % ol i
%2} [ 0
i 2400 7
2200

2000" . 1 . 1 . 1 . 1 . 1 .
2000 2200 2400 2600 2800 3000 3200
Thmax,main [K]
Fig. 6.2 Thsod/s. Tomax maindt different operation conditions (N[rpmf BMEP [bar]),

on the 2.0 dm Euro 5 diesel engine with IAP injectors, for several DoE test

conditions Table4.4).

Fig.6.3 reports the trends of the temperature of the three zondsg.6.3a) and of

the incylinder NOx concentrationF{g. 6.3b), which was predicted with the
phenomenological approach reported 4], for a test condition at the 275012
key-point. It can be observed thd@tmaxmainiS much higher thafi,soc as a
consequence of the effect of the unburned gas compression that occurs after SOC,
due to the expansion of the burned gases. The figure also show3ghais slightly

different from Tpmaxmain. It can also be noted that the main NOx formati@gion is
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in the interval aroundlpmaxmainn Which is therefore a more robust correlation

parameter thanT,sodor the semiempirical NOx correlation.
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Fig. 6.3 Temperature of the different zones (a) andaglinder NOx trend predicted

with the phenomenological approach describedif], for a test case othe 2.0

dm® Euro 5 diesel engine at the 2750x12 4mmjnt.

This can also be confirmed king.6.4, which reports the formed NOx mass per cycle
and per cylinder as a function ®fmaxman, for EGFRsweep tests at different
key-points. It can be observed that a good correlation exists betwehe two
guantities, and it can be improved by accounting for the other correlation variables

included in(3.3).
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Fig. 6.4 Te Formed NOx mass per cycle vs. maximum burned gas tempeoatie

main injectionfor the EGRsweep tests at different operating conditions (N[rpm]

% BMEP [bar]), on the 2@m® engine with IAP injectors, for several DoE test

conditions(Table4.4).

6.2 Model application to the 2.0 dm3 engine with DAP (Direct Acting
Piezoelectric) injectors

The model tuned with the results of the tests run on the @’ engine
equipped with the IAPhjectors (i.e.(5.1)), was also tested to predict NOx emissions
for the same engine equipped with DAP injectors, in order to test the robustness of
the model with a different injection system. EGR sweep testslgoted at the NEDC
key-points were considered.

The simplified approach for the calculation @f,axmainWas used, using either
Eq.(6.1) or (6.2), in order to evaluate the fastest approach for the estimation of the
NOXx mass.

Fig.6.5a shows the predicted vs. experimental values of theyilinder NOx
mass, along with the values of the correlation coefficient and of the RMS error, using

Eq.(6.1), whileFig. 9b shows the same quantities obtained with (B).
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Fig. 6.5 Predicted vs. experimental values of thedglinder NOx mass, for tH20
dm® Euro 5 diesel engine with DAP injectarsnsidering EG&veep tests at different
key-points and usindeq.(6.1) (a) orEq.(6.2) (b).

The correlation coefficient can be considered good for both approaches, even
though a systematic, slight underestimation of the NOx mass occurs whe¢é. Bds
used, as it is characterized by a higher RMS error tharf62y. This could be
probably justified considering that, according to the analysis of the uncertainty of
Ecs. (6.1) and (6.2), the results of E(6.1) are more sensitive to the uncertainties
related to the poytropic compression coefficiemh. This underestimation could be
corrected by including a preultiplying coefficient in  Ed5.1) which is
injector-dependent. However, the good correlation coefficient suggests that the
proposed model is robust with respect to a change in the injection system

configuration.

6.3 Model application to the 1.6 dm3 engine with solenoid injectors

The model tuned wh the results of the tests run on the 2ddn®engine
equipped with the IAP injectors (i.eEq.(5.1), was then applied to the
1.6 dm®mediumsized Euro 6 diesel engine equipped with solenoid injectbable
4.1). Engine mapping test were considered (N: 2e@®D0rpm; BMEP: 0:25bar).

As in the cases with DAP injectors, the simplified approach for the calculation
of TomaxmainWas used, using eitheEq.(6.1) or Eq.(6.2), to establish the fastest

approach to estimate the NOx mass.
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Fig. 6.6a reports the predicted vs. experimental values of the predicted

in-cylinder NOx mass, along with the values of the correlation coefficient and of the

RMS error, usingq.(6.1), while Fig.6.6b shows the same quantities obtained with

Eq.(6.2).
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Fig. 6.6 Predicted vs. experimental values of theciylinder NOx mass for the 1.6

dm3 Euro 6 diesel engine with solenoid injectors, considering engine map tests at

different keypoints andusingEq.(6.1) (a) orEq.(6.2) (b).

The high correlation coefficient obtained for both simplified approaches

suggests that the proposed model is robust with respect to a change in the injection

system configuration.

6.4 Model application in transient operation conditions over an NEDC

Finally, he modelwas utilizel to predict the NOx emissions for the 2.0 8m

“TwSthnage”

performed at thedynamic testoench of the ICEART. Eq.(6.1) and (6.2) were used

Eur o

5

engine

equi pped

Wi

t h

to evaluate Tmaxmain @s the ircylinder pressure was not measured during the tests,

and the realtime three-zone model therefore could not be applied.

Fig.6.7a, 12c and 12 report the time histoies of the predicted (black thick

lines) and the experimental (red dotted lisgNOxinstantaneousemissiondg/s] for

the three consideredNEDG, whilethe predicted vs. experimental values are simow

in Fig.6.7b, 12d and 12e, respectivelyThe results were obtained usirk.(6.1).
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Thevalues of the correlation coefficient R and of the RMS error obtained using
Eq.(6.1) and Eq(6.2) are also reported in the graphs.

It can be observed that the values of R and RMS error, referring to the
prediction of the instardneous NOx mass emissions, are of the same order of

magnitude for the two approaches.
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Fig. 6.7 Time historesof the predicted(Eq.(6.1)) and experimentalinstantaneous

NOx emissions for thiaree consideredEDG(, c, e)predicted(Eq.(6.1)) vs.
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experimentalinstantaneous NOx emissidibsd, f). The values of R and RMS

obtained withEq.(6.2) are also reported.
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Fig. 6.8 Time histories of the cumulated mass emissions of NOx for the three
considered NEDCs, using eitliy.(6.1) or Eq.(6.2).
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Fig.6.8a, 13b and 13creport the experimentalred dotted lines)and predicted
values of the cumulated NOx mass emissjomgpressed irg/km, over the three
consideredNEDG, usingEq.(6.1) (black lines) and E@6.2) (green dottedpointed
lines).

It should be noted that the utilization of Eq. (39) leads to an improvement in the
prediction of the cumulated NOx mass emissiooempared to Eq(6.2), even
though the values of R and RMS error, referring to the instantaneous NOx emissions,
are of the same order of magnitude.

Although a high dispersion of the instantaneous NOx mass emissions can be
observed inFig.6.7b, 12d and 12f for a limited number of points, theirlugnce on

the prediced cumulatedNOxmass emissianis limited, as can be seenHiy.6.8.

6.5 Analysis of the computational time

It has emerged,from the previous analyses, that an important issue for
reaktime predictive model applications is the calculation time.

A detailed analysis of the calculation time and model accuracy of the-tore
thermodynamic model was made [h3],[14]. On the basis of the results reported
in [13],[14], when the threezone thermodyamic model and a phenomenological
NOx model, based on the Zeldovich mechanism, are used, a calculation tinmesof 1
is required on a Pentium D PC for the simulation of the whole engine cycle, using a
computational step of tleg.

In the present approach, he threezone model has only been used to
evaluateTpmaxmain, thus it is not necessary to apply the three zone model to the
whole cycle. This leads to a significant saving in computational time. Moreover, the
computational performance can be furth@rcreased if the correlations reported in
Eq(6.1) or Eq(6.2) are used to evaluateTpmaxmain, INStead of applying the
thermodynamic threezone model.

The adoption of a semampirical NOx correlation, rather than a

phenomenological approach, also leads to a significant reduction in the
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computationaltime, that is, of the order of a few tens of a microsecond when the

elaboration is performed on a PC, using(&d) or Eq(6.2) correlations to evaluate

Tbmaxmain-
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Chapter 7 Conclusion

A controtoriented semiempirical model for thecalculation of NOx emissions in
diesel engines has been developed and assessed on two engines that feature
different injection systems. The model has been developed with the aim of being
implemented in the engine control unit (ECU) for medated controtasks.

The model takes into account the maximuracylinder burned gas temperature
during the combustion of the main puls&,{.....), the ambient gaso-fuel ratio, the
mass of injected fuel, the engine speed and the injection pressure. The evalution o
the burned gas temperature is based on a thmme realtime diagnostic
thermodynamic model, which has recently been developed by the authors. A
simplified correlation to evaluat&,,..... has also been developed for the cases in
which the threezonemodel cannot be applied.

The model has been tuned on the results of several tests carried out with a DoE
methodology for a GM 2.0m*diesel engine, equipped with an Indirect Acting
Piezoelectric injection system, for representative fmmts of engineoperation
during an NEDC.

The higheRvalue (0.98) and the lower RMS (0.084/cyccyl) of the proposed
model show a significant improvement in the prediction of thecyfinder formed
NOx mass, compared to previous approaches. The model was then afiplikd
same engine, but equipped with a Direct Acting Piezoelectric injection system,
obtaining a similar accuracy to the calibration daRR=<0.98 and RMS= 0.022
mg/cyccyl) and to a Euro 6 GM 1dé diesel engine equipped with a solenoid
injection sytem, over a wide range of steadyate operating conditions, and the
prediction accuracy resulted to be satisfactoR~0.95 and RMS 0.18mg/cyccyl).

Finally, the performance of the model was also tested over urban and
extrarurban phases of an NEDCgdod agreement was found between the predicted

and experimental values of the instantaneous and the cumulated mass emissions.
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The calculation time required by the sesmpirical model is of the order of
some tens of a microsecond when the elaborationesf@rmed on a Pentium D PC,
and this means that the method is suitable for real time and cordr@nted

applications.
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Chapter 8 Appendix
(Research in Tondjiniversity

Study on working process and system thermal
efficiency boundary for ICRC engine

Abstract

The environment and energy issues are becoming more and more important.
Carbon emissions nowadays, which were the standard of the industry, were limited
due to greenhouse effect. The correspamglicarbon emissions regulations and laws
had been made in the automotive industry. Giael combustion technique has been
commercially used in power plants in order to capture the €&@n the exhaust gas,
therefore, control the total amount of GOin the atmosphere. ICRInternal
Combustion Rankine Cyclepgine merges oxfuel combustion, water injection,
Waste heat recovery technology and carbon capture. Water recycles the exhaust
heat, and is injected into the cylinder to control the combustion tempaa
Moreover, the injected water increases the mass of the working fluid so that the
thermal efficiency increases.

Based on the First Thermodynamic Law, a thermodynamic analysis model of
ideal ICRC is established, and water injection process is simhplifiee effect of
different working fluids and operation conditions on ICRC engine is investigated. The
results show that COis most suitable as oxygenated diluent and working fluid in
ICRC engine due to its less negative compression work and low spezatic
Therefore,air-cooling, low compression ratio and wateooling, high compression
ratio ICRC benches are developed base on a saytjleder gasoline engine and a
double-cylinder diesel engine. Spark plug and water injector, intake system, fuel

system and control systerare added. The effect of different compression ratio,
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oxygen concentration and intake pressure on ICRC combustion and emissions are
investigated. The results show that higher compression ratio, higher oxygen
concentration and lower intake pressure are pitious to the thermal efficiency of
ICRC engine. The thermal efficiency increases by 12.4% when compresisias

12.5. Moreover, water injection can decrease combustion unsteadily under high load,
and also suppress knock and pgaition.

The investigtion on the atomization and evaporation process of water is very
important for ICRC engine because water is one of the most important working fluid.
Based ora controllable active thermeatmosphere combustor, the effect of different
injection pressure, jection temperature and background temperature on water
evaporationwere investigated. Furthermore, the temperature thfe working fluid on
ICRC engine performanceas investigated combined with bench experiments.
Results show that higher injection pressuiinjection temperature and Haylinder
temperature are propitious to better water evaporation. It can decrease the negative
effect of water mist on combustion and increase thecytinder pressure near TDC,
and therefore increase the thermal efficiency CRC engine. The indicated work
increases by 11.45% when the water is injected on TDX@ ®20%C injection
temperature.

Furthermore, an ideal engine thermodynamic model combined with a heat
exchange model was developed to investigate the thermal effigiempper boundary
of this cycle. The best thermal efficiency of the whole ICRC system can reach to 58%
when engine compression ratio is 14.

Key Words: IC engie; Oxyfuel combustion technologyRankine cycteWater direct

injection; Waste heat recovery
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Nomenclature

A  heat transfer aredm?)

C specific heatapacity(J /(kg K))
# heat capacity ratid-)

de equivalent diameteof tubes (m)
di internal diameterof tube (m)

do outside diameterof tube (m)

shell diametefm)
specific enthalpyJ/kg

D

h

H  overall heat transfer coefficietV/((m?¢ K)

E  Tubesideheattransfercoefficient(W/(m%¢ K)
E

shell sideneattransfercoefficien{W/(m?¢ K)

jn  heat transferfactor (-)

L  tubes length (m)

L,  baffle spacing (m)

LVH lower heating valukkg
m  mass (kg)

[ ,g massflow rate (kg/s)
N  tubes number-}

NTU number of transfer unitg-)
Pr  Prandtl numbef)

Pt tubescenter distancégm)
Q heat(J)

Re ReynoldsNumber(-)

T  temperature (K)

u flow speed (m/s)

v volume (M)

W work (J)

S

efficiency (%)
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Y4 logarithmicmean temperature differencéK)
" density(kg/m’)

R exchangeeffectiveness-

Abbreviations

BTDC  before top dead center

CR  compression ratie) (

IC  internal combustion

ICRC internal combustion Rankine cycle
I/F  intake charge/fuel

IMEP indicated mean effective pressure
NOx  itrogenoxides

ORC organic Rankine cycle

TEG thermoelectric generators

Subscripts

g exhaustgas

I indicated

in inlet

inj  injection
min  minimum
max maximum
out outlet

w  water

1-6  state points ifP-V diagram of an ICRC engine
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8.1 Introduction

The combustion of fossil fuefer energy andransportationresults in emission
of geenhouse gass (main CQ). To avoidthe impact of the increasinggreenhouse
gases emission on climate, mangw technologiehave beendeveloped Oxyfuel
combustion integrated with carbon dioxide capture is one of the most effective
technologies widely used in power generation indusgy]. Highpurity oxygen
instead of air is utilized during the combustion processTherefore, the main
componentsof exhaustgasesare carbon dioxideand water vapor, and carbon
dioxideis easilyseparatal andcaptured[38]. Some pars$ of exhaustgas are usually
recycled into the boiler in order to maintain a propercombustion temperature
aiming tothe acceptable limits of the boiler materidl39]. A large number of studies
have investigated performance analysisand system optimization of oxyfuel
combustion[40],[41],[42].

Cleanenergysystem merges oxjuel combustionand water injection[43],[44].
In this systema large amout of high pressure recycled water is injected into the gas
generatorduring the oxyfuel combustionto increase the mass of the working fluid
and therefore the thermal efficiency increas@he emissions only include watend
carbon dioxide, which areeasily separated and recovered@his type of oxyjuel
combustion poweiplant cycles is called internal combustion Rankine cycles (ICRCs).
The thermal efficiency of an ICRC aaach 65% or morelhe overall efficienctill
can reach 58%vhenthe energy cet of separating oxygen from agconsideed [45].

Addition of water into the combustion process i€ engines is not a novel
concept [46]. Water injection at ambient temperature is mainly employed I
engines, such aan internal coolanti47], and NOxemissions reductiorj48],[49],
becausewater can reduce flame propagation and-aglinder temperature However,
water injectionprovides a smaltontribution to improvement inthermal efficiency
(increased by a maximum o499 [49]. Water is generally utilized to inhibit
combustion and decrease -gylinder temperaturein these applicationsthus the

mass of water is limited due to the significant negative effects of excess dategy
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traditional air combustion processHence, thermal efficiency of the cychenefits
less from thesvaporationof injected water.

Reciprocating engine versions of the IOR&S investigated for the potential
application in automobile§45]. The shematic figure of ICRC systesrshown inFig.
8.1. Oxygen mixed with EGR is inhaled into cylinder during intake stroke. Water
recovered thethermal energy fromthe exhaust gas, ant directly injected into the
cylinder during the combustion. Since combustion with higher oxygen concentration
IS more intense, more water can be added as working tliithcrease the workvith
less negative impact. The exhaust gasnsixture of CQand water vapor, which can
be easily separated through condensation process at relativelyctsty In this way,
high pure C@can be captured and stored in a tankherefore a high thermal
efficiency combustion cycle with ultlaw emission is achievedlhermodynamic
analysis of an ICRC engine (CR = 9.2) without consideaistg heat recoveryvas
investigated by author§!5],[50]. Modeling results show that thermal efficiency can
reach to 67% when water injection temperature reaches to°#)tand even more
with higher water injection temperature.

As far asvaste heat recovergre concernedthere aresometypical approaches
of recovering ICE waste heat including thermoelectric generators (TEggnic
Rankine cycle (ORC), -stroke cycle IC engine and new developments on
turbocharger technology [51]. TEG, ORC and turbocharger technology convert
low-grade temperature heat from the exhaut electricalor mechanical energb2],
while sixstroke cycle IC enginienproves the thermal efficiencythrough absorbing
waste heatenergydirectly andreducing the exhaust temperaturgb3]. Twaostroke
extra heat recoverysteam cycle are added aftettraditional four-stroke Otto or
Diesel cycle. Afterexhaustgas is recompressed,ater is injected into the cylinder
Energy from the trappedand recompressed exhaust gases is transfertedthe
injected liquid water causingwater to vaporize and the pressui@nd work increase
The ICRC enginerabinesthe advantages of these methodsot only decreases the

exhaustgas temperature by injecting water during the combustion, but aiSlizes
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exhaust gas to heat injected water for themaininglow-grade exhausgas heat

recovery.

Gas-liquid Heat
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Engine
Coolant
In

Heat Exchanger

Engine
Coolant
Out

Heat
Exhanger

f Y Recycled

Condenser Water
—>

] | T I H,0 Emissions

Fig. 8.1 Schematic of ICRC system

An idealenginethermodynamicmodel developedby the authors was employed
to select the working fluid of an ICRC engine. Moreocaesglfdesigned prototype
engine test benclwith water coolingwas built. Through changng the areaof the
combustion chambeand employingdifferent operational boundaries, the effects of
the working fluid oncombustionand emission were investigated based on the ICRC
engine.

Based ona controllable active therma@atmosphere combustor, the effect of
different injection pressure, injection temperature and background temperature on
water evaporationwere investigated. Furthermore, the temperature tfe working
fluid on ICRC engine performanceas investigated cmbined with bench
experiments.

Theideal engine thermodynamic model combined with a heat exchange model

were developed to estimate the entire thermal efficiency of an ICRC engine, The
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injected water temperature heated by exhaust gas was considered in the heat
exchange model. Heat exchangsystem was designed on the basis of engine
operation conditions. The thermal efficiency boundaries of ICRC engine under

different operation conditions and engine compression ratio were investigated.

8.2 Experiment setup and select of the working fuild

8.2.1 Experimental apparatus and procedure
8.2.1.1 Experimental apparatus and procedure

The engine used for the experiment is based osiraylecylinder, air-cooling
gasolineengine (Fig.8.3a) and a doublecylinder, watefrcooling diesel enginéFig.
8.3b). The engins were retrofitted and fueled with propane through the KNB
type electronic control gas injector. A spark ignition, water injector and cylinder
pressure transducer were instatl in one of the cylinders. In this paper, one cylinder
of the engine was employed for the experiment, whereas the other one was just
operated as a load cylinder without combustion. The main specifications of the
engines are given infable8.1. The area of the combustion chamber was changed by
changing the thickness of the gland shim, and various compression ratios were
therefore obtainedin the seconegeneration system

Table 8.1 Specifications of test engise

Engine type Sl engine

Number of cylinders 2

Bore/mm 56.5Fig.8.3a)/95(Fig.8.3b)
Stroke/mm 49.5Fig.8.3a)/ 114(Fig.8.3b)
Compression ratio 9.2(Fig.8.3a) 10.512.5Fig.8.3b)

Number of valveper cylinder 2

Displacemenper cylinder jn 124(Fig.8.3a)/800(Fig.8.3b)
Injection system Intake manifold injection
Fuel Propane

Cooling system Water-coolng
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8.2.1.2 Experimental setup and Test procedure

The schematic diagram of the experimental setupsh®wn inFig.8.1. Two
systems were used in thesearch and Specifications ofystems are listed ifiable
8.1. The gcondgeneration system is employel the following chapterif not special
specified The engine was coupled to a FR100 eddy current dynamometer from the
Italian APl.com Company.,@nd CQ were mixed to simulate the intake gas with
EGR. Gas pipes were twined by a heating belt to maintain gas temperature stability,
and the premixing chamber in the intake system kept the mixture gas homogeneous.
The intake pressure was measured usadBosch intake pressure sensor (20). To
conveniently investigate the influence of water injection on combustion under
specific temperature and pressure, the water was heated and pressurized in a
stainless steel tube with a controllable bdiitt immersion leater. The heating
temperature was controlled by thermocouples in the heater to avoid-cobled
boiling of the water near the surface of the heater. The water injector is a solenoid
diesel injector made by the FAW Company. The operating conditions amnihiae
were monitored using a photoelectric encoder (3), cylinder pressure sensor (4),
lambda sensor (8) and throttle position sensor (9). Theyimder pressure was
measured using a Kistler 6052C piezoquartz pressure sensor. The cylinder pressure
signalwas amplified through a Kistler 5018A charge amplifier and collected by a NI
6250C acquisition card. The photoelectric encoder was installed with the crankshaft
to record the crank angle signal. The ECU controlled the injectors, spark plug and
other actudors based on that signal. The emissions were measured using an
FGA4100 Fivegas (@, CQ, CO, HC, NOx) emissions analyzer from the Foshan

Company.

51



Appendix: Research in Tongji University

@12

15 Premixing
2| Chamber 19

Heating
belt

Dynameo
meter

1 Engine; 2 Coupling; 3 Photoelectric encoder; 4 Pressure
transducer; 5 Spark plug; 6 Water injector; 7 Emission
analyzer; 8 Lambda sensor; 9 Throttle; 10 Propane nozzle; 11
Pressure reduction valve; 12 Pressure gage; 13 Throttle valve;
14 Flowmeter; 15 Ball valve; 16 Pressure accumulator; 17
Water heating rail; 18 Temperature controller; 19 Charge
amplifier;20 Intake pressure sensor

Fig. 8.2 Schematic of the test bench dedicated to ICRC engine

(a) 1stgeneration (b) 2st generation

Fig. 8.3 ICRQest system

Theschematicof the water rail is detailed ifig.8.4. Water flowed into the rail
from the pressure accumulatathrough the water inflow end and leaves the rail to
the injector through wateoutflow end. Abuilt-in immersion heatewas installedo
heat water in astainless steel tubeThe heating temperature was controlled by
thermocouples in the heater toavoid subcooled boiling of the water near the
surface of the heater.The water temperature wasoffered from the right

thermocoupleclosedto water outflow end in the rail. Water was pressured up to
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20~25MPain the rail and he boiling point of water at this pressumeas around
330°C, much higher than thlighestwater injection temperature (20°C) in this
paper, which guarantegthe water d liquid state in the injection system.

water inflow

) z|'}/

thermocouple
— thermocouple Heater ‘ I 1E

— J/”',

water outflow

Fig. 8.4. Detailed schematic of the water rail

The engine was started with an intake of air and then changed to thdéumty
model when the engine and dynamometer wesynchronous. Measurements were
gathered after the operational condition of the engine became stable. One hundred
cycles, including 50 continuous water injection cycles, were collected under each
condition. The no water injection cycles (dry cycles) ancewiajection cycles were

distinguished by the water injection signal recorded in the acquisition card.

8.2.1.3 Error analysis
In the present study, the procedure applied to evaluate the experimental

uncertainties was based on the root mean square methidae error analysis of the
derived quantities, such as the indicated work and indicated thermal efficiency, were
estimated based on an error analysis using the real measurement values. The

measurement ranges and relative measurement errors are listdcinie8.2.

Table 8.2 Measurement ranges and relative measurement errors

Instrument Measument range Relativeerror (%)
Inlet gas pressure 0-0.2 MPa +0.25

In-cylinder pressure 0-10 MPa +0.5

O, concentration 0-80% vol +1

Propane flow meter 0-25 L/min +2.5

Crank angle encoder - 0.1
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Engine speed 0-5000r/min +1
W, - 0.5
" - 2.9
Emissions (HC,NOx) HC(0-9999ppm); NOx (8000ppm) 5

8.2.2 Model description
Fig. 8.5(a) illustrates the incylinder pressure of an ICRC engine under both

water injection cycles and no water injection cycles (dry cycée®) data comes from
the previousexperiments/54]. Fig.8.5(b) illustratesthe gmulant in-cylinderpressure
of a onedimensionallCRC engine model usinguabulent combustion modeland
the operation conditions ofig.8.5(a) andFig.8.5(b) are the same. It shows form
both Fig.8.5(a) and Fig.8.5(b) that water injection increases the mass of the working
fluid and hence the htylinder pressure increases. As showkig.8.5 (a), Fig.8.5 (b)
and the comparisons of experiment aidkal thermodynamienodel in[50] [55], the
increaseof the incylinder pressureis derived from the injected wategvaporation
and the increase of the working fluid. In tpeeviousstudies of authors, the injected
water indeed has affected the combustion process andhé analyses about
combustion optimization and the influences ofaoted water on combustion process
can be detailed if54],[56]. Butthrough combustionand control optimization in
engineering water can be evaporated faster and increase the mass of working fluid
to improve thermal efficiency. Hence, after combustion ptimization,
thermodynamiceffect between injected water and theriginalworking fluid is most
important for the thermalefficiencyof this cycle. In this papegstimatingthe upper
bound on the potential thermal efficiendyoundaryof an ICRC engine is the main
aim. Hence, in order to support theoretical analysidor ideal thermal efficiency
bound of ICRCthermodynamic analysi®etween injected water and theriginal
working fluid isfocusedon in this paper. ThereforB-V diagran of an ICRC enging
simplifiedto an Otto cycle combined with water injection procesgich isshownin
Fig.8.6(a). Cycle 12-3-4-1 is atraditional Otto cyclein whichprocesses 2, 34 are

assumed asadiabatic processs. Water is injected in state point 3 (end point of

54



Appendix: Research in Tongji University

combustion) and is assumed évaporateinstantaneou$y. Due to vaporization of the
injected water, the incylinder pressure wilrise to state point 5and the new
combined cycle (R-5-6-1) is formed. Moreover, the injected water cambsorb
combustion heat and evaporate to increase ircylinder pressure. Hencethe
in-cylinder temperature after water injection idower than the incylinder
temperature before water injection[50], and the inacylinder temperature change

diagramwas shown irFig.8.6(b).

5 5
Start of water injection
b W | —— Dry cycle o | —— Dry cycle
(N - - Water cycle ;

| E [
> - 2
‘E' 2L Start of ignition o 2|
£ |l & |

0+ 0

0 20 20 5 80 0 120 140 0 20 40 60 80 100 120 140
Volume [cm’] Volume [cm3]

(a) Experimental (b) Simulant diagram of a one-dimensional model

Fig. 8.5. Experimental and Simulant P-V diagram of an ICRC engine

1
Water injection process
o
2 =
Z o
g g
= 5
'_
Volume Crank Angle .
(a) P-V diagram (b) T-Crank Angle diagram

Fig. 8.6. Simplified P-V diagram and T-Crank Angle diagram of an ideal ICRC
Traditionaladiabatic process (2 and 56) and constantolume process (3)

are solved by STANJAN software of Reyréldis
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According to the First Law dfthermodynamicsthe thermodynamicprocess after
water injection (35) is calculatedwith Eq. (8.1) and (8.2) below, assuming
instantaneousvater evaporation
i 30 i o0 i 30 (8.1)
i a a ho 6 OYho 6 OJY (8.2
where myater and hyater are the mass andpecific enthalpyf the injected water, and
m, and h, are the trapped mass anspecific enthalpy in the cylindef state point n
(Fig.8.6). G, is specific heat at constant voluna state point n calculated based on
the temperature and mass fraction of trepeciesof state point n.Thermochemical
properties of the species in this paper come frodMISTJANAF Thermochemical
Tabled57].

On the basis othe Eq.(8.1) and (8.2), the temperature of state point 5 £

could bedetermined

% (8.3)

Hence, the pressure of state point 5)fould bederived from the application

of the ideal gas law

0O — (8.4
where mz and Mmyaer the molar massof trapped mass (state point 3, kg/mol) and
water vaporrespectively(kg/mol), mz and myaer is the mass ofrapped mass (state
point 3, kg) and watevaporrespectively (kg)Vs is the volume of state point 5 ()
andRis the mole gas constant (J/(n¥oK)).

In an ICRC engine, water injection pressure is high in order t@¥agorationrate
and keep the water aliquid state under high temperature. Hence, the pump energy
for water pressurizingnust be considered. It is expressed as:

7 a 20 O 00 T- (8.5)
where Woump is the compression work of pump for waté,; andviy; are the pressure
and specific volume of water after pressure process, Whjland v, are the pressure

and specific volume of water undaritial status — is the pump efficiency.
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The energy used for water heat is gained from exhaust gas, and does not
consume external energyPerformance and efficiency of heat exchange will be
analyzedanddiscused inthe later chapters

Sinceexpansionstroke (56) is also assumed to bediabatic the entire work
output and thermal efficiency for each cycle could be expressed as following:
77 7 7 (8.6)
s wofda DO 8.7

where mye is the fuelconsumptionper cycle L HV,¢ is the low heating value of fuel.

8.2.3 Boundary conditions
The initial conditions, assumptions and constraint conditiongifedCRC engine

thermodynamic model arésted inTable8.3, and are based opervious experiments
[18]. The engine parameters are listed Fable8.1. The water injectionpressure
(35MP3a is much higher than thsaturated vapor pressuref water from 80C~160C,

and the watercantherefore be maintained in the liquid statbefore injection. The
oxygenconcentrationsis exceedsA0% becaus€Q hasa strong side effect on flame
propagation, and lower oxygen concentratomay lead to the instability of the
combustion process, especially when water is injeciuke incylinder temperature

at state point 4, where the expansion stroke ends at BTDC setagbove 330C for

two reasons: to keep the exhaust gas temperature high enough for the recycled
water heating and to keep the temperature of the water vapor above its dew point to

avoid potential equipment damage due to droplet erosion

Table 8.3 Initial conditions, assumptions, and constraints

Initial conditions

Fuel GHs

Initial temperature 300K

Initial intake charge mass 0.79bar

Intake composition 40%~70% CQO/N2/Ar)

Fuel mass 52.7mg
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Compressiomatio 10.5

Water injection temperature 80C~160C

Water injection pressure 35MPa

Water injection mass 20g- upper limit value
Water injection timing 360°CA

Assumptions

Water injection duration Instantaneous at 36CA
Water and air mixing Instantaneous at 36CA
Water vaporization Instantaneous at 36CA
Npump 50%

Heat transfer to cylinder walls None

Constrains

Temperature astate point 4 > 30C

8.2.4 Effect of different intake charges on the therma | efficiency of the ICRC
engine and select of the working fluid

The tosedcycletechniqueis employed in the ICRC engine and tbenponens
of the intakechargeinclude oxygen andliluent (employedfor the control of the
rapid combustion rate in the oxfjpel combustion). Hence, the intakdnargecan be
flexibly chargel to achieve higher thermal efficiencies. Different intake charge
compositiors were investigated, and thappropriatediluent wasdetermined for the
ICRC engine

1. Q+EGR (used G simulate EGR)

2. O+N\p

3. Q+Ar

These three intakehargecompositiors represent: 1. Oxy-fuel combustion, 2.
oxygenenriched combustioand 3. Ar/Q engine.

Figure 3 shows the work ratio under the differantake chargecompositiors,
and Table 2 lists the b conditions amldermodynamicparameters of these test
conditions. The operation conditions araeferred to the experimentsThe intake
pressure was 0.79bars, the fuel mass was 52.7mg, and the oxygemuation was

60%. Cases 1 andwre the dry (without water injection) and watefwith water
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injection) cyclesrespectively with CQ/O; as the intake charges. Cases 3 and 4 were
the dry (without water injection) and water(with water injection) cycles,
respectively with N/O, asthe intake chargerespectively Cases 5 and 6 were the
dry (without water injection) and watefwith water injection)cycles,respectively

with Ar/O, asthe intake chargeFig.8.7 shows that the output work of the water
cycle isobvioudy more than the output work of the dry cycle, and the steam work
derived from the injected work iscaourted for a large proportion othe output
work, which is the reason why this cycle is referred to as a special type of Rankine
cycle. Moreover, the output work of the dry cycle using Ar as the diluent is greater
than the output work of other dry cycle conditions, because Amisnatomic
moleculeand thespecific heat ratiq1.67) is more than thepecific heat ratimf CQ
(1.33) and M(1.4). However, the output of the water cycle using,@Omost under
those water cycles. According Table8.4, the thermal efficiency of case 2 is the
highest because the fuel mass is the saif@hle8.4 also shows that the increase in
the in-cylinder pressure and the decrease in thecylinder temperature due to
water injectionare the highest.

The pressure of point 5 can be calculated using:

Mwaler g n CV3T g]waterhwater nSR n3Cv3T3 + mwaterhwater
P = i“ water  + n - n5Cv5 (88)
5

V, Vs

n\sﬂé(ga) m AR (Qé) mpR
s GV O

Fig.8.8 shows that the special heat ratio of € higher than the special heat
ratios of N Ar and HO. Therefore, the value of,4C,s in Equation 8 under the GO
condition is larger than 1, whereas the value is the smallest under the Ar condition
due to lower special heat ratio of Ar. Hence, the increase in thylinder pressure
due to wate injection is greater under the G@ondition, whereas the increase is
least under the Ar conditionMoreover, during the heat exchange between the
water andoriginalworking fluid, HO vapor can gain moréaermal energyfrom the
original working fluid uder the Ar condition due to lower special heat ratio of Ar.

Therefore, it can be seen the Table that the work ratio of water vapor under Ar is
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highest. However,H,O vapor (triatomic molecule) is, unfortunately, a poorer
working fluid than Ar (monoatomianolecule). Therefore, the increase in the
expansion work under the Ar conditids less than the increase in the expansion

work under the C@condition. Moreover, the negative compression work under the

Ar conditionis more than the compression work undtgre CQ condition. Hence, the

thermal efficiency under the GQrondition is higher than the thermal efficiency

under the Ar condition.

2400
A Steam work A Compression work
2000 L Original gas work [/7/] Pump work
' 1285J
1600 12054
I 1019J
12001 898J 949J
=
. I
o 800
=
400
0
-400
1 2 3 4 5

Fig. 8.7 Work ratio undedifferent intake charge compositian

Table 8.4 Boundary conditios and thermodynamic parameters under different

intake charge compositian

Test condition Case 1
Diluent CQ
Muater/M intake 0
Thermal efficiency [%] 33.8
P3 P5[MPa] 7.19
T3 T5[K] 2531
Compression work[J] -199
Pump work [J] 0
Expansion work[J] 1097

Steam work/output work O

Case 2 Case 3

CQ [\

1 0
49.8 35.7
10.59 8.13
1102 2844
-199 -211
-35 0
1519 1160
75% 0

Case 4

44.8
9.94
1177
-211

1452
83%

Case 5

Ar

38.3
8.96
3109
-225

1243

Case 6

Ar

48.7
10.79
1161
-225

1521
86%
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Fig. 8.8 Special heat ratio of different working fluids

Fig.8.9 shows that the effect of the different working fluids on the therreéficiency

of ICRC engin€&ig.8.9 shows that the thermal efficiency increases with the increase
in the water injection mass due to the increase in theamngon work. Moreover, the
enthalpyand energyderivedfrom the injected water increases with the increase of
water injection temperature, and the thermal efficiency is therefore higher with a
higherwater injection temperatureFig.8.9 showsthat the thermalefficiencyunder

the Ar condition is higher than the thermal efficiency under the ahd CQ
conditions when the water injection mass is zero (dry cycle), because Artigisea
special heat ratio. écording to the previouanalysis HO vapor is a poorer working
fluid than Ar, but HO replaces Ar as the working fluid in the watgrcle(the cycle
with water injection). Moreover, more heat energy is transported from dnginal
gas to the water vapoitherefore,the increasen thethermal efficiency derived from
water injection under the Ar conditionis the smallestBecause C@is a poorer
working fluid than Ar and Nfor expansion work, the increase in the water vapor
ratio is benefit for the increase in the thermal efficiency under the ;GOndition.
Moreover, the negative compression work under the GOndition is less, and the

thermal efficiency under the G@onditionthereforeis even higher than the thermal
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efficiencyunder the Ar condition with a large amount of wateinjection mass.The
thermal efficiency reachs 58.2% when the ratiof the water injection masgo the

original gas mass is 1.58.
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water/ Mineaie 1]
Fig. 8.9 Thermal efficiency ahe ICR&ngine under different working flugl
According to the previouanalysis CQ is asuitable working fluid for the ICRC
engine due to the less negative compression work, and (GR) is therefore

chosen for the ICRC engimetihe following chapters

8.3 Effects of the working fluid on the combustion of ICRC engine

The operating conditions are listed in

Table8.5. One hundred cycles, including 50 canthus water injection cycles,
were collected under each condition. The no water injection cycles (dry cycles) and
water injection cycles were distinguished by the water injection signal recorded in

the acquisition card.

Table 8.5. Operating conditions

Speed [r/min] 1500

O, volume fraction [%] 45~55
Compression Ratio] 10.512.5
Intake pressure [kPa] 72-101

Water injection duration [ms] 1-7
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Injected water Temperature [C] 120

8.3.1 Effect of the intake pressure on the combustion and emission
There are two working fluids in the ICRC engine. One is the mixture g&s3GR

and fuel) inhaled in the intake stroke, and the other is the water injected near the
top dead center. Both influence the performancedaemission of the ICRC engine.
Moreover, it is convenient for the ICRC engine to change its intake pressure during
the operation because a closed inlet system is employed in the ICRC engine. Hence,
the effect of the intake pressurdlj on the combustion d emission are examined

in this section. The engine speed was set to 1500 r/min with an ignition angle of
35CA BTDC. The water injection pressure was 38MPa, and the water injection time
was 0°CA BTDC. The fuel mass was 52.7 mg, and the compressiovasafi0.5. The
oxygen volume fraction was 50%.

Fig.8.10 (a) shows the effect of different intake pressures on theyhnder
pressure without water ijection. The mass of the working fluid into the cylinder
increasa with the increase in intake pressure, and therefore theytinder pressure
under compression and expansion strakéigher under the higher intake pressure.
Moreover, the peak itylinda pressure increagewith the increase in intake
pressure. Oxygers excessive for fuel in the ICRC engine. Hence, when the fuel mass
is fixed, the mixture became richer with the decrease in the intake pressure and
intake charge, and the combustion ratecirase. Therefore, as shown ifable8.6,
the phase of the peak inylinder pressure advansevith the increase in the intake
pressure.Fig.8.10 (b), (c) and (d) show the -zylinder pressure comparison of dry
and water cycles under the different intake pressures. According to the previous
analysis, the combustion rate increaseith the increase in intake pressure, and
thereforethe in-cylinder temperature increase The evaporation rate of the injected
water increase due to the higher background temperature, and the more rapid
evaporation causea less negative impact of the water mist on the combustion
process[58]. Furthermore, more rapid evaporation of the injected water rapidly
increases the mass of the working fluid, and the-aylinder pressure increase

Hence,Fig.8.10 shows that the peak haylinder pressure and expansion pressure
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clearly increase as a result of the water injection under the lower intake pressure.
The increased proportion dhe peak incylinder pressure increasérom 0.5% (P=
101kPa) to 3% (B 72kPa)Table8.6 shows that the indicated work increas&om

825 J to 852 J (3.3%) due to the water injection under the 101 kPa intake pressure.
The increased proportion of the indicated wagimproved t05.4% when the intake
pressure deceaseto 72 kPa. However, the indicated work decreasath the
decrease in intake pressure because the mass of the working fluid into the cylinder

decreass.

—— P=101kPa
- - - P=82kPa

In-cylinder Pressure [MPa]

20 40
Crank Angle [°CA]

80

(a) Dry cycles under different intake pressure

6

In-cylinder Pressure [MPa]

6
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Crank Angle [°CA]

(b)P, = 101kPa

s
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Fig. 8.10 Effectof water injection on the ircylinder pressure under different intake

pressures
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Table 8.6 Combustion characteristics under different intake pressures

Intake preussre [kPa] 101 82 72
Water injection duration [ms] 0 1 0 1 0 1
Pmax [MPa] 5.78 5.81 5.18 5.25 5.06 5.22
.0t YIEO c/ ! 0 1 -1 0 -1.5 0
Wi [J] 825 852 742 779 720 765

Fig.8.11 (a) illustrates the indicated work of the water and dry cycles under
different intake pressures. In the dry cycles (water injection duration = 0 ms), the
mass of the intake charge decreaseith the decrease in the intake pressure, and
the indicated work decrease Water injection increases the mass of the working
fluid in the cylinder, and the indicated work increases. The indicated work inease
under the 82 kPa intake pressure and reachemaximum (785 J) when the water
injection duration increasefrom 1 ms to 3 ms. The indicated work decreaaden
the water injection duration increasefrom 3 ms to 7 ms because excess water
cause significant negative effects on the combustion proce¥g¢hen the intake
pressure was 72 kPa, the indicated work terd first rise then fall as the water
injection duration increas® identical to that under the 82 kPa intake pressure
operation condition. An optimal water injection duration for the highasticated
work exiss in those two cases. It is interesting that the optimal indicated work of 72
kPa (786J, 5ms¥ more than the optimal indicated work of 82 kPa (785J, 3ms),
although the mass of the intake charge under the 72 kPa intake pressessthan
the mass under the 82 kPa intake pressure. This occurred because the negative
compression work decreas as the intake pressure decreases. Moreover, as
mentioned before, the mixture gas became richer and the combustion temperature
increases wnder thelower intake pressure, and therefore the indicated work desive
from water evaporation increaseas the incylinder temperature increase The

supplement of the working fluid through water injection can avoid the increase in
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the negative compression work ian ICRC engine, and therefore higher indicated
work and thermal efficiency can be obtained under lower intake pressures.
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(a)indicated work (b) HC/NOx emission

Fig. 8.11 Effect of water injection otthe indicated workand HC/NOx emissiamder

different intake pressure

Fig.8.11 (b) shows the HC/NOx emission undefatiént intake pressures in the
ICRC engine. In the ideal state, NOx emission should not existinebxypmbustion.
The reason is that the purity of industriab @nd CQ production employed in the
experiment is approximately 99%, and the remaining gas is mawlyMith the
increase in the water injection duration, more injected water evaporates and
absorbs more heat energy, and the-aglinder temperature therefore deceses.
Temperature is the main factor for NOx formation; hence, an increased water
injection duration will lead to lower NOx emissions. Furthermore, more injected
water increases the probability of local incomplete combustion and leads to higher
HC emissiost As mentioned before, the Fuel/ L£Q) ratio increases and the
combustion temperature is higher under low intake pressures. Hence, HC emissions
decrease and NOx emissions increase as the intake pressure decreases. However,
compared with the HC emissisnthe NOx emissions remain low because injected

water effectively reduces the iaylinder temperature.

8.3.2 Effect of oxygen concentration on the combustion and emission
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One of the most significant differences in ICRC engines is that oxygen and EGR

replaces air as the intake charge and oxidant. Therefore, an ICRC engine can control

the oxygen concentration of intake charge conveniently, which offers another

approach to effectively control the combustion compared to conventional engines.

Moreover, water mjection integrated with oxyfuel combustion is employed in ICRC

engines, and therefore the combus

tion characteristics of ICRC engines are also

different from oxygerenriched combustion. In this section, the effects of oxygen

concentration on the charactatics of the combustion and emissions for an ICRC

engine are investigated, and the OF value was employed to indicate the oxygen

volume fraction.
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Fig. 8.12 Effectof oxygen concentratiolon the incylinder pressure under different

spark timings (dry cycle)
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Fig.8.12 shows the effects of oxygen concentration on thecylinder pressure
under different spark timings (dry cycle). The engine speed was set to 1500 r/min
with ignition angles at 1:835°CA BTDC. The fuel mass was 49.7 mg. The compression
ratio was 10.5, andhe intake pressure was 101 kPfig.8.12 shows that the
in-cylinder pressure under air combusti@higher than the pressure under oyel
combustio before the spark ignition because the components of the intake charge
under oxyfuel combustionare oxygen and carbon dioxide. Carbon dioxide is a
triatomic molecule and has lower specific heat ratio (k = 1.33) than nitrogen
(diatomic molecule, k = 1.4@) air. Hence, the compression pressure of the oxygen
and carbon dioxide mixtures lower than the pressure of air as the intake charge.
Moreover, the combustion rate and the peakdglinder pressure increasas the
oxygen volume fraction increased. Tpeak incylinder pressure increasé&rom 3.36

MPa (air) to 4.32 MPa (OF=50%) under the 10°CA BTDC spark ignition timing.
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Fig. 8.13 Effect of oxygen concentration aime combustionunder different spark

timing (dry cycle)

Fig. 8.13 (a) shows the effect of the oxygen concentratiam the peak
in-cylinder pressure and the corresponding phase under different spark timings (dry
cycle). The peak ioylinder pressure under oXyiel combustionis higher than the
pressure of air combustion and increas&s the oxygen volume fraction increase
because the reaction rate and flame propagation speed undeffuadycombustion
are faster, and the heat release rate derived from the fuel combustion therefore
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increases. The trend in the faster combustion rate reases as the oxygen volume
fraction increase. Hence, the phase of the peakaglinder pressure advansas the
oxygen volume fraction increaseFig. 8.13 (b) shows the effect of the oxygen
concentration on the rate of pressure rise and corresponding phase under different
spark timings (dry cycle). It can be seen that the increased combustion rate under
the higher oxygen volume fraction cagséhe maxmum pressure rise rate to
increase, and the phase of the maximum pressureisaéso advanced.

Fig. 8.14 shows the effect of the oxygen concentration on thecylinder
pressure in the dry and water cycles. Thegime speed was set tb500r/min with
an ignition angleof 35°CA BTDCThe water injection pressure was 38 MPa, and the
water injection duration wa 3ms. The water injection time was®®AATDCand the
water injection temperature was 120. The fuel mass was 52.7 mg, the compression
ratio was 10.5, and the intake pressure was 101 KHg.8.14 shows that the
combustion rate increases under the dry cycle as the oxygen volume fraction
increases. Therefore, the-twylinder temperature increases under the higher oxygen
volume fraction, and thevapordion rate of the injected water increasesith fewer
negative effect on the combustion procesd-urthermore the increase in water
vapor increassthe mass of the working fluid more rapidly due to the more rapid
evaporation process, which increastihe in-cylinder pressure and indicated work.
Hence, as shown in the Figure 12, thecylinder pressure during the expansion
stroke increases as oxygen volume fraction increases. Feginder pressure in the
Figure 11 is derived from theveragepressure of B cycles Hence,tiis noteworthy
that the incylinder pressure of the water injection cycle from the start of
combustion to TDC is lower than that of the dry cycle for all cases, which is because
the residual water fronthe last cycle results moderatdbe combustion process of
the next cycle.

Fig.8.15(a) shows the effect of the oxygen concentration on the indicated work
of the ICRC engin&nginespeed was set td 500 r/min with an ignition angleof

35°CA BTDCThe water injection pressure was 38MPa, and the water injection
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duration was 3 ms. The water injection time wasWUA ATDC and the water
injection temperature was 12G. The fuel mass wa25/ mg, compression ratio was
10.5, and the intake pressure was 101kPa. As showkigrB.15(a), the indicated
work of the oxyfuel combustion (dry and water cycles, more than 792J) is more than
the indicatedwork of the air combustion (768J, fuel mass 49.7mg; 786J, fuel mass
52.7mg), because the fuel masseiscess/e and unable to b@xidizedcompletely
under air combustionwhereas there was sufficient oxygen to completely combust
the fuel under oxyfuel combustion and thereforethe greater release oheat
increases the indicated work because more fuel is burned. Tmebastion rate
increaseswith the higher oxygen volume fraction, and the negative compression
work increases, and therefore the indicated work of the dry cyéth a 49.7mg fuel
mass decreas&éom 813J to 792J when the oxygen volume fraction increases from
50% to 60%. However, ¢himprovement of water injection to the indicated work
increases as the oxygen fractimolume increases. §peciallyunder larger water
injection duration (37ms), the indicated work for the 60% oxygen volume fraction is
evengreater than the indicated wdrfor the 50% oxygen volume fractiohhisis a
result of the higher incylinder temperature obtains under higher oxygen volume
fraction and the more rapider combustion rate, and the injected water evaporates
more rapidly with asmallernegative impact orthe combustion process. Moreover,
more working fluid is added into the cylinder near the top dead center and the
indicated work increases. It can also be seen inRlge8.15 (a) that optimal water
injection duration for the bestndicated workexistsunder the two oxygen volume
fraction conditions and the optimal injection duration increases as the oxygen
volume fraction increass. The Hame propagation speed and the #tylinder
temperature increase under the higher oxygen voluiraetion. Therefore, a greater
water injection mass can bendured and employed to add to the mass of the
working fluid when the oxygen volume fraction increases, #rel indicated work

will increaseThe indicated work and ITE of water cycle (OF=6@2.7 mg) increase

by 9% (from 823J to 896J) and 2.#&spectively,compared tothe dry cycle, and
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increase by 14% (from 786J to 896J) and 4r&¥pectively,compared tothe air

combustion cycle .
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Fig. 8.14 Effect of the oxygen concentration on the-dglinder pressure of the ICRC

engine (dry and water cycles)
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Fig. 8.15 Effect of oxygen concentration dhe indicated work and HC/N@mission

of ICRC engin@ir, dry and water cycl®

Fig.8.15(b) shows the HC/NOx emissions under different oxygen concentrations.
The operation condition is the same as the condition in #ig.8.15(a). Fuel was
burned more completely under the higher oxygen volume fraction, and the HC

emissions decrease therefore e oxygenvolume fraction increases. HC emissions
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decrease from 585 ppm to 513 ppdue to the increase in the oxygen volume
fraction, when the water injection duration is 3ms. Antioned before, a higher
oxygen volume fraction means a higherciylinder combustion temperatureyhich
is the key for the formation of NOx. Hence, the N@missions increase when the

oxygen volume fraction increase

8.3.3 Effect of the compression ratio on the combustion and emission
Fig.8.16 shows the effect of compression ratio (CR) on theyilinder pressure

and pressure rise rate (water cycle). Engine speed was set to 1500 r/min with an
ignition angle of 25°CA BTDC. The waigection pressure was 35MPa, and the
water injection duration was 3ms. The water injection time was 10°CA ATDC, and the
water injection temperature was 120°C. The oxygen volume fraction was 50% and
the intake pressure was 101kPa. As shown inRlge8.16 and Table8.7, the peak
in-cylinder presswr increases and the phase of the combustion advances as the
compression ratio increases. Because thecyilinder pressure and temperature
increase as the compression ratio increases, and the ignition delay of the fuel is
shortened and the speed of flameqgpagation increases. It can be also seen in the
Fig.8.16 (b) that the pressure rise rate increases when compression ratio increases,

and correspondinghase also advances.

Pressure [MPa]
dP/do [MPa/°CA]

Crank Angel [°CA] Crank Angel [°CA]

(c)In-cylinder pressure (d) Pressure rise rate
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Fig. 8.16 Effect of compressiomatio on the in-cylinder pressure and pressure rise

rate (water cycle)

Table 8.7 Combustion characteristics under different compression ratios

Compression ratio-| 10.5 11.6 12.5
Pmax[MPa] 5.73 6.09 6.70
. 6t Y[FCAAKTDEL 7.5 7.0 5.5
(dP/df )max [MP&l CA 0.2 0.22 0.26
. (@P/d} Ymax) [MPal TA 2.5 4.5 -9

Fig.8.17 shows the effect of compression ratio (CR)tba in-cylinder pressure
and the indicated work of dry and water cycles. The operation condition is the same
as the operation condition ofFig. 8.16. As shown inFig. 8.17(a), (b), (c), the
in-cylinder pressure of water cycle is tlaweragepressure of 5@ycles Hence the
in-cylinder pressure of the water injection cycle frahe start of the combustiorto
TDC is lower than that of the dry cycle for all cases, which is because the residual
water from last cycle results moderates the combustion process of the next tycle.
can been found from thé&ig.8.17(a), (b), (c) that the effect of the residual water on
the combustion process of the next cycle becomes less as the compression ratio
increasesWhen the compression ratio is 12.5, thedglinder pressures of the dry
and water cycles under compression stroke are alnmshcidence because the
negativeimpact of the residual water reduces due to highexcylindertemperature
and pressure under higher compression raag.8.17(d) shows the effect of water
injection on the indicated work undedifferent compression ratios. The indicated
work with CR =11.6(dry cycle) is larger than the indicateckwith CR =10.5 (dry
cycle) because the peak-aylinder pressure increases as the compresgiatio
increases. But thendicated work (dry cycle) decreases when compression ratio
increases from 11.6 to 12.5. It is because that the negative compressiok w

increases under higher compression ratio, which leads to the decrease in the
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indicated work. However, the indicated work of water cycle increases much
obviously as the compression ratio increas&ater injection andevaporation
process starts near thop dead center, and therefore the water vapor can add to
the mass of the working fluid directly under expansion stroke without the negative
compression workThe higher pressure angtmperature environmenunder higher
compression ratio are anducive tothe evaporation of waterwith less negative
impact oncombustion and also increasthe working capacity of water vapoHence,

the indicatedwork increasesThe indicated work increases by 12.4% due to water

injection when compression ratio is 12.5.
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Fig. 8.17 Effect of the compression ratio on the-aylinder pressure and indicated

work (dry and water cycles)
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Fig.8.18(a) shows the effect of the water injection on tireerementof the indicated
work under different compression ratios. The indicated work increases much
obviouslyas thecompressiorratio increases. Theacrementof the indicatedwork
increases from 2.7% (CR =10.5) to 12.4% (CR =12.4%), compared to-thel oxy
combustion cycle. Mover, the ITE under water cycle (5ms, CR=12.5) is increased
by 4.9%, ompared tothe air combustion cycldJnder the operation condition with

the low compressiorratio (CR =10.5), the injected water has more negative effect on
the combustion process dueto the lower combustion rate and {oylinder
temperature Therefore, the indicated work decreases as the water injection
duration increases. But under higher compression ratio (11.6, 12.5)négative
effect of the water injection on combustion processctleases because the speed of
flame propagationand incylinder temperature increases under high compression
ratio. Moreover, the work derived from water evaporation increases. Hence, the
indicated work increases when the injected water mass incregseperly. But
excessive water is injected into the cylinder, thecylindertemperature decreases
sharply and the indicated work decreases. The optimal water injection duration
exists under different compression ratios, and the optimal water injection dumatio
increases as the compression ratiacreases It shows that more water can be
injected into cylinder to increase the mass of the working fluid under higher
compression ratio, and the indicated work and thermal efficiency therefore
improved.

Fig.8.18(b) shows the H@nd NOx emissions under different compression ratios.
According to theprevious analysis the incylinder temperature and pressure are
higher underhighercompression ratio, and watexvaporatedmore rapidly with less
negative effect on flamepropagation Hence, the HC emissions decrease as
compression ratio increases. Moreover, more temparatmeans the formation of
more NOx emissions, and the NOx emissions increase therefore as compression ratio

increases. HoweveNOXx emissiosistay under low level
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Fig. 8.18 Effect of water injection on the increment of indicated workand the

HC/NO»emissiors under different compression ratios

8.3.4 Effect of the water injection on the engine stability
Water is usually consideredfor the fire suppressantbecause it candilute

oxidantgasand reduce temperatureeffectively. Whereas Excessive water injection
mass may lead to violentyclic variationin THE ICRC engine, evangine flameout
Moreover, according to the previouanalysis the higherload and temperature,
which may lead to rough operation, apeopitiousfor the work of the injected water.
And the water injection is therefore needed in ICRC engine to control the fast
combustionrate of the oxyfuel combustion Hence, the investigatioof the effect of
water injection on the engine stability isnportant in ICRC engine. The COV
(coefficient ofvariation) value of IMEPRr{dicated mean effective pressyrés usually
employed toindicatethe cyclic variation of the engir{&é9], and it can bexpressed

( 1
COV,p =100% 20-1

4" (IMER- IVEP) )*?
IMEP (8.9)

where COWyepis the COWalue,IMERis theIMEPvalueofi cycle, and IMEP s the
averagelMEPvalue ofn cycles.

Fig.8.19 shows the effect of the water injection aime engine stability under
different loads.Fig.8.19(a) showsthat the COWep value of the dry cycle is 4.7%

under higher load, while th€OWepof water cycle decreases to 3.3%, because the
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water injection reduces the #ylinder temperature and controls the rapid
combustion rate. As is shown the Fig.8.19(b), the cyclic variation reduces under
the low load, and theCOWepvalue (1.2%) is less than tlE\Wepvalueof high load.
Compared with the high load, the-sylinder temperature is lower under the low
load, and water injection therefore has more negative effect on the combustion and
flame propagationprocess. Hence, thEOWepof the water cycle is more thathe

COWyepof the dry cycle under the low load.
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Fig. 8.19 Effect of water injection on thengine stabilityunder different loads

Fig. 8.20 shows the effect of watelinjection on the cyclic variation under
different fuel injection masses. Thengine speed was set to 1500 r/min witn
ignition angleof 30°CA BTDCThe wvater injedion pressure was &Pa. The vater
injection time was 10°CA ATDC and water injection temperature was 1J0f€.
oxygen volume fraction was0%0 and intake pressure was 101kFay.8.20 shows
that water injection can reduce theCOWep value. With 47.9mg fuel mass, the
COWuepVvalue decreases from 1.7% to 0.5% when the wabejection duration
increases from Oms to 3m¥Vhen water injection duration increases from 3ms to
7ms, theCOWyep value also increases because the excessive water injection mass
has more negative effect on the combustion process. More fuel mass lead to more
heat release, whiclleads to the engine operatn roughnessHence, theCOWep

value increases with the increase of fuel mdsgrthermore it is shown in theFig.
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8.20 that the water injection duration for the optimaCOWep value with 52.9mg
(5ms) is more than that for the optim&@lOWepvalue with 49.7mg (3ms). The reason
is that more heat release with more fuel mass means higheylimder temperature,
and the water ingction mass for the control of the combustion process increases

correspondingy.
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Fig. 8.20 Effect of water injection on thengine stabilityunder different fuel masses

Fig. 8.21 shows the effect of oxygen concentration dhe engine stability.
Engine speed was set to 1500 r/min widm ignition angleof 35CCA BTDCThe
compression ratio is 10.5, and the fuel mass is 52. ¥vafer injection pressure was
38MPa. The water injection time was 10°CA ATDC and water injection temperature
was 120°CThe ntake pressure was 101kP&hen the OF value is 50%, more water
injection duration can control the rapid combustion rate of the dxgl combustion
when water injection mass is less-3ins), and theCOWep value decreases from
2.68% (1ms) to 1.46% (3ms). But the watgection durationincrease from 3ms to
7ms, more waternjection mass lead to bafiame propagationand enginestability.
Therefore, the COWep value increases to 1.7% when watatection duration
increases to 7msThe incylinder temperature and combustion rate increases as

oxygen volume fraction increaseblore water is needed to control combustion
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process, and theCOWep value decreases with the increase of oxygen volume
fraction. The COWepvalue with OF =60% is even less than @@Wepvalue of OF

=50%whenwater injection duration is 7ms.
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Fig. 8.21 Effect of the water injection on thengine stabilityunder different oxygen

concentrations

Fig. 8.22 shows the effect of the compression ratio d@he engine stability. The
engine speed was set to 1500 r/min wid#m ignition angleof 25CA BTDCThe fuel
mass is 52.7mg. Theater injection pessure was 8MPa.The water injection time
was 10°CA ATDC and water injection temperature was 120t&ke pressure was
101kPaAs is shown in th&ig.8.22, in general the COWepVvalue increases as the
compression ratio increase. Howeveamen compression ratio decreases to 11.6 and
10.5, the excessive water injection mass has more negative effect on combustion
process. Hence, undéhesetwo operation conditions, theCOWepvalue increases

as the waterinjection duration increases (from 5ms to 7ms), due to thegative
effect on combustion of the excessive water injection mass. Moreover, the optimal
water injection duration for theleast COWep value increasess thecompression

ratio increases
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Fig. 8.22 Effect of the water injection on theengine stabilityunder different

compression ratios

8.3.5 Effect of the working fluid temperature  on the ICRC engine
The data derived from experiments of the frggtneration ICRC test system are

investigatedin this part. The engine was started with intake of air and changed to
oxyfuel model after synchronized with the eddy current dynamometer, and run
about 3 minutes to keep stable before any measurements were carried out. The
operating conditions are listed ifable 8.8. One hundred cycles, including 50
continuous water injection cycles, were collected for each condition. Water injection
cycles and no water injectiorycles (dry cycles) were distinguished by water injection
signal recorded in the acquisition card. Indicator diagram and combustion
parameters were drawn from the cylinder pressure to study the combustion
characteristics of each test condition.

The combustion process of ICRC engine under different injetgioperatures
is investigatel by analyzingin-cylinder pressure.The fuel injection maswwas
adjustedby changingnjection duration, and thefuel injection durationof the three
groups of drycycles i2.5ms(case 1)2.7ms(case 2)2.9ms(case 3) respectivelfig.
8.23 shows the PV diagram ofthe three cases andTable 8.9 lists some
representative combustion characteristics In the experiments, the #ylinder
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pressures are more than 2 MPa when water is injected at top dead center (shown in
Fig.8.23). These ircylinder pressuresire more than saturated vapor pressig®ef
water at 20C ~12E Cin the experimentslt means that water is liquid wheit is

just injected into the cylinder.

Table 8.8 Operatingconditions

Speed (r/min) 2400
02 volume fraction (%) 50
Ignition timing ("CA BTDC) 30
Water Injection timing (‘CA BTDC) 0
Water Injection pressure (MPa) 22
Throttle position (%) 15
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Fig. 8.23 Effed of the working fluid temperatureon the in-cylinder pressure
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The fuel injection mass of case 1 is least among the three cases. Bebause t
engine rurs unsteadilyand misfire happendrequently when the water injection
temperature is20°C, only results with 8°C and 120°C water injectiontemperatures
are showed irFig.8.23(a). As seen irFig.8.23(a), the peak ircylinder pressure of dry
cycles is lower than the ones of the other two cases amtly 3.80 MPa. The
in-cylinder pressurelrops obviouslyin water injections cyclesicontrast to thedry
cycles, but IMEPemairs same or even higher because the evaporation of the
injected water increases the mass of working gas inside the cyliktigher water
injection temperatureleads to rapider evaporation of water mist, whicboes less
negative impact on the combustion procefs3]. Therefore, the peak ircylinder

pressurerises from3.10 MPa to 3.35 MPa when,increases from @Cto 120°C

Table 8.9 Operating conditions

Parameter Case 1 Case 2 Case 3
Fuel injection
2.5 2.7 2.9

duration (ms)
Water injection

0 0.4 0 0.4 0 0.4
duration (ms)
Tw (C) _ 20 | 80 | 120 | _ 20 | 80 | 120 | _ 20 | 80 | 120
Prax(MPa) 380 _ |3.10)|335(397)|3.48(3.54|3.92|14.09|3.93|4.13(4.32
Ppmax(‘CA) 364 | _ | 373|371 362 373|372 369 | 361 | 369 | 368 | 367
(dPrd 6) [0.21 0.101 0.11} 0.23] 0.13| 0.13| 0.16( 0.25] 0.17 | 0.18 | 0.20
(MPa) 7| " 8 9 8 3 5 9 2 1 3 2
@car/ ddTA x| 353 _ 358 | 357 | 351 | 359 | 357 | 356 | 349 | 357 | 356 | 355
IMEP MP& 0.65| _ |0.65|067|068]|0.70(0.71]0.74]1 0.70| 0.72] 0.76 | 0.78

According to theFig.8.23(a)and Table8.9, the incylinder pressure rise ratean
be controlled as water is ilgcted into the cylinder during the combustion process,
and the peak ircylinder pressure rise rate decrease$ectivelyfrom 0.217 MPa to
about 0.11 MPaBesidesthe combustion phasing is retardad water injection
cycles and thgghenomenonof retard combustion phasing is morebviousunder
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lower water injection temperature conditiont is noteworthy thatthe in-cylinder
pressure of the water injection cycteom combustion start torDC is lower than that
of the dry cycle for all cases, whith becase theresidualwater from last cycle
resultsmoderates the combustion process of the next cycle.

More fuel injection mass ismployed in case Z-ig.8.23(b) shows that he peak
in-cylinder pressureof both the dry and thewater injection cycle are significantly
increased in case ZThe side effectof water injection to he peak incylinder
pressures reduces as fuel mass increasespdeially when water injection
temperature is 12€C, the peak iacylinder pressur@f water injection cycles reaches
to 3.92MPa, which is almost same to that in dry cyttlés alsoclear from the PV
diagram tha the water injection cyclehas a higher wtylinder pressureduring
expansion strokeHence the IMEPof water injection cyclesre increased compared
with the dry cycle The IMEP increases as water injection temperature increases and
reaches td).74MPaunder 120°Cwater injection temperature condition.

Fig.8.23(c) shows case 3 where IMEP of the dry cycle is increased@1@a,
and the water injedbn process no longer has side effects on the peagyimder
pressure The peak ircylinder pressurge of water injection cycles are higher than
that of dry cycles whenylare 8°C and 120°CTheincrease of fuel mass results in
higher incylinder temperature. Theevaporation of water mist becomes much
rapider under higher background temperature, which has less negative effect on
combustion. Bsides the supplementof rapiderevaporatng water vapo to working
fluid causes the pealn-cylinder pressureand pressure rise rat®o rise, and higher
peak incylinder pressure meankrger areaof indicator diagram Therefore, it is
seen fromTable8.9 that higher engine load and water injection temperatueads
to higher peak ircylinder pressure and IMEPurthermore, the phase of peak
in-cylinder pressure and pressure rise rate ae¢garded more obviously as water
injection temperaturedecrea®s.

Fig.8.24 shows that the comparison betweendicated work and IT&f casel, 2,

3 with different water injection temperaturesAs shown irthe figure 7, thendicated
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work increases but indicated thermo efficiency (IdEgreasesn the dry cycles as
fuel injection duration increases. Thathecausemore fuel mass and higher engine
load meangncreased heat loss through higher temperature of the exhaustagals
cylinder wall whenthe engine speedand expansion ratio remains the samath
more fuel mass. The injected water catilize this heateffectivelyand increase the
mass of the working fid. Hencethe heat from the extra fuel can beonvered to
the indicated work by using injected water. As mentioned beforkigher
temperature injected water can increase the mass of the working fluid with less
negative effect on the combustion procedberefore the indicated work and ITE of
water cycles is more than these of dry cycle&im8.24. In addition it is also seen in
the Fig.8.24 that higher water injection temperatureontributes to enhancethe

indicated work and ITE.
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Fig. 8.24 Comparison othe indicated work and ITE between dry cycle and water
injection cycle

Fig.8.25 shows the effect of water injection temperature on the increment of
ITEunder differentwater injectiondurations.Theincrement of ITE is the ITikcrease
compared with the dry cycles due to water injection in the combustion process. It is

seen inFig.8.25 that water injectionleads to the increaseof ITE in all operating

conditions. The increment of ITE decreases as water injection duration increases
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when T, = 2. That is becausthat more low £mperature water intocylinderis
hard to evaporatepromptly so thatcombustion process idfacted by water mist. It
also can be seen frorRig.8.25 that more water injection temperature igropitious
to increase indicated thermo efficiency. The increment of ITE clappsar tohave
a trend of rise first then falunder 8°C and 12°C water injection temperature
condition, and an optimal injection duration for the best B¥st in these two cases.
When water injection temperature is high and injection massuisable more water
into cylindercontributes mainly tothe increase of the wrking gas (water vapognd
have relatively little negative influence on combustion process and -gylinder
temperature, whichleads to higher ITE. Annflection point, which isoptimal
injection duration for the besindicated thermal efficiency is reached with the
increase of watelinjection mass. After theinflection point, the negative effect of
water injectionoccupiesmore important placewith the increase of water injection
mass, and it causes the ITE decreases after the inflection psimtater injection
duration increases. In additioit,is alsoobservedthat the optimal injection duration

for the best indicated thermal efficiency improves with the increase of water

temperature.
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Fig. 8.25 Hfect of water injection temperature on the increment of ITE under

different water injection duratios (IMEP of dry cycle®70MPa
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The incylinder temperaturs in Fig. 8.23 were calculated by using one
dimensional modeland the inrcylinder temperature at the water injection timing
was evaluatal from the incylinder pressure. The ITE (mfuel=2.5ms, water injactio
temperature = 2@C) isnot shown due to bad engirgability. Fig.8.23 showsthat
both of two working fluild (water and original working gas) temperatures can
increase work. According to the previoasalysis the evaporation speed of the
injected water increases due toigher water injection temperature and heylinder
temperature. Hace, the work derived from the injected watéocuses on TDC.
Moreover, erformanceability of the injected water increasesherefore, the work
increases.
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Fig. 8.26 Hfect of the working fluidtemperature on the increment ahe work

The exhaust gas analyzers manufactured by Combustion company (Model:
HFR500 and CLD500) is used here to measure transient emissions of HC afig.NOX.
8.27 is the emission lines of 5 continuous el combustion cycles, and it is clear
from the water injection signal that the first cycle is a dry cycle, and the other four

cycles are water injection cycles.
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The NQ line indicates that the NQemissions of the dry cyclare around
800ppm, which is an abnormal phenomenon considering the fact that this is an
oxy-fuel combustion cycle. The reason for this result may be the leakage of the
intake pipe line, or theesidual N in the intake charge. The,@nd CQ@bought has a
purity of 99%, and the residual gas is mainjyalthough the Mconcentration in the
intake is very low, due to the much higher oxygen concentration and the high
combustion temperature, the geent conversion of NOwill be much higher than
that of air. When water is injected, the -gsylinder temperature is effectively
decreased. Since high temperature is a decisive factor for the formation QfiN®
seen in the four water injection cycléisat the NQ emission of the water injection
cycle is kept at a very low level.

The HC emission, on the other hand, has an opposite result compared with the
NG, emissions. The HC emission of the first cycle is quite low since the high oxygen

concentrationguarantees a complete combustion of the fuel injected.
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Fig. 8.27 Emis®on characteristics of oxfuel combustion cycle with water injection

However, the HC emission increases significantly when watejeisted. The
reason for this is that the water mist injected has strong negative effects of the flame
propagation, and may cause quench of the flame near top dead center. The

incomplete combustion will cause an increase in the HC emission.
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The HC emission of water injection cycles ishown in Fig. 8.28. Higher
temperatureinjected water can evaporate more rapidly, which leads to less negative
effect on combustion processRelatively stablecombustion environment and
smooth flame propagatiorelp the oxidation process of hydrocarbangherefore,

HC emission decreases as the water injection temperature increases. In addigon, t
increase of the fuel mass means highecytinder temperature, which results in the

faster flamepropagationand water mist evaporation speed. The HC emission is
667ppm when fuel injection duration reaches 2.9ms and water injection

temperature reaches 12G.
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Fig. 8.28 Hfect of water injection temperature otiC emissiomnder different fuel

injection durations (water Injection duration = 0.4ms)

In the ideal stateNOx emission should neixistin oxyfuel combustion, but NOx
emissionin the dry cycles is even a little higher theanventionalengine.The reason
is that the purity of industrial Q and CQproductionisabout99%, the remaining gas
is mainly M. Although N concentration in the intake is very low, due to the much
higher oxygen concentration and high combustion temperature, the production

rate of NOxis much higher than that of airHowever, vater injection candecrease
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the incylindertemperature which is the key of NOproduction Hence,the NOx

emission of the water injection cycleless.

Fig. 8.29 illustrates that the effect of water injection temperature on NOx
emission under different fuel injection duration$he trend of NOx emissianins
counter to theHC emission. More water irggon temperature and fuel injection
mass, which means higher-aylinder temperature, leads to higher NOx emission.
However, Compared with HC emission, NOx emissi@ys under lower level
becauseinjected water reduces naylinder temperature.ln these hree operating
conditions, themaximum of NOx emission is only 100ppm when fuel injection

duration is 2.9ms and water injection temperature is 120
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Fig. 8.29 Hfect of water injection temperature otNOxemission under different fuel

injection durations (water Injection duration = 0.4ms)

8.4 Thermal efficiency boundary analysis of an internal combustion

Rankine cycle engine
8.4.1 Effect of the working fluid temperature on the ICRC engine
The injected water is heated by exhaust gas in an ICRC engine. Thiisathe

temperature of the injected water isdetermined by the heat exchange between
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exhaustgasesand injected water, and the exhaust gases heat exchanger is focused
in thischapter.

Heat exchangers are frequently characterized by construction features. Four
major construction types are tubular, platgpe, extended surface and regenerative
exchangersAmong them,Tubular exchangers can be designed for hgbssures
relative to the enwonment and higppr essur e di erences bet we
Tubular exchangers are utilized primarily for ligtodiquid and liquidto-phase
changeheat transfer applicationf0]. In an ICRC heat exchange system, cold flow is
the injected water under high pressure. Hence, the heat exchanger of tubular type is
suitable for this applicatiorSheltand-tube exchanger asone of he most commonly
usedtubular heat exchanger, extensively useth industryfor the following reasons
simple constructionwide applicéion to various working conditionandlow cost[20].
Therefore, a shelind tube exchanger with 1 shell pa&s shell passepresentedin
Fig.8.30 is selectedand designed for the heat exchange between exhaust gas and

injected water in ICRC engine.
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Fig. 8.30 Schematic diagram of th&helland-tube exchanger in ICRC engine

Based on the outputsf ideal thermodynamic analysis of the ICRC engine cycle,
parametess and overall heat transfecoefficientof heat exchanger were designed

anddeterminedin this part.
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According toheat transferequation andheat balancg61], heat and the outlet

temperature of exhaust gas can belved

1 +Q3 V4 (8.10)

\Z| I I (8.11)
h h h h

1 1 B 27V Yy =1 D Oy Y (8.12)

where K is overall heat transfer coefficieri, is heat transfer areand Y'Y is
logarithmic mean temperaturaifference Th e s u bvs and ‘ig’ mlésignatethe
water andexhaustgas espectively & is mass flow rate and Cspecific heat

Heat transfer area could bdeterminedassuminga reasonableK through Eq.
(8.10). The selection of both outside and inside tube diameters refers to common
high pressure oil pipes (6mm and 3mm respectivd8y) means oheat transfer area
value,the preliminary desigrmparametersof heat exchanger, including tubes number
(N), tubes lengthly, tubes center distancgPt), baffle spacing () and shell diameter
(D), could bedetermined

Tube side heat transfer coefficient could be calculatedfrom the plot of heat

transferfactor (jn) and ReynoldsNumber presentedy Kern[61], as shown:
L - 5 7
E Q3—-0— o— 8 (8.13
wherek is fluid thermal conductivityG, is fluid specific heat and is fluid viscosity
at the water temperature (witrsubscript‘'w’) and wall temperature (witlsubscript
‘wall’).

Assuming constant specific heat in the shell sideynolds Numbeand the

shell sideheattransfercoefficientcould becalculatel as followind61]:

E m@oYe® »ifo— 8 (8.14)
vy 22 (8.15)
where u, ” and Pr are flow rate, density and Prandtl numberd, is equivalent

diameterof tubes. Huivalent diameteiof tubesarray(de) in thesquarearrangement

is calculatedwvith the following equation

o)

A — (8.16)
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An overall heat toula Ibesdérieed franothee fcdnvectivee n t
heat transfer coefficients of shell and tube side, together with the heat conduction

resistance of tube wall, as followifig2]:

( (8.17)

- — — -

Finally the calculation value of overall heatansfer coefficient KIQ is to be
compared to theassumed valugH) in Eq.(8.10), and design is considered to be
feasibleif HQs greater thanH. Qherwise asmallerH value will beassignedand a

single iterationwill be continued.

8.4.2 Boundary conditions
The initial conditions, assumpins, and constraint conditions for calculating

ICRC engine thermodynamic modate listed in Table 8.10, and the @gine
parametersare listed inTable8.11.

Initial temperature, mtake composition water injection pressure and engine
parameters are set according to themious experiment$54]. The water injection
pressure(20MP3g is much higher than theaturated vapor pressuref water under
0°C~240Cand therefore watercan be maintained in the liquid statesefore
injection. Vdume fraction of Qis set to 45% because ¢€Ras strong side effect on
flame propagation, and lower oxygen concentration may resulinstability of
combustion process, especially when water is injeci@ifferent initial pressure and
water injection tenperature are chosen to investigate the effect of the parameters
on cycle performance. The assumptions of instantaneous water injection,
vaporization and mixing are nphysically realistic, butelpful to evaluatethe upper
boundary on the potential thermal efficiency of this cycle. Thecyimder
temperature at the state point 4, where the expansion stroke ends at BTDC, is set
larger than 330°C for two reasons: to keep the exhaust gas temperature higher
enough br the recycled water heating, and to keep the temperature of water vapor
above its dew point to avoid potential equipment damage due to droplet erosion.

Moreover, kefore the heat exchange verification procedure, the thermal efficiency
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of ICRC engine inases with the increase of the injected water temperatufée
numerator of thermal efficiency equationEg.(8.7)) includes not only the work from

fuel combustion builso the work from injected hot water, ardenominatoris the

heat from the fuel complete combustion. therefotbe thermal efficiency of ICRC
engine may increase to a too high value when the injected water temperature
increases immoderately, which is iogsible because the energy of water heating is
derived from exhaust gas and water temperature cannot be heated too high through
exhaust gas. Hence, in order to ensure the thermal efficiency calculation of ICRC
engine reasonable before the heat exchangesifieation procedure, the overall
thermal efficiency was set to be not more than the ideal thermal efficiency of Otto
cycle. The ideal thermal efficiency calculation of Otto cycle has no effect on the
thermal efficiency boundary calculation of ICRC engamg it just helps us to
remove some useless calculation points before heat exchange verification procedure.
The ideal thermal efficiency of Otto cycle can be calculated by equation 1&di@m
value of k=1.37 used in thevaluation and the value of thengine is about 63% in

this paper. Therefore hermal efficiencys set not larger thas3%

S P — (8.18)
Inputs for gasto-liquid heat exchanger design are bst in Table 8.12. The
temperatureand mass per cycle of exhaust gasculatedirom the enginemodelare
the inputs for heat exchanger desigmhe injected wateris heated through
gasto-liquid heat exchangeby exhaust gasand vater inlet temperatureis set to
ambient temperature300K The other parameter values are choselaboratelyso
that the heat exchanger could svailableunder most engine operation conditions

and the device structure is reasonable.

Table 8.10 Initial conditions, assumptions, and constraints

Initial conditions
Fuel CgHg

Initial temperature 20C
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Initial pressure

Intake composition
Compression ratio

Water injection temperature
Water injection pressure
Water injection mass
Water injection timing
Assumptions

Water injection duration
Water and air mixing

Water vaporization

Npump

Heat transfer to cylinder walls
Constrains

Temperature astate point 4

Thermal efficiency

0.3~1bar

45% Q, 55% CQ®
9.2~14

0C~240C

20MPa

20g- upper limit value

360CA

Instantaneous at 360°CA
Instantaneous at 360°CA
Instantaneous at 360°CA
50%

None

2330°C

¢65%

Table 8.11 Engine parameters

ltem Content

IC engine type Single cylinder Sl engir
Bore (mm) 56.5

Stroke (mm) 49.5

Compression ratio 9.2
Displacement (mL 124

Fuel type GHg

Table 8.12 Inputs for heat exchanger design

Item

Value

Exhaust gas inlet temperaturt Engine model output
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Water inlet temperature 26.85C

Water outlet temperature 160°C

Exhaust gas mass per cycle Engine model output
Injected water mass per cycli 100mg/cyc

Engine speed 6000rpm

8.4.3 Heat exchange verification
Water is heated through exhaust gas in an ICRC engine, andirtake

temperature of the injected waterdepends onthe performance of the heat
exchanger system. A high temperature of the injected watér not be able tobe
utilized when it caanot be obtained through the heat exchangdthougha higher
overall thermal efficiency of ICR&hgine may be reachedaccordingly Hence, the
verification of the injected water temperature is carried out in this part.

The design parameters of the heatolanger listed in

Table8.13, aredeterminedon the basis on &at exchanger design methodology

and inputs Table8.12),

Table 8.13 Design parameters of heat exchanger

Iltem Value

Heat transfer area 0.515m
Tube number 28
Tube length im
Tubes center distance 0.02m
Baffle spacing 0.05m

Shell diameter 0.2m

The effectivenesdiTU method is @onvenientapproachfor the existingheat
exchanger verificatiof63], and the inlet temperatures anchass flow rate of water
and exhaust gas undercertainoperation condition from the engine model are used

as inputs in the verification model.
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The number otransfer units (NTU) is a dimensionless parameter that is widely

used for heat exchanger analysis and is defineldals

0]

. 45 5

(8.19)

where 0 is derived from the design parameters of the heat exchanger, which has
beendeterminedin the previoussection By means oEq.(8.14), (8.15) and(8.16), K
could be calculated based on thwerification model inputs and the designed heat
exchamger parameters (listed iable8.13).

The effectiveness is defined as the ratio of thetual heat transfer to the
maximum possibleheat transfer, whichis defined by the maximum temperature
difference between the heat transfdtuids. Since cold fluid (water) has a greater
specific heathan hot fluid (exhaust gas), the effectiveness could also be expressed

as following63]:
R —— (820)
h h
The exchanger effectiveness could also be expressed asfunction of NTU
and heat capacity ratip and heat capacity raticand the effectiveness of 4 shell

pass2n tube passekeat exchangeare calculated with63]:

o)

¥
R cp # p # 70O S (8.22)

The calculation for the evaluation of thmutput temperatures of exhaust gas
and water (Y; and "Yy ) should be carried ouadopting an simple iterative
procedure.Thus, the calculation is carried oat two-steps.First, a calculationfor
Y, and Kis madeby assuming a outlet temperature of exhaust gasit the
second step,’Y; isobtained by solving Eq8.12), (8.19), (8.20), (8.21) and(8.22).
The iterative calculations terminatedwhen the calculated and assumed values of
Yy, reach the sameThe evaluated'Y is the highest temperature that the
injected water could be heated under this operation condition and watgction

mass.
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8.4.4 Results and discussions
Fig.8.31 illustratesthe relationship between engine exhaust gas temperature

and water/intake mass ratio under different water injection temperature. The
temperature of state point 4Kig.8.6) isindicated as exhaustgas temperature. Due
to oxyfuel combustion and whout considering heatoss in ideathermodynamic
model, the calculated exhaust gas temperature is higher than the exhaust
temperature of conventional engine. Engine exhaust gas temperature is the
temperature of haustgas inlet in the heat exchanger.g/Miuake iS the mass ratio
between injected water and intake charg@d Myaed/MiakeiS Set to 0 when there is
no water injection in the cycle (dry cycle).

1600

1400

1200

1000

800

600

400

Exhaust Gas Temperature ['C]

200 ) 1 : 1 . 1 . 1 ) 1 . 1 :
0.0 0.3 0.6 0.9 1.2 1.5 1.8 21

rn\\'aler/mimake [-]

Fig. 8.31 Engine exhaust gas temperatuwes.water/intake mass ratio under different

water injection temperature

Asseen inFig.8.31, the exhaust gas temperature of dry cycle (state point 4) is
near 1400C, which results irenergy loss through exhaust gdsjected water can
utilize combustion heaeffectivelyby increasig the mass of the working fluid in the
cylinder, and combustion heat could be converted int@ytinder pressure and work.
Hence,exhaustgas temperature decreases with the increase of water injection mass.
On the other hand besidesthe effective utilization of combustion heatrecycled
water could recover waste heat through exhaust gas heat exchakiigdrer water
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temperature means more heat energy recovery form tiehaustgas and more
specificenthalpy. According to E¢8.3) and (8.3), the inpressure and temperature

of state point 5 increase due to the increase of water enthalpy, which increases the
water vapor work (area 35-6-4 in Fig. 8.6) and is propitious to higher thermal
efficiency. Hence, thermal efficiency ehginecycle increases with the increase of
water injection temperature and mass as shownFig.8.32. But in an ICRC engine
water is heated through exhaust gas. The temperature of injected water cannot be
reached without otherassistedheating mehods if exhaust gas temperature is too
low or water injection mass is too large, and the thermal efficiency under this water
injection temperature and mass is\able tobe achievel. Hence, in order tensure

that the all energy of heating water from the xhaust gas, the temperatures of
injected water under different injection masses weralidated through the method
introduced in previous gction, and an overall thermatfficiencyboundary of ICRC
system wa®btainedand noted inFig.8.32 (red solid ling. As shown irFig.8.32, the
thermal eficiency above the thermal efficiency boundary is unable to be achieved

and the highest efficiency (about 56%ppears between160C and 200C.
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Fig. 8.32 Thermal efficiency boundary under different injecticlmperature

(2000rpm)
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Fig.8.33 demonstratesthe thermal efficiency bounday under different engine
speed(red/2000rpm, green/3000rpmand violet/4000rpm). As seen in th&ig.8.33,
higher thermal efficiency is achieved under higher water injectemperature and
more water injection massyithout regardng for the heat exchange between water
and exhaust gas. It is also shown that these three thermal efficiency boundaries are
calculated through heat exchangeerification and the overall thermal efficiency

boundary is higher under a lower engineesd.
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Fig. 8.33 Thermal efficiency boundaries under different engine speed

Table8.14 reports the parameters of heat exchange calculation process under
different engine speeds, and the table shows that there isag@rtional relationship
between mass flow rat®f exhaustgas and engine speett. should bealso noted
that the overall heat transfer coefficieid of heat exchanger increassightly with
the increase of engine speed, since the increasing mass flow rate under high engine
speed igoropitious tobiggerReynolddNumberand turbulence Neverthelessunder
higher engine speed, higher NTU and heathanger effectivenesse obtainedwith
the decrease of mass flow rate according to @BdL9) and (8.20). Thus, a shown in

Figure8, the maximumthermal efficiency under 2000rpm (56%) is higher than the
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maximum efficiency under 3000rpm (55%) and 4000rpm (54%) due to higher heat

exchangeeffediveness

Table 8.14 Parameters of heat exchange calculation process under different engine

speeds (Mated Mitake=0.76)

Engine speed [rpm. gmg[ka/s] K W/(m*K)] NTUF ¥ ]

2000 0.0032 8.41 1.19 0.62
3000 0.0046 10.46 1.01 0.59
4000 0.0061 12.35 0.87 0.57

Intake pressure and air/fuel ratio usually indicate and control engine load in a
conventional Sl engine. In an ICRC engine, a mixturg/G0replaces air as intake
charge.Thus, intake/tiel (I/F) ratio is used to replace theaditional air/fuel ratio as
an indicationfor fuel mass fraction in the intake mixture. Moreover, a wide range of

I/F ratio can beemployeddue to high oxygeroncentrationin the intake ga$50].
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Fig. 8.34 Exhaust gas temperature under different I/F ratio (2000rpm, water

temperature160C)

Fig.8.34 shows the &haust gas temperature undelifferent I/F ratio, and I/F
ratio range is chosen according to the experiments results [23]. It is sd&g.;34
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that exhaust gas temperature increases with the increase of fuel mass fraction under
the same mass of the working fluid and compression ratio. More dassumption
results in higher exhaust gas temperature and more heat loss, but injected water can
usethis part of heatefficiently and convert it to the work output by water vapor.
And as shown irFig. 8.35, more injected water is needed for the same thermal
efficiency under higher fuel massactionin the mixture (lower I/F ratio). However,
Thermal efficiency boundary under different I/F ratenrairsthe samebasically.
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Fig. 8.35 Thermal efficiency boundary under I/F ratio (2000rpm, waemnperature
160C)

Fig. 8.36 reports incylinder and exhaust gas temperaturaader different intake
pressure while water injection temperature is 180 It is shown irFig.8.36 that the
in-cylinder and exhaust gas temperature evolutions of all cases coincide with each
other very well. The reason is that the intake pressure does not affect the maximum
in-cylindertemperaturemuch, and the temperatures of state point 4 keep the same
under different intake pressure with the same water/intake mass ratio. Hease,
shown in Figure 11, thermal efficiency increases linearly with the increase of the
water/intake mass rati. Neverthelessmore intake and water mass are needed for

the same thermaefficiencyunder higher intake pressure. Accordingtb@ previous
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analyses more mass flow rates of cold and hot fluids mean lower exchanger
effectivenesswith the same water/intke mass ratio. Thus, it is shown kig.8.37

that the thermal efficiency boundary is higher under lower intake pressure, and the
optimal thermal effieency stays about 57%leverthelessthe output work and IMEP

are lower under lower intake pressure.
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Fig. 8.36 In-cylinder and exhaust gas temperatures under different intake pressure

(2000rpm, watettemperature160°C, 1/F=20)
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Fig. 8.37 Thermal efficiency boundary under different intake pressure (2000rpm,

water temperature160C, I/F=20)
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Compression ratio isne ofthe most importantenginevariables whichhas an
important influence on the thermal efficiency[2]. Indicated thermalefficiency
increases as compression ratimcreases an@éxhaustgas temperature deceases due
to expandingwork stroke. Addition of water into the combustion process can
deaease the ircylinder temperature and increases the water vapor concentration
before the combustion of next cycl&hus, a mor@xtensivecompression ratisgange
can beapplicativein an ICRC engine.

240

Steam work Original gas work
S T Pump work Compression work
B Total work

160 |-
120 | — = = §

Work Output [J]
3
I

N
o
T

-40

9.2 10 11 12 13 14
Compression Ratio [-]

Fig. 8.38 Work ratio under different compression ratio (2000rpm, watemperature
160°C. Myater’Mitake=0.76)

Fig. 8.38 reports the work ratio of water vapor and original working gas
(residual O,, CQ and a small amount of water vapor gsodud of combustion
process) undedifferent compression ratio, whileanpression work and pump work
are also shown in th€ig.8.38. Since expansion stroke increases with the increase of
compression ratio, both originalbg work and water steam work increagéthough
compressionnegative work increasesslightly as compression ratio increases, the
total work of the cycle increaseander same fuelconsumption Hence, higher
thermal efficiency isachieved Moreover, in an IRC engine, the combustion
temperature is higher and the combustion rate is faster compared with a

conventionalair-combustion engine, because oxygemcentrationis higher. Hence,
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a large number ofvater can be injected into the cylinder to increases the mass of
the working gas. The mass of the injected water can be more than 12 times more
than the mass of the fuehiourperviousexperiment and even more witloptimizing
combustion [50],[56]. Higher combustiontemperature can be reach in ideal
thermodynamic model, and therefore momwater can be added as working fluid
with less negative impact due tagher incylinder temperature A large number of
water is injected into the cylinder under the operation condition Feify. 8.38.
Considering thanain componentis CQ(molar mass44) after the combustion, the
mole number of the water vapomnfolar massl8) is more than theriginal working
gasin expansion stroke. Hence, it is shownFig.8.38 that a large percentage of
work (about 69% when the compression ratio is 14)rizducedby water steam in

the engine, which is the reason why this cycle is referred to a special kind of Rankine
cycle. Fig. 8.39 shows that exhaust gas temperature under different compression
ratio. Theexhaustgas temperature decreases with the increase of water/intake
mass ratio. anger expansionstroke ispropitious tothe conversionof combuston

heat energy tahe kinetic energy of the pistoander higher compression ratio. Thus,

it is also shown irFig.8.39 that the exhausttemperature dereases slightly under
higher compression ratio.
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Fig. 8.39 Exhaust gas temperature under different compression ratio (2000rpm,

water temperature 160°C)
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Fig.8.40reports the thermal efficiency boundaries under different compression
ratio, with 2000rpm engine speed and 160°C water injection temperatiader
same water/intake mass ratiahermal efficiency increases with the increase of
compression ratio. As shown Fig.8.39, the exhaust gasemperature decreases
slightly with the increase bcompression ratipwhich has a slight influence on the
heating of the injected water But the higher thermal efficiency boundary still

achieved under higher compression ratio duedonder expansion stroke
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Fig. 8.40 Thermal efficiency boundary under different compression ratio (2000rpm,

water temperature 160°C)

Fig.8.41 reports the comparison ofthermal efficiency boundary between CR =
9.2 case and CR = 14 cas#h 2000rpm engine speedt is clear fom Fig.8.41 that
higher thermal efficiency iachievedwith the same water/intake mass ratio under
higher compression ratio. However, thearimumallowableinjected water mass is
less under higher compssion ratio due to the lower exhaust temperature.
Moreover, the thermal efficiency boundary of CR = 14 case is higher, and the

maximumthermal efficiencyreacles to 62%.
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In ICRC engine system, £an be separated anchptured to achieveultra-low
emissionthrough a subsystem. Hence, tlemergy consumptionof CQ separation
and capture system is analyzed this section. COseparation and capture is a
complexprocess, and thénstallatiors inFig.8.1 are just theschematic diagramFor
a better analysis, the GQ@eparation andccapturesystem are considered asadole,
which is shown irfrig.8.41, the all energy flow in C{&separation and capture system,
including condenser and COpump, are analyzed anckstimated An operation
condition withhigh thermal efficiencyTable8.15) is employed to analyze the energy
consumption of C@separation andcapture system.Thermochemical properties of

the species in this section come from NMBINAF Thermochemical Tablégl].

Table 8.15 Operation Condition for the energy consumption estimation of, CO

separation and capture system

Iltem Value

Compression ratio 14

Enginespeed 2000rpm
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Oxygen concentration 45%
Intake charge mass 104.68mg
Fuel mass 4.98mg
Water injection mass 100mg
Indicated work 153.5)
Outlet temperature of heat exchange 181C

Thermal efficiency after considering heat exchar 62%

In this operation condition, the oxygen concentration of intake charge is 45% and
intake charge mass 104.68mgaccording toTable8.15, and therefore the mole
number of Qand CQare 1.49*10*3mol and 1.22*1023mol. In order to control the
combustion and keep the GQoncentraton (55%) in inlet, 80% exhaust gas is
recycled into the inlet. Hence, about 0.366*18Mol CQ, 0.138*10*3mol Q and
1.2*10"-3mol HO the outlet temperature ofthe heat exchanges 181°C) are into

the CQ separation and capture system. In ordergeparde H,O from the mixture

gas, the temperature of mixture should be reduced t6G0rheheat releaseof the
mixture to heat management system during this process is about 8.52J. Because the
saturated vapor pressuref CQ under 30°C is 7.39MPa. Hence, after,@ is
separatedfrom the mixture gas, the mixture is pressurep to 7.39MPa toseparate

CQ from the mixture. 6.2J work is employed to th@essurizingprocess by a
compression pump. Théieat releaseof the CQ liquefaction heat to heat
management system during this process is about 6.11J. Moreover, the heat used to
evaporate liquid @from heat management system is 8.55J. Hence, the input work of
the whole system is 6.2J, and heat release of the whole system is 6.08J. The heat
release of the system is so small that it can be taken away through engine cooling
system (water or air cooling) easily. Therefore, the energgsumptionof CQ
separation anccapturesystem is 6.2J. Because the indicated work of this operation
condition B 153.5J, the energy losatio used for C® separationand capture is

about 4%, which @count for a small proportiorof the indicated work. Hence, the
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system thermal efficiency under this operation condition is about 58% when heat

exchange and G@apture are considered.
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Fig. 8.42 Energy flow in C&separation and capture system

8.5 Conclusion

A novel oxyfuel combustion system with water injection faeciprocating
engines wagliscussedn thisthesis The injected water heated through exhaust gas
(waste heat) is injected into the cylinder to control the rapid -fxgl combustion
rate andtemperature Moreover, the injected wateevaporates and increases the
mass of the working fluid near TDC. Henagghlrthermal efficiencyis obtained. The
working fluid was chosen usingn ideal engine thermodynamic model developed by
the authors. The experiments were conducted usingseltdesignlICRC engine with
port fuel injection and direct htylinder water ingction that was designed by the
authors. The effects of the working fluid on the combustion and emission
characteristics were investigated. An ideal engine thermodynamic model combined
with a heat exchange model was developed for the purpose of investgatie
thermal efficiency upper boundary of this cycle, and the thermal efficiency
boundaries under different operation conditions and engine compression ratio were
investigated. The major conclusions bétpresent study are as follows
(1) The injected wter increases the thermal efficiency of the ICRC engine cycle

significantly. The thermodynamic model results show that thermal efficiency
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increases as the injected water mass increases. (EGR) is a suitable diluent and
working fluid for ICRC engineseito the less negative compression work.

(2) The injected water increases the mass of the working fluid during expansion
strokes. The indicated work and thermal efficiency increased significantly compared
with the dry cycles due to water injection. Lowentake pressures decrease the
negative compression work and increase the thermal efficiency through the injected
water added to the working fluid of the expansion stroke. Higher oxygen
concentrations and higher compression ratios increase the combustiopeeature

in the cylinder and therefore are promising for achieving higher water vapor work
and thermal efficiencies in ICRC engines. The indicated work and ITE increased by
12.4% and 3.1%, respectively, compared to the-foey combustion separately, and

the ITE increased by 4.9% compared that for air combustion for a fuel injection
duration of 52.9 ms, a water injection temperature of 120 C and a compression ratio
of 12.5.

(3) Lower intake pressures and higher oxygen concentrations increase combustion
speed and decrease HC emissions. Moreover, NOx emissions remain low because the
water injection process reduces the-aylinder temperature significantly.

(4) Reasonable water injection durations decrease the cyclic variation of an ICRC
engine under higheloads (higher fuel mass, higher oxygen concentrations and
higher compression ratios). Excess injected water has a negative effect on engine
stability.

(5) The injected water is heated by exhaust gas in an ICRC engine, hand t
temperature of injected wateiand thermal efficiencycannot be achieved without
other assisted heating methods if exhaust gas temperature is insuffiteernwater
heating. Hence, ahermal efficiency boundary dhis systemis obtained when the

heat exchangebetween injected water andexhaust gas wasonsidered The
maximumthermal efficiency increases from 33% (without water injection) to 56%

when engine speed is 2000rpm and engine compression ratio is 9.2.
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(6) The injected water can be heated to higher temperature under lolweat
transfer medium mass flow ratdue to higher heat exchangeffectivenesswith the
same cold/hot flow mass ratio. Hence, a higher thermal efficiency is achieved under
lower engine speed and intake pressure. Moreovu#t, ratio has little influenceon
thermd efficiency boundary

(7) Addition of water into the combustion process can decrease itieylinder
temperatureandincreases the water vapor concentration before the combustion of
next cycle Thus, a higher engine compression ratio camfiezedin the ICRC engine.
Under higher compression ratio, combustion energyefficiently converted into
work due to bnger expansion strokeand higher thermal efficiencpoundaryis
achieved.The bestthermal efficiency increases from 56% to 62% with theréase

of engine compression ratio from 9.2 to 14. The energy consumption of CO
separation and captursystem accours for about 4% of the indicated work, and
therefore the best thermal efficiency of the whole ICRC systemstifimeach to 58%

when the erergy consumption of G3eparation and captursystemis considered.
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