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Abstract
Aerostatic pads are successfully employed in linear systems where very accurate and precise positioning is required, e.g. machine tools and measuring equipment. Both the static and dynamic performance of many different types of aerostatic pads have been already numerically and  experimentally investigated. However, literature does not present so many works that investigate the performance of rectangular aerostatic pads with multiple restrictors, especially as regards their dynamic features. This paper shows an experimental and a numerical study of the static and dynamic performance of a rectangular aerostatic pad with multiple orifices distributed on a supply rectangle. The paper investigates the effect of the orifices diameter, of their position and of the supply pressure on the pad performance.
Introduction
Aerostatic thrust bearings (ATBs), because of their negligible friction, are successfully used in various precision devices such as machine tools, measuring equipment, lithography-associated production equipment and medical equipment [1]. Due to the constant demand for high precision positioning, the design of ATBs and the study of their dynamic performance are gaining more and more attention. Air bearing design consists of two strictly related steps: their static and dynamic characterisation [2,3]. 
The static characterisation makes it possible to define the load carrying capacity, the static stiffness and the air consumption of bearings expressed as functions of their air gap height. Many investigations have been made on the parameters which can affect the static ATB performance. The effect of the bearing supply pressure, recess shape, type and number of restrictors has been largely investigated for different types of ATBs, especially as regards static performance [4–6]. The comparison between inherent and pocketed orifices was one the most studied. Kazimierski and Trojnarski [7] proposed a general calculation method to study the static behaviour of gas journal bearings. They analysed and compared the effect of the restrictor dimensions on the load capacity and power consumption of bearings with pocketed or inherent orifices. Similarly, Boffey et al. [8,9] presented an experimental investigation on the effect of the supply pressure and the orifice size over the performance of rectangular aerostatic bearings with a recessed inherent orifice. They found that bearings with smaller orifices exhibit higher stiffness and that the greater is the orifice the higher is the optimal air gap height. As regard recessed bearings, Chen and He [10] developed a CFD analysis to investigate the effect of different recess shapes on the bearing performance. The comparison between non-recessed bearings and bearings with spherical or rectangular recesses demonstrated that the average loading capacity increases as the following sequence: non-recessed, spherical and rectangular recessed bearings. On the contrary, the mass flow rate is maximum in the case of rectangular recess and minimum for non-recessed restrictors. Moreover, this numerical investigation demonstrated that spherical and rectangular recesses can generate vortexes rendering these two types of restrictors not suitable for high precision applications. Li and Ding [11] performed numerical simulations demonstrating that bearings with pocketed orifice exhibit higher performance in the presence of pockets with larger diameters, but they may be unstable when the diameter and the depth of the pocket are five and ten times of the minimum value that ensure the restrictor to be of pocketed orifice. However, despite the wide knowledge that has been gained in studying the static characteristics of ATBs, considering only the static features is not sufficient to obtain optimal design. Optimal bearing design can be obtained only by integrating the information from static analyses with those from dynamic ones. 
The dynamic characterisation consists in evaluating the stiffness and damping coefficients as a function of the excitation frequencies. This is preliminary to the stability investigation, aimed at understanding whether the bearing is affected by pneumatic hammer and to evaluate the margins of stability [12,13]. 
The interest in evaluating with good accuracy the damping capability of bearings is quite recent. This aspect is crucial because air bearings exhibit relatively small damping and the accuracy of the models must be high to have small percentage errors. Analytical, numerical and experimental methods can be employed to study the dynamic performance of aerostatic bearings. Apart from experiments, the mentioned theoretical methods are characterised by different levels of accuracy which are strictly related to the complexity of their solution. Following a chronological scheme, lumped parameters methods were the first to be adopted [14]. These models generally consist in linearized forms of the compressible Reynolds' equation and they normally provide only conservative estimations of the bearing damping [15]. Richardson and Cambridge [16] alongside with Lich et al. [17] developed lumped parameter models to evaluate the effect of different design parameters on the static and dynamic performance of pocketed and inherently compensated ATBs. It was found that any attempt to increase bearing stiffness could cause reduction of damping, at the worst compromising the bearing stability. The same results were confirmed also by other authors [18]. Turnblade [19] and Salbu [20] provided valuable contributions in explaining the dynamic behaviour of air bearings. They found that, when inertial effects are negligible, air bearings exhibit different behaviours depending on the squeeze number. At low squeeze numbers (low frequency or large mean air gap), the viscous forces acting on the air flows through the clearance are small and, consequently, as the air gap height oscillates, the air can sucked in or forced out it. When the oscillation frequency increases, viscous forces increase too, thereby introducing compressibility effects, especially in the presence of small air gap heights, i.e., the air is alternatively compressed and expanded and the air gap behaves like a spring. In the light of this, in the first case, it is reasonable to consider the air gap as a viscous damper, whereas as a spring in the second one [20]. After these, many other authors developed further theoretical models to investigate the stability of ATB when embedded into mechanical structures [21-23]. The advent of modern computer technology made it possible to develop advanced models to study more complex bearing geometries. Rectangular and circular ATB with multiple restrictors were investigated. Initially, they were studied by adopting line source assumptions [24,25]. Secondly, each restrictor was considered independently. Miyatake and Yoshimoto [26] performed a numerical investigation on the static and dynamic performance of circular ATBs with small feed holes and compound restrictors by exploiting the results of the CFD simulations by Renn and Hsiao [27]. A similar study was also performed by Nshio et al [33]. Here, authors found that the surface roughness has to be taken into account in order to obtain a good matching between numerical and experimental data.	Comment by Colombo  Federico: plurale?
Charki et al. [28] numerically and experimentally investigated the performance of circular ATBs with multiple orifice type restrictors. They found that bearings with simple orifice may have higher damping capabilities than bearings with porous surfaces and compound restrictors. Bhat et al. [29] used a Finite Element Model (FEM) and the perturbation method to investigate the dynamic stiffness and damping coefficients of an inherently compensated bearing by considering different orifice diameters and varying the perturbation amount and the supply pressures. In the light of this brief review, it appears that there are few works which study the dynamic performance of rectangular ATBs with multiple inherent restrictors [29,30].
This paper describes in detail the experimental procedures and test rigs to assess both the static and dynamic characteristics of rectangular ATBs. A pad with multiple inherent restrictors is considered. Some of the adopted design criteria are discussed in the first part of the paper. The experimental results are then compared with the numerical ones obtained by the solution of the lubrication problem.
Materials and methods
1.1 Test bench design
Since ATBs are employed in very precise positioning applications, remarkable care must be taken in designing and assembling test rig structure for their testing. The test bench used in this work has been designed after a careful analysis of the state of the art. 
Figures 1 and 2 depict the experimental configurations found in literature for the dynamic characterisation of aerostatic pads. The dynamic performance of air bearings can be assessed using two different procedure: forced response analysis (Figure 1) and transient analysis (Figure 2). In both configurations, very accurate displacement sensors measure the air gap between the pad and the counter face, while a load cell measures the force applied on the pad. The pad can be fixed to the basement (figures 1a and 2a) or it can be simply laid on it (figures 1b and 2b).
In the first configuration, generally an electro-dynamic shaker applies a dynamic excitation on the bearing under test. The force provided by the shaker is usually harmonic. In the second configuration, generally an impulse or step force excitation is applied to the preloading mass which is laid on the pad (figure 2a) or fixed to it (figure 2b). Natural frequencies and damping are usually evaluated by applying the logarithmic decrement method [31,32], the half-power-bandwidth method [32] or iterative procedure [26,33] to signal associated to the air gap variation. The successful application of these methods is strictly related to the quality of the measured signals. Indeed, signals must present a suitable decaying amplitude[footnoteRef:1] and they must be as free as possible from noise. [1:  It must be lower than the 10-15% of the nominal air gap and sufficiently large to provide a good signal-to-noise ratio.] 
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Figure 1a: Fixed pad configuration (Forced Analysis)
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Figure 1b: Laid pad configuration (Forced Analysis)
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Figure 2a: Fixed pad configuration (Transient Analysis)
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Figure2b: Laid pad configuration (Transient Analysis)


Forced response analyses employ signals which focus their energy content over a-defined frequency range in a narrowband excitation. On the opposite, transient response analyses provide excitations with an energy content that extends over a broadband frequency range. Consequently, the estimations obtained through these two types of analyses are characterised by different signal-to-noise ratios, thus leading to dynamic identifications with different qualities. 
Plessers and Snoeys [23] placed the bearing on a dynamometric table and provided static and dynamic loads on it through a lever arm. An accelerometer was used in combination with displacement sensors to evaluate and compensate the inertia force of the table fixed on three load cells. After this, similar test rig architectures can be found in [28,37]. A slightly different configuration was employed by Iruikwu et. al. [38] who employed a piezo actuator as exciter and a journal air bearing to reduce the external force misalignments.
The fixed bearing configuration was adopted by Al-Bender et al.[3] to measure the dynamic stiffness of an actively controlled pad. The adopted test rig consisted in a box frame configuration where an air pot was used in combination with an electromagnetic shaker to provide static and dynamic loads respectively. Also Yoshimoto et al. [33,35,36] adopted the fixed bearing configuration.
Colombo et al. [31,34] designed and utilised a test bench to perform step force tests by adopting a laid bearing configuration. The damping and natural frequencies of the ATB were estimated by analysing the pad oscillation with the aid of the half-power-bandwidth method. Yoshimoto et al. [28,30,31] adopted the fixed bearing configuration and utilised an iterative dynamic identification procedure to understand how the bearing damping varies with the excitation frequency.
Figure 3 shows the test bench designed for this work. The laid pad configuration is adopted and a forced response analysis is performed. The air pad 1 is placed on an interchangeable base 2 whose material can be chosen depending on the requirements and goals of the test. The air gap is measured through four displacement sensors 3, which are inserted in the base. The preload is applied on the pad using a single acting cylinder 4, while the dynamic load is superposed by means of shaker 5. The upper extremity of the piston-rod is connected to the shaker by means of a stinger 6, which allows to transmit only a vertical force. A load cell 7, inserted between the pad and the cylinder, measures the total load on the pad. The regulation of the cylinder supply pressure allows the imposition of the static preload, to which corresponds a flying height for the bearing. The cylinder is endowed of two internal springs which retract the connecting rod when the supply pressure of the cylinder is cut off. The use of the cylinder, differently from external weights, introduces a negligible extra mass between the shaker and the pad and provides a force that can be precisely controlled. As known, the stinger decouples the modal exciter from the remaining parts [30,31]. The air consumption of the ATB under test is measured by a digital flowmeter located at the upstream of the pad. The signals from the load cell, the displacement sensors, the flowmeter and other additional devices, e.g., accelerometers, are sent to the acquisition system. 
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Figure 3: Scheme of the adopted test bench


1.2 Mathematical model
The pressure distribution under the pad was computed by solving the Reynolds’ equation for compressible fluids:
	
	(1)

	
	


where  is the air gap height, ,  and  are the air pressure, viscosity and density respectively. Isothermal expansion of the fluid is supposed. The equation is discretized with finite difference technique under the following boundary conditions:
· ambient pressure at the edges of the pad
· input flow through the supply holes
The theoretical flow rate  of a hole is computed as:
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where, and  are the holes diameter and the supply pressure respectively. Term  [5] takes into account the pressure drop between the upstream () and downstream () pressures of the nozzles:
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This equation is valid for subsonic flow (. In presence of sonic flow through the nozzles,  is null. A discharge coefficient  is used to relate experimental and theoretical flow rates through
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This coefficient was experimentally determined by tests carried out on pads with different supply holes diameters and lengths [6]. The following formula was the result of this identification
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where Re is the Reynolds number related to the cross section of supply hole,
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and G is the mass air flow through each supply hole. Equation 6 considers the discharge coefficient as a function of ratio  and gives a better approximation respect to considering a constant discharge coefficient. cd is 0.85 at high values of the air gap and then decreases if h is decreased. The load capacity of the pad is obtained by integrating the gauge pressure distribution on the pad surface:
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The algebraic equations system is solved both in static and dynamic conditions. Stiffness and damping  of the bearing are computed supposing a small sinusoidal variation  of the air gap around the static value hs at a given frequency 
	
	(8)

	
	


and computing the related bearing force:
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where  is the phase lag between F and h. Hence, the coefficients are computed as:
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1.3 Experimental procedure
Three pads with the same supply holes configuration were tested both in static and dynamic conditions. Figure 4a depicts one of them and figure 4b sketches the geometry of the pads. Eight supply holes are distributed on a supply rectangle of size 55 mm x 30 mm; their diameter is 0.2 mm (pad A), 0.3 mm (pad B) and 0.4 mm (pad C), as shown in the enlargements of figure 5 obtained with an optical microscope.
These pads were tested with gauge supply pressure equal to 0.3, 0.4 and 0.5 MPa.
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	Figure 4a: Photograph of the investigated pad.
	Figure 4b: Scheme of the pad geometry.
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	Figure 5a: Photograph of one of the inherent holes of Pad A
	Figure 5b: Photograph of one of the inherent holes of Pad B
	Figure 5c: Photograph of one of the inherent holes of Pad C


1.3.1 Static procedure
Load carrying capacity F, static stiffness ks and air mass flow G were measured vs the air gap h under the pad. The following procedure was adopted. In point 1 the pad is loaded with no air supply; a force higher than the maximum load capacity of the pad is given. When the air supply is provided, the air flow is no more null due to small leakages (point 2). Then the external load is gradually reduced up to point 3. The air supply is then cut off to arrive in point 4. From this point, the external load is gradually increased in order to return to the initial point 1. Portion 41 of F vs h diagram indicates a small deformation of the pad as it is not exactly vertical. Portions 23 of the diagrams indicate the static curves of the pad after that it detaches from the base. The point in which the pad detaches from the base is visible in the F vs h curve when the slope begins to suddenly decrease.
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	Figure 6a: Example of measurement to obtain the load capacity curve of pads.
	Figure 6b: Example of measurement to obtain the air mass flow curve rate of pads.



The cycle was repeated three times for each test to check the repeatability. Four displacement sensors are used to check eventual tilting of the pad.
1.3.2 Dynamic procedure
A forced response analysis is carried out to experimentally evaluate the transfer function between the air gap and the load capacity. This analysis was preferred respect to the transient response analysis for two reasons: i) the possibility of evaluating stiffness and damping coefficients at different excitation frequencies and ii) the higher signal-to-noise ratio of the forced response analysis. The frequency range explored is up to 200 Hz and the air gap height is from 8 to 20 micrometers.
The test procedure is the following: initially the external load correspondent to point 2 of the static diagram is applied on the pad and the air is supplied, then the load is decreased up to reach the desired air gap. Afterwards, a dynamic force is superimposed to the static one by the electro-magnetic shaker. The amplitude of the dynamic force is selected in order to have a small perturbation of the air gap (about 0.5 m) and at the same moment a good signal-to-noise ratio. A chirp signal is given as reference to the shaker in order to investigate all the frequency range at once. Data are collected with a sampling rate equal to 1000 Hz and the duration of the frequency sweep is 80 s. The coherence between the pad displacement and the force measured by load cell 7 (see figure) was verified to be higher than 0.99. The inertia force of the pad was verified to be negligible respect to the amplitude of the dynamic applied force in all frequency range, see figure 7. To this purpose, an accelerometer was placed on the pad. Figure 7b shows the inertia force in presence of a sinusoidal excitation of frequency 250 Hz. It is less than 2% of the applied dynamic force.
	[image: ]
	[image: ]

	Figure 7a: Comparison between the amplitudes of the measured dynamic and the inertia forces acting on the pad.
	Figure 7b: The inertia force of the pad.


The experimental transfer function

is evaluated with Fourier analysis and stiffness and damping coefficients are then calculated.
Discussion and results
The experimental and numerical static curves are compared in figure 9 for pad A with three different supply pressures. The effect of the supply holes diameter is visible in figure 10, where pads A, B and C are compared at gauge supply pressure equal to 0.4 MPa.
Dynamic coefficients of stiffness and damping obtained at a low frequency (20 Hz) are shown in figures 11 and 12. The experimental and numerical static stiffness are also compared with the values at 20 Hz in figure 12a. These values are obtained by derivation of the static load respect to the air gap: .
As it can be seen from figures 11a and 12a, there is good agreement between the static stiffness and the dynamic stiffness at 20 Hz. There is an optimal air gap, in correspondence of which the stiffness is maximized. The optimal air gap increases as long as the supply holes diameter is increased from 0.2 mm to 0.4 mm. Damping capacity always decreases as the air gap is increased.
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	Figure 9a: The effect of the supply pressure on the load capacity of Pad A.
	Figure 9b: The effect of the supply pressure on the air mass flow rate of Pad A.
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	Figure 10a: The effect of the supply hole diameter on the load capacity of Pads A, B and C in the presence of a relative supply pressure of 0.4 MPa.
	Figure 10b: The effect of the supply hole diameter on the air mass flow rate of Pads A, B and C in the presence of a relative supply pressure of 0.4 MPa.
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	Figure 11a: The effect of the supply pressure on the stiffness of Pad A.
	Figure 11b: The effect of the supply pressure on the damping of Pad A.
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	Figure 12a: The effect of the supply hole diameter on the stiffness of Pad A, B and C in the presence of a relative supply pressure of 0.4 MPa.
	Figure 12b: The effect of the supply hole diameter on the damping of Pad A, B and C in the presence of a relative supply pressure of 0.4 MPa.


Figure 13 shows the trends of the dynamic stiffness and damping of Pad A vs the excitation frequency at different air gap heights and with a gauge supply pressure equal to 0.4 MPa. The spikes that sometimes appear in the experimental curves vs frequency are due to resonances of the test rig. At low air gaps, stiffness slightly increases increasing the excitation frequency, but increasing the air gap this is less evident. Conversely, damping coefficient decreases increasing the excitation frequency.
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	Figure 13a: The dynamic stiffness of Pad A expressed as functions of the excitation frequency at different air gap heights and in the presence of a relative supply pressure of 0.4 MPa
	Figure 13b: The damping of Pad A expressed as functions of the excitation frequency at different air gap heights and in the presence of a relative supply pressure of 0.4 MPa


1.4 Numerical sensitivity analysis respect to the position of the supply holes
Once the numerical model was verified with experiments, the effect of the supply holes position on the pad performance was numerically investigated in case of supply holes diameter 0.2 mm and gauge supply pressure 0.4 MPa. Different sizes of the supply holes rectangle were considered, as listed in Table 1.
Table 1: Geometries considered in the numerical evaluation of the effect of the supply holes size
	Pad
	Size of the supply holes rectangle

	A1
	65 mm x 40 mm

	A2
	55 mm x 30 mm

	A3
	45 mm x 20 mm

	A4
	35 mm x 10 mm



The static results for pads A1 to A4 are compared in figures 14a and 14b, while the dynamic coefficients obtained at 20 Hz are compared in figures 14c and 14d. As visible in the figures, the geometry A3 is preferable for optimum load capacity, while geometry A2 is preferable for optimum stiffness. Regarding the air consumption minimization, it is better to have the supply holes near the centre of the pad. The effect on damping coefficient is not evident.
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	Figure 14a: The effect of the size of the supply rectangle on load capacity of Pads A1, A2, A3 and A4 in the presence of a relative supply pressure of 0.4 MPa
	Figure 14b: The effect of the size of the supply rectangle on the air flow rate of Pads A1, A2, A3 and A4 in the presence of a relative supply pressure of 0.4 MPa
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	Figure 14c: The effect of the size of the supply rectangle on the stiffness of Pads A1, A2, A3 and A4 in the presence of a relative supply pressure of 0.4 MPa. 
	Figure 14d: The effect of the size of the supply rectangle on the damping of Pads A1, A2, A3 and A4 in the presence of a relative supply pressure of 0.4 MPa.



Conclusions
This paper describes the test rigs and the procedures adopted to characterise aerostatic pads in static and dynamic conditions. The steps needed to perform the tests are detailed. The experimental results are compared with numerical simulations in order to evaluate the numerical model, able to predict the static and the dynamic characteristics of a rectangular aerostatic bearing. The model is found to be in good accordance with the experimental results, concerning both the static and the dynamic characteristics. Once experimentally validated, the model can be used to design aerostatic pads and evaluate both their static and dynamic characteristics.
The effect of the supply holes diameter and of the supply pressure are analysed both experimentally and numerically, while the effect of the position of the supply holes is investigated only numerically. The following points can be summarised:
• The static stiffness obtained by differentiating the load capacity curve is very similar to the dynamic stiffness obtained at small frequency (20 Hz).
• Coefficient of stiffness (damping) increases (decreases) with the excitation frequency but this variation decreases increasing the air gap.
• There is an optimal air gap at which stiffness is maximum; the optimal air gap decreases when supply pressure is increased or when the supply holes diameter is decreased.
• Load capacity, air consumption and stiffness increase when the supply pressure is increased or when the supply holes diameter is decreased; the effect on damping is less relevant; the supply holes position can be chosen in order to maximise load capacity or stiffness or minimise the air consumption.
The influences of the supply pressure, the supply holes diameter and their position have been investigated. Results to other geometries can be extrapolated keeping constant the supply holes number and scaling the pad dimensions (not only the pad length and width, but also the size of the supply rectangle).
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Abstract


 


Aerostatic pads are successfully employed in


 


linear systems where very accurate and precise positioning is 


required, e.g.


 


machine tools and measuring equipment. Both the static and dynamic performance of many 


different types of aerostatic


 


pads have been already numerically and 


 


e


xperimentally invest


igated. 


However, literature does not present so many works


 


that investigate the performance of rectangular 


aerostatic pads with multiple restrictors, especially as regards their dynamic


 


features. This paper shows an 


experimental and a numerical study of th


e static and dynamic performance of a rectangular


 


aerostatic pad 


with multiple orifices distributed on a supply rectangle. The paper investigates the effect of the orifices 


diameter, of their position and of the supply pressure on the pad performance.


 


1.


 


Intr


oduction


 


Aerostatic thrust bearings (ATBs), because of their negligible friction, are successfully used in various 


precision devices such as machine tools, measuring equipment, lithography


-


associated production 


equipment and medical equipment


 


[1]


. Due to the constant demand for high precision positioning, the 


design of ATBs and the study of their dynamic performance are gaining more and more attention. Air 


bearing design consists of 


two strictly related steps: their 


static


 


and 


dynamic characterisation


 


[2,3]


. 


 


The static characterisation


 


make


s


 


it possible to define the load carrying capacity, the static stiffness and the 


air consumption o


f bearings expressed as functions of their air gap height. Many investigations have been 


made on the parameters which can affect the static ATB performance. The effect of the bearing supply 


pressure, recess shape, type and number of restrictors has been la


rgely investigated for different types of 


ATBs, especially as regards static performance


 


[4


–


6]


. The comparison between inherent and pocketed 


orifices was one the most studied. Kazimierski and Trojnarski 


[7


]


 


proposed a general calculation method to 


study the static behaviour of gas journal bearings. They analysed and compared the effect


 


of the restrictor 


dimensions on the load capacity and power consumption of bearings with pocketed or inherent orifices. 


Similarly, Boffey et al. 


[


8,9


]


 


presented an experimental investigation on the effect of the supply


 


pressure 


and the orifice size over the performance of rectangular aerostatic bearings with a recessed inherent 


orifice. They found that bearings with smaller orifices exhibit higher stiffness and that the greater is the 


orifice the higher is the optimal a


ir gap height. As regard recessed bearings, Chen and He 


[


10


]


 


developed a 


CFD analysis to investigate the effect of different recess shapes on the bearing performance. The 


comparison between non


-


recessed bearings and bearings with spherical or rectangular recesses 


demonstrate


d that the average loading capacity increases as the following sequence: non


-


recessed, 


spherical and rectangular recessed bearings. On the contrary, the mass flow rate is maximum in the case of 


rectangular recess and minimum for non


-


recessed restrictors. M


oreover, this numerical investigation 


demonstrated that spherical and rectangular recesses can generate vortexes rendering these two types of 


restrictors not 


suitable


 


for high precision applications. Li and Ding 


[


11


]


 


performed numerical simulations 


demonstrating that bearings with pocketed orifice exhibit higher performance in the presence of pockets 


with larger diameters, but they may be unstable when the diameter and th


e depth of the pocket are five 


and ten times of the minimum value that ensure the restrictor to be of pocketed orifice. 


However, despite 


the wide knowledge that has been gained in studying the static characteristics of ATBs, considering only the 


static 


features is not sufficient to obtain optimal design. Optimal bearing design can be obtained only by 


integrating the information from static analyses with those from dynamic ones. 
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